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Preface

This book is intended for use in a first course in vibrations or structural  dynamics 
for undergraduates in mechanical, civil, and aerospace engineering or engineer-
ing mechanics. The text contains the topics normally found in such courses 
in  accredited engineering departments as set out initially by Den Hartog and 
 refined by Thompson. In addition, topics on design, measurement, and computa-
tion are addressed.

Pedagogy

Originally, a major difference between the pedagogy of this text and competing 
texts is the use of high level computing codes. Since then, the other authors of 
vibrations texts have started to embrace use of these codes. While the book is 
written so that the codes do not have to be used, I strongly encourage their use. 
These codes (Mathcad®, MATLAB®, and Mathematica®) are very easy to use, 
at the level of a programmable calculator, and hence do not require any prereq-
uisite courses or training. Of course, it is easier if the students have used one or 
the other of the codes before, but it is not necessary. In fact, the MATLAB® 
codes can be copied directly and will run as listed. The use of these codes greatly 
enhances the student’s understanding of the fundamentals of vibration. Just as 
a picture is worth a thousand words, a numerical simulation or plot can enable a 
completely dynamic understanding of vibration phenomena. Computer calcula-
tions and simulations are presented at the end of each of the first four chapters. 
After that, many of the problems assume that codes are second nature in solving 
vibration problems.

Another unique feature of this text is the use of “windows,” which are 
distributed throughout the book and provide reminders of essential informa-
tion pertinent to the text material at hand. The windows are placed in the text at 
points where such prior information is required. The windows are also used to 
summarize essential information. The book attempts to make strong connections 
to previous course work in a typical engineering curriculum. In particular, refer-
ence is made to calculus, differential equations, statics, dynamics, and strength of 
materials course work.
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WHAT’S NEW IN THIS EDITION

Most of the changes made in this edition are the result of comments sent to me by 
students and faculty who have used the 3rd edition. These changes consist of improved 
clarity in explanations, the addition of some new examples that clarify concepts, and 
enhanced problem statements. In addition, some text material deemed outdated and 
not useful has been removed. The computer codes have also been updated. However, 
software companies update their codes much faster than the publishers can update 
their texts, so users should consult the web for updates in syntax, commands, etc. One 
consistent request from students has been not to reference data appearing previously in 
other examples or problems. This has been addressed by providing all of the relevant 
data in the problem statements. Three undergraduate engineering students (one in 
Engineering Mechanics, one in Biological Systems Engineering, and one in Mechanical 
Engineering) who had the prerequisite courses, but had not yet had courses in vibra-
tions, read the manuscript for clarity. Their suggestions prompted us to make the fol-
lowing changes in order to improve readability from the student’s perspective:

  Improved clarity in explanations added in 47 different passages in the text. In 
addition, two new windows have been added.

  Twelve new examples that clarify concepts and enhanced problem statements 
have been added, and ten examples have been modified to improve clarity.

  Text material deemed outdated and not useful has been removed. Two sections 
have been dropped and two sections have been completely rewritten.

  All computer codes have been updated to agree with the latest syntax changes 
made in MATLAB, Mathematica, and Mathcad.

  Fifty-four new problems have been added and 94 problems have been modi-
fied for clarity and numerical changes.

  Eight new figures have been added and three previous figures have been modified.

  Four new equations have been added.

Chapter 1: Changes include new examples, equations, and problems. New textual 
explanations have been added and/or modified to improve clarity based on student sug-
gestions. Modifications have been made to problems to make the problem statement 
clear by not referring to data from previous problems or examples. All of the codes have 
been updated to current syntax, and older, obsolete commands have been replaced.

Chapter 2: New examples and figures have been added, while previous exam-
ples and figures have been modified for clarity. New textual explanations have also 
been added and/or modified. New problems have been added and older problems 
modified to make the problem statement clear by not referring to data from previ-
ous problems or examples. All of the codes have been updated to current syntax, 
and older, obsolete commands have been replaced.
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Chapter 3: New examples and equations have been added, as well as new 
problems. In particular, the explanation of impulse has been expanded. In addition, 
previous problems have been rewritten for clarity and precision. All examples and 
problems that referred to prior information in the text have been modified to pres-
ent a more self-contained statement. All of the codes have been updated to current 
syntax, and older, obsolete commands have been replaced.

Chapter 4: Along with the addition of an entirely new example, many of the 
examples have been changed and modified for clarity and to include improved 
information. A new window has been added to clarify matrix information. A fig-
ure has been removed and a new figure added. New problems have been added 
and older problems have been modified with the goal of making all problems and 
examples more self-contained. All of the codes have been updated to  current 
syntax, and older, obsolete commands have been replaced. Several new plots 
intermixed in the codes have been redone to reflect issues with Mathematica and 
MATLAB’s automated time step which proves to be inaccurate when using singu-
larity functions. Several explanations have been modified according to students’ 
suggestions.

Chapter 5: Section 5.1 has been changed, the figure replaced, and the example 
changed for clarity. The problems are largely the same but many have been changed 
or modified with different details and to make the problems more self-contained. 
Section 5.8 (Active Vibration Suppression) and Section 5.9 (Practical Isolation 
Design) have been removed, along with the associated problems, to make room for 
added material in the earlier chapters without lengthening the book. According to 
user surveys, these sections are not usually covered.

Chapter 6: Section 6.8 has been rewritten for clarity and a window has been 
added to summarize modal analysis of the forced response. New problems have 
been added and many older problems restated for clarity. Further details have been 
added to several examples. A number of small additions have been made to the to 
the text for clarity.

Chapters 7 and 8: These chapters were not changed, except to make minor 
corrections and additions as suggested by users.

Units

This book uses SI units. The 1st edition used a mixture of US Customary and SI, 
but at the insistence of the editor all units were changed to SI. I have stayed with 
SI in this edition because of the increasing international arena that our engineering 
graduates compete in. The engineering community is now completely global. For 
instance, GE Corporate Research has more engineers in its research center in India 
than it does in the US. Engineering in the US is in danger of becoming the ‘gar-
ment’ workers of the next decade if we do not recognize the global work place. Our 
engineers need to work in SI to be competitive in this increasingly international 
work place.
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Instructor Support

This text comes with a bit of support. In particular, MS PowerPoint presentations 
are available for each chapter along with some instructive movies. The solutions 
manual is available in both MS Word and PDF format (sorry, instructors only). 
Sample tests are available. The MS Word solutions manual can be cut and pasted 
into presentation slides, tests, or other class enhancements. These resources can be 
found at www.pearsonhighered.com and will be updated often. Please also email 
me at daninman@umich.edu with corrections, typos, questions, and suggestions. 
The book is reprinted often, and at each reprint I have the option to fix typos, so 
please report any you find to me, as others as well as I will appreciate it.

Student Support

The best place to get help in studying this material is from your instructor, as there 
is nothing more educational than a verbal exchange. However, the book was writ-
ten as much as possible from a student’s perspective. Many students critiqued the 
original manuscript, and many of the changes in text have been the result of sug-
gestions from students trying to learn from the material, so please feel free to email 
me (daninman@umich.edu) should you have questions about explanations. Also I 
would appreciate knowing about any corrections or typos and, in particular, if you 
find an explanation hard to follow. My goal in writing this was to provide a useful 
resource for students learning vibration for the first time.
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introduction 
to Vibration and 
the Free Response

1
Vibration is the subdiscipline of dynamics that 

deals with repetitive motion. most of the examples 

in this text are mechanical or structural elements. 

However, vibration is prevalent in biological systems 

and is in fact at the source of communication (the 

ear vibrates to hear and the tongue and vocal 

cords vibrate to speak). in the case of music, 

vibrations, say of a stringed instrument such as 

a guitar, are desired. On the other hand, in most 

mechanical systems and structures, vibration is 

unwanted and even destructive. For example, 

vibration in an aircraft frame causes fatigue and 

can eventually lead to failure. an example of 

fatigue crack is illustrated in the circle in the photo 

on the bottom left. Everyday experiences are full of 

vibration and usually ways of mitigating vibration. 

automobiles, trains, and even some bicycles have 

devices to reduce the vibration induced by motion 

and transmitted to the driver.

The task of this text is to teach the reader how 

to analyze vibration using principles of dynamics. 

This requires the use of mathematics. in fact, the 

sine function provides the fundamental means of 

analyzing vibration phenomena. 

The basic concepts of understanding 

vibration, analyzing vibration, and predicting the 

behavior of vibrating systems form the topics of this 

text. The concepts and formulations presented in 

the following chapters are intended to provide the 

skills needed for designing vibrating systems with 

desired properties that enhance vibration when it 

is wanted and reduce vibration when it is not. 

This first chapter examines vibration in its 

simplest form in which no external force is present 

(free vibration). This chapter introduces both the 

important concept of natural frequency and how 

to model vibration mathematically.

The internet is a great source for examples 

of vibration, and the reader is encouraged to 

search for movies of vibrating systems and other 

examples that can be found there.
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1.1 INTRODUCTION TO FREE VIBRATION

Vibration is the study of the repetitive motion of objects relative to a stationary 
frame of reference or nominal position (usually equilibrium). Vibration is evident 
everywhere and in many cases greatly affects the nature of engineering designs. The 
vibrational properties of engineering devices are often limiting factors in their per-
formance. When harmful, vibration should be avoided, but it can also be extremely 
useful. In either case, knowledge about vibration—how to analyze, measure, and 
control it—is beneficial and forms the topic of this book.

Typical examples of vibration familiar to most include the motion of a 
guitar string, the ride quality of an automobile or motorcycle, the motion of an 
airplane’s wings, and the swaying of a large building due to wind or an earth-
quake. In the chapters that follow, vibration is modeled mathematically based 
on fundamental principles, such as Newton’s laws, and analyzed using results 
from calculus and differential equations. Techniques used to measure the vibra-
tion of a system are then developed. In addition, information and methods are 
given that are useful for designing particular systems to have specific vibrational 
responses. 

The physical explanation of the phenomena of vibration concerns the inter-
play between potential energy and kinetic energy. A vibrating system must have a 
component that stores potential energy and releases it as kinetic energy in the form 
of motion (vibration) of a mass. The motion of the mass then gives up kinetic en-
ergy to the potential-energy storing device.

Engineering is built on a foundation of previous knowledge and the subject 
of vibration is no exception. In particular, the topic of vibration builds on pre-
vious courses in dynamics, system dynamics, strength of materials, differential 
equations, and some matrix analysis. In most accredited engineering programs, 
these courses are prerequisites for a course in vibration. Thus, the material that 
follows draws information and methods from these courses. Vibration analysis is 
based on a coalescence of mathematics and physical observation. For example, 
consider a simple pendulum. You may have seen one in a science museum, in a 
grandfather clock, or you might make a simple one with a string and a marble. 
As the pendulum swings back and forth, observe that its motion as a function of 
time can be described very nicely by the sine function from trigonometry. Even 
more interesting, if you make a free-body diagram of the pendulum and ap-
ply Newtonian mechanics to get the equation of motion (summing moments in 
this case), the resulting equation of motion has the sine function as its solution. 
Further, the equation of motion predicts the time it takes for the pendulum to 
repeat its motion. In this example, dynamics, observation, and mathematics all 
come into agreement to produce a predictive model of the motion of a pendulum, 
which is easily verified by experiment (physical observation).
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This pendulum example tells the story of this text. We propose a series of 
steps to build on the modeling skills developed in your first courses in statics, dy-
namics, and strength of materials combined with system dynamics to find equations 
of motion of successively more complicated systems. Then we will use the tech-
niques of differential equations and numerical integration to solve these equations 
of motion to predict how various mechanical systems and structures vibrate. The 
following example illustrates the importance of recalling the methods learned in the 
first course in dynamics.

Example 1.1.1

Derive the equation of motion of the pendulum in Figure 1.1.

m

l

O

g

mg

l

O

Fy

Fx

m

�

(b)(a)

Figure 1.1  (a) A schematic of 
a pendulum. (b) The free-body 
diagram of (a).

Solution  Consider the schematic of a pendulum in Figure 1.1(a). In this case, the mass 
of the rod will be ignored as well as any friction in the hinge. Typically, one starts with a 
photograph or sketch of the part or structure of interest and is immediately faced with 
having to make assumptions. This is the “art” or experience side of vibration analysis 
and modeling. The general philosophy is to start with the simplest model possible 
(hence, here we ignore friction and the mass of the rod and assume the motion remains 
in a plane) and try to answer the relevant engineering questions. If the simple model 
doesn’t agree with the experiment, then make it more complex by relaxing the assump-
tions until the model successfully predicts physical observation. With the assumptions 
in mind, the next step is to create a free-body diagram of the system, as indicated in 
Figure 1.1(b), in order to identify all of the relevant forces. With all the modeled forces 
identified, Newton’s second law and Euler’s second law are used to derive the equa-
tions of motion.

In this example Euler’s second law takes the form of summing moments about 
point O. This yields

ΣMO = J�



4 Introduction to Vibration and the Free Response    Chap. 1

where MO denotes moments about the point O, J = ml2 is the mass moment of inertia 
of the mass m about the point O, l is the length of the massless rod, and � is the angu-
lar acceleration vector. Since the problem is really in one dimension, the vector sum of 
moments equation becomes the single scalar equation

Jα(t) = -mgl sin θ(t) or ml2θ
$
(t) + mgl sin θ(t) = 0

Here the moment arm for the force mg is the horizontal distance l sin θ, and the two 
overdots indicate two differentiations with respect to the time, t. This is a second-order 
ordinary differential equation, which governs the time response of the pendulum. This 
is exactly the procedure used in the first course in dynamics to obtain equations of 
motion.

The equation of motion is nonlinear because of the appearance of the sin(θ) and 
hence difficult to solve. The nonlinear term can be made linear by approximating the 
sine for small values of θ(t) as sin θ ≈ θ. Then the equation of motion becomes

θ
$
(t) +

g

l
 θ(t) = 0

This is a linear, second-order ordinary differential equation with constant coefficients 
and is commonly solved in the first course of differential equations (usually the third 
course in the calculus sequence). As we will see later in this chapter, this linear equa-
tion of motion and its solution predict the period of oscillation for a simple pendulum 
quite accurately. The last section of this chapter revisits the nonlinear version of the 
pendulum equation.

n

Since Newton’s second law for a constant mass system is stated in terms of 
force, which is equated to the mass multiplied by acceleration, an equation of motion 
with two time derivatives will always result. Such equations require two constants of 
integration to solve. Euler’s second law for constant mass systems also yields two 
time derivatives. Hence the initial position for θ(0) and velocity of θ

#
(0) must be 

specified in order to solve for θ(t) in Example 1.1.1. The term mgl sin θ is called the 
restoring force. In Example 1.1.1, the restoring force is gravity, which provides a 
potential-energy storing mechanism. However, in most structures and machine parts 
the restoring force is elastic. This establishes the need for background in strength of 
materials when studying vibrations of structures and machines.

As mentioned in the example, when modeling a structure or machine it is 
best to start with the simplest possible model. In this chapter, we model only sys-
tems that can be described by a single degree of freedom, that is, systems for which 
Newtonian mechanics result in a single scalar equation with one displacement coor-
dinate. The degree of freedom of a system is the minimum number of displacement 
coordinates needed to represent the position of the system’s mass at any instant of 
time. For instance, if the mass of the pendulum in Example 1.1.1 were a rigid body, 
free to rotate about the end of the pendulum as the pendulum swings, the angle of 
rotation of the mass would define an additional degree of freedom. The problem 
would then require two coordinates to determine the position of the mass in space, 
hence two degrees of freedom. On the other hand, if the rod in Figure 1.1 is flexible, 
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its distributed mass must be considered, effectively resulting in an infinite number 
of degrees of freedom. Systems with more than one degree of freedom are dis-
cussed in Chapter 4, and systems with distributed mass and flexibility are discussed 
in Chapter 6. 

The next important classification of vibration problems after degree of 
freedom is the nature of the input or stimulus to the system. In this chapter, only 
the free response of the system is considered. Free response refers to analyzing 
the vibration of a system resulting from a nonzero initial displacement and/or 
velocity of the system with no external force or moment applied. In Chapter 2, 
the response of a single-degree-of-freedom system to a harmonic input (i.e., a 
sinusoidal applied force) is discussed. Chapter 3 examines the response of a sys-
tem to a general forcing function (impulse or shock loads, step functions, random 
inputs, etc.), building on information learned in a course in system dynamics. In 
the remaining chapters, the models of vibration and methods of analysis become 
more complex. 

The following sections analyze equations similar to the linear version of the pen-
dulum equation given in Example 1.1.1. In addition, energy dissipation is introduced, 
and details of elastic restoring forces are presented. Introductions to design, measure-
ment, and simulation are also presented. The chapter ends with the introduction of 
high-level computer codes (MATLAB®, Mathematica, and Mathcad) as a means to 
visualize the response of a vibrating system and for making the calculations required 
to solve vibration problems more efficiently. In addition, numerical simulation is intro-
duced in order to solve nonlinear vibration problems.

1.1.1 The Spring–Mass Model

From introductory physics and dynamics, the fundamental kinematical quantities 
used to describe the motion of a particle are displacement, velocity, and accelera-
tion vectors. In addition, the laws of physics state that the motion of a mass with 
changing velocity is determined by the net force acting on the mass. An easy de-
vice to use in thinking about vibration is a spring (such as the one used to pull a 
storm door shut, or an automobile spring) with one end attached to a fixed object 
and a mass attached to the other end. A schematic of this arrangement is given in 
Figure 1.2.

fk

mg

m

m

0

(a) (b)

Figure 1.2  A schematic of (a) a 
single-degree-of-freedom spring–mass 
oscillator and (b) its free-body diagram.
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Ignoring the mass of the spring itself, the forces acting on the mass consist of 
the force of gravity pulling down (mg) and the elastic-restoring force of the spring 
pulling back up (fk). Note that in this case the force vectors are collinear, reducing the 
static equilibrium equation to one dimension easily treated as a scalar. The nature of 
the spring force can be deduced by performing a simple static experiment. With no 
mass attached, the spring stretches to the position labeled x0 = 0 in Figure 1.3. As 
successively more mass is attached to the spring, the force of gravity causes the spring 
to stretch further. If the value of the mass is recorded, along with the value of the 
displacement of the end of the spring each time more mass is added, the plot of the 
force (mass, denoted by m, times the acceleration due to gravity, denoted by g) versus 
this displacement, denoted by x, yields a curve similar to that illustrated in Figure 1.4. 
Note that in the region of values for x between 0 and about 20 mm (millimeters), the 
curve is a straight line. This indicates that for deflections less than 20 mm and forces 
less than 1000 N (newtons), the force that is applied by the spring to the mass is pro-
portional to the stretch of the spring. The constant of proportionality is the slope of 
the straight line between 0 and 20 mm. For the particular spring of Figure 1.4, the 
constant is 50 N>mm, or 5 * 104 N>m. Thus, the equation that describes the force 
applied by the spring, denoted by fk, to the mass is the linear relationship

 fk = kx (1.1)

The value of the slope, denoted by k, is called the stiffness of the spring and is a 
property that characterizes the spring for all situations for which the displacement 
is less than 20 mm. From strength-of-materials considerations, a linear spring of 
stiffness k stores potential energy of the amount 12 kx2.

x0

g

x1 x2 x3

Figure 1.3  A schematic of a 
massless spring with no mass 
attached showing its static 
equilibrium position, followed 
by increments of increasing 
added mass illustrating the 
corresponding deflections.

x

fk

20 mm0

103 N

Figure 1.4  The static deflection 
curve for the spring of Figure 1.3.
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Note that the relationship between fk and x of equation (1.1) is linear (i.e., 
the curve is linear and fk depends linearly on x). If the displacement of the spring 
is larger than 20 mm, the relationship between fk and x becomes nonlinear, as indi-
cated in Figure 1.4. Nonlinear systems are much more difficult to analyze and form 
the topic of Section 1.10. In this and all other chapters, it is assumed that displace-
ments (and forces) are limited to be in the linear range unless specified otherwise.

Next, consider a free-body diagram of the mass in Figure 1.5, with the mass-
less spring elongated from its rest (equilibrium or unstretched) position. As in the 
earlier figures, the mass of the object is taken to be m and the stiffness of the spring 
is taken to be k. Assuming that the mass moves on a frictionless surface along the 
x direction, the only force acting on the mass in the x direction is the spring force. 
As long as the motion of the spring does not exceed its linear range, the sum of the 
forces in the x direction must equal the product of mass and acceleration.

Summing the forces on the free-body diagram in Figure 1.5 along the x direc-
tion yields

 mx
$
(t) = -kx(t)  or  mx

$
(t) + kx(t) = 0 (1.2)

where x
$
(t) denotes the second time derivative of the displacement (i.e., the accel-

eration). Note that the direction of the spring force is opposite that of the deflection 
(+  is marked to the right in the figure). As in Example 1.1.1, the displacement vec-
tor and acceleration vector are reduced to scalars, since the net force in the y direc-
tion is zero (N = mg) and the force in the x direction is collinear with the inertial 
force. Both the displacement and acceleration are functions of the elapsed time t, 
as denoted in equation (1.2). Window 1.1 illustrates three types of mechanical sys-
tems, which for small oscillations can be described by equation (1.2): a spring–mass 
system, a rotating shaft, and a swinging pendulum (Example 1.1.1). Other examples 
are given in Section 1.4 and throughout the book.

One of the goals of vibration analysis is to be able to predict the response, 
or motion, of a vibrating system. Thus it is desirable to calculate the solution to 
equation (1.2). Fortunately, the differential equation of (1.2) is well known and 
is covered extensively in introductory calculus and physics texts, as well as in 
texts on differential equations. In fact, there are a variety of ways to calculate this 
solution. These are all discussed in some detail in the next section. For now, it is 
sufficient to present a solution based on physical observation. From experience 

y

x

�kx
mg

N

m

x0

k

0

�� Friction-free
surface

Rest
position

(a) (b)

Figure 1.5  (a) A single spring–mass 
system given an initial displacement of x0 
from its rest, or equilibrium, position and 
zero initial velocity. (b) The system’s free-
body diagram.
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watching a spring, such as the one in Figure 1.5 (or a pendulum), it is guessed that 
the motion is periodic, of the form

 x(t) = A sin(ωnt + ϕ) (1.3)

This choice is made because the sine function describes oscillation. Equation 
(1.3) is the sine function in its most general form, where the constant A is the 
amplitude, or maximum value, of the displacement; ωn, the angular natural fre-

quency, determines the interval in time during which the function repeats itself; 
and ϕ, called the phase, determines the initial value of the sine function. As will 
be discussed in the following sections, the phase and amplitude are determined 
by the initial state of the system (see Figure 1.7). It is standard to measure the 
time t in seconds (s). The phase is measured in radians (rad), and the frequency 
is measured in radians per second (rad>s). As derived in the following equation, 
the  frequency ωn is determined by the physical properties of mass and stiffness 
(m and k), and the constants A and ϕ are determined by the initial position and 
velocity as well as the frequency.

To see if equation (1.3) is in fact a solution of the equation of motion, it is 
substituted into equation (1.2). Successive differentiation of the displacement, x(t) 
in the form of equation (1.3), yields the velocity, x

#
(t), given by

 x
#
(t) = ωnA cos(ωnt + ϕ) (1.4)

and the acceleration, x
$
(t), given by

 x
$
(t) = -ωn

2A sin(ωnt + ϕ) (1.5)

Window 1.1
Examples of Single-Degree-of-Freedom Systems (for small displacements)

(a) (b) (c)

Spring–mass
mx � kx � 0

m

k

x(t)

J

k

�(t)

Shaft and disk
J� � k� � 0

Torsional
stiffness

g m

�

Simple pendulum
� � (g/l)� � 0

Gravity l � length
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Substitution of equations (1.5) and (1.3) into (1.2) yields

-mωn
2A sin(ωnt + ϕ) = -kA sin(ωnt + ϕ)

Dividing by A and m yields the fact that this last equation is satisfied if

 ωn
2

=
k

m
,  or  ωn = A k

m
 (1.6)

Hence, equation (1.3) is a solution of the equation of motion. The constant ωn 
characterizes the spring–mass system, as well as the frequency at which the  motion 
repeats itself, and hence is called the system’s natural frequency. A plot of the solu-
tion x(t) versus time t is given in Figure 1.6. It remains to interpret the constants 
A and ϕ.

The units associated with the notation ωn are rad>s and in older texts natural 
frequency in these units is often referred to as the circular natural frequency or cir-

cular frequency to emphasize that the units are consistent with trigonometric func-
tions and to distinguish this from frequency stated in units of hertz (Hz) or cycles 
per second, denoted by fn, and commonly used in discussing frequency. The two 
are related by fn = ωn>2π as discussed in Section 1.2. In practice, the phrase natu-

ral frequency is used to refer to either fn or ωn, and the units are stated explicitly 
to avoid confusion. For example, a common statement is: the natural frequency is 
10 Hz, or the natural frequency is 20π rad>s.

Recall from differential equations that because the equation of motion is of 
second order, solving equation (1.2) involves integrating twice. Thus there are two 
constants of integration to evaluate. These are the constants A and ϕ. The physical 
significance, or interpretation, of these constants is that they are determined by the 
initial state of motion of the spring–mass system. Again, recall Newton’s laws, if no 
force is imparted to the mass, it will stay at rest. If, however, the mass is displaced to 
a position of x0 at time t = 0, the force kx0 in the spring will result in motion. Also, 
if the mass is given an initial velocity of v0 at time t = 0, motion will result because 

2 4 6 8 10

 A 1.5

x(t) (mm)

Time (s)

1

0.5

0

�0.5

�1

�A �1.5

12

T � 2�
�n

Figure 1.6  The response of a 
simple spring–mass system  
to an initial displacement of 
x0 = 0.5 mm and an initial 
velocity of v0 = 212 mm>s.  
The natural frequency is  
2 rad>s and the amplitude  
is 1.5 mm. The period is 
T = 2π>ωn = 2π>2 = πs.
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of the induced change in momentum. These are called initial conditions and when 
substituted into the solution (1.3) yield

 x0 = x(0) = A sin(ωn0 + ϕ) = A sin ϕ (1.7)

and

 v0 = x
#
(0) = ωnA cos(ωn0 + ϕ) = ωnA cos ϕ (1.8)

Solving these two simultaneous equations for the two unknowns A and ϕ yields

 A =  
2ωn

2 x0
2

+ v0
2

ωn

   and  ϕ = tan-1 
ωnx0

v0
 (1.9)

as illustrated in Figure 1.7. Here the phase ϕ must lie in the proper quadrant, so 
care must be taken in evaluating the arc tangent. Thus, the solution of the equation 
of motion for the spring–mass system is given by

 x(t) =
2ωn

2 x0
2

+ v0
2

ωn

 sin aωnt + tan-1 
ωnx0

v0
b  (1.10)

and is plotted in Figure 1.6. This solution is called the free response of the system, be-
cause no force external to the system is applied after t = 0. The motion of the spring–
mass system is called simple harmonic motion or oscillatory motion and is discussed in 
detail in the following section. The spring–mass system is also referred to as a simple 

harmonic oscillator, as well as an undamped single-degree-of-freedom system.

v0

v0

x0

x0

�
90º

A �    x0
2  �

v0

n

2

�

n�

n�

(a)

x0

x0

�

90º

A �      x0
2  �

v0

n

2

�

v0

n�

(b)

Figure 1.7  The trigonometric relationships between the phase, natural frequency, 
and initial conditions. Note that the initial conditions determine the proper quadrant 
for the phase: (a) for a positive initial position and velocity, (b) for a negative initial 
position and a positive initial velocity.
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Example 1.1.2

The phase angle ϕ describes the relative shift in the sinusoidal vibration of the spring–
mass system resulting from the initial displacement, x0. Verify that equation (1.10) 
satisfies the initial condition x(0) = x0.

Solution  Substitution of t = 0 in equation (1.10) yields

x(0) = A sin ϕ =  
2ωn

2 x0
2

+ v0
2

ωn

 sin atan-1 
ωn x0

v0

b
Figure 1.7 illustrates the phase angle ϕ defined by equation (1.9). This right triangle 
is used to define the sine and tangent of the angle ϕ. From the geometry of a right 
triangle, and the definitions of the sine and tangent functions, the value of x(0) is 
computed to be

 x(0) =
2ωn

2 x0
2

+ v0
2

ωn

 
ωn x02ωn
2 x0

2
+ v0

2
= x0

which verifies that the solution given by equation (1.10) is consistent with the initial 
displacement condition.

n

Example 1.1.3

A vehicle wheel, tire, and suspension assembly can be modeled crudely as a single-
degree-of-freedom spring–mass system. The (unsprung) mass of the assembly is 
measured to be about 30 kilograms (kg). Its frequency of oscillation is observed to be 
10 Hz. What is the approximate stiffness of the suspension assembly?

Solution  The relationship between frequency, mass, and stiffness is ωn = 2k>m, 
so that

k = mωn
2

= (30 kg) a10 
cycle

s
# 2π rad

cycle
b2

= 1.184 * 105 N>m
This provides one simple way to estimate the stiffness of a complicated device. This 
stiffness could also be estimated by using a static deflection experiment similar to that 
suggested by Figures 1.3 and 1.4.

n

Example 1.1.4

Compute the amplitude and phase of the response of a system with a mass of 2 kg and 
a stiffness of 200 N>m, to the following initial conditions:

 a) x0 = 2 mm and v0 = 1 mm>s
 b) x0 = -2 mm and v0 = 1 mm>s
 c) x0 = 2 mm and v0 = -1 mm>s

Compare the results of these calculations.
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Solution  First, compute the natural frequency, as this does not depend on the initial 
conditions and will be the same in each case. From equation (1.6):

ωn = B k

m
= B 200 N>m

2 kg
= 10 rad>s

Next, compute the amplitude, as it depends on the squares of the initial conditions and 
will be the same in each case. From equation (1.9):

A =
2ωn

2 x0
2

+ v0
2

ωn

=
2102 # 22

+ 12

10
= 2.0025 mm

Thus the difference between the three responses in this example is determined only 
by the phase. Using equation (1.9) and referring to Figure 1.7 to determine the proper 
quadrant, the following yields the phase information for each case:

 a) ϕ = tan-1 aωn x0

v0

b = tan-1 a(10 rad>s) (2 mm)

1 mm>s b = 1.521 rad (or 87.147°) 

which is in the first quadrant.

 b) ϕ = tan-1 aωn x0

v0

b = tan-1 a(10 rad>s) (-2 mm)

1 mm>s b = -1.521 rad (or -87.147°) 

which is in the fourth quadrant.

 c) ϕ = tan-1 aωn x0

v0

b = tan-1 a(10 rad>s)(2 mm)

-1 mm>s b = (-1.521 + π) rad (or 92.85°) 

which is in the second quadrant (position positive, velocity negative places the 
angle in the second quadrant in Figure 1.7 requiring that the raw calculation be 
shifted 180°).

Note that if equation (1.9) is used without regard to Figure 1.7, parts b and c 
would result in the same answer (which makes no sense physically as the responses 
each have different starting points). Thus in computing the phase it is important to 
consider which quadrant the angle should lie in. Fortunately, some calculators and 
some codes use an arc tangent function, which corrects for the quadrant (for instance, 
MATLAB uses the atan2(w0*x0, v0) command).

The tan(ϕ) can be positive or negative. If the tangent is positive, the phase angle 
is in the first or third quadrant. If the sign of the initial displacement is positive, the 
phase angle is in the first quadrant. If the sign is negative or the initial displacement 
is negative, the phase angle is in the third quadrant. If on the other hand the tangent 
is negative, the phase angle is in the second or fourth quadrant. As in the previous 
case, by examining the sign of the initial displacement, the proper quadrant can be 
determined. That is, if the sign is positive, the phase angle is in the second quadrant, 
and if the sign is negative, the phase angle is in the fourth quadrant. The remaining 
possibility is that the tangent is equal to zero. In this case, the phase angle is either 
zero or 180°. The initial velocity determines which quadrant is correct. If the initial 
displacement is zero and if the initial velocity is zero, then the phase angle is zero. If on 
the other hand the initial velocity is negative, the phase angle is 180°.

n
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The main point of this section is summarized in Window 1.2. This illustrates 
harmonic motion and how the initial conditions determine the response of such 
a system.

Window 1.2
Summary of the Description of Simple Harmonic Motion

sin(�nt � �)

v0 � initial velocity� � tan�1
v0

�nx0

Maximum velocity

Period

Time, t

x0
Initial

displace-
ment

�
�n

2�
�nSlope here

is v0

Displacement, x(t)

�

�

AmplitudeT �

x(t) � �n
�n

2 x0
2 + v0

21

A� �n
2 x0

2 
� v0

2

�n

1

1.2 HARMONIC MOTION

The fundamental kinematic properties of a particle moving in one dimension are 
displacement, velocity, and acceleration. For the harmonic motion of a simple 
spring–mass system, these are given by equations (1.3), (1.4), and (1.5), respectively. 
These equations reveal the different relative amplitudes of each quantity. For 
systems with natural frequency larger than 1 rad>s, the relative amplitude of the 
velocity response is larger than that of the displacement response by a multiple of 
ωn, and the acceleration response is larger by a multiple of ωn

2. For systems with 
frequency less than 1, the velocity and acceleration have smaller relative ampli-
tudes than the displacement. Also note that the velocity is 90° (or π>2 radians) out 
of phase with the position [i.e., sin(ωnt + π>2 + ϕ) = cos(ωnt + ϕ)], while the 
acceleration is 180° out of phase with the position and 90° out of phase with the 
velocity. This is summarized and illustrated in Window 1.3.
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Window 1.3
The Relationship between Displacement, Velocity, and Acceleration 

for Simple Harmonic Motion

�A

0

A

t

Displacement
x(t) � A sin (�nt � �)

��A

0

�A

t

��2A

0

�2A

t

Acceleration
x(t) � ��2

nA sin (�nt � �)

Velocity
x(t) � �nA cos (�nt � �)

..

.
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The angular natural frequency, ωn, used in equations (1.3) and (1.10), is mea-
sured in radians per second and describes the repetitiveness of the oscillation. As 
indicated in Window 1.2, the time the cycle takes to repeat itself is the period, T, 
which is related to the natural frequency by

 T =
2π rad

ωn rad>s =
2π
ωn

 s (1.11)

This results from the elementary definition of the period of a sine function. The 
frequency in hertz (Hz), denoted by fn, is related to the frequency in radians per 
second, denoted by ωn:

  fn =
ωn

2π
=

ωn rad>s
2π rad>cycle

=
ωn cycles

2π s
=

ωn

2π
 (Hz) (1.12)

Equation (1.2) is exactly the same form of differential equation as the linear 
pendulum equation of Example 1.1.1 and of the shaft and disk of Window 1.1(b). 
As such, the pendulum will have exactly the same form of solution as equation (1.3), 
with frequency

ωn = Ag

l
 rad>s

The solution of the pendulum equation thus predicts that the period of oscillation 
of the pendulum is

T =
2π
ωn

= 2πA l

g
 s

where the non-italic s denotes seconds. This analytical value of the period can be 
checked by measuring the period of oscillation of a pendulum with a simple stop-
watch. The period of the disk and shaft system of Window 1.1 will have a frequency 
and period of

ωn = Ak

J
 rad>s  and  T = 2πA J

k
 s

respectively. The concept of frequency of vibration of a mechanical system is 
the single most important physical concept (and number) in vibration analysis. 
Measurement of either the period or the frequency allows validation of the analyti-
cal model. (If you made a 1-meter pendulum, the period would be about 2 s. This is 
something you could try at home.)

As long as the only disturbance to these systems is a set of nonzero initial con-
ditions, the system will respond by oscillating with frequency ωn and period T. For 
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the case of the pendulum, the longer the pendulum, the smaller the frequency and 
the longer the period. That’s why in museum demonstrations of a pendulum, the 
length is usually very large so that T is large and one can easily see the period (also 
a pendulum is usually used to illustrate the earth’s precession; Google the phrase 
Foucault Pendulum).

Example 1.2.1

Consider a small spring about 30 mm (or 1.18 in) long, welded to a stationary table 
(ground) so that it is fixed at the point of contact, with a 12-mm (or 0.47-in) bolt welded 
to the other end, which is free to move. The mass of this system is about 49.2 * 10−3 kg 
(equivalent to about 1.73 ounces). The spring stiffness can be measured using the method 
suggested in Figure 1.4 and yields a spring constant of k = 857.8 N>m. Calculate the 
natural frequency and period. Also determine the maximum amplitude of the response if 
the spring is initially deflected 10 mm. Assume that the spring is oriented along the direc-
tion of gravity as in Window 1.1. (Ignore the effect of gravity; see below.)

Solution  From equation (1.6) the natural frequency is

ωn = B k

m
= B 857.8 N>m

49.2 * 10-3 kg
= 132 rad>s

In hertz, this becomes

fn =
ωn

2π
= 21 Hz

The period is

T =
2π
ωn

=
1

fn

= 0.0476 s

To determine the maximum value of the displacement response, note from Figure 1.6 
that this corresponds to the value of the constant A. Assuming that no initial velocity is 
given to the spring (v0 = 0), equation (1.9) yields

x(t)max = A =
2ωn

2 x0
2

+ v0
2

ωn

= x0 = 10 mm

Note that the maximum value of the velocity response is ωnA or ωnx0 = 1320 mm>s 
and the acceleration response has maximum value

ωn
2A = ωn

2x0 = 174.24 * 103 mm>s2

Since v0 = 0, the phase is ϕ = tan−1(ωnx0>0) = π>2, or 90°. Hence, in this case, the 
response is x(t) = 10 sin(132t + π>2) = 10 cos(132t) mm.

n

Does gravity matter in spring problems? The answer is no, if the system oscillates 
in the linear region. Consider the spring of Figure 1.3 and let a mass of value m extend 
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the spring. Let Δ denote the distance deflected in this static experiment (Δis called the 
static deflection); then the force acting upon the mass is kΔ. From static equilibrium 
the forces acting on the mass must be zero so that (taking positive down in the figure)

mg - kΔ = 0

Next, sum the forces along the vertical for the mass at some point x and apply 
Newton’s law to get

mx
$
(t) = -k(x + Δ) + mg = -kx + mg - Δk

Note the sign on the spring term is negative because the spring force opposes 
the motion, which is taken here as positive down. The last two terms add to zero 
(mg - kΔ = 0) because of the static equilibrium condition, and the equation of 
motion becomes

mx
$
(t) + kx(t) = 0

Thus gravity does not affect the dynamic response. Note x(t) is measured from the 
elongated (or compressed if upside down) position of the spring–mass system, that 
is, from its rest position. This is discussed again using energy methods in Figure 1.14.

Example 1.2.2

(a) A pendulum in Brussels swings with a period of 3 seconds. Compute the length of 
the pendulum. (b) At another location, assume the length of the pendulum is known 
to be 2 meters and suppose the period is measured to be 2.839 seconds. What is the 
 acceleration due to gravity at that location?

Solution  The relationship between period and natural frequency is given in 
equation (1.11). (a) Substitution of the value of natural frequency for a pendulum 
and solving for the length of the pendulum yields

T =
2π
ωn

 1 ωn
2

=
g

l
=

4π2

T 2
 1 l =

gT 2

4π2
=

(9.811 m>s2 )(3)2s2

4π2
= 2.237 m

Here the value of g = 9.811 m>s2 is used, as that is the value it has in Brussels (at 51° 
latitude and an altitude of 102 m). (b) Next, manipulate the pendulum period equation 
to solve for g. This yields

  
g

l
=

4π2

T 2
 1 g =

4π2

T 2
 l =

4π2

(2.839)2 s2
 (2)m = 9.796 m>s2

This is the value of the acceleration due to gravity in Denver, Colorado, United States 
(at an altitude 1638 m and latitude 40°).

These sorts of calculations are usually done in high school science classes but are 
repeated here to underscore the usefulness of the concept of natural frequency and period 
in terms of providing information about the vibration system’s physical properties. In 
 addition, this example serves to remind the reader of a familiar vibration phenomenon.

n
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The solution given by equation (1.10) was developed assuming that the response 
should be harmonic based on physical observation. The form of the response can also 
be derived by a more analytical approach following the theory of elementary differ-
ential equations (see, e.g., Boyce and DiPrima, 2009). This approach is reviewed here 
and will be generalized in later sections and chapters to solve for the response of more 
complicated systems. 

Assume that the solution x(t) is of the form

 x(t) = aeλt (1.13)

where a and λ are nonzero constants to be determined. Upon successive differen-
tiation, equation (1.13) becomes x

#
(t) = λaeλt and x

$
(t) = λ2aeλt. Substitution of the 

assumed exponential form into equation (1.2) yields

 mλ2aeλt
+ kaeλt

= 0 (1.14)

Since the term aeλt is never zero, expression (1.14) can be divided by aeλt to yield

 mλ2
+ k = 0 (1.15)

Solving this algebraically results in

 λ = {A -
k

m
= {A k

m
 j = {ωn j (1.16)

where j = 1-1 is the imaginary number and ωn = 1k>m is the natural frequency 
as before. Note that there are two values for λ, λ = +ωnj and λ = -ωnj, because 
the equation for λ is of second order. This implies that there must be two solutions 
of equation (1.2) as well. Substitution of equation (1.16) into equation (1.13) yields 
that the two solutions for x(t) are

 x(t) = a1e
+jωnt  and  x(t) = a2e

-jωnt (1.17)

Since equation (1.2) is linear, the sum of two solutions is also a solution; hence, the 
response x(t) is of the form

 x(t) = a1e
+jωnt

+ a2e
-jωnt (1.18)

where a1 and a2 are complex-valued constants of integration. The Euler relations for 
trigonometric functions state that 2j sin θ = (eθj

- e–θj) and 2 cos θ = (eθj
+ e–θj), 

where j = 1-1. [See Appendix A, equations (A.18), (A.19), and (A.20), as well as 
Window 1.5.] Using the Euler relations, equation (1.18) can be written as

 x(t) = A sin(ωnt + ϕ) (1.19)

where A and ϕ are real-valued constants of integration. Note that equation (1.19) is 
in agreement with the physically intuitive solution given by equation (1.3). The re-
lationships among the various constants in equations (1.18) and (1.19) are given in 
Window 1.4. Window 1.5 illustrates the use of Euler relations for deriving harmonic 
functions from exponentials for the underdamped case.
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Window 1.4
Three Equivalent Representations of Harmonic Motion

The solution of mx
$

+ kx = 0 subject to nonzero initial conditions can be 
written in three equivalent ways. First, the solution can be written as

x(t) = a1e
jωnt

+ a2e
-jωnt, ωn = A k

m
, j = 1-1

where a1 and a2 are complex-valued constants. Second, the solution can be 
written as

x(t) = A sin(ωnt + ϕ)

where A and ϕ are real-valued constants. Last, the solution can be written as

x(t) = A1 sin ωnt + A2 cos ωnt

where A1 and A2 are real-valued constants. Each set of two constants is deter-
mined by the initial conditions, x0 and v0. The various constants are related by 
the following:

 A = 2A2
1 + A2

2  ϕ = tan-1 aA2

A1

b
 A1 = (a1 - a2)j  A2 = a1 + a2

 a1 =
A2 - A1j

2
  a2 =

A2 + A1j

2

all of which follow from trigonometric identities and Euler’s formulas. Note 
that a1 and a2 are a complex conjugate pair, so that A1 and A2 are both real 
numbers provided that the initial conditions are real valued, as is normally 
the case.

Often when computing frequencies from equation (1.16) such as λ2
= -4, 

there is a temptation to write that the frequency is ωn = {2. This is incorrect be-
cause the {sign is used up when the Euler relation is used to obtain the function 
sin ωnt from the exponential form. The concept of frequency is not defined until it 
appears in the argument of the sine function and, as such, is always positive.

Precise terminology is useful in discussing an engineering problem, and the sub-
ject of vibration is no exception. Since the position, velocity, and acceleration change 
continually with time, several other quantities are used to discuss vibration. The peak 

value, defined as the maximum displacement, or magnitude A of equation (1.9), is 
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often used to indicate the region in space in which the object vibrates. Another quan-
tity useful in describing vibration is the average value, denoted by x‾, and defined by

 x‾ = lim
T S ∞

 
1

T
 L

T

0

x(t) dt (1.20)

Note that the average value of x(t) = A sin ωnt over one period of oscillation is zero.
Since the square of displacement is associated with a system’s potential 

energy, the average of the displacement squared is sometimes a useful vibration 
property to discuss. The mean-square value (or variance) of the displacement x(t), 
denoted by x‾

2, is defined by

 x‾
2

= lim
T S ∞

1

T
 L

T

0

x2(t) dt (1.21)

The square root of this value, called the root mean-square (rms) value, is commonly 
used in specifying vibration. Because the peak value of the velocity and accelera-
tion are multiples of the natural frequency times the displacement amplitude [i.e., 
equations (1.3)–(1.5)], these three peak values often differ in value by an order of 
magnitude or more. Hence, logarithmic scales are often used. A common unit of 
measurement for vibration amplitudes and rms values is the decibel (dB). The deci-
bel was originally defined in terms of the base 10 logarithm of the power ratio of 
two electrical signals, or as the ratio of the square of the amplitudes of two signals. 
Following this idea, the decibel is defined as

 dB K 10 log10 ax1

x0
b2

= 20 log10 
x1

x0
 (1.22)

Here the signal x0 is a reference signal. The decibel is used to quantify how far the 
measured signal x1 is above the reference signal x0. Note that if the measured signal 
is equal to the reference signal, then this corresponds to 0 dB. The decibel is used 
extensively in acoustics to compare sound levels. Using a dB scale expands or com-
presses vibration response information for convenience in graphical representation.

Example 1.2.3

Consider a 2-meter long pendulum placed on the moon and given an initial angular 
displacement of 0.2 rad and zero initial velocity. Calculate the maximum angular veloc-
ity and the maximum angular acceleration of the swinging pendulum (note that gravity 
on the earth’s moon is gm = g>6, where g is the acceleration due to gravity on earth).

Solution  From Example 1.1.1 the equation of motion of a pendulum is

$
θ(t) +  

gm

l
 θ(t) = 0
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This equation is of the same form as equation (1.2) and hence has a solution of 
the form

θ(t) = A sin(ωnt + ϕ), ωn = Agm

l

From equation (1.9) the amplitude is given by

A = Cωn
2x0

2
+ v0

2

ωn
2

= x0 = 0.2 rad

From Window 1.3 the maximum velocity is just ωnA or

vmax = ωnA = B gm

l
 (0.2) = (0.2)B 9.8>6

2
= 0.18 rad>s

The maximum acceleration is

amax = ωn
2A =  

gm

l
 A =  

9.8>6
2

 (0.2) = 0.163 rad>s2

n

Frequencies of concern in mechanical vibration range from fractions of a hertz to 
several thousand hertz. Amplitudes range from micrometers up to meters (for systems 
such as tall buildings). According to Mansfield (2005), human beings are more sensitive 
to acceleration than displacement and easily perceive vibration around 5 Hz at about 
0.01 m>s2 (about 0.01 mm). Horizontal vibration is easy to experience near 2 Hz. Work 
attempting to characterize comfort levels for human vibrations is still ongoing.

1.3 VISCOUS DAMPING

The response of the spring–mass model (Section 1.1) predicts that the system will 
oscillate indefinitely. However, everyday observation indicates that freely oscillat-
ing systems eventually die out and reduce to zero motion. This observation suggests 
that the model sketched in Figure 1.5 and the corresponding mathematical model 
given by equation (1.2) need to be modified to account for this decaying motion. The 
choice of a representative model for the observed decay in an oscillating system is 
based partially on physical observation and partially on mathematical convenience. 
The theory of differential equations suggests that adding a term to equation (1.2) 
of the form cx

#
(t), where c is a constant, will result in a solution x(t) that dies out. 

Physical observation agrees fairly well with this model and is used successfully to 
model the damping, or decay, in a variety of mechanical systems. This type of damp-
ing, called viscous damping, is described in detail in this section.
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While the spring forms a physical model for storing potential energy and hence 
causing vibration, the dashpot, or damper, forms the physical model for dissipating 
energy and thus damping the response of a mechanical system. An example dashpot 
consists of a piston fit into a cylinder filled with oil as indicated in Figure 1.8. This 
piston is perforated with holes so that motion of the piston in the oil is possible. The 
laminar flow of the oil through the perforations as the piston moves causes a damp-
ing force on this piston. The force is proportional to the velocity of the piston in a 
direction opposite that of the piston motion. This damping force, denoted by fc, has 
the form

 fc = cx
#
(t) (1.23)

where c is a constant of proportionality related to the oil viscosity. The constant 
c, called the damping coefficient, has units of force per velocity, or N s>m, as it is 
customarily written. However, following the strict rules of SI units, the units on 
damping can be reduced to kg>s, which states the units on damping in terms of the 
fundamental (also called basic) SI units (mass, time, and length).

In the case of the oil-filled dashpot, the constant c can be determined by fluid 
principles. However, in most cases, fc is provided by equivalent effects occurring in 
the material forming the device. A good example is a block of rubber (which also 
provides stiffness fk) such as an automobile motor mount, or the effects of air flowing 
around an oscillating mass. In all cases in which the damping force fc is proportional 
to velocity, the schematic of a dashpot is used to indicate the presence of this force. 
The schematic is illustrated in Figure 1.9. Unfortunately, the damping coefficient of a 
system cannot be measured as simply as the mass or stiffness of a system can be. This 
is pointed out in Section 1.6.

Using a simple force balance on the mass of Figure 1.9 in the x direction, the 
equation of motion for x(t) becomes

 mx
$

= -fc - fk (1.24)

or

 mx
$
(t) + cx

#
(t) + kx(t) = 0 (1.25)

Mounting
point

Seal
Case

Orifice

Piston

Mounting
point

Oil

x(t)

Figure 1.8  A schematic of a dashpot that produces a damping force fc(t) = cx
#
(t), 

where x(t) is the motion of the case relative to the piston.
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subject to the initial conditions x(0) = x0 and x
#
(0) = v0. The forces fc and fk are 

negative in equation (1.24) because they oppose the motion (positive to the right). 
Equation (1.25) and Figure 1.9, referred to as a damped single-degree-of-freedom 

system, form the topic of Chapters 1 through 3.
To solve the damped system of equation (1.25), the same method used for 

solving equation (1.2) is used. In fact, this provides an additional reason to choose 
fc to be of the form cx

#
. Let x(t) have the form given in equation (1.13), x(t) = aeλt. 

Substitution of this form into equation (1.25) yields

 (mλ2
+ cλ + k) aeλt

= 0 (1.26)

Again, aeλt ≠ 0, so that this reduces to a quadratic equation in λ of the form

 mλ2
+ cλ + k = 0 (1.27)

called the characteristic equation. This is solved using the quadratic formula to yield 
the two solutions

 λ1, 2 = -
c

2m
{

1

2m
2c2

- 4km (1.28)

Examination of this expression indicates that the roots λ will be real or complex, de-
pending on the value of the discriminant, c2

- 4km. As long as m, c, and k are positive 
real numbers, λ1 and λ2 will be distinct negative real numbers if c2

- 4km 7 0. On the 
other hand, if this discriminant is negative, the roots will be a complex conjugate pair 
with a negative real part. If the discriminant is zero, the two roots λ1 and λ2 are equal 
negative real numbers. Note that equation (1.15) represents the characteristic equa-
tion for the special undamped case (i.e., c = 0).

In examining these three cases, it is both convenient and useful to define the 
critical damping coefficient, ccr, by

 ccr = 2mωn = 21km (1.29)

x(t)

k

c

m

y

x

fk

fc

mg

N

Friction-free
surface

(a) (b)

Figure 1.9  (a) The schematic of a single-degree-of-freedom system with viscous 
damping indicated by a dashpot and (b) the corresponding free-body diagram.
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where ωn is the undamped natural frequency in rad>s. Furthermore, the nondimen-
sional number ζ, called the damping ratio, defined by

 ζ =  
c

ccr

 =  
c

2mωn

 =  
c

21km
 (1.30)

can be used to characterize the three types of solutions to the characteristic equa-
tion. Rewriting the roots given by equation (1.28) yields

 λ1, 2 = -ζωn { ωn2ζ2
- 1 (1.31)

where it is now clear that the damping ratio ζ determines whether the roots are 
complex or real. This in turn determines the nature of the response of the damped 
single-degree-of-freedom system. For positive mass, damping, and stiffness coef-
ficients, there are three cases, which are delineated next.

1.3.1 Underdamped Motion

In this case, the damping ratio ζ is less than 1 (0 6 ζ 6 1) and the discriminant of 
equation (1.31) is negative, resulting in a complex conjugate pair of roots. Factoring 
out (-1) from the discriminant in order to clearly distinguish that the second term 
is imaginary yields

 2ζ2
- 1 = 2(1 - ζ2)(-1) = 21 - ζ2 j (1.32)

where j = 1-1. Thus the two roots become

 λ1 = -ζωn - ωn21 - ζ2 j (1.33)

and

 λ2 = -ζωn + ωn21 - ζ2 j (1.34)

Following the same argument as that made for the undamped response of equation 
(1.18), the solution of (1.25) is then of the form

 x(t) = e-ζωnt(a1e
j21 - ζ2ωnt

+ a2e
-j21 - ζ2ωnt) (1.35)

where a1 and a2 are arbitrary complex-valued constants of integration to be deter-
mined by the initial conditions. Using the Euler relations (see Window 1.5), this can 
be written as

 x(t) = Ae-ζωnt sin(ωdt + ϕ) (1.36)

where A and ϕ are constants of integration and ωd, called the damped natural fre-

quency, is given by

 ωd = ωn21 - ζ2 (1.37)

in units of rad>s.
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The constants A and ϕ are evaluated using the initial conditions in exactly the 
same fashion as they were for the undamped system as indicated in equations (1.7) 
and (1.8). Set t = 0 in equation (1.36) to get x0 = A sin ϕ. Differentiating (1.36) yields

x
#
(t) = -ζωnAe-ζωnt sin(ωdt + ϕ) + ωdAe-ζωnt cos(ωdt + ϕ)

Let t = 0 and A = x0>sin ϕ in this last expression to get

x
#
(0) = v0 = -ζωnx0 + x0ωd cot ϕ

Window 1.5
Euler Relations and the Underdamped Solution

An underdamped solution of mx
$

+ cx
#

+ kx = 0 to nonzero initial conditions 
is of the form

x(t) = a1e
λ1t + a2e

λ2t

where λ1 and λ2 are complex numbers of the form

λ1 = -ζωn + ωdj  and  λ2 = -ζωn - ωdj

where ωn = 2k>m, ζ = c>(2mωn), ωd = ωn21 - ζ2, and j = 1-1. The 
two constants a1 and a2 are complex numbers and hence represent four 
unknown constants rather than the two constants of integration required to 
solve a second-order differential equation. This demands that the two com-
plex numbers a1 and a2 be conjugate pairs so that x(t) depends only on two 
undetermined constants. Substitution of the foregoing values of λi into the 
solution x(t) yields

x(t) = e-ζωnt(a1e
ωdjt

+ a2e
-ωd jt)

Using the Euler relations eϕj
= cos ϕ + j sin ϕ and e–ϕj

= cos ϕ - j sin ϕ, 
x(t) becomes

x(t) = e-ζωnt3(a1 + a2) cos ωdt + j(a1 - a2) sin ωdt4
Choosing the real numbers A2 = a1 + a2 and A1 = (a1 - a2)j, this becomes

x(t) = e-ζωnt(A1 sin ωdt + A2 cos ωdt)

which is real valued. Defining the constant A = 2A 1
2

+ A 2
2  and the angle  

ϕ = tan−1(A2>A1) so that A1 = A cos ϕ and A2 = A sin ϕ, the form of x(t) 
becomes [recall that sin a cos b + cos a sin b = sin(a + b)]

x(t) = Ae-ζωnt sin (ωdt + ϕ)

where A and ϕ are the constants of integration to be determined from the ini-
tial conditions. Complex numbers are reviewed in Appendix A. 
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Solving this last expression for ϕ yields

tan ϕ =
x0ωd

v0 + ζωnx0

With this value of ϕ, the sine becomes

 sin ϕ =
x0ωd2(v0 + ζωnx0)2

+ (x0ωd)2

Thus the value of A and ϕ are determined to be

 A = B (v0 + ζωnx0)
2

+ (x0ωd)2

ωd
2

, ϕ = tan-1 
x0ωd

v0 + ζωnx0

 (1.38)

where x0 and v0 are the initial displacement and velocity. A plot of x(t) versus t for 
this underdamped case is given in Figure 1.10. Note that the motion is oscillatory 
with exponentially decaying amplitude. The damping ratio ζ determines the rate of 
decay. The response illustrated in Figure 1.10 is exhibited in many mechanical sys-
tems and constitutes the most common case. As a check to see that equation (1.38) 
is reasonable, note that if ζ = 0 in the expressions for A and ϕ, the undamped rela-
tions of equation (1.9) result.

Time (s)

Displacement (mm)

1.0

0.0

�1.0 Figure 1.10  The response 
of an underdamped system:  
0 6 ζ 6 1.

1.3.2 Overdamped Motion

In this case, the damping ratio is greater than 1 (ζ 7 1). The discriminant of equa-
tion (1.31) is positive, resulting in a pair of distinct real roots. These are

 λ1 = -ζωn - ωn2ζ2
- 1 (1.39)

and

 λ2 = -ζωn + ωn2ζ2
- 1 (1.40)
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The solution of equation (1.25) then becomes

 x(t) = e-ζωnt(a1e
-ωn2ζ2

- 1t
+ a2e

+ωn2ζ2
- 1t) (1.41)

which represents a nonoscillatory response. Again, the constants of integration 
a1 and a2 are determined by the initial conditions indicated in equations (1.7) and 
(1.8). In this nonoscillatory case, the constants of integration are real valued and 
are given by

 a1 =
-v0 + ( -ζ + 2ζ2

- 1)ωnx0

2ωn2ζ2
-1

 (1.42)

and

 a2 =  
v0 + (ζ + 2ζ2

- 1)ωnx0

2ωn2ζ2
-1

 (1.43)

Typical responses are plotted in Figure 1.11, where it is clear that motion does not 
involve oscillation. An overdamped system does not oscillate but rather returns to 
its rest position exponentially.

Displacement (mm)

1

1.  x0 = 0.3,      v0 = 0

3.  x0 = �0.3,   v0 = 0
2.  x0 = 0,         v0 = 1

2

3

Time (s)�0.4

�0.2

0.0

0.2

0.4

0 1 2 3 4 5 6

Figure 1.11  The response of an 
overdamped system, ζ 7 1, for two 
different values of initial displacement 
(in mm) both with the initial velocity 
set to zero and one case with x0 = 0 
and v0 = 1 mm>s.

1.3.3 Critically Damped Motion

In this last case, the damping ratio is exactly one (ζ = 1) and the discriminant of 
equation (1.31) is equal to zero. This corresponds to the value of ζ that separates 
oscillatory motion from nonoscillatory motion. Since the roots are repeated, they 
have the value

 λ1 = λ2 = -ωn (1.44)

The solution takes the form

 x(t) = (a1 + a2t)e-ωnt (1.45)
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where, again, the constants a1 and a2 are determined by the initial conditions. 
Substituting the initial displacement into equation (1.45) and the initial velocity 
into the derivative of equation (1.45) yields

 a1 = x0, a2 = v0 + ωnx0 (1.46)

Critically damped motion is plotted in Figure 1.12 for two different values of initial 
conditions. It should be noted that critically damped systems can be thought of in 
several ways. They represent systems with the smallest value of damping rate that 
yields nonoscillatory motion. Critical damping can also be thought of as the case 
that separates nonoscillation from oscillation, or the value of damping that provides 
the fastest return to zero without oscillation.

0

0.5 1 1.5 2 2.5 3 3.5

1.  x0 � 0.4 mm, v0 � � 1mm/s

3.  x0 � 0.4 mm, v0 � �1mm/s
2.  x0 � 0.4 mm, v0 �  0 mm/s

Time (s)

�0.1

0.2

Displacement (mm)

1

2

3

0.4

0.6

Figure 1.12  The response of 
a critically damped system for 
three different initial velocities. 
The physical properties are 
m = 100 kg, k = 225 N>m, 
and ζ = 1.

Example 1.3.1

Recall the small spring of Example 1.2.1 (i.e., ωn = 132 rad>s). The damping rate of 
the spring is measured to be 0.11 kg>s. Calculate the damping ratio and determine if 
the free motion of the spring–bolt system is overdamped, underdamped, or critically 
damped.

Solution  From Example 1.2.1, m = 49.2 * 10−3 kg and k = 857.8 N>m. Using the 
definition of the critical damping coefficient of equation (1.29) and these values for m 
and k yields

 ccr = 21km = 22(857.8 N>m)(49.2 * 10-3 kg)

 = 12.993 kg>s
If c is measured to be 0.11 kg>s, the critical damping ratio becomes

ζ =
c

ccr

=
0.11(kg>s)

12.993(kg>s)
= 0.0085

or 0.85% damping. Since ζ is less than 1, the system is underdamped. The motion 
resulting from giving the spring–bolt system a small displacement will be oscillatory.

n
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The single-degree-of-freedom damped system of equation (1.25) is often writ-
ten in a standard form. This is obtained by dividing equation (1.25) by the mass, m. 
This yields

 x
$

+
c

m
 x
#

+
k

m
 x = 0 (1.47)

The coefficient of x(t) is ωn
2, the undamped natural frequency squared. A little 

manipulation illustrates that the coefficient of the velocity x
#
 is 2ζωn. Thus equation 

(1.47) can be written as

 x
$
(t) + 2ζωnx

#
(t) + ωn

2x(t) = 0 (1.48)

In this standard form, the values of the natural frequency and the damping ratio are 
clear. In differential equations, equation (1.48) is said to be in monic form, meaning 
that the leading coefficient (coefficient of the highest derivative) is one.

Example 1.3.2

The human leg has a measured natural frequency of around 20 Hz when in its rigid 
(knee-locked) position in the longitudinal direction (i.e., along the length of the bone) 
with a damping ratio of ζ = 0.224. Calculate the response of the tip of the leg bone 
to an initial velocity of v0 = 0.6 m>s and zero initial displacement (this would cor-
respond to the vibration induced while landing on your feet, with your knees locked 
from a height of 18 mm) and plot the response. Last, calculate the maximum accelera-
tion experienced by the leg assuming no damping.

Solution  The damping ratio is ζ = 0.224 6 1, so the system is clearly underdamped. 

The natural frequency is ωn =
20

1
 
cycles

s
 
2π rad

cycles
= 125.66 rad>s. The damped natural 

frequency is ωd = 125.6621 - (0.224)2
= 122.467 rad>s. Using equation (1.38) with 

v0 = 0.6 m>s and x0 = 0 yields

A =
230.6 + (0.224)(125.66)(0)42

+ 3(0)(122.467)42

122.467
= 0.005 m

ϕ = tan-1 a (0)(ωd)

v0 + ζωn(0)
b = 0

The response as given by equation (1.36) is

x(t) = 0.005e-28.148t sin (122.467t)

This is plotted in Figure 1.13. To find the maximum acceleration rate that the leg expe-
riences for zero damping, use the undamped case of equation (1.9):

A = Bx0
2

+ a v0

ωn

b2

, ωn = 125.66, v0 = 0.6, x0 = 0
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A =
v0

ωn

 m =
0.6

ωn

 m

max (x
$
) = 0 -ωn

2 A 0 = ` -ωn
2  a0.6

ωn

b ` = (0.6)(125.66 m>s2) = 75.396 m>s2

In terms of g = 9.81 m>s2, this becomes

maximum acceleration =
75.396 m>s2

9.81 m>s2
 g = 7.69 g>s

n

Example 1.3.3

Compute the form of the response of an underdamped system using the Cartesian 
form of the solution given in Window 1.5.

Solution  From basic trigonometry sin(x + y) = sin x cos y + cos x sin y. Applying 
this to equation (1.36) with x = ωdt and y = ϕ yields

x(t) = Ae-ζωnt sin (ωdt + ϕ) = e-ζωnt(A1 sin ωdt + A2 cosωdt)

where A1 = A cos ϕ and A2 = A sin ϕ, as indicated in Window 1.5. Evaluating the 
initial conditions yields

x(0) = x0 = e0(A1 sin 0 + A2 cos 0)

Displacement (mm)

Time (s)�5

�4

�3

�2

�1

5

4

3

2

1

0

0 0.02 0.04 0.06 0.08 0.1 0.12 0.14

Figure 1.13  A plot of displacement versus time for the leg bone of Example 1.3.2.
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Solving yields A2 = x0. Next, differentiate x(t) to get

x
#

= -ζωne-ζωnt (A1 sinωdt + A2 cos ωdt) + ωde-ζωnt (A1 cos ωdt - A2 sin ωdt)

Applying the initial velocity condition yields

v0 = x
#
(0) = -ζωn (A1 sin 0 + x0 cos 0) + ωd (A1 cos 0 - x0 sin 0)

Solving this last expression yields

A1 =
v0 + ζωnx0

ωd

Thus the free response in Cartesian form becomes

x(t) = e-ζωnt av0 + ζωnx0

ωd

 sin ωdt + x0 cos ωdtb
n

1.4 MODELING AND ENERGY METHODS

Modeling is the art or process of writing down an equation, or system of equa-
tions, to describe the motion of a physical device. For example, equation (1.2) 
was obtained by modeling the spring–mass system of Figure 1.5. By summing the 
forces acting on the mass along the x direction and employing the experimental 
evidence of the mathematical model of the force in a spring given by Figure 1.4, 
equation (1.2) can be obtained. The success of this model is determined by how 
well the solution of equation (1.2) predicts the observed and measured behavior 
of the actual system. This comparison between the vibration response of a device 
and the response predicted by the analytical model is discussed in Section 1.6. The 
majority of this book is devoted to the analysis of vibration models. However, two 
methods of modeling—force balance and energy methods—are presented in this 
section. Newton’s three laws form the basis of dynamics. Fifty years after Newton, 
Euler published his laws of motion. Newton’s second law states: the sum of forces 
acting on a body is equal to the body’s mass times its acceleration, and Euler’s 
second law states: the rate of change of angular momentum is equal to the sum 
of external moments acting on the mass. Euler’s second law can be manipulated 
to reveal that the sum of moments acting on a mass is equal to its rotational in-
ertia times its angular acceleration. These two laws require the use of free-body 
diagrams and the proper identification of forces and moments acting on a body, 
forming most of the activity in the study of dynamics.

An alternative approach, studied in dynamics, is to examine the energy in 
the system, giving rise to what is referred to as energy methods for determining 
the equations of motion. The energy methods do not require free-body diagrams 
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but rather require an understanding of the energy in a system, providing a useful 
alternative when forces are not easy to determine. More comprehensive treatments 
of modeling can be found in Doebelin (1980), Shames (1980, 1989), and Cannon 
(1967), for example. The best reference for modeling is the text you used to study 
dynamics. There are also many excellent descriptions on the Internet which can be 
found using a search engine such as Google.

The force summation method is used in the previous sections and should be 
familiar to the reader from introductory dynamics. For systems with constant mass 
(such as those considered here) moving in only one direction, the rate of change of 
momentum becomes the scalar relation

d

dt
 (mx

#
) = mx

$

which is often called the inertia force. The physical device of interest is examined 
by noting the forces acting on the device. The forces are then summed (as vectors) 
to produce a dynamic equation following Newton’s second law. For motion along 
the x direction only, this becomes the scalar equation

 a
i

 fxi = mx
$
 (1.49)

where fxi denotes the ith force acting on the mass m along the x direction and the 
summation is over the number of such forces. In the first three chapters, only single- 
degree-of-freedom systems moving in one direction are considered; thus, Newton’s 
law takes on a scalar nature. In more practical problems with many degrees of 
freedom, energy considerations can be combined with the concepts of virtual work 
to produce Lagrange’s equations, as discussed in Section 4.7. Lagrange’s equations 
also provide an energy-based alternative to summing forces to derive equations 
of motion.

For rigid bodies in plane motion (i.e., rigid bodies for which all the forces act-
ing on them are coplanar in a plane perpendicular to a principal axis) and free to 
rotate, Euler’s second law states that the sum of the applied torques is equal to the 
rate of change of angular momentum of the mass. This is expressed as

 a
i

M0i = Jθ
$
 (1.50)

where M0i are the torques acting on the object about the point 0, J is the moment of 
inertia (also denoted by I0) about the rotation axis, and θ is the angle of rotation. The 
sum of moments method was used in Example 1.1.1 to find the equation of motion of 
a pendulum and is discussed in more detail in Example 1.5.1.

If the forces or torques acting on an object or mechanical part are difficult to 
determine, an energy approach may be more efficient. In this method, the differen-
tial equation of motion is established by using the principle of energy conservation. 
This principle is equivalent to Newton’s law for conservative systems and states that 
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the sum of the potential energy and kinetic energy of a particle remains constant at 
each instant of time throughout the particle’s motion:

 T + U = constant (1.51)

where T and U denote the total kinetic and potential energy, respectively. 
Conservation of energy also implies that the change in kinetic energy must equal 
the change in potential energy:

 U1 - U2 = T2 - T1 (1.52)

where U1 and U2 represent the particle’s potential energy at the times t1 and t2, 
respectively, and T1 and T2 represent the particle’s kinetic energy at times t1 and t2, 
respectively. For periodic motion, energy conservation also implies that

 Tmax = Umax (1.53)

Since energy is a scalar quantity, using the conservation of energy principle yields 
a possibility of obtaining the equation of motion of a system without using force or 
moment summations.

Equations (1.51), (1.52), and (1.53) are three statements of the conservation of 
energy. Each of these can be used to determine the equation of motion of a spring–
mass system. As an illustration, consider the energy of the spring–mass system of Figure 
1.14 hanging in a gravitational field of strength g. The effect of adding the mass m to 
the massless spring of stiffness k is to stretch the spring from its rest position at 0 to the 
static equilibrium position Δ. The total potential energy of the spring–mass system is 
the sum of the potential energy of the spring (or strain energy; see, e.g., Shames, 1989) 
and the gravitational potential energy. The potential energy of the spring is given by

 Uspring =
1
2 k(Δ + x)2 (1.54)

The gravitational potential energy is

 Ugray =  -mgx (1.55)

where the negative sign indicates that x = 0 is the reference for zero potential energy. 
The kinetic energy of the system is

 T =
1
2 mx

# 2 (1.56)

g

mg

(b)(a)

k k�

x(t)

m
m �

0

Figure 1.14  (a) A spring–mass system 
hanging in a gravitational field. Here Δ is 
the static equilibrium position and x is the 
displacement from equilibrium. (b) The 
free-body diagram for static equilibrium.
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Substituting these energy expressions into equation (1.51) yields

 1
2 mx

# 2
- mgx +

1
2 k(Δ + x)2

= constant (1.57)

Differentiating this expression with respect to time yields

 x
#
(mx

$
+ kx) + x

#
(kΔ - mg) = 0 (1.58)

Since the static force balance on the mass from Figure 1.14(b) yields the fact that 
kΔ = mg, equation (1.58) becomes

 x
#
(mx

$
+ kx) = 0 (1.59)

The velocity x
#
 cannot be zero for all time; otherwise, x(t) = constant and no vibra-

tion would be possible. Hence equation (1.59) yields the standard equation of motion

 mx
$

+ kx = 0 (1.60)

This procedure is called the energy method of obtaining the equation of motion.
The energy method can also be used to obtain the frequency of vibration 

directly for conservative systems that are oscillatory. The maximum value of sine 
(and cosine) is one. Hence, from equations (1.3) and (1.4), the maximum displace-
ment is A and the maximum velocity is ωnA (recall Window 1.3). Substitution of 
these maximum values into the expression for Umax and Tmax and using the energy 
equation (1.53) yields

 1
2 m(ωnA)2

=
1
2 kA2 (1.61)

Solving equation (1.61) for ωn yields the standard natural frequency relation 
ωn = 1k>m.

Example 1.4.1

Figure 1.15 is a simple single-degree-of-freedom model of a wheel mounted on a spring. 
The friction in the system is such that the wheel rolls without slipping. Calculate the 
natural frequency of oscillation using the energy method. Assume that no energy is lost 
during the contact.

x(t)

r k

m, J

�

Figure 1.15  The rotational displacement 
of the wheel of radius r is given by θ(t) and 
the linear displacement is denoted by x(t). 
The wheel has a mass m and a moment of 
inertia J. The spring has a stiffness k.

Solution  From introductory dynamics, the rotational kinetic energy of the wheel is 
T rot =

1
2 Jθ

#
2, where J is the mass moment of inertia of the wheel and θ = θ(t) is the 

angle of rotation of the wheel. This assumes that the wheel moves relative to the surface 
without slipping (so that no energy is lost at contact). The translational kinetic energy 
of the wheel is TT =

1
2 mx

# 2.
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The rotation θ and the translation x are related by x = rθ. Thus x
#

= rθ
#
 and 

T rot =
1
2 Jx

# 2>r 2 . At maximum energy x = A and x
#

= ωn A, so that

Tmax =  
1

2
 mx

#
max
2

+
1

2
 

J

r 2
 x
#
max
2

=
1

2
 (m + J>r 2)ωn

2A2

and

Umax =
1
2 kxmax

2
=

1
2 kA2

Using conservation of energy in the form of equation (1.53) yields Tmax = Umax, or

1

2
 am +

J

r 2
bωn

2
=

1

2
 k

Solving this last expression for ωn yields

ωn = A k

m + J>r 2

the desired frequency of oscillation of the suspension system.
The denominator in the frequency expression derived in this example is called 

the effective mass because the term (m + J>r2) has the same effect on the natural fre-
quency as does a mass of value (m + J>r2).

n

Example 1.4.2

Use the energy method to determine the equation of motion of the simple pendulum 
(the rod l is assumed massless) shown in Example 1.1.1 and repeated in Figure 1.16.

m

O

h

g θ

l

l

l cos θ

Figure 1.16  The geometry of the 
pendulum for Example 1.4.2.

Solution  Several assumptions must first be made to ensure simple behavior (a more 
complicated version is considered in Example 1.4.6). Using the same assumptions 
given in Example 1.1.1 (massless rod, no friction in the hinge), the mass moment of 
inertia about point 0 is

J = ml2
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The angular displacement θ(t) is measured from the static equilibrium or rest position 
of the pendulum. The kinetic energy of the system is

T =
1

2
 Jθ

#
2

=
1

2
 ml2θ

#
2

The potential energy of the system is determined by the distance h in the figure 
so that

U = mgl (1 - cos θ)

since h = l(1 - cos θ) is the geometric change in elevation of the pendulum mass. 
Substitution of these expressions for the kinetic and potential energy into equation (1.51) 
and differentiating yields

d

dt
 31

2 ml2θ
#
2

+ mgl(1 - cos θ)4 = 0

or

ml2θ
#
θ
$

+ mgl(sin θ)θ
#

= 0

Factoring out θ
#
 yields

θ
#
(ml2θ

$
+ mgl sin θ) = 0

Since θ
#
(t) cannot be zero for all time, this becomes

ml2θ
$

+ mgl sin θ = 0

or

θ
$

+
g

l
 sin θ = 0

This is a nonlinear equation in θ and is discussed in Section 1.10 and is derived from 
summing moments on a free-body diagram in Example 1.1.1. However, since sin θ can 
be approximated by θ for small angles, the linear equation of motion for the pendulum 
becomes

θ
$

+
g

l
 θ = 0

This corresponds to an oscillation with natural frequency ωn = 1g>l for initial con-
ditions such that θ remains small, as defined by the approximation sin θ ≈ θ, as dis-
cussed in Example 1.1.1.

In Example 1.4.2, it is important to not invoke the small-angle approximation 
before the final equation of motion is derived. For instance, if the small-angle ap-
proximation is used in the potential energy term, then U = mgl(1 - cos θ) = 0, since 
the small-angle approximation for cos θ is 1. This would yield an incorrect equation 
of motion.

n
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Example 1.4.3

Determine the equation of motion of the shaft and disk illustrated in Window 1.1 using 
the energy method.

Solution  The shaft and disk of Window 1.1 are modeled as a rod stiffness in twisting, 
resulting in torsional motion. The shaft, or rod, exhibits a torque in twisting proportional 
to the angle of twist θ(t). The potential energy associated with the torsional spring stiff-
ness is U =

1
2 kθ2, where the stiffness coefficient k is determined much like the method 

used to determine the spring stiffness in translation, as discussed in Section 1.1. The 
angle θ(t) is measured from the static equilibrium, or rest, position. The kinetic energy 
associated with the disk of mass moment of inertia J is T =

1
2 Jθ

#
2. This assumes that the 

inertia of the rod is much smaller than that of the disk and can be neglected.
Substitution of these expressions for the kinetic and potential energy into equa-

tion (1.51) and differentiating yields

d

dt
 (1

2 Jθ
#
2

+
1
2 kθ2) = (Jθ

$
+ kθ)θ

#
= 0

so that the equation of motion becomes (because θ
#

≠ 0)

Jθ
$

+ kθ = 0

This is the equation of motion for torsional vibration of a disk on a shaft. The natural 
frequency of vibration is ωn = 1k>J.

n

Example 1.4.4

Model the mass of the spring in the system shown in Figure 1.17 and determine the effect 
of including the mass of the spring on the value of the natural frequency.

m

x(t)

y�dyms, k l

y

Figure 1.17  A spring–mass 
system with a spring of mass 
ms that is too large to neglect.

Solution  One approach to considering the mass of the spring in analyzing the system 
vibration response is to calculate the kinetic energy of the spring. Consider the kinetic en-
ergy of the element dy of the spring. If ms is the total mass of the spring, then 

ms

l  dy, is the 
mass of the element dy. The velocity of this element, denoted by vdy, may be approximated 
by assuming that the velocity at any point varies linearly over the length of the spring:

vdy =
y

l
 x
#
(t)
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The total kinetic energy of the spring is the kinetic energy of the element dy integrated 
over the length of the spring:

Tspring =
1

2
 L

l

0

 
ms

l
 c y

l
 x
# d 2dy

 =
1

2
 ams

3
b  x

# 2

From the form of this expression, the effective mass of the spring is 
ms

3 , or one-third of 
that of the spring. Following the energy method, the maximum kinetic energy of the 
system is thus

T max =
1

2
 am +

ms

3
b  ωn

2 A2

Equating this to the maximum potential energy, 1
2kA2 yields the fact that the natural 

frequency of the system is

ωn = A k

m + ms>3
Thus, including the effects of the mass of the spring in the system decreases the natural 
frequency. Note that if the mass of the spring is much smaller than the system mass m, 
the effect of the spring’s mass on the natural frequency is negligible.

n

Example 1.4.5

Fluid systems, as well as solid systems, exhibit vibration. Calculate the natural fre-
quency of oscillation of the fluid in the U-shaped manometer illustrated in Figure 1.18 
using the energy method.

x(t)

x(t)

l

 � � weight density (volume)
A � cross-sectional area
  l � length of fluid

Figure 1.18  A U-shaped 
manometer consisting of a fluid 
moving in a tube.
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Solution  The fluid has weight density γ (i.e., the specific weight). The restoring 
force is provided by gravity. The potential energy of the fluid [(weight)(displacement 
of c.g.)] is 0.5(γAx)x in each column, so that the total change in potential energy is

U = U2 - U1 =
1
2 γAx2

- (-1
2 γAx2) = γAx2

The change in kinetic energy is

T =
1

2
 
Alγ

g
 (x

# 2
- 0) =

1

2
 
Alγ

g
 x
# 2

Equating the change in potential energy to the change in kinetic energy yields

1

2
 
Alγ

g
 x
# 2

= γAx2

Assuming an oscillating motion of the form x(t) = X sin(ωnt + ϕ) and evaluating this 
expression for maximum velocity and position yields

1

2
 
l

g
 ωn

2 X2
= X2

where X is used to denote the amplitude of vibration. Solving for ωn yields

ωn = B 2g

l

which is the natural frequency of oscillation of the fluid in the tube. Note that it depends 
only on the acceleration due to gravity and the length of the fluid. Vibration of fluids in-
side mechanical containers (called sloshing) occurs in gas tanks in both automobiles and 
airplanes and forms an important application of vibration analysis.

n

Example 1.4.6

Consider the compound pendulum of Figure 1.19 pinned to rotate around point 
O. Derive the equation of motion using Euler’s second law (sum of moments as in 
Example 1.1.1). A compound pendulum is any rigid body pinned at a point other 
than its center of mass. If the only force acting on the system is gravity, then it will 
oscillate around that point and behave like a pendulum. The purpose of this example 
is to determine the equation of motion and to introduce the interesting dynamic 
property of the center of percussion.

Solution  A compound pendulum results from a simple pendulum configuration 
(Examples 1.1.1 and 1.4.2) if there is a significant mass distribution along its length. In 
the figure, G is the center of mass, O is the pivot point, and θ(t) is the angular displace-
ment of the centerline of the pendulum of mass m and moment of inertia J measured 
about the z-axis at point O. Point C is the center of percussion, which is defined as the 
distance q0 along the centerline such that a simple pendulum (a massless rod pivoted at 
zero with mass m at its tip, as in Example 1.4.2) of radius q0 has the same period. Hence

q0 =
J

mr
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where r is the distance from the pivot point to the center of mass. Note that the pivot 
point O and the center of percussion C can be interchanged to produce a pendulum 
with the same frequency. The radius of gyration, k0, is the radius of a ring that has the 
same moment of inertia as the rigid body does. The radius of gyration and center of 
percussion are related by

q0r = k  0
2

Consider the equation of motion of the compound pendulum. Taking moments about 
its pivot point O yields

ΣM0 = Jθ
$
(t) = -mgr sin θ(t)

For small θ(t) this nonlinear equation becomes (sin ~ θ)

Jθ
$
(t) + mgr θ(t) = 0

The natural frequency of oscillation becomes

ωn = Amgr

J

This frequency can be expressed in terms of the center of percussion as

ωn = A g

q0

which is just the frequency of a simple pendulum of length q0. This can be seen by exam-
ining the forces acting on the simple (massless rod) pendulum of Examples 1.1.1, 1.4.2, 
and Figure 1.20(a) or recalling the result obtained in these examples.

(a) (b)

Fx

Fy

G

O

�(t)

mg

mgr sin�(t)

mgr cos�(t)C

G

O

r

q
0

Figure 1.19  (a) A compound pendulum pivoted to swing about point O under the 
influence of gravity (pointing down). (b) A free-body diagram of the pendulum.
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(a) (b)

mg

m

�

�

O
O

q
0

k
0

mg

G = center of mass

f
0

f
0

l

Figure 1.20  (a) A simple pendulum consisting 
of a massless rod pivoted at point O with a 
mass attached to its tip. (b) A compound 
pendulum consisting of a shaft with center 
of mass at point G. Here f0 is the pin 
reaction force.

Summing moments about O yields

ml2θ
$

= -mgl sin θ

or after approximating sin θ with θ,

θ
$

+
g

l
 θ = 0

This yields the simple pendulum frequency of ωn = 2g>l, which is equivalent to that 
obtained previously for the compound pendulum using l = q0.

Next, consider the uniformly shaped compound pendulum of Figure 1.20(b) of 
length l. Here it is desired to calculate the center of percussion and radius of gyration.

The mass moment of inertia about point O is J, so that summing moments about 
O yields

Jθ
$

= -mg 
l

2
  sin θ

since the mass is assumed to be evenly distributed and the center of mass is at r = l>2. The 
moment of inertia for a slender rod about O is J =

1
3 ml2; hence, the equation of motion is

ml2

3
 θ
$

+ mg 
l

2
 θ = 0

where sin θ has again been approximated by θ, assuming small motion. This becomes

θ
$

+
3

2
 
g

l
 θ = 0

so that the natural frequency is

ωn = A3

2
 
g

l
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The center of percussion becomes

q0 =
J

mr
=

2

3
 l

and the radius of gyration becomes

k0 = 1q0r =
l13

These positions are marked on Figure 1.20(b).
The center of percussion and pivot point play a significant role in designing an 

automobile. The center of percussion is the point on an object where it may be struck 
(impacted) producing forces that cancel, causing no motion at the point of support. 
The axle of the front wheels of an automobile is considered as the pivot point of a 
compound pendulum parallel to the road. If the back wheels hit a bump, the frequency 
of oscillation of the center of percussion will annoy passengers. Hence automobiles are 
designed such that the center of percussion falls over the axle and suspension system, 
away from passengers.

The concept of center of percussion is used in many swinging, or pendulum-like, 
situations. This notion is sometimes used to define the “sweet spot” in a tennis racket 
or baseball bat and defines where the ball should be hit. If the hammer is shaped so 
that the impact point is at the center of percussion (i.e., the hammer’s head), then ide-
ally no force is felt if it is held at the “end” of the pendulum.

n

The energy method can be used in two ways. The first is to equate the maxi-
mum kinetic energy to the maximum potential energy [equation (1.53)] while as-
suming harmonic motion. This yields the natural frequency without writing out the 
equation of motion, as illustrated in equation (1.61). Beyond the simple calculation 
of frequency, this approach has limited use. However, the second use of the energy 
method involves deriving the equation of motion from the conservation of energy by 
differentiating equation (1.51) with respect to time. This concept is more useful and 
is illustrated in Examples 1.4.2 and 1.4.3. The concept of using energy quantities to 
derive the equations of motion can be extended to more complicated systems with 
many degrees of freedom, such as those discussed in Chapters 4 (multiple-degree-
of-freedom systems) and 6 (distributed-parameter systems). The method is called 
Lagrange’s method and is simply stated here to introduce the concept. Lagrange’s 
method is introduced more formally in Chapter 4, where multiple-degree-of-freedom 
systems make the power of Lagrange’s method obvious. 

Lagrange’s method for conservative systems consists of defining the 
Lagrangian, L, of the system defined by L = T - U. Here T is the total kinetic 
energy of the system and U is the total potential energy in the system, both stated in 
terms of “generalized” coordinates. Generalized coordinates are denoted by “qi(t)” 
and will be formally defined later. Here it is sufficient to state that qi would be x in 
Example 1.4.4 and θ in Example 1.4.3. Then Lagrange’s method for conservative 
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systems states that the equations of motion for the free response of an undamped 
system result from

 
d

dt
 a0L

0q
#
i

b -
0L

0qi

 = 0 (1.62)

Substitution of the expression for L into equation (1.62) yields

 
d

dt
 a 0T

0q
#
i

b -  
0T

0qi

 +
0U

0qi

 = 0 (1.63)

Here one equation results for each subscript, i. In the case of the single-degree-of-
freedom systems considered in this chapter, there is only one coordinate (i = 1) 
and only one equation of motion will result. The following example illustrates the 
use of the Lagrange approach to derive the equation of motion of a simple spring–
mass system.

Example 1.4.7

Use Lagrange’s method to derive the equation of motion of the simple spring–mass 
system of Figure 1.5. Compare this derivation to using the energy method described in 
Examples 1.4.2 and 1.4.3.

Solution  In the case of the simple spring–mass system, the kinetic and potential energy 
are, respectively,

T =
1

2
 mx

# 2 and U =
1

2
 kx2

Here the generalized coordinate qi(t) is just the displacement x(t). Following the 
Lagrange approach, the Lagrange equation (1.63) becomes

 
d

dt
 a0T

0x
# b -  

0T

0x
 +

0U

0x
 = 0

 1
d

dt
 (mx

#
) +

0

0x
 a1

2
 kx2b = mx

$
+ kx = 0

This, of course, agrees with the approach of Newton’s sum of forces. Next, consider 
the energy method, which starts with T + U = constant. Taking the total derivative of 
this expression with respect to time yields

d

dt
 a1

2
 mx

# 2
+

1

2
 kx2b = mx

#
x
$

+ kxx
#

= x
#
(mx

$
+ kx) = 0 1 mx

$
+ kx = 0

since the velocity cannot be zero for all time. Thus the two energy-based approaches 
yield the same result and that result is equivalent to that obtained by Newton’s sum of 
forces. Note that in order to follow the above calculations, it is important to remember 
the difference between total derivatives and partial derivatives and their respective 
rules of calculation from calculus.

n
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Example 1.4.8

Use Lagrange’s method to derive the equation of motion of the simple spring–mass 
pendulum system of Figure 1.21 and compute the system’s natural frequency.

m

O

k

g

θ

Figure 1.21  A pendulum attached to a spring.

Assume that the pendulum swings through only small angles so that the spring has 
negligible deflection in the vertical direction and assume that the mass of the pendu-
lum rod is negligible.

Solution  In approaching a problem where there are several choices of variables, as in this 
case, it is a good idea to first write down the energy expressions in easy choices of velocities 
and displacements and then use a diagram to identify kinematic relationships and geom-
etry as indicated in Figure 1.22. Referring to the figure, the kinetic energy of the mass is

T =
1

2
 Jθ

#
2

=
1

2
 ml2 θ

#
2

m

O

h

k

x

g
θ

l

l
l cos θ

Figure 1.22  The geometry of the 
pendulum attached to a spring for small 
angles showing the kinematic relationships 
needed to formulate the energies in terms 
of a single generalized coordinate, θ.

The potential energy in the system consists of two parts, one due to the spring and one 
due to gravity. Thus the total potential energy is

U =
1

2
 kx2

+ mgh
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Next, use the figure to write each energy expression in terms of the single variable θ. 
From the figure, the mass moves up a distance h = l - l cos θ, and the distance the 
spring compresses is x = l sin θ. Thus the potential energy becomes

U =
1

2
 l2 sin2 θ + mgl(1 - cos θ)

With the energies all stated in terms of the single generalized coordinate θ, the deriva-
tives required in the Lagrange formulation become

  
d

dt
 a0T

0θ
# b =

d

dt
 (ml2θ

#
) = ml2θ

$

  
0U

0θ
=

0

0θ
 a1

2
 l2 sin2 θ + mgl(1 - cos θ)b = kl2 sin θ cos θ + mgl sin θ

Combining these expressions, the Lagrange equation (1.63) yields

d

dt
 a0T

0θ
# b -

0T

"0θ
0

+
0U

0θ
= ml2θ

$
+ kl2 sin θ cos θ + mgl sin θ = 0

For small θ the equation of motion becomes

ml2θ
$

+ (kl2
+ mgl)θ = 0

Thus the natural frequency is

ωn = Bkl + mg

ml

Note that the equation of motion reduces to that of the pendulum given in Example 
1.4.2 without the spring (k = 0).

n

The Lagrange approach presented here is for the free response of undamped 
systems (conservative systems) and has only been applied to a single-degree-of-
freedom system. However, the method is general and can be expanded to include 
the forced response and damping.

So far, three basic systems have been modeled: rectilinear or translational motion 
of a spring–mass system, torsional motion of a disk–shaft system, and the pendulum 
motion of a suspended mass system. Each of these motions commonly experiences 
energy dissipation of some form. The viscous-damping model of Section 1.3 developed 
for translational motion can be applied directly to both torsional and pendulum motion. 
In the case of torsional motion of the shaft, the energy dissipation is assumed to come 
from heating of the material and/or air resistance. Sometimes, as in the case of using 
the rod and disk to model an automobile crankshaft or camshaft, the damping is as-
sumed to come from the oil that surrounds the disk and shaft, or bearings that support 
the shaft.
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In all three cases, the damping is modeled as proportional to velocity (i.e., 
fc = cx

#
 or fc = cθ

#
). The equations of motion are then of the form indicated in 

Table 1.1. Each of these equations can be expressed as a damped linear oscillator 
given in the form of equation (1.48). Hence, each of these three systems is charac-
terized by a natural frequency and a damping ratio. Each of these three systems has 
a solution based on the nature of the damping ratio ζ, as discussed in Section 1.3.

1.5 STIFFNESS

The stiffness in a spring, introduced in Section 1.1, can be related more directly 
to material and geometric properties of the spring. This section introduces the 
relationships between stiffness, elastic modulus, and geometry of various types of 
springs and illustrates various situations that can lead to simple harmonic motion. 
A spring-like behavior results from a variety of configurations, including longitudi-
nal motion (vibration in the direction of the length), transverse motion (vibration 
perpendicular to the length), and torsional motion (vibration rotating around the 
length). Consider again the stiffness of the spring introduced in Section 1.1. A spring 
is generally made of an elastic material. For a slender elastic material of length l, 
cross-sectional area A, and elastic modulus E (or Young’s modulus), the stiffness of 
the bar for vibration along its length is given by

 k =
EA

l
 (1.64)

This describes the spring constant for the vibration problem illustrated in Figure 1.23, 
where the mass of the rod is ignored (or very small relative to the mass m in the figure). 
The modulus E has the units of pascal (denoted by Pa), which are N>m2. The modulus 
for several common materials is given in Table 1.2.

TABLE 1.1  A CoMPARISon oF RECtIlInEAR AnD RotAtIonAl 

SyStEMS AnD A SuMMARy oF unItS

Rectilinear,  
x (m)

Torsional/pendulum,  
θ (rad)

Spring force kx kθ
Damping force cx

#
cθ

#

Inertia force mx
$

Jθ
$

Equation of motion mx
$

+ cx
#

+ kx = 0 Jθ
$

+ cθ
#

+ kθ = 0
Stiffness units N>m N # m>rad
Damping units N # s>m, kg>s M # N # s>rad
Inertia units Kg kg # m2>rad
Force/torque N = kg # m>s2 N # m = kg # m2>s2
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Next, consider a twisting motion with a similar rod of circular cross section, as 
illustrated in Figure 1.24. In this case, the rod possesses a polar moment of inertia, 
JP, and (shear) modulus of rigidity, G (see Table 1.2). For the case of a wire or shaft 
of diameter d, JP = πd4>32. The modulus of rigidity has units N>m2. The torsional 
stiffness is

 k =
GJP

l
 (1.65)

l

m

k �
l

EA

x(t)

E � elastic modulus

A � cross-sectional area

l � length of bar

x(t) � deflection

Figure 1.23  The stiffness associated with 
the longitudinal (along the long axis) 
vibration of a slender prismatic bar.

TABLE 1.2  PHySICAl ConStAntS FoR SoME CoMMon MAtERIAlS

Material
Young’s modulus, 

E(N>m2)
Density, 
(kg>m3)

Shear modulus, 
G(N>m2)

Steel 2.0 * 1011 7.8 * 103  8.0 * 1010

Aluminum 7.1 * 1010 2.7 * 103 2.67 * 1010

Brass 10.0 * 1010 8.5 * 103 3.68 * 1010

Copper 6.0 * 1010 2.4 * 103 2.22 * 1010

Concrete 3.8 * 109 1.3 * 103 —
Rubber 2.3 * 109 1.1 * 103 8.21 * 108

Plywood 5.4 * 109 6.0 * 102 —

�(0)

�(t)

J

JP

k �
GJP

l
� stiffness of rod

J � mass moment of inertia of the disk

G � shear modulus of rigidity of the rod

l � length of rod

� � angular displacement

JP � polar moment of inertia of the rod

Figure 1.24  The stiffness associated with the torsional rotation (twisting) of a shaft.
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which is used to describe the vibration problem illustrated in Figure 1.24, where the 
mass of the shaft is ignored. In the figure, θ(t) represents the angular position of the 
shaft relative to its equilibrium position. The disk of radius r and rotational moment 
of inertia J will vibrate around the equilibrium position θ(0) with stiffness GJP> l.
Example 1.5.1

Calculate the natural frequency of oscillation of the torsional system given in Figure 1.24.

Solution  Using the moment equation (1.50), the equation of motion for this system is

Jθ
$
(t) = -kθ(t)

This may be written as

θ
$
(t) +

k

J
 θ(t) = 0

This agrees with the result obtained using the energy method as indicated in Example 1.4.3. 
This indicates an oscillatory motion with frequency

ωn = Bk

J
= BGJP

lJ

Suppose that the shaft is made of steel and is 1 m long with a diameter of 5 cm. The 

polar moment of inertia of a rod of circular cross section is JP = (πd4)>32. If the disk 

has mass moment of inertia J = 0.5 kg # m2 and considering that the shear modulus of 

steel is G = 8 * 1010 N>m2, the frequency can be calculated by

 ωn
2

=
k

J
=

GJP

lJ
=

(8 * 1010  N>m 2) c π
32

 (1 * 10-2 m)4 d
(1 m)(0.5 kg # m2)

  = 9.817 * 104(rad2>s2)

Thus the natural frequency is ωn = 313.3 rad>s, or about 49.9 Hz.
n

Consider the helical spring of Figure 1.25. In this figure the deflection of the 
spring is along the axis of the coil. The stiffness is actually dependent on the “twist” of 
the metal rod forming this spring. The stiffness is a function of the shear modulus G, 
the diameter of the rod, the diameter of the coils, and the number of coils. The stiff-
ness has the value

 k =
Gd4

64nR3
 (1.66)

The helical-shaped spring is very common. Some examples are the spring inside 
a retractable ballpoint pen and the spring contained in the front suspension of an 
automobile.



Sec. 1.5    Stiffness 49

Next, consider the transverse vibration of the end of a “leaf” spring illustrated 
in Figure 1.26. This type of spring behavior is similar to the rear suspension of an 
automobile as well as the wings of some aircraft. In the figure, l is the length of the 
beam, E is the elastic (Young’s) modulus of the beam, and I is the (area) moment 
of inertia of the cross-sectional area. The mass m at the tip of the beam will oscillate 
with frequency

 ωn = A k

m
= A3EI

ml3
 (1.67)

in the direction perpendicular to the length of the beam x(t).

Example 1.5.2

Consider an airplane wing with a fuel pod mounted at its tip as illustrated in Figure 1.27. 
The pod has a mass of 10 kg when it is empty and 1000 kg when it is full. Calculate the 
change in the natural frequency of vibration of the wing, modeled as in Figure 1.27, as 
the airplane uses up the fuel in the wing pod. The estimated physical parameters of the 
beam are I = 5.2 * 10- 5 m4, E = 6.9 * 109 N>m2, and l = 2 m.

d

2R

x(t)

k �
Gd4

64nR3

d � diameter of spring material
2R � diameter of turns

n � number of turns
x(t) � deflection

Figure 1.25  The stiffness 
associated with a helical spring.

m

x(t)

x(0) k �
3EI

l3

l

E � elastic modulus
l � length of beam
I � moment of inertia of cross-sectional area about the neutral axis

Figure 1.26  The stiffness 
associated with the transverse 
(perpendicular to the long 
axis) vibration of the tip of a 
beam, also called the bending 
stiffness (Blevins, 1987). 
Assumes the mass of the 
beam is negligible.
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Solution  The natural frequency of the vibration of the wing modeled as a simple 
massless beam with a tip mass is given by equation (1.67). The natural frequency when 
the fuel pod is full is

ωfull = B 3EI

ml3
= C(3)(6.9 * 109)(5.2 * 10-5)

1000(2)3
= 11.6 rad>s

which is about 1.8 Hz (1.8 cycles per second). The natural frequency for the wing when 
the fuel pod is empty becomes

ωempt = B 3EI

ml3
= C(3)(6.9 * 109)(5.2 * 10-5)

10(2)3
= 116 rad>s

or 18.5 Hz. Hence the natural frequency of the airplane wing changes by a factor of 10 
(i.e., becomes 10 times larger) when the fuel pod is empty. Such a drastic change may 
cause changes in handling and performance characteristics of the aircraft.

n

The above calculation ignores the mass of the beam. Clearly if the mass of the beam 
is significant compared to the tip mass, then the frequency calculation of equation 
(1.67) must be altered to account for the beam inertia. Similar to including the mass of 
the spring in Example 1.4.4, the kinetic energy of the beam itself must be considered. 
To estimate the kinetic energy, consider the static deflection of the beam due to a load 
at the tip (see any strength of materials text) as illustrated in Figure 1.28.

m

x(t)

x(0)

l

E, I

Vertical wing vibration

Figure 1.27  A simple model of the transverse vibration of an airplane wing 
with a fuel pod mounted on its tip.

x(t)

x(0)

mg

m

u(y)

u(y) �
mgy2

(3l�y)
6EI

y

l

�

Figure 1.28  The static 
deflection of a beam 
of modulus, E, cross 
sectional moment of 
inertia, I, length, l, and 
mass density, ρ, with tip 
mass m, for those cases 
where the mass of the 
beam is significant.
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Figure 1.28 is roughly the same as Figure 1.25 with the static deflection indicated 
and the mass density of the beam, ρ, taken into consideration. The static deflection 
is given by

 u(y) =
mgy2

6EI
 (3l - y) (1.68)

Here u is the deflection of the beam perpendicular to its length and y is the distance 
along the length from the fixed end (left end in Figure 1.28). At the tip, the value 
of u is

 u(l) =
mgl2

6EI
 (3l - l) =

mgl3

3EI
 (1.69)

Using equation (1.69), equation (1.68) can be written in terms of the maximum de-
flection as

 u(y) =
u(l)y2

2l3
 (3l - y) (1.70)

The maximum value of u is the displacement of the tip so it must be equal to x(t). 
Thus the velocity of a differential element of the beam will be of the form

 
d

dt
 (u) =

x
#
(t)y2

2l3
 (3l - y) (1.71)

Substitution of this velocity into the expression for kinetic energy of the beam yields

 Tbeam =
1

2
 L

l

0

ρv
2 dy =

1

2
 L

l

0

ρu
# 2 dy =

1

2
 L

l

0

ρ c x# (t)y2

2l3
 (3l - y)d 2dy (1.72)

Here v is velocity and ρ is the mass per unit length of the beam. Substitution of 
equation (1.71) into (1.72) yields

 Tbeam =
ρ
2

 L
l

0

 
x
# 2

4l6
 y4 (3l - y)2dy =

ρl

2
 
x
# 2

4l6
 
33

35
 l7

=
1

2
 a 33

140
 ρlb  x

# 2(t) (1.73)

Thus the mass of the beam, M = ρl, adds this amount to the kinetic energy of the 
beam and tip-mass arrangement and the total kinetic energy of the system is

T = Tbeam + Tm =
1

2
 a 33

140
 ρlb  x

# 2(t) +
1

2
 mx

# 2(t) =
1

2
 a 33

140
 M + mb  x

# 2(t) (1.74)
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From equation (1.45), the equivalent mass of the single-degree-of-freedom system 
of a beam with a tip mass is

 meq =
33

140
 M + m (1.75)

and the corresponding natural frequency is

 ωn =

H
k

33

140
 M + m

 (1.76)

This of course reduces to equation (1.67) if the mass, m, of the tip is much larger 
then the mass, M, of the beam.

Example 1.5.3

Referring to the airplane/wing tank of Example 1.5.2, if the wing has a mass of 500 kg, 
how much does this change the frequency from that calculated for a wing with a full 
tank (1000 kg)? Does the frequency still change by a factor of 10 when comparing full 
versus empty?

Solution  Since the wing weight is equal to half of the fuel tank when full and 50 times 
the fuel tank when empty, the mass of the wing is clearly a significant factor in the fre-
quency calculation. The two frequencies using equation (1.76) are

 ωfull =

R
3EIa 33

140
 M + mb l3

=

S
(3)(6.9 * 109)(5.2 * 10-5)a 33

140
 (500) + 1000b(2)3

= 10.97 rad>s
 ωempty =

R
3EIa 33

140
 M + mb l3

=

S
(3)(6.9 * 109)(5.2 * 10-5)a 33

140
 (500) + 10b(2)3

= 32.44 rad>s
Note that modeling the wing without considering the mass of the wing is very inaccu-
rate. Also note that the frequency shift with and without fuel is still significant (factor 
of 3 rather than 10).

n

If the spring of Figure 1.26 is coiled in a plane as illustrated in Figure 1.29, the 
stiffness of the spring is greatly affected and becomes

 k =
EI

l
 (1.77)

Several other spring arrangements and their associated stiffness values are 
listed in Table 1.3. Texts on solid mechanics and strength of materials should be 
consulted for further details.
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Example 1.5.4

As another example of vibration involving fluids, consider the rolling vibration of a 
ship in water. Figure 1.30 illustrates a schematic of a ship rolling in water. Compute the 
natural frequency of the ship as it rolls back and forth about the axis through M.

In the figure, G denotes the center of gravity, B denotes the center of buoyancy, 
M is the point of intersection of the buoyant force before and after the roll (called the 
metacenter), and h is the length of GM. The perpendicular line from the center of 
gravity to the line of action of the buoyant force is marked by the point Z. Here W de-
notes the weight of the ship, J denotes the mass moment of the ship about the roll axis, 
and θ(t) denotes the angle of roll.

E � elastic modulus of spring
l � total length of spring

I � moment of inertia of cross-sectional area

k �
EI

l

Figure 1.29  The stiffness associated 
with a spring coiled in a plane.

TABLE 1.3  SAMPlE SPRIng ConStAntS

Axial stiffness of a rod of length l, cross-sectional area A, and 
modulus E

k =
EA

l

Torsional stiffness of a rod of length l, shear modulus G, and torsion 
constant JP depending on the cross section (π

2  r 4 for circle of radius r 
and 0.1406a4 for a square of side a)

k =
GJP

l

Bending stiffness of a cantilevered beam of length l, modulus E, cross-
sectional moment of inertia I

k =
3EI

l3

Axial stiffness of a tapered bar of length l, modulus E, and end  
diameters d1 and d2

k =
πEd1d2

4l

Torsional stiffness on a hollow uniform shaft of shear modulus G, 
length l, inside diameter d1, and outside diameter d2

k =
πG(d  2

4
- d  1

4 )

32l

Transverse stiffness of a pinned–pinned beam of modulus E, area 
moment of inertia I, and length l for a load applied at point a from 
its end

k =
3EIl

a2(l - a)2

Transverse stiffness of a clamped–clamped beam of modulus E, area 
moment of inertia I, and length l for a load applied at its center

k =
192EI

l3
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Solution  Summing moments about M yields

Jθ
$
(t) = -WGZ = -Wh sin θ(t)

Again, for small enough values of θ, this nonlinear equation can be approximated by

Jθ
$
(t) + Whθ(t) = 0

Thus the natural frequency of the system is

ωn = BhW

J

n

� (t)

Centerline of
ship

Water levelW � weight

W � buoyant force

M

h

G Z

B

G � center of gravity
M � metacenter
B � center of buoyance

Figure 1.30  The dynamics of 
a ship rolling in water.
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All of the spring types mentioned are represented schematically as indicated 
in Figure 1.2. If more than one spring is present in a given device, the resulting 
stiffness of the combined spring can be calculated by two simple rules, as given in 
Figure 1.31. These rules can be derived by considering the equivalent forces in the 
system.

Example 1.5.5

Consider the spring–mass arrangement of Figure 1.32(a) and calculate the natural fre-
quency of the system.

Solution  To find the equivalent single stiffness representation of the five-spring 
system given in Figure 1.32(a), the two simple rules of Figure 1.31 are applied. First, 
the parallel arrangement of k1 and k2 is replaced by the single spring, as indicated at 

k1

k1

a

Springs in series

Springs in parallel

b c

k2

ba

k2

kab = k1 + k2

kac = 1/k1 + 1/k2

1

Figure 1.31  The rules for calculating 
the equivalent stiffness of parallel and 
series connections of springs.

k1

k3

k4

k2

k5

m m

(a)

k1 + k2

(b)

m

k1 + k2

(c)

m

k

x

(d)

k51/k3 + 1/k4

1
k5 +

1/k3 + 1/k4

1

Figure 1.32  The reduction of a five-spring, one-mass system to an equivalent single-spring–mass 
system having the same vibration properties.

=
k1k2

k1 + k2
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the top of Figure 1.32(b). Next, the series arrangement of k3 and k4 is replaced with a 
single spring of stiffness

1

1>k3 + 1>k4

as indicated in the bottom left side of Figure 1.32(b). These two parallel springs on the 
bottom of Figure 1.32(b) are next combined using the parallel spring formula to yield 
a single spring of stiffness

k5 +
1

1>k3 + 1>k4

 = k5 +
k3k4

k3 + k4

as indicated in Figure 1.32(c). The final step is to realize that both the spring acting at 
the top of Figure 1.32(c) and the spring at the bottom attach the mass to ground and 
hence act in parallel. These two springs then combine to yield the single stiffness

 k = k1 + k2 + k5 +
k3k4

k3 + k4

  = k1 + k2 + k5 +
k3k4

k3 + k4

=
(k1 + k2 + k5)(k3 + k4) + k3k4

(k3 + k4)

as indicated symbolically in Figure 1.32(d). Hence the natural frequency of this system is

ωn = Bk1k3 + k2k3 + k5k3 + k1k4 + k2k4 + k5k4 + k3k4

m(k3 + k4)

Note that even though the system of Figure 1.32 contains five springs, it consists of 
only one mass moving in only one (rectilinear) direction and hence is a single-degree-
of- freedom system.

n

Springs are usually manufactured in only certain increments of stiffness val-
ues depending on such things as the number of turns, material, and so on (recall 
Figure 1.25). Because mass production (and large sales) brings down the price 
of a product, the designer is often faced with a limited choice of spring constants 
when designing a system. It may thus be cheaper to use several “off-the-shelf” 
springs to create the stiffness value necessary than to order a special spring with 
specific stiffness. The rules of combining parallel and series springs given in 
Figure 1.31 can then be used to obtain the desired, or acceptable, stiffness and 
natural frequency.

Example 1.5.6

Consider the system of Figure 1.32(a) with k5 = 0. Compare the stiffness and fre-
quency of a 10-kg mass connected to ground, first by two parallel springs (k3 = k4 = 0,  
k1 = 1000 N>m, and k2 = 3000 N>m), then by two series springs (k1 = k2 = 0, 
k3 = 1000 N>m, and k4 = 3000 N>m).
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Solution  First, consider the case of two parallel springs so that k3 = k4 = 0, k1 =

1000 N>m, and k2 = 3000 N>m. Then the equivalent stiffness is given by Figure 1.31 
to be the simple sum given by

keq = 1000 N>m + 3000 N>m = 4000 N>m
and the corresponding frequency is

ωparallel = B 4000 N>m
10 kg

= 20 rad>s
In the case of a series connection (k1 = k2 = 0), the two springs (k3 = 1000 N>m, 
k4 = 3000 N>m) combine according to Figure 1.31 to yield

keq =
1

1>1000 + 1>3000
=

3000

3 + 1
=

3000

4
= 750 N>m

The corresponding natural frequency becomes

ωseries = B 750 N>m
10 kg

= 8.66 rad>s
Note that using two identical sets of springs connected to the same mass in the two dif-
ferent ways produces drastically different equivalent stiffness and resulting frequency. A 
series connection decreases the equivalent stiffness, while a parallel connection increases 
the equivalent stiffness. This is useful in designing systems.

n

Example 1.5.6 illustrates that fixed values of spring constants can be used in vari-
ous combinations to produce a desired value of stiffness and corresponding frequency. 
It is interesting to note that an identical set of physical devices can be used to create a 
system with drastically different frequencies simply by changing the physical arrange-
ment of the components. This is similar to the choice of resistors in an electric circuit. 
The formulas of this section are intended to be aids in designing vibration systems.

In addition to understanding the effect of stiffness on the dynamics—that is, 
on the natural frequency—it is important not to forget static analysis when using 
springs. In particular, the static deflection of each spring system needs to be checked 
to make sure that the dynamic analysis is correctly interpreted. Recall from the dis-
cussion of Figure 1.14 that the static deflection has the value

Δ =
mg

k

where m is the mass supported by a spring of stiffness k in a gravitational field 
providing acceleration of gravity g. Static deflection is often ignored in introduc-
tory treatments but is used extensively in spring design and is essential in nonlinear 
analysis. Static deflection is denoted by a variety of symbols. The symbols δ, Δ, δs, 
and x0 are all used in vibration publications to denote the deflection of a spring 
caused by the weight of the mass attached to it.



58 Introduction to Vibration and the Free Response    Chap. 1

1.6 MEASUREMENT

Measurements associated with vibration are used for several purposes. First, the 
quantities required to analyze the vibrating motion of a system all require measure-
ment. The mathematical models proposed in previous sections all require knowledge 
of the mass, damping, and stiffness coefficients of the device under study. These coef-
ficients can be measured in a variety of ways, as discussed in this section. Vibration 
measurements are also used to verify and improve analytical models. Other uses for 
vibration testing techniques include reliability and durability studies, searching for 
damage, and testing for acceptability of the response in terms of vibration param-
eters. This chapter introduces some basic ideas on measurement. Further discussion 
of measurement can be found throughout the book, culminating with all the various 
concepts on measurement summarized in Chapter 7.

In many cases, the mass of an object or device is simply determined by using 
a scale. Mass is a relatively easy quantity to measure. However, the mass moment 
of inertia may require a dynamic measurement. A method of measuring the mass 
moment of inertia of an irregularly shaped object is to place the object on the plat-
form of the apparatus of Figure 1.33 and measure the period of oscillation of the 
system, T. By using the methods of Section 1.4, it can be shown that the moment of 
inertia of an object, J (about a vertical axis), placed on the disk of Figure 1.33 with 
its mass center aligned vertically with that of the disk, is given by

 J =
gT 2r  0

2  (m0 + m)

4π2l
- J0 (1.78)

Here m is the mass of the part being measured, m0 is the mass of the disk, r0 the 
radius of the disk, l the length of the wires, J0 the moment of inertia of the disk, and 
g the acceleration due to gravity.

The stiffness of a simple spring system can be measured as suggested in 
Section 1.1. The elastic modulus, E, of an object can be measured in a similar 

Suspension wires
of length l

Disk of known moment J0,
mass m0, and radius r0

l

Figure 1.33  A Trifilar suspension 
system for measuring the moment 
of inertia of irregularly shaped 
objects.
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fashion by performing a tensile test (see, e.g., Shames, 1989). In this method, a 
tensile test machine is employed that uses strain gauges to measure the strain, ϵ, in 
the test specimen as well as the stress, σ, both in the axial direction of the specimen. 
This produces a curve such as the one shown in Figure 1.34. The slope of the curve 
in the linear region defines the Young’s modulus, or elastic modulus, for the test 
material. The relationship that the extension is proportional to the force is known 
as Hooke’s law.

The elastic modulus can also be measured by using some of the formulas 
given in Section 1.5 and measurement of the vibratory response of a structure or 
part. For instance, consider the cantilevered arrangement of Figure 1.26. If the mass 
at the tip is given a small deflection, it will oscillate with frequency ωn = 1k>m. If 
ωn is measured, the modulus can be determined from equation (1.67), as illustrated 
in the following example.

Example 1.6.1

Consider a steel beam configuration as shown in Figure 1.26. The beam has a length l =

1 m and moment of inertia I = 10−9 m4, with a mass m = 6 kg attached to the tip. If the 
mass is given a small initial deflection in the transverse direction and oscillates with a 
period of T = 0.62 s, calculate the elastic modulus of steel.

Solution  Since T = 2π>ωn, equation (1.67) yields

T = 2πBml3

3EI

Solving for E yields

E =
4π2ml3

3T 2I
=

4π2(6 kg)(1 m)3

3(0.62 s)2(10-9 m4)
= 205 * 109 N>m2

n

The period T, and hence the frequency ωn, can be measured with a stopwatch for 
vibrations that are large enough and last long enough to see. However, many vibrations 

� � E�

�

�

S
tr

e
ss

Strain

Figure 1.34  An example of a stress–strain 
curve of a test specimen used to determine 
the elastic modulus of a material.
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of interest have very small amplitudes and happen very quickly. Hence several very 
sophisticated devices for measuring time and frequency have been developed, requir-
ing more sophisticated concepts presented in the chapter on measurement.

The damping coefficient or, alternatively, the damping ratio is the most diffi-
cult quantity to determine. Both mass and stiffness can be determined by static tests; 
however, damping requires a dynamic test to measure. A record of the displace-
ment response of an underdamped system can be used to determine the damping 
ratio. One approach is to note that the decay envelope, denoted by the dashed line 
in Figure 1.35, for an underdamped system is Ae-ζωnt. The measured points x(0), 
x(t1), x(t2), x(t3), and so on can then be curve fit to A, Ae-ζωnt1, Ae-ζωnt2, Ae-ζωnt3, and 
so on. This will yield a value for the coefficient ζωn. If m and k are known, ζ and c 
can be determined from ζωn.

This approach also leads to the concept of logarithmic decrement, denoted by 
δ and defined by

 δ = ln 
x(t)

x(t + T)
 (1.79)

where T is the period of oscillation. Substitution of the analytical form of the under-
damped response given by equation (1.36) yields

 δ = ln 
Ae-ζωnt sin (ωdt + ϕ)

Ae-ζωn(t + T) sin(ωdt + ωdT + ϕ)
 (1.80)

Since ωdT = 2π, the denominator becomes e-ζωn(t + T) sin(ωdt + ϕ), and the expres-
sion for the decrement reduces to

 δ = ln eζωnT
= ζωnT (1.81)

The period T in this case is the damped period (2π>ωd) so that

 δ = ζωn 
2π

ωn21 - ζ2
=

2πζ21 - ζ2
 (1.82)

Time (s)

Displacement (mm)

0.5

1.0

0.0

�0.5

�1.0

t1 t2

Figure 1.35  The response of 
an underdamped system used 
to measure damping.
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Solving this expression for ζ yields

 ζ =
δ24π2

+ δ2
 (1.83)

which determines the damping ratio given the value of the logarithmic decrement.
Thus if the value of x(t) is measured from the plot of Figure 1.35 at any two 

successive peaks, say x(t1) and x(t2), equation (1.79) can be used to produce a mea-
sured value of δ, and equation (1.83) can be used to determine the damping ratio. 
The formula for the damping ratio [equations (1.29) and (1.30), also listed in the 
inside front cover] and knowledge of m and k subsequently yield the value of the 
damping coefficient c. Note that peak measurements can be used over any integer 
multiple of the period (see Problem 1.95) to increase the accuracy over measure-
ments taken at adjacent peaks.

The computation in Problem 1.95 yields

δ =
1

n
 ln a x(t)

x(t + nT)
b

where n is any integer number of successive (positive) peaks. While this does tend 
to increase the accuracy of computing δ, the majority of damping measurements 
performed today are based on modal analysis methods (Chapters 4 and 6) pre-
sented later in Chapter 7.

Example 1.6.2

The free response of the damped single-degree-of-freedom system in Figure 1.9 with 
a mass of 2 kg is recorded to be of the form given in Figure 1.35. A static deflection 
test is performed and the stiffness is determined to be 1.5 * 103 N>m. The displace-
ments at t1 and t2 are measured to be 9 and 1 mm, respectively. Calculate the damp-
ing coefficient.

Solution  From the definition of the logarithmic decrement

δ = ln c x(t1)

x(t2)
d = ln c 9 mm

1 mm
d = 2.1972

From equation (1.83),

ζ =
2.197224π2

+ 2.19722
= 0.33 or 33,

Also,

ccr = 22km = 22(1.5 * 103 N>m)(2 kg) = 1.095 * 102 kg>s
And from equation (1.30) the damping coefficient becomes

c = ccr ζ = (1.095 * 102)(0.33) = 36.15 kg>s
n



62 Introduction to Vibration and the Free Response    Chap. 1

Example 1.6.3

Mass and stiffness are usually measured in a straightforward manner as shown in 
Section 1.3. However, there are certain circumstances that preclude using these simple 
methods. In these cases, a measurement of the frequency of oscillation both before and 
after a known amount of mass is added can be used to determine the mass and stiffness 
of the original system. Suppose then that the frequency of the system in Figure 1.36(a) 
is measured to be 2 rad>s and the frequency of Figure 1.36(b) with an added mass of 
1 kg is known to be 1 rad>s. Calculate m and k.

k

m m

m0

�1 � 2 rad/s k
�0 � 1 rad/s

m0 � 1 kg

(b)(a)

Figure 1.36  A schematic of using added 
mass (b) and frequency measurements to 
determine an unknown mass, m, and 
stiffness, k, of the original system (a).

Solution  From the definition of natural frequency

ω1 = 2 = A k

m
  and  ω0 = 1 = A k

m + 1

Solving for m and k yields

4m = k  and  m + 1 = k

or

m =
1

3
 kg  and  k =

4

3
 N>m

This formulation can also be used to determine changes in mass of a system. As 
an example, the frequency of oscillation of low amplitude vibration of a hospital patient 
in bed can be used to monitor the change in the patient’s weight (mass) without hav-
ing to move the patient from the bed. In this case the mass m0 is considered to be the 
change in mass of the original system. If the original mass and frequency are known, 
measurement of the frequency ω0 can be used to determine the change in mass m0. 
Given that the original weight is 120 lb (54.4 kg), the original frequency is 100.4 Hz, and 
the frequency of the patient-bed system changes to 100 Hz, determine the change in the 
patient’s weight.
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From the two frequency relations

ω1
2m = k

and

ω0
2(m + m0) = k

Thus, ω1
2m = ω0

2(m + m0). Solving for the change in mass m0 yields

m0 = m aω1
2

ω0
2

- 1b
Multiplying by g and converting the frequency to hertz yields

W0 = W af 1
2

f 0
2

- 1b
or

 W0 = 120 lb c a100.4 Hz

100 Hz
b2

- 1 d
  = 0.96 lb (0.4kg)

Since the frequency decreased, the patient gained almost a pound. An increase in fre-
quency would indicate a loss of weight.

n

Measurement of m, c, k, ωn, and ζ is used to verify the mathematical model 
of a system and for a variety of other reasons. Measurement of vibrating systems 
forms an important aspect of the activity in industry related to vibration technology. 
Chapter 7 is specifically devoted to measurement, however comments on vibration 
measurements are mentioned throughout the remaining chapters. 

1.7 DESIGN CONSIDERATIONS

This section introduces the idea of designing vibration systems, which forms the topic 
of Chapter 5. Design in vibration refers to adjusting the physical parameters of a device 
to cause its vibration response to meet a specified shape or performance criteria. For 
instance, consider the response of the single-degree-of-freedom system of Figure 1.9. 
The shape of the response is somewhat determined by the value of the damping ratio 
in the sense that the response is either overdamped, underdamped, or critically damped 
(ζ 7 1, ζ 6 1, ζ = 1, respectively). The damping ratio, in turn, depends on the values 
of m, c, and k. A designer may choose these values to produce the desired response.

Section 1.5 on stiffness considerations is actually an introduction to design 
as well. The formulas given there for stiffness, in terms of modulus and geometric 
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dimensions, can be used to design a system that has a given natural frequency. 
Example 1.5.2 points out one of the important problems in design, that often the 
properties that we are interested in designing for (frequency in this case) are very 
sensitive to operational changes. In Example 1.5.2, the frequency changes a great 
deal as the airplane consumes fuel.

Another important issue in design often focuses on using devices that are 
already available. For example, the rules given in Figure 1.31 are design rules for 
producing a desired value of spring constant from a set of “available” springs by 
placing them in certain combinations, as illustrated in Example 1.5.6. Design work 
in engineering often involves using available products to produce configurations 
(or designs) that suit a particular application. In the case of spring stiffness, springs 
are usually mass produced, and hence inexpensive, in only certain discrete values 
of stiffness. The formulas given for parallel and series connections of springs are 
then used to produce the desired stiffness. If cost is not a restriction, then formulas 
such as those given in Table 1.3 may be used to design a single spring that meets the 
stated stiffness requirements. Of course, designing a spring–mass system to have a 
desired natural frequency may not produce a system with an acceptable static de-
flection. Thus, the design process becomes complicated. Design is one of the most 
active and exciting disciplines in engineering because it often involves compromise 
and choice with many acceptable solutions.

Unfortunately, the values of m, c, and k have other constraints. The size and 
material of which the device is made determine these parameters. Hence, the de-
sign procedure becomes a compromise. For example, geometric limitations might 
cause the mass of a device to be between 2 and 3 kg, and for static displacement 
conditions, the stiffness may be required to be greater than 200 N>m. In this case, 
the natural frequency must be in the interval

 8.16 rad>s … ωn … 10 rad>s (1.84)

This severely limits the design of the vibration response, as illustrated in the follow-
ing example.

Example 1.7.1

Consider the system of Figure 1.9 with mass and stiffness properties as summarized by 
inequality (1.84). Suppose that the system is subject to an initial velocity that is always 
less than 300 mm>s, and to an initial displacement of zero (i.e., x0 = 0, v0 … 300 mm>s). 
For this range of mass and stiffness, choose a value of the damping coefficient such that 
the amplitude of vibration is always less than 25 mm.

Solution  This is a design-oriented example, and hence, as is typical of design calcula-
tions, there is not a nice, clean formula to follow. Rather, the solution must be obtained 
using theory and parameter studies. First, note that for zero initial displacement, the 
response may be written from equation (1.38) as

x(t) =
0

ωd

 e-ζωnt sin (ωdt)
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Also note that the amplitude of this periodic function is

0

ωd

 e-ζωnt

Thus, for small ωd, the amplitude is larger than for larger ωd. Hence for the range of 
frequencies of interest, it appears that the worst case (largest amplitude) will occur for 
the smallest value of the frequency (ωn = 8.16 rad>s). Also, the amplitude increases 
with v0 so that using v0 = 300 mm>s will ensure that amplitude is a large as possible. 
Now, v0 and ωn are fixed, so it remains to be investigated how the maximum value of 
x(t) varies as the damping ratio is varied. One approach is to compute the amplitude of 
the response at the first peak. From Figure 1.10 the largest amplitude occurs at the first 
time the derivative of x(t) is zero. Taking the derivative of x(t) and setting it equal to 
zero yields the expression for the time to the first peak:

ωde-ζωnt cos (ωdt) - ζωne-ζωnt sin (ωdt) = 0

Solving this for t and denoting this value of time by Tm yields

Tm =
1

ωd

 tan-1 a ωd

ζωn

b =
1

ωd

 tan-1 a21 -  ζ2

ζ
b

The value of the amplitude of the first (and largest) peak is calculated by substituting 
the value of Tm into x(t), resulting in

Am(ζ) = x(Tm) =
v0

ωn21 - ζ2
 e- 

ζ21 - ζ2 
tan-1  a21 - ζ2

ζ
b sin atan-1

 a21 - ζ2

ζ
b b

Simplifying yields

Am(ζ) =
v0

ωn

 e- 
ζ21 - ζ2 

tan-1 a21 - ζ2

ζ
b

For fixed initial velocity (the largest possible) and frequency (the lowest possible), this 
value of Am(ζ) determines the largest value that the highest peak will have as ζ varies. 
The exact value of ζ that will keep this peak, and hence the response, at or below 25 mm, 
can be determined by numerically solving Am(ζ) = 0.025 (m) for a value of ζ. This 
yields ζ = 0.281. Using the upper limit of the mass values (m = 3 kg) then yields the 
value of the required damping coefficient:

c = 2mωnζ = 2(3)(8.16)(0.281) = 13.76 kg>s
For this value of damping, the response is never larger than 25 mm. Note that if 
there is no damping, the same initial conditions produce a response of amplitude  
A = v0>ωn = 37 mm.

n

As another example of design, consider the problem of choosing a spring that 
will result in a spring–mass system having a desired or specified frequency. The formu-
las of Section 1.5 provide a means of designing a spring to have a specified stiffness in 
terms of the properties of the spring material (modulus) and its geometry. The follow-
ing example illustrates this concept.
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Example 1.7.2

Consider designing a helical spring such that when attached to a 10-kg mass, the result-
ing spring–mass system has a natural frequency of 10 rad/s (about 1.6 Hz).

Solution  From the definition of the natural frequency, the spring is required to have 
a stiffness of

k = ωn
2m = (10)2(10) = 103 N>m

The stiffness of a helical spring is given by equation (1.66) to be

k = 103 N>m =
Gd4

64nR3
   or  6.4 * 104

=
Gd4

nR3

This expression provides the starting point for a design. The choices of variables that 
 affect the design are: the type of material to be used (hence various values of G); the 
diameter of the material, d; the radius of the coils, R; and the number of turns, n. The 
choices of G and d are, of course, restricted by available materials, n is restricted to be an 
integer, and R may have restrictions dictated by the size requirements of the device. Here 
it is assumed that steel of 1-cm diameter is available. The shear modulus of steel is about

G = 8.0 * 1010 N>m2

so that the stiffness formula becomes

6.4 * 104 N>m =

(8.0 * 1010 N>m2)(10-2 m)4

nR3

or

nR3
= 1.25 * 10-2

If the coil radius is chosen to be 10 cm, this yields that the number of turns should be

n =
1.25 * 10-2 m3

10-3 m3
= 12.5 or 13

Thus, if 13 turns of 1-cm-diameter steel are coiled at a radius of 10 cm, the resulting 
spring will have the desired stiffness and the 10-kg mass will oscillate at approximately 
10 rad>s. To get an exact answer, the modulus of steel must be modified. This can be 
done through the use of different alloys of steel, but would become expensive. So de-
pending on the precision needed for a given application, modifying the type of steel used 
may or may not be practical.

n

In Example 1.7.2, several variables were chosen to produce a desired design. 
In each case the design variables (such as d, R, etc.) are subject to constraints. Other 
aspects of vibration design are presented throughout the text as appropriate. There 
are no set rules to follow in design work. However, some organized approaches to 
design are presented later in Chapter 5. The following example illustrates another 
difficulty in design by examining what happens when operating conditions are 
changed after the design is over.
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Example 1.7.3

As a final example, consider modeling the vertical suspension system of a small sports 
car, as a single-degree-of-freedom system of the form

mx
$

+ cx
#

+ kx = 0

where m is the mass of the automobile and c and k are the equivalent damping and stiff-
ness of the four-shock-absorber–spring systems. The car deflects the suspension system 
0.05 m under its own weight. The suspension is chosen (designed) to have a damping 
ratio of 0.3. a) If the car has a mass of 1361 kg (mass of a Porsche Boxster), calculate the 
equivalent damping and stiffness coefficients of the suspension system. b) If two pas-
sengers, a full gas tank, and luggage totaling 290 kg are in the car, how does this affect 
the effective damping ratio?

Solution  The mass is 1361 kg and the natural frequency is

ωn = A k

1361

so that

k = 1361 ωn
2

At rest, the car’s springs are compressed an amount Δ, called the static deflection, by 
the weight of the car. Hence, from a force balance at static equilibrium, mg = kΔ, 
so that

k =
mg

Δ

and

ωn = A k

m
= A g

Δ
= A 9.8

0.05
= 14 rad>s

The stiffness of the suspension system is thus

k = 1361(14)2
= 2.668 * 105 N>m

For ζ = 0.3, equation (1.30) becomes

c = 2ζmωn = 2(0.3)(1361)(14) = 1.143 * 104 kg/s

Now if the passengers and luggage are added to the car, the mass increases to 1361 +

290 = 1651 kg. Since the stiffness and damping coefficient remain the same, the new 
static deflection becomes

Δ =
mg

k
=

1651(9.8)

2.668 * 105
≈ 0.06 m
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The new frequency becomes

ωn = A g

Δ
= A 9.8

0.06
= 12.78 rad>s

From equations (1.29) and (1.30), the damping ratio becomes

ζ =
c

ccr

=
1.143 * 104

2mωn

=
1.143 * 104

2(1651)(12.78)
= 0.27

Thus the car with passengers, fuel, and luggage will exhibit less damping and hence 
larger amplitude vibrations in the vertical direction. The vibrations will take a little 
longer to die out.

n

Note that this illustrates a difficulty in design problems, in the sense that 
the car cannot be damped at exactly the same value for all passenger situations. 
In this case, even if ζ = 0.3 is desirable, it really cannot be achieved. Designs 
that do not change dramatically when one parameter changes a small amount are 
said to be robust. This and other design concepts are discussed in greater detail 
in Chapter 5, as the analytical skills developed in the next few chapters are re-
quired first. 

1.8 STABILITY

In the preceding sections, the physical parameters m, c, and k are all considered to 
be positive in equation (1.27). This allows the treatment of the solutions of equation 
(1.27) to be classified into three groups: overdamped, underdamped, or critically 
damped. The case with c = 0 provides a fourth class called undamped. These four 
solutions are all well behaved in the sense that they do not grow with time and their 
amplitudes are finite. There are many situations, however, in which the coefficients 
are not positive, and in these cases the motion is not well behaved. This situation 
refers to the stability of solutions of a system.

Recalling that the solution of the undamped case (c = 0) is of the form A 
sin(ωnt +  ϕ), it is easy to see that the undamped response is bounded. That is, if 0 x(t) 0  
denotes the absolute value of x, then

 0 x(t) 0 … A 0 sin(ωnt + ϕ) 0 = A =
1

ωn

 3ωn
2x0

2
+ v0

2 (1.85)

for every value of t. Thus 0 x(t) 0  is always less than some finite number for all time 
and for all finite choices of initial conditions. In this case, the response is well be-
haved and said to be stable (sometimes called marginally stable). If, on the other 
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hand, the value of k in equation (1.2) is negative and m is positive, the solutions are 
of the form

 x(t) = A sinh ωnt + B cosh ωnt (1.86)

which increases without bound as t does. In this case 0 x(t) 0  no longer remains finite 
and such solutions are called divergent or unstable. Figure 1.37 illustrates a stable 
response and Figure 1.38 illustrates an unstable, or divergent, response.

Consider the response of the damped system of equation (1.27) with positive 
coefficients. As illustrated in Figures 1.10, 1.11, 1.12, and 1.13, it is clear that x(t) 
approaches zero as t becomes large because of the exponential-decay terms. Such 
solutions are called asymptotically stable. Again, if c or k is negative (and m is posi-
tive), the motion grows without bound and becomes unstable, as in the undamped 
case. In the damped case, however, the motion may be unstable in one of two ways. 
Similar to overdamped solutions and underdamped solutions, the motion may grow 
without bound and may or may not oscillate. The nonoscillatory case is called diver-

gent instability and the oscillatory case is called flutter instability, or sometimes just 
flutter. Flutter instability is sketched in Figure 1.39. The trend of growing without 
bound for large t continues in Figures 1.38 and 1.39, even though the figure stops. 
These types of instability occur in a variety of situations, often called self-excited 

vibrations, and require some source of energy. The following example illustrates 
such instabilities.

Time (s)

Displacement (mm)

0.5

1.0

0.0

�1.0

�0.5

5 10 15 20

Figure 1.37  An example response of a stable single-degree- of-freedom system.

Displacement (mm)

Time (s)

Figure 1.38  An example response 
of a unstable single-degree-of-freedom 
system (divergence).
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Example 1.8.1

Consider the inverted pendulum connected to two equal springs, shown in Figure 1.40.

l
2

k

m

k

(a) (b)

O
O

m

kl
2

2 sin 
mg

+

fp

�

�

Figure 1.40  (a) An inverted pendulum 
oscillator and (b) its free-body diagram. 
Here fp is the total reaction force at 
the pin. The pendulum has length l.

Solution  Assume that the springs are undeflected when in the vertical position and 
that the mass m of the ball at the end of the pendulum rod is substantially larger than 
the mass of the rod itself, so that the rod is considered to be massless. The total length 
of the rod is l and the springs are attached at the point l>2. Summing the moments 
around the pivot point (point O) yields

ml2θ
$

= aM0

There are three forces acting. The spring force is the stiffness times the displacement 
(kx) where the displacement x is (l>2) sin θ. There are two such springs, so the total 
force acting on the pendulum by the springs is kl sin θ. This force acts through a moment 
arm of (l>2) cos θ. The gravitational force acting on the mass m is mg acting through a 
 moment arm of l sin θ. Thus summing moments about point O yields

ml2θ
$

= -akl2

2
 sin θb  cos θ + mgl sin θ

2 4 6 8 10 12 14 16 18 20

�8
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�2
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Figure 1.39  An example response of a unstable single-degree-of-freedom system 
which also oscillates, called flutter instability.
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and the equation of motion becomes

 ml2θ
$

+ akl2

2
  sin θb  cos θ - mgl sin θ = 0 (1.87)

For values of θ less than about π>20, sin θ and cos θ can be approximated by sin θ ≅ θ 
and cos θ ≅ 1. Applying this approximation to equation (1.87) yields

ml2θ
$

+
kl2

2
 θ - mgl θ = 0

which upon rearranging becomes

2mlθ
$
(t) + (kl - 2mg)θ(t) = 0

where θ is now restricted to be small (smaller than π>20). If k, l, and m are all such that 
the coefficient of θ, called the effective stiffness, is negative, that is, if

kl - 2mg 6 0

the pendulum motion will be unstable by divergence, as illustrated in Figure 1.38.
n

Example 1.8.2

The vibration of an aircraft wing can be crudely modeled as

mx
$

+ cx
#

+ kx = γx
#

where m, c, and k are the mass, damping, and stiffness values of the wing, respectively, 
modeled as a single-degree-of-freedom system, and where the term γx

#
 is an approxi-

mate model of the aerodynamic forces on the wing (γ 7 0 for high speed).

Solution  Rearranging the equation of motion yields

mx
$

+ (c - γ)x
#

+ kx = 0

If γ and c are such that c - γ 7  0, the system is asymptotically stable. However, if γ 
is such that c - γ 6 0, then ζ = (c - γ)>2mωn 6 0 and the solutions are of the form

x(t) = Ae-ζωnt sin(ωdt + ϕ)

where the exponent (–ζωnt) 7 0 for all t 7 0 because of the negative damping term. 
Such solutions increase exponentially with time, as indicated in Figure 1.39. This is an 
example of flutter instability and self-excited oscillation.

n

This brief introduction to stability applies to systems that can be treated as lin-
ear and homogenous. More complex definitions of stability are required for forced 
systems and for nonlinear systems. The notions of stability can be thought of in terms 
of changing energy: stable systems having constant energy, unstable systems having in-
creasing energy, and asymptotically stable systems having decreasing energy. Stability 
can also be thought of in terms of initial conditions and this is discussed in Section 1.10 
where a brief introduction to nonlinear vibrations is given. An essential difference be-
tween linear and nonlinear systems lies in their respective stability properties.
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1.9 NUMERICAL SIMULATION OF THE TIME RESPONSE

So far, most of the vibration problems examined have all been cast as linear dif-
ferential equations that have solutions that can be determined analytically. These 
solutions are often plotted versus time in order to visualize the physical vibration 
and obtain an idea of the nature of the response. However, there are many more 
complex and nonlinear systems that are either difficult or impossible to solve 
analytically (i.e., that do not have closed-form solutions for the displacement as 
a function of time). The nonlinear pendulum equation given in Example 1.1.1 is 
“linearized” by making the approximation sin(θ) = θ to provide a system which is 
simple to solve (having the same analytical form as a linear spring–mass system). 
The approximation made to linearize the pendulum equation is only valid for cer-
tain, relatively small initial conditions. The approximation of sin(θ) = θ requires 
that the initial displacement and velocity are such that θ(t) remains less than about 
10°. For cases with larger initial conditions, a numerical integration routine may be 
used to compute and plot a solution of the nonlinear equation of motion. Numerical 
integration can be used to compute the solutions of a variety of difficult problems 
and is introduced here on simple problems that have known analytical solutions so 
that the nature of the approximation can be discussed. Later, numerical integration 
will be used for problems not having closed-form solutions.

The free response of any single-degree-of-freedom system may easily be 
computed by simple numerical means such as Euler’s method or Runge–Kutta 
methods. This section examines the use of these common numerical methods for 
solving vibration problems that are difficult to solve in closed form. Runge–Kutta 
schemes can be found on calculators and in most common mathematical software 
packages such as Mathematica, Mathcad, Maple, and MATLAB. Alternately the 
numerical schemes may be programmed in more traditional languages, such as 
FORTRAN, or into spreadsheets. This section reviews the use of numerical meth-
ods for solving differential equations and then applies these methods to the solution 
of several vibration problems considered in the previous sections. These tech-
niques are then used in the following section to analyze the response of nonlinear 
 systems. Appendix F introduces the use of Mathematica, Mathcad, and MATLAB 
for  numerical integration and plotting. Many modern curriculums introduce these 
methods and codes early in the engineering curriculum, in which case this section 
can be skipped or used as a quick review.

There are many schemes for numerically solving ordinary differential equa-
tions, such as those of vibration analysis. Two numerical solution schemes are pre-
sented here. The basis of numerical solutions of ordinary differential equations is to 
essentially undo calculus by representing each derivative by a small but finite differ-
ence (recall the definition of a derivative from calculus given in Window 1.6). A nu-
merical solution of an ordinary differential equation is a procedure for constructing 
approximate discrete values: x1, x2, c, xn, of the solution x(t) at the discrete values 
of time: t0 6 t1 6 t2 c6 tn. Thus a numerical procedure produces a list of discrete 
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values xi = x(ti) that approximate the exact solution, which is the continuous func-
tion of time x(t). The initial conditions of the vibration problem of interest form the 
starting point of computing a numerical solution. For a single-degree-of-freedom 
system of the form

 mx
$

+ cx
#

+ kx = 0,  x(0) = x0  x
#
(0) = v0 (1.88)

the initial values x0 and v0 form the first two points of the numerical solution. Let 
Tf be the total length of time over which the solution is of interest (i.e., the equation 
is to be solved for values of t between t = 0 and t = Tf). The time interval Tf - 0 
is then divided up into n intervals (so that Δt = Tf>n). Then equation (1.88) is cal-
culated at the values of t0 = 0, t1 = Δt, t2 = 2Δt,c, tn = nΔt = Tf to produce an 
approximate representation, or simulation, of the solution.

The concept of a numerical solution is easiest to grasp by first examining the 
numerical solution of a first-order scalar differential equation. To this end, consider 
the first-order differential equation

 x
#
(t) = ax(t)  x(0) = x0 (1.89)

The Euler method proceeds from the definition of the slope form of the derivative 
given in Window 1.6, before the limit is taken:

 
xi + 1 - xi

Δt
= axi (1.90)

where xi denotes x(ti), xi+1 denotes x(ti+1), and Δt indicates the time interval be-
tween ti and ti+1 (i.e., Δt = ti+1 - ti). This expression can be manipulated to yield

 xi+ 1 = xi + Δt(axi) (1.91)

This formula computes the discrete value of the response xi+1 from the previous 
value xi, the time step Δt, and the system’s parameter a. This numerical solution is 
called an Euler or tangent line method. The following example illustrates the use of 
the Euler formula for computing a solution.

The definition of a derivative of x(t) at t = ti is

dx(ti)

dt
=

lim
ΔtS0 

x(ti + 1) - x(ti)

Δt

where ti+1 = ti + Δt and x(t) is continuous.

Window 1.6
Definition of the Derivative
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Example 1.9.1

Use the Euler formula to compute the numerical solution of x
#

= -3x, x(0) = 1 for 
various time increments in the time interval 0 to 4, and compare the results to the exact 
solution.

TABLE 1.4  CoMPARISon oF tHE ExACt SolutIon oF x
#

= -3x, x(0) = 1  

to tHE SolutIon obtAInED by tHE EulER MEtHoD wItH lARgE tIME  

StEP (Δt = 0.5) FoR tHE IntERVAl t = 0 to 4

Index
Elapsed  

time Exact Euler
Absolute 

error

0 0 1.0000 1.0000 0

1 0.5000 0.2231 –0.5000 0.7231

2 1.0000 0.0498 0.2500 0.2002

3 1.5000 0.0111 –0.1250 0.1361

4 2.0000 0.0025 0.0625 0.0600

5 2.5000 0.0006 –0.0312 0.0318

6 3.0000 0.0001 0.0156 0.0155

7 3.5000 0.0000 –0.0078 0.0078

8 4.0000 0.0000 0.0039 0.0039

Solution  First, the exact solution can be obtained by direct integration or by assum-
ing a solution of the form x(t) = Aeλt. Substitution of this assumed form into the equa-
tion x

#
= -3x yields Aλeλt

= -3Aeλt, or λ = -3, so that the solution is of the form 
x(t) = Ae–3t. Applying the initial conditions x(0) = 1 yields A = 1. Hence the analyti-
cal solution is simply x(t) = e–3t.

Next, consider a numerical solution using the Euler method suggested by equation 
(1.91). In this case the constant a = -3, so that xi+1 = xi + Δt(-3xi). Suppose that a 
very crude time step is taken (i.e., Δt = 0.5) and the solution is formed over the interval 
from t = 0 to t = 4. Then Table 1.4 illustrates the values obtained from equation (1.91):

 x0 = 1

 x1 = x0 + (0.5)(-3)(x0) = -0.5

 x2 = -0.5 - (1.5)(-0.5) = 0.25

 f

forms the column marked “Euler.” The column marked “Exact” is the value of e-3t at 
the indicated elapsed time for a given index. Note that while the Euler approximation 
gets close to the correct final value, this value oscillates around zero while the exact 
value does not. This points out a possible source of error in a numerical solution. On 
the other hand, if Δt is taken to be very small, the difference between the solution ob-
tained by the Euler equation and the exact solution becomes hard to see, as Figure 1.41 
illustrates. Figure 1.41 is a plot of x(t) obtained via the Euler formula for Δt = 0.1. Note 
that it looks very much like the exact solution x(t) = e-3t.

n
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It is important to note from the example that two sources of error are present 
in computing the solution of a differential equation using a numerical scheme such 
as the Euler method. The first is called the truncation error, which is the difference 
between the exact solution and the solution obtained by the Euler approximation. 
This is the error indicated in the last column of Table 1.4. Note that this error accu-
mulates as the index increases because the value at each discrete time is determined 
by the previous value, which is already in error. This can be somewhat controlled by 
the time step and the nature of the formula. The other source of error is the round-

off error due to machine arithmetic. This is, of course, controlled by the computer 
and its architecture. Both sources of error can be significant. The successful use of 
a numerical method requires an awareness of both sources of errors in interpreting 
the results of a computer simulation of the solution of any vibration problem.

The Euler method can be improved upon by decreasing the step size, as 
Example 1.9.1 illustrates. Alternatively, a more accurate procedure can be used 
to improve the accuracy (smaller formula error) without decreasing the step size 
Δt. Several methods exist (such as the improved Euler method and various Taylor 
series methods) and are discussed in Boyce and DiPrima (2009), for instance. Only 
the Runge–Kutta method is discussed and used here.

The Runge–Kutta method was developed by two different researchers from 
about 1895 to 1901 (C. Runge and M. W. Kutta). The Runge–Kutta formulas (there 
are several) involve a weighted average of values of the right-hand side of the dif-
ferential equation taken at different points between the time intervals ti and ti + Δt. 
The derivations of various Runge–Kutta formulas are tedious but straightforward 
and are not presented here (see Boyce and DiPrima 2009). One useful formulation 
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Exact

�t � 0.1 s
�t � 0.5 s

x(t)

Figure 1.41  A plot of x(ti) versus ti for x
#
(t) = -3x using various time steps in 

equation (1.91) with x(0) = 1.
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can be stated for the first-order problem x
#

= f(x, t), x(0) = x0, where f is any scalar 
function (linear or nonlinear) as

 xn + 1 = xn +
Δt

6
 (kn1 + 2kn2 + 2kn3 + kn4) (1.92)

where

kn1 = f (xn, tn)

kn2 = f axn +
Δt

2
 kn1, tn +

Δt

2
b

kn3 = f axn +
Δt

2
 kn2, tn +

Δt

2
b

kn4 = f (xn + Δtkn3, tn + Δt)

The sum in parentheses in equation (1.92) represents the average of six numbers, 
each of which looks like a slope at a different time; for instance, the term kn1 is the 
slope of the function at the “left” end of the time interval.

Such formulas can be enhanced by treating Δt as a variable, Δti. At each time 
step ti, the value of Δti is adjusted based on how rapidly the solution x(t) is changing. 
If the solution is not changing very rapidly, a large value of Δti is allowed without 
increasing the formula error. On the other hand, if x(t) is changing rapidly, a small 
Δti must be chosen to keep the formula error small. Such step sizes can be chosen 
automatically as part of the computer code for implementing the numerical solu-
tion. The Runge–Kutta and Euler formulas just listed can be applied to vibration 
problems by noting that the most general (damped) vibration problem can be put 
into a first-order form.

Returning to a damped system of the form

 mx
$
(t) + cx

#
(t) + kx(t) = 0  x(0) = x0,  x

#
(0) = x

#
0 (1.93)

the Euler method of equation (1.91) can be applied by writing this expression as 
two first-order equations. To this end, divide equation (1.93) by the mass m, and 
define two new variables by x1 = x(t) and x2 = x

#
(t). Then differentiate the defini-

tion of x1(t), rearrange equation (1.93), and replace x and its derivative with x1 and 
x2 to get

 x
#
1(t) = x2(t)  

  x
#
2(t) = -

c

m
 x2(t) -

k

m
 x1(t) (1.94)

subject to the initial conditions x1(0) = x0 and x2(0) = x
#
0. The two coupled first-

order differential equations given in (1.94) may be written as a single expression by 
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using a vector and matrix form determined by first defining the vector 2 * 1 x(t) 
and the 2 * 2 matrix A by

 A = C 0 1

-
k

m
-

c

m

S x(t) = c x1(t)

x2(t)
d x(0) = c x1(0)

x2(0)
d  (1.95)

The matrix A defined in this way is called the state matrix and the vector x is called 
the state vector. The position x1 and the velocity x2 are called the state variables. 
Using these definitions (see Appendix C), the rules of vector differentiation (ele-
ment by element) and multiplication of a matrix times a vector, equations (1.95) 
may be written as

 x
#
(t) = Ax(t) (1.96)

subject to the initial condition x(0). Now the Euler method of numerical solution 
given in equation (1.91) can be applied directly to this vector-matrix formulation 
of Equation (1.96), by simply calling the scalar xi, the vector xi, and replacing the 
scalar a with the matrix A to produce

 x(ti + 1) = x(ti) + ΔtAx(ti) (1.97)

This, along with the initial condition x(0), defines the Euler formula for integrating 
the general single-degree-of-freedom vibration problem described in equation (1.92). 
Equation (1.97) allows the time response to be computed and plotted.

As suggested, the Euler-formula method can be greatly improved by using a 
Runge–Kutta program. For instance, MATLAB has two different Runge–Kutta-based 
simulations: ode23 and ode45. These are automatic step-size integration methods (i.e., 
Δt is chosen automatically). The Engineering Vibration Toolbox has one fixed-step 
Runge–Kutta-based method, VTB1_3, for comparison. The M-file ode23 uses a simple 
second- and third-order pair of formulas for medium accuracy and ode45 uses a fourth- 
and fifth-order pair for greater accuracy. Each of these corresponds to a formulation 
similar to that expressed in equations (1.92) with more terms and a variable step size 
Δt. In general, the Runge–Kutta simulations are of a higher quality than those obtained 
by the Euler method.

Example 1.9.2

Use the ode45 function to simulate the response to 3x
$

+ x
#

+ 2x = 0 subject to the 
initial conditions x(0) = 0, x

#
(0) = 0.25 over the time interval 0 … t … 20.

Solution  The first step is to write the equation of motion in first-order form. This 
yields

x
#
1 = x2

x
#
2 = -

2
3 x1 -  13 x2
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Next, an M-file is created to store the equations of motion. An M-file is created by 
choosing a name, say, sdof.m, and entering

function xdot = sdof(t,x);

xdot = zeros(2,1);

xdot(1) = x(2);

xdot(2) = –(2/3)*x(1) – (1/3)*x(2);

Next, go to the command mode and enter

t0 = 0;tf = 20;

x0 = [0 0.25];

[t,x] = ode45(‘sdof’,[t0 tf],x0);

plot(t,x)

The first line establishes the initial, (t0), and final, (tf), times. The second line creates 
the vector containing the initial conditions x0. The third line creates the two vectors t, 
containing the time history, and x, containing the response at each time increment in t, 
by calling ode45 applied to the equations set up in sdof. The fourth line plots the vector 
x versus the vector t. This is illustrated in Figure 1.42.
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Figure 1.42  A plot of the displacement x(t) of the single-degree-of freedom system 
of Example 1.9.2 (solid line) and the corresponding velocity x

#
(t) (dashed line).

n

The preceding example may also be solved using Mathematica, Mathcad, and 
Maple, by writing a FORTRAN routine, or by using any number of other com-
puter codes or programmable calculators. The following example illustrates the 
commands required to produce the result of Example 1.9.2 using Mathematica and 
again using Mathcad. These approaches are then used in the next section to exam-
ine the response of certain nonlinear vibration problems.
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Example 1.9.3

Solve Example 1.9.2 using the Mathematica program.

Solution  The Mathematica program uses an iterative method to compute the solu-
tion and accepts the second-order form of the equation of motion. The text after the 
prompt In[1]:= is typed by the user and returns the solution stored in the variable 
x[t]. Mathematica has several equal signs for different purposes. In the argument of 
the NDSolve function, the user types in the differential equation to be solved, followed 
by the initial conditions, the name of the variable (response), and the name of the inde-
pendent variable followed by the interval over which the solution is sought. NDSolve 
computes the solution and stores it as an interpolating function; hence the code returns 
the plot following the output prompt Out[1]=. The plot command requires the name 
of the interpolating function returned by NDSolve, x[t] in this case, the independent 
variable, t, and the range of values for the independent variable.

In[1]:=

NDSolve[{x''[t]+(1/3)*x'[t]+(2/3)*x[t]==0,x'[0]==0.25,x[0]==0}, 

x,{t,0,20}];

Plot[Evaluate[x[t]/.%],{t,0,20}]

Out[1]={{x–>InterpolatingFunction[{{0.,20.}},<>]}}

Out[2]=

0.2

0.15

0.1

0.05

�0.05

�0.1

5 10 15 20

n

Example 1.9.4

Solve Example 1.9.2 using the Mathcad program.

Solution  The Mathcad program uses a fixed time step Runge–Kutta solution and 
returns the solution as a matrix with the first column consisting of the time step, the 
second column containing the response, and the third column containing the velocity 
response.



80 Introduction to Vibration and the Free Response    Chap. 1

First type in the initial condition vector:

y : = y := c 0

0.25
d

Then type in the system in first-order form:

D(t,y) : = D(t,y) := C y1

-a1
3

 y1b -
2

3
 y0

S
Solve using Runge–Kutta:

Z := rkfixed(y,0,20,1000,D)

Name the time vector from the Runge–Kutta matrix solution:

t := Z<0>

Name the displacement vector from the Runge–Kutta matrix solution:

x := Z<1>

Name the velocity vector from the Runge–Kutta matrix solution:

dxdt := Z<2>

Plot the solutions.

201510

t

50

0.2

�0.2

x

dxdt

n

The use of these computational programs to simulate the response of a vibrating 
system is fairly straightforward. Further information on using each of these programs 
can be found in Appendix F or by consulting manuals or any one of numerous books 
written on using these codes to solve various math and engineering problems. You 
are encouraged to reproduce Example 1.9.4 and then repeat the problem for various 
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different values of the initial conditions and coefficients. In this way, you can build 
some intuition and understanding of vibration phenomena and how to design a system 
to produce a desired response.

A note about the use of the codes presented in this text is in order. At the 
time of printing this edition, all the codes ran as typed. However, each year, or 
sometimes more frequently, companies who provide these codes update them and 
in so doing they often change syntax. These changes can be found on the compa-
nies’ websites and should be checked if difficulty is encountered in using the codes 
presented here.

1.10 COULOMB FRICTION AND THE PENDULUM

In the previous sections, all of the systems considered are linear (or linearized) 
and have solutions that can be obtained by analytical means. In this section, two 
common systems are analyzed that are nonlinear and do not have simple ana-
lytical solutions. The first is a spring–mass system with sliding friction (Coulomb 
damping), and the second is the full nonlinear pendulum equation. In each case a 
solution is obtained by using the numerical integration techniques introduced in 
Section 1.9. The ability to compute the solution to general nonlinear systems using 
these numerical techniques allows us to consider vibration in more complicated 
configurations.

Nonlinear vibration problems are much more complex than linear systems. 
Their numerical solutions, however, are often fairly straightforward. Several new 
phenomena result when nonlinear terms are considered. Most notably, the idea of 
a single equilibrium point of a linear system is lost. In the case of Coulomb damp-
ing, a continuous region of equilibrium positions exists. In the case of the nonlinear 
pendulum, an infinite number of equilibrium points result. This single fact greatly 
complicates the analysis, measurement, and design of vibrating systems.

Coulomb damping is a common damping effect, often occurring in machines, 
that is caused by sliding friction or dry friction. It is characterized by the relation

fc = Fc(x
#
) = c -μN x

#
7 0

0 x
#

= 0

μN x
#

6 0

s
where fc is the dissipation force, N is the normal force (see any introductory physics 
text), and μ is the coefficient of sliding friction (or kinetic friction). Figure 1.43 is 
a schematic of a mass m sliding on a surface and connected to a spring of stiffness 
k. The frictional force fc always opposes the direction of motion causing a system 
with Coulomb friction to be nonlinear. Table 1.5 lists some measured values of the 
coefficient of kinetic friction for several different sliding objects. Summing forces 
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in part (a) of Figure 1.44 in the x direction yields that (note that the mass changes 
direction when the velocity passes through zero)

 mx
$

+ kx = μ mg   for  x
#

6 0 (1.98)

Here the sum of the forces in the vertical direction yields the fact that the normal 
force N is just the weight, mg, where g is the acceleration due to gravity (not the 
case if m is on an inclined plane as N is no longer along the same direction as W). In 
a similar fashion, summing forces in part (b) of Figure 1.44 yields

 mx
$

+ kx = -μ mg  for  x
#

7 0 (1.99)

k
m

x0

x(t)

Figure 1.43  A spring–mass system 
sliding on a surface of kinetic coefficient 
of friction μ.
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Figure 1.44  A free-body diagram of the forces acting on the sliding block system 
of Figure 1.43: (a) mass moving to the right (x

#
6 0), (b) mass moving to the right 

(x
#

7 0). From the y direction: N = mg.

TABLE 1.5  APPRoxIMAtE CoEFFICIEntS oF FRICtIon  

FoR VARIouS objECtS SlIDIng togEtHER

 Material Kinetic Static

Metal on metal (lubricated) 0.07 0.09
Wood on wood 0.2  0.25
Steel on steel (unlubricated) 0.3  0.75
Rubber on steel 1.0   1.20
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Since the sign of x
#
 determines the direction in which the opposing frictional force 

acts, equations (1.98) and (1.99) can be written as the single equation

 mx
$

+ μ mg sgn(x
#
) + kx = 0 (1.100)

where sgn(τ) denotes the signum function, defined to have the value 1 for τ 7 0, - 1 
for τ 6 0, and 0 for τ = 0. This equation cannot be solved directly using methods such 
as the variation of parameters or the method of undetermined coefficients. This is be-
cause equation (1.100) is a nonlinear differential equation. Rather, equation (1.100) can 
be solved by breaking the time intervals up into segments corresponding to the changes 
in direction of motion (i.e., at those time intervals separated by x

#
= 0). Alternatively, 

equation (1.100) can be solved numerically, as is done in the following. Because the sys-
tem’s equation of motion is linear in two ranges, that is, equations (1.98) and (1.99) are 
linear, such systems are also called bilinear.

The sliding block in Figure 1.44 requires nonzero initial conditions to set it in 
motion. Suppose first that the initial velocity is zero. The motion will result only if 
the initial position x0 is such that the spring force kx0 is large enough to overcome 
the static friction force μsmg (kx0 7 μsmg). Here μs is the coefficient of static fric-
tion, which is generally larger than the kinetic or dynamic coefficient of friction for 
sliding surfaces. If x0 is not large enough, no motion results. The range of values 
of x0 for which no motion results defines the equilibrium position. If, on the other 
hand, the initial velocity is nonzero, the object will move. One of the distinguishing 
features of nonlinear systems is their multiple equilibrium positions. The solution 
of the equation of motion for the case when motion results can be obtained by con-
sidering the following cases.

With x0 to the right of any equilibrium, the mass is moving to the left, the fric-
tion force is to the right, and equation (1.98) holds. Equation (1.98) has a solution 
of the form

 x(t) = A1 cos ωnt + B1 sin ωnt +
μ mg

k
 (1.101)

where ωn = 2k>m and A1 and B1 are constants to be determined by the initial 
conditions. Here we have dropped the distinction between static and kinetic fric-
tion. Applying the initial conditions yields

 x(0) = A1 +
μ mg

k
= x0 (1.102)

 x
#
(0) = ωnB1 = 0  (1.103)

Hence B1 = 0 and A1 = x0 - μmg>k specifies the constants in equation (1.101). 
Thus when the mass starts from rest (at x0) and moves to the left, it moves as

 x(t) = ax0 -  
μ mg

k
b  cos ωnt +

μ mg

k
 (1.104)
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This motion continues until the first time x
#
(t) = 0. This happens when the deriva-

tive of equation (1.104) is zero, or when

 x
#
(t) = - ωn ax0 -

μ mg

k
b  sin ωnt1 = 0 (1.105)

Thus when t1 = π>ωn, x
#
(t) = 0 and the mass starts to move to the right provided that 

the spring force, kx, is large enough to overcome the maximum frictional force μmg. 
Hence equation (1.99) now describes the motion. Solving equation (1.99) yields

 x(t) = A2 cos ωnt + B2 sin ωnt -
μ mg

k
 (1.106)

for π/ωn 6 t 6 t2, where t2 is the second time that x
#
 becomes zero. The initial 

conditions for equation (1.106) are calculated from the previous solution given by 
equation (1.104) at t1

  x a π
ωn

b = ax0 -
μ mg

k
b  cos π +

μ mg

k
=

2μ mg

k
- x0 (1.107)

 x  
#
 a π

ωn

b = -ωn ax0 -  
μmg

k
b  sin π = 0  (1.108)

From equation (1.106) and its derivatives it follows that

 A2 = x0 -  
3μ mg

k
  B2 = 0 (1.109)

The solution for the second interval of time then becomes

  x(t) = ax0 -
3μ mg

k
b  cos ωnt -

μ mg

k
  

π
ωn

 6 t 6  
2π
ωn

 (1.110)

This procedure is repeated until the motion stops. The motion will stop when the 
velocity is zero (x

#
= 0) and the spring force (kx) is insufficient to overcome the 

maximum frictional force (μ mg). The response is plotted in Figure 1.45.
Several things can be noted about the free response with Coulomb friction 

versus the free response with viscous damping. First, with Coulomb damping the 
amplitude decays linearly with slope

 -
2μ mgωn

πk
 (1.111)

rather than exponentially as does a viscously damped system. Second, the motion 
under Coulomb friction comes to a complete stop, at a potentially different equi-
librium position than when initially at rest, whereas a viscously damped system 
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oscillates around a single equilibrium, x = 0, with infinitesimally small amplitude. 
Finally, the frequency of oscillation of a system with Coulomb damping is the same 
as the undamped frequency, whereas viscous damping alters the frequency of 
oscillation.

Example 1.10.1

The response of a mass oscillating on a surface is measured to be of the form indicated 
in Figure 1.45. The initial position is measured to be 30 mm from its zero rest position, 
and the final position is measured to be 3.5 mm from its zero rest position after four 
cycles of oscillation in 1 s. Determine the coefficient of friction.

Solution  First, the frequency of motion is 4 Hz, or 25.13 rad>s, since four cycles were 
completed in 1 s. The slope of the line of decreasing peaks is

-30 + 3.5

1
= -26.5 mm>s

Therefore, from expression (1.111),

-26.5 mm>s =
-2μ mgωn

πk
=

-2μg

π
 
ωn

ωn
2

=
-2μ g

πωn

Solving for μ yields

μ =
π (25.13 rad>s) (-26.5 mm>s)

(-2) (9.81 * 103 mm>s2)
= 0.107

This small value for μ indicates that the surface is probably very smooth or lubricated.
n
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Figure 1.45  A plot of the free response, x(t), of a spring–mass system with 
Coulomb friction.
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The response of the system of equation (1.100) can also be obtained by the 
numerical integration techniques of the previous section, which is substantially 
easier than the preceding construction of the solution. For example, VTB1_5 uses 
a fixed-step Runge–Kutta method to integrate equation (1.100). The second-order 
equation of motion can be reformulated into two first-order equations somewhat 
like equation (1.96) and integrated by the Euler method of equation (1.97), or stan-
dard Runge–Kutta methods may be employed. Figure 1.46 illustrates the response 
of a system subject to Coulomb friction for two different initial conditions using 
Mathcad’s fixed-time-step Runge–Kutta routine. Note in particular that the system 
comes to rest at a different value of xf depending on the initial conditions. Such 
a system has the same frequency, yet could come to rest anywhere in the region 
bounded by the two vertical lines (x = {μmg>k). The response will come to rest 
at the first time the velocity is zero and the displacement is within this region.

Comparing the response of a linear spring–mass system with viscous damping 
(say the underdamped response of Figure 1.10) to the response of a spring–mass 
system with Coulomb damping given previously, an obvious and significant differ-
ence is the rest position. These multiple rest positions constitute a major feature of 
nonlinear systems: the existence of more than one equilibrium position.
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Figure 1.46  A plot of the free response (displacement versus time) of a system 
subject to Coulomb friction with two different initial positions (the solid line is 
x0 = 5 mm and the dashed line is x0 = 4.5 mm, both with v0 = 0) for the same 
physical parameters (m = 1000 kg, μ = 0.3 and k = 5000 N>m).
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The equilibrium point of a system, or of a set of governing equations, may 
be defined best by first placing the equation of motion in state space, as was done 
in the previous section for the purpose of numerical integration. A general single-
degree-of-freedom system may be written as

 x
$
(t) + f (x(t), x

#
(t)) = 0 (1.112)

where the function f can take on any form, linear or nonlinear. For example, for 
a linear spring–mass system the function f is just f (x, x

#
) = cx

#
 (t) + kx (t), which 

is a linear function of the state variables of position and velocity. On the other 
hand, in a nonlinear system f will be some nonlinear function of the state variables. 
For instance, the pendulum equation derived and discussed in Example 1.1.1, 
θ
$

+ (g>l) sin θ = 0, can be written in the form of equation (1.112) by defining f to 
be f (θ, θ

$
) = (g>l) sin (θ), where θ is the displacement variable.

Using the approach following equations (1.94) and (1.95). the general state-
space model of equation (1.112) is written by defining the two state variables x1 = x(t) 
and x2 = x

#
(t). Then equation (1.112) can be written as the first-order pair

  x
#
1(t) = x2(t)  

  x
#
2(t) = -f(x1, x2) (1.113)

This state-space form of the equation is used both for numerical integration (as 
before for the Coulomb friction problem) as well as for formally defining an equilib-
rium position by defining the state vector, x, used in equation (1.96) and a nonlinear 
vector function, F, as

 F = J x2(t)

-f(x1, x2)
R  (1.114)

Equations (1.113) may now be written in the simple form

 x
#

= F(x) (1.115)

An equilibrium point of this system, denoted by xe, is defined to be any value of x 
for which F(x) is identically zero (called zero phase velocity). Thus the equilibrium 
point is any vector of constants that satisfies the relations

 F(xe) = 0 (1.116)

A mechanical system is in equilibrium if its state does not change with time (i.e., 
x
#
 and x

$
 are both zero).

For Coulomb friction, the equilibrium position cannot be directly determined 
by using the signum function (see below equation 1.100) because of the discontinuity 
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at zero velocity. To compute the equilibrium position, consider equation (1.116) for 
the system of Figure 1.44. This yieldsC x2

fc

m
-

k

m
 x1

S = J0

0
R

Solving yields the two conditions:

x2 = 0

and

fc - kx1 = 0

Realize that this last expression is static, so that the expression is satisfied as long as

-
μsmg

k
6 x1 6

μsmg

k

As discussed earlier, the friction force is static, or in equilibrium, until the spring 
force kx1 is large enough to overcome the friction force as expressed by this 
inequality.

This describes the condition that the velocity (x2) is zero and the position lies 
within the region defined by the force of friction. Depending on the initial conditions, 
the response will end up at a value of xe somewhere in this region. Usually, the equi-
librium values are a discrete set of numbers, as the following example illustrates.

Example 1.10.2

Calculate the equilibrium position for the nonlinear system defined by x
$

+ x - β2x3
= 0, 

or in state equation form, letting x1 = x as before,

x
#
1 = x2

x
#
2 = x1(β2x 1

2
- 1)

Solution  These equations represent the vibration of a “soft spring” and correspond to 
an approximation of the pendulum problem of Example 1.4.2, where sin x ≈ x - x3>6. 
The equations for the equilibrium position are

 x2 = 0

 x1 (β2x 1
2

- 1) = 0

There are three solutions to this set of algebraic equations corresponding to the three 
equilibrium positions of the soft spring. They are

xe = J0

0
R , J 1

β

0
R , J -

1
β

0
R

n
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The next example considers the full nonlinear pendulum equation illustrated 
in Figures 1.1 and 1.47. Physically the pendulum may swing all the way around its 
pivot point and has equilibrium positions in both the straight-up and straight-down 
positions, as illustrated in Figure 1.47(b) and 1.47(c).

�

(a)

x1 � �

(b) (c)

x1 � 0, 2�, 4�, ...
x2 � 0

x1 � �, 3�, 5�, ...
x2 � 0

Stable
equilibrium

Unstable
equilibrium

g
��     sin � � 0
..

x2 � �
.

g
l

Figure 1.47  (a) A pendulum consisting of a massless rod of length l and a tip mass m. 
(b) The  straight-down equilibrium position. (c) The straight-up equilibrium position.

Example 1.10.3

Calculate the equilibrium positions of the pendulum of Figure 1.47 with the equation 
of motion given in Example 1.1.1.

Solution  The pendulum equation in state-space form is given by

 x
#
1 = x2

 x
#
2 = -

g

l
 sin (x1)

so that the vector equation F(x) = 0 yields the following equilibrium solutions:

x2 = 0 and x1 = 0, π, 2π, 3π, 4π, 5π p

since sin(x1) is zero for any multiple of π. Note that there are an infinite number of 
equilibrium positions, or vectors xe. These are all either the up position corresponding 
to the odd values of π [Figure 1.47(c)], or the down position corresponding to even 
multiples of π [Figure 1.47(b)]. These positions form two distinct types of behavior. 
The response for initial conditions near the even values of π is a stable oscillation 
around the down position, just as in the linearized case, while the response to initial 
conditions near odd values of π moves away from the equilibrium position (called un-
stable) and the value of the response increases without bound.

n

The stability of equilibrium of a nonlinear vibration problem is very important 
and is based on the definitions given in Section 1.8. However, in the linear case, 
there is only one equilibrium value and every solution is either stable or unstable. 
In this case, the stability condition is said to be a global condition. In the nonlinear 
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case, there is more than one equilibrium point, and the concept of stability is tied to 
each particular equilibrium point and is therefore referred to as local stability. As 
in the example of the nonlinear pendulum equation, some equilibrium points are 
stable and some are not. Furthermore, the stability of the response of a nonlinear 
system depends on the initial conditions. In the linear case, the initial conditions 
have no  influence on the stability, and the system parameters and form of the equa-
tion of motion completely determine the stability of the response. To see this, look 
again at the pendulum of Figure 1.47. If the initial position and velocity are near the 
origin, the system response will be stable and oscillate around the equilibrium point 
at zero. On the other hand, if the same pendulum (i.e., same l) is given initial condi-
tions near the equilibrium point at θ = π rad, the response will grow without bound. 
Hence, θ = π rad is an unstable equilibrium.

Even though nonlinear systems have multiple equilibria and more exotic be-
havior, their response may still be simulated using the numerical-integration methods 
of the previous section. This is illustrated for the pendulum in the following example, 
which compares the response to various initial conditions of both the nonlinear pendu-
lum equation and its corresponding linearization treated in Examples 1.1.1 and 1.4.2.

Example 1.10.4

Compare the responses of the nonlinear and linear pendulum equations using numeri-
cal integration and the value (g>/) = (0.1)2, for (a) the initial conditions x0 = 0.1 rad 
and v0 = 0.1 rad>s, and (b) the initial conditions x0 = 1 rad and v0 = 1 rad>s, by plot-
ting the responses. Here x and v are used to denote θ and its derivative, respectively, in 
order to accommodate notation available in computer codes.

Solution  Depending on which program is used to integrate the solution numerically, 
the equations must first be put into first-order form, and then either Euler integration 
or Runge–Kutta routine may be implemented and the solutions plotted. Integrations 
in MATLAB, Mathematica, and Mathcad are presented. More details can be found in 
Appendix F. Note that the response to the linear system is fairly close to that of the full 
nonlinear system in case (a) with slightly different frequency, while case (b) with larger 
initial conditions is drastically different. The Mathcad solution follows.

First, enter the initial conditions for each response:

v0 := 1 x0 := 1 v10 := 0.1 x10 := 0.1

Next, define the frequency and the number of and size of the 
time steps:

ω := 0.1 N := 2000 i := 0..N Δ := 
6 #  π
ω #  N

The nonlinear Euler integration isJxi+1

vi+1
R  := J vi # Δ + xi

-ω2 # sin(xi) # Δ + vi
R
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The linear Euler integration isJx1i+1

v1i+1
R := J v1i # Δ + x1i

-ω2 # (Δ) # xi1 + v1i
R

The plot of these two solutions yields

2

500 100 150 200

1

�1

�2

xi

x1i

Here the dashed line is the linear solution. Next, compute these solutions again using 
initial conditions close to unstable equilibrium values:

x0 := π  v0 := 0.1  x10 := π  v10 := 0.1Jxi+1

vi+1
R := J vi # Δ + xi

-ω2 # sin(xi) # Δ + vi
R Jx1i+1

v1i+1
R := J v1i # Δ + x1i

-ω2 # (Δ) # xi1 + v1i
R

40

500 100 150 200

20

�20

xi

x1i

The MATLAB code for running the solutions (using Runge–Kutta this time) and 
plotting is obtained by first creating the appropriate M-files (named lin_pend_dot.m 
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and NL_pend_dot.m, defining the linear and nonlinear pendulum equations, 
respectively).

function xdot = lin_pend_dot(t,x)

omega = 0.1;  % define the natural frequency

xdot(1,1) = x(2);

xdot(2,1) = -omega^2*x(1);

function xdot = NL_pend_dot(t,x)

omega = 0.1;  % define the natural frequency

xdot(1,1) = x(2);

xdot(2,1) = -omega^2*sin(x(1));

In the command mode type the following:

% Overplot linear & nonlinear simulations of the free

% response of a pendulum.

x0 = 0.1; v0 = 0.1;

ti = 0; tf = 200;

% linear

[time_lin,sol_lin]=ode45('lin_pend_dot',[ti tf],[x0 v0]);

% nonlinear

[time_NL,sol_NL]=ode45('NL_pend_dot',[ti tf],[x0 v0]);

% overplot displacements

figure

plot(time_lin,sol_lin(:,1),'-')

hold

plot(time_NL,sol_NL(:,1),'—')

xlabel('time (s)')

ylabel('theta')

title(['Linear vs. nonlinear pendulum with x0 = ' ...

num2str(x0) ' and v0 = ' num2str(v0)])

legend('linear','nonlinear')

Here the plots have been suppressed as they are similar to those from the Mathcad 
solution. Next, consider the Mathematica code to solve the same problem.

First, we load the add-on package that will enable us to add a legend to our plot.

In[1]:= <<PlotLegends'
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Define the natural circular frequency, ω

In[2]:= �=0.1;

The following cell solves the linear differential equation, then the nonlinear dif-
ferential equation, and then produces a plot containing both responses.

In[3] := xlin=NDSolve[{xl''[t]+�2*xl[t]==0, xl[0]==.1, xl'[0]==.1},

xl[t],{t,0,200}]

xnonlin=NDSolve[{xnl''[t]+�2*Sin[xnl[t]]==0, xnl[0]==.1, xnl'[0]==.1},

xnl[t], {t,0,200}]

Plot[{Evaluate[xl[t]/.xlin], Evaluate[xnl[t]/.xnonlin]},{t,0,200},

 PlotStyle S {Dashing[{}], Dashing[{.01,.01}]}, PlotLabel S "Linear and

 Nonlinear Response, Stable Equilibrium",

 AxesLabel S {"time,s",""}, PlotLegend S {"Linear","Non-Linear"},

 LegendPosition S {1,0}, LegendSize S {.7, .3}]

Out[3]= {{xl[t] S InterpolatingFunction[{{0., 200.}},<>][t]}}

Out[4]= {{xnl[t] S InterpolatingFunction[{{0., 200.}},<>][t]}}

Out[5]=

20015010050
time, s

Linear and Nonlinear Response, Stable Equilibrium

1

0.5

�0.5

�1

Linear

Non-Linear

In[6]:= Clear[xlin, xnonlin, xl, xnl]

xlin=NDSolve[{xl''[t]+�2*xl[t] == 0, xl[0] ==�, xl'[0] ==.1}, xl[t],
{t, 0, 200}]

xnonlin=NDSolve[{xnl''[t]+�2*Sin[xnl[t]] ==0, xnl[0] ==�, xnl'[0] ==.1},
xnl[t], {t, 0, 200}]

Plot[{Evaluate[xl[t]/.xlin], Evaluate[xnl[t]/.xnonlin]}, {t, 0, 200},

PlotStyle S {Dashing[{}], Dashing[{.01,.01}]}, PlotRange S {-20, 40},

PlotLabel S "Linear and Nonlinear Response, Unstable Equilibrium",

AxesLabel S {"time,s", ""},

PlotLegend S {"Linear", "Nonlinear"}, LegendPosition S {1, 0},

LegendSize S {.7, .3}]

Out[7]= {{xl[t] S InterpolatingFunction[{{0., 200.}},<>][t]}}

Out[8]= {{xnl[t] S InterpolatingFunction[{{0., 200.}},<>][t]}}

Out[9]=
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Note from the plots in Example 1.10.4 that even in the case where the initial 
conditions are small, the linear response is not exactly the same as the full nonlinear 
system response. However, if the initial velocity is changed to zero, the solutions 
are very similar. This is illustrated in Figure 1.48.

In summary, nonlinear systems have several interesting aspects that linear 
systems do not. In particular, nonlinear systems have multiple equilibrium posi-
tions rather than just one, as in the linear case. Some of these extra equilibrium 
points may be unstable and some may be stable. The stability of a response de-
pends on the initial conditions, which can send the solution to different equilib-
rium positions and hence different types of response. Thus the behavior of the 
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Figure 1.48  Plots of the response of both the linear (dashed line) and nonlinear 
(solid line) systems of Example 1.10.4 with the initial velocity set to zero in 
each case.
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response depends on the initial conditions, not just the parameters and form of the 
equation, as is the case for the linear system. This is illustrated in Example 1.10.4.

Even though the response of a nonlinear system is much more complicated 
and closed-form analytical solutions are not always available, the response can 
be simulated using numerical integration. In modeling real systems, some degree 
of nonlinearity is always present. Whether or not it is important to include the 
nonlinear part of the model in computing, the response depends on the initial 
conditions. If the initial conditions are such that the system’s nonlinearity comes 
into play, then these terms should be included. Otherwise a linear response is 
perfectly acceptable. The same can be said for whether or not to include damp-
ing in a system model. Which effects to include and which not to include when 
modeling and analyzing a vibrating system form one of the important aspects of 
engineering practice.

This section has introduced a little bit about the vibrations of systems with non-
linearities. The important points are that nonlinear systems potentially have multiple 
equilibrium positions, each with potentially different stability behavior. Nonlinear 
systems typically do not have closed-form solutions so that the time history is often 
computed by numerical integration. Not addressed here, but nontheless very impor-
tant, is that the principle of superposition, used extensively in Chapters 3 and 4, does 
not apply to nonlinear systems. The majority of this text focuses on linear vibration 
problems. With this brief introduction to nonlinear systems, it is important to empha-
size that when solving linear problems, initial conditions must be limited such that 
only the linear range is excited. Students are encouraged to take a course in nonlinear 
systems and/or nonlinear vibrations to learn more about the analysis and behavior of 
nonlinear vibrations.

PROBLEMS

Those problems marked with an asterisk are intended to be solved using computational 
software.

Section 1.1 (Problems 1.1 through 1.26)

 1.1. Consider a simple pendulum (see Example 1.1.1) and compute the magnitude of the 
restoring force if the mass of the pendulum is 2 kg and the length of the pendulum is 
0.5 m. Assume the pendulum is at the surface of the earth at sea level.

 1.2. Compute the period of oscillation of a pendulum of length 1 m at the North Pole where 
the acceleration due to gravity is measured to be 9.832 m>s2.
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 1.3. The spring of Figure 1.2, repeated here as Figure P1.3, is loaded with mass of 15 kg and 
the corresponding (static) displacement is 0.01 m. Calculate the spring’s stiffness.

g k

m

x(t)

Figure P1.3

 1.4. The spring of Figure P1.3 is successively loaded with mass and the corresponding 
(static) displacement is recorded below. Plot the data and calculate the spring’s 
stiffness. Note that the data contain some errors. Also calculate the standard 
deviation.

m(kg) 10 11 12 13 14 15 16

x(m) 1.14 1.25 1.37 1.48 1.59 1.71 1.82

 1.5. Consider the pendulum of Example 1.1.1 reproduced in Figure P1.5 and compute the 
amplitude of the restoring force if the mass of the pendulum is 2 kg and the length of 
the pendulum is 0.5 m if the pendulum is at the surface of the moon.

m

l

O

g

mg

l

O

Fy

Fx

m

�

(b)(a)

Figure P1.5  (a) The pendulum 
of Example 1.1.1 and (b) its  free-
body diagram.

 1.6. Consider the pendulum of Example 1.1.1 and compute the angular natural frequency 
(radians per second) of vibration for the linearized system if the mass of the pendulum 
is 2 kg and the length of the pendulum is 0.5 m if the pendulum is at the surface of the 
earth. What is the period of oscillation in seconds?

 1.7. Derive the solution of mx
$

+ kx = 0 and plot the result for at least two periods for the 
case with ωn = 2 rad>s, x0 = 1 mm, and v0 = 15 mm>s.
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 1.8. Solve mx
$

+ kx = 0 for k = 4 N>m, m = 1 kg, x0 = 1 mm, and v0 = 0. Plot the solution.

 1.9. The amplitude of vibration of an undamped system is measured to be 1 mm. The phase 
shift from t = 0 is measured to be 2 rad and the frequency is found to be 5 rad>s. 
Calculate the initial conditions that caused this vibration to occur. Assume the response 
is of the form x(t) = A sin (ωnt + ϕ).

 1.10. Determine the stiffness of a single-degree-of-freedom spring–mass system with a mass 
of 100 kg such that the natural frequency is 10 Hz.

 1.11. Find the equation of motion for the system of Figure P1.11, and find the natural fre-
quency. In particular, using static equilibrium along with Newton’s law, determine 
what effect gravity has on the equation of motion and the system’s natural frequency. 
Assume the block slides without friction.

g

k

x(t)

Frictionless
surface

�

m

Figure P1.11  

 1.12. An undamped system vibrates with a frequency of 10 Hz and amplitude 1 mm. 
Calculate the maximum amplitude of the system’s velocity and acceleration.

 1.13. Show by calculation that A sin(ωnt + ϕ) can be represented as A1 sin ωnt + A2 cos ωnt 
and calculate A1 and A2 in terms of A and ϕ.

 1.14. Using the solution of equation (1.2) in the form x(t) = A1 sin ωnt + A2 cos ωnt, calcu-
late the values of A1 and A2 in terms of the initial conditions x0 and v0.

 1.15. Using the drawing in Figure 1.7, verify that equation (1.10) satisfies the initial velocity 
condition.

 1.16. A 0.5 kg mass is attached to a linear spring of stiffness 0.1 N>m. (a) Determine the natu-
ral frequency of the system in hertz. (b) Repeat this calculation for a mass of 50 kg and a 
stiffness of 10 N>m. Compare your result to that of part (a).

 1.17. Derive the solution of the single-degree-of-freedom system of Figure 1.4 by writing 
Newton’s law, ma = -kx, in differential form using a dx =  dv and integrating twice.

 1.18. Determine the natural frequency of the two systems illustrated in Figure P1.18.

m

k1 k2

m

k1

k2

k3

(a) (b)

Figure P1.18  
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 *1.19. Plot the solution given by equation (1.10) for the case k = 1000 N>m and m = 10 kg 
for two complete periods for each of the following sets of initial conditions: a) x0 = 0 m, 
v0 = 1 m>s, b) x0 = 0.01 m, v0 = 0 m>s, and c) x0 = 0.01 m, v0 = 1 m>s.

 *1.20. Make a three dimensional surface plot of the amplitude A of an undamped oscilla-
tor given by equation (1.9) versus x0 and v0 for the range of initial conditions given 
by –0.1 … x0 … 0.1 m and –1 … v0 … 1 m>s for a system with natural frequency of 
10 rad>s.

 1.21. A machine part is modeled as a pendulum connected to a spring as illustrated in 
Figure P1.21. Ignore the mass of the pendulum’s rod and derive the equation of mo-
tion. Then following the procedure used in Example 1.1.1, linearize the equation of 
motion and compute the formula for the natural frequency. Assume that the rotation 
is small enough so that the spring only deflects horizontally.

O

�

m
k

g

Figure P1.21  

 1.22. A pendulum has length of 250 mm. What is the system’s natural frequency in hertz?

 1.23. The pendulum in Example 1.1.1 (see Figure P1.5) is required to oscillate once every 
second. What length should it be?

 1.24. The approximation of sin θ = θ, is reasonable for θ less than 10°. If a pendulum of 
length 0.5 m, has an initial position of θ(0) = 0, what is the maximum value of the 
initial angular velocity that can be given to the pendulum without violating this small-
angle approximation? (Be sure to work in radians.)

 1.25. A machine, modeled as a simple spring–mass system, oscillates in simple harmonic 
motion. Its acceleration is measured to have an amplitude of 10,000 mm>s2 with a fre-
quency of 8 Hz. Compute the maximum displacement the machine undergoes during this 
oscillation.

 1.26. Derive the relationships given in Window 1.4 for the constants a1 and a2, used in the 
exponential form of the solution, in terms of the constants A1 and A2, used in sum of 
sine and cosine form of the solution. Use the Euler relationships for sine and cosine in 
terms of exponentials as given following equation (1.18).
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 1.28. A vibrating spring–mass system has a measured acceleration amplitude of 8 mm>s2 and 
measured displacement amplitude of 2 mm. Calculate the system’s natural frequency.

 1.29. A spring–mass system has a measured period of 5 s and a known mass of 20 kg. Calculate 
the spring stiffness.

 *1.30. Plot the solution of a linear spring–mass system with frequency ωn = 2 rad>s, x0 = 1 mm, 
and v0 = 2.34 mm>s for at least two periods.

 *1.31. Compute the natural frequency and plot the solution of a spring–mass system with 
mass of 1 kg, stiffness of 4 N>m, and initial conditions of x0 = 1 mm and v0 = 0 mm>s 
for at least two periods.

 1.32. When designing a linear spring–mass system it is often a matter of choosing a spring 
constant such that the resulting natural frequency has a specified value. Suppose that 
the mass of a system is 4 kg and the stiffness is 100 N>m. How much must the spring 
stiffness be changed in order to increase the natural frequency by 10%?

 1.33. The pendulum in the Chicago Museum of Science and Industry has a length of 20 m, 
and the acceleration due to gravity at that location is known to be 9.803 m>s2. Calculate 
the period of this pendulum.

Section 1.2 (Problems 1.27 through 1.40)

 1.27. The acceleration of a machine part modeled as a spring–mass system is measured and 
recorded in Figure P1.27. Compute the amplitude of the displacement of the mass.

1.2

Acceleration in m/s2

Time, s
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�0.4

�0.8

0.4 0.8 1.2 1.6 2.4 2.8 3.2 3.6 4.4 4.842

�1.2

0

0

0

Figure P1.27  
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 1.34. Calculate the RMS values of displacement, velocity, and acceleration for the un-
damped single-degree-of-freedom system of equation (1.19) with zero phase.

 1.35. A foot pedal mechanism for a machine is crudely modeled as a pendulum connected 
to a spring as illustrated in Figure P1.35. The purpose of the spring is provide a return 
force for the pedal action. Compute the spring stiffness needed to keep the pendulum at 
1° from the horizontal and then compute the corresponding natural frequency. Assume 
that the angular deflections are small, such that the spring deflection can be approxi-
mated by the arc length; that the pedal may be treated as a point mass; and that pendu-
lum rod has negligible mass. The pedal is horizontal when the spring is at its free length. 
The values in the figure are m = 0.5 kg, g = 9.8 m>s2, l1 = 0.2 m, and l2 = 0.3 m.
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Figure P1.35  

 1.36. An automobile is modeled as a 1000-kg mass supported by a spring of stiffness k =

400,000 N>m. When it oscillates it does so with a maximum deflection of 10 cm. When 
loaded with passengers, the mass increases to as much as 1300 kg. Calculate the change 
in frequency, velocity amplitude, and acceleration amplitude if the maximum deflection 
remains 10 cm.

 1.37. The front suspension of some cars contains a torsion rod as illustrated in Figure P1.37 to 
improve the car’s handling. (a) Compute the frequency of vibration of the wheel assembly 

l

Wheel

Frame

x

�

g

Figure P1.37  
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given that the torsional stiffness is 2000 N m>rad and the wheel assembly has a mass of 
38 kg. Take the distance x = 0.26 m. (b) Sometimes owners put different wheels and tires 
on a car to enhance the appearance or performance. Suppose a thinner tire is put on with 
a larger wheel raising the mass to 45 kg. What effect does this have on the frequency?

 1.38. A machine oscillates in simple harmonic motion and appears to be well modeled by 
an undamped single-degree-of-freedom oscillation. Its acceleration is measured 
to have an amplitude of 10,000 mm>s2 at 8 Hz. What is the machine’s maximum 
displacement?

 1.39. A simple undamped spring–mass system is set into motion from rest by giving it an 
initial velocity of 100 mm>s. It oscillates with a maximum amplitude of 10 mm. What is 
its natural frequency?

 1.40. An automobile exhibits a vertical oscillating displacement of maximum amplitude 5 cm 
and a measured maximum acceleration of 2000 cm>s2. Assuming that the automobile 
can be modeled as a single-degree-of-freedom system in the vertical direction, calculate 
the natural frequency of the automobile.

Section 1.3 (Problems 1.41 through 1.64)

 1.41. Consider a spring–mass–damper system, like the one in Figure 1.9, with the following 
values: m = 10 kg, c = 3 N>s, and k = 1000 N>m. (a) Is the system overdamped, un-
derdamped, or critically damped? (b) Compute the solution if the system is given initial 
conditions x0 = 0.01 m and 0 = 0.

 1.42. Consider a spring–mass–damper system with equation of motion given by 
x
$

+ 2x + 2x
#

= 0. Compute the damping ratio and determine if the system is over-
damped, underdamped, or critically damped.

 1.43. Consider the system x
$

+ 4x
#

+ x = 0 for x0 = 1 mm, v0 = 0 mm>s. Is this system 
overdamped, underdamped, or critically damped? Compute the solution and de-
termine which root dominates as time goes on (that is, one root will die out quickly 
and the other will persist).

 1.44. Compute the solution to x
$

+ 2x
#

+ 2x = 0 for x0 = 0 mm, v0 = 1 mm>s and write 
down the closed-form expression for the response.

 1.45. Derive the form of λ1 and λ2 given by equation (1.31) from equation (1.28) and the 
definition of the damping ratio.

 1.46. Use the Euler formulas to derive equation (1.36) from equation (1.35) and to deter-
mine the relationships listed in Window 1.4.

 1.47. Using equation (1.35) as the form of the solution of the underdamped system, calculate 
the values for the constants a1 and a2 in terms of the initial conditions x0 and v0.

 1.48. Calculate the constants A and ϕ in terms of the initial conditions and thus verify equa-
tion (1.38) for the underdamped case.

 1.49. Calculate the constants a1 and a2 in terms of the initial conditions and thus verify
equations (1.42) and (1.43) for the overdamped case.

 1.50. Calculate the constants a1 and a2 in terms of the initial conditions and thus verify
equation (1.46) for the critically damped case.

 1.51. Using the definition of the damping ratio and the undamped natural frequency, derive 
equation (1.48) from (1.47).
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 1.52. For a damped system, m, c, and k are known to be m = 1 kg, c = 2 kg>s, k = 10 N>m. 
Calculate the value of ζ and ωn. Is the system overdamped, underdamped, or critically 
damped?

 1.53. Plot x(t) for a damped system of natural frequency ωn = 2 rad>s and initial conditions 
x0 = 1 mm, v0 = 1 mm, for the following values of the damping ratio:

ζ = 0.01, ζ = 0.2, ζ = 0.1, ζ = 0.4, and ζ = 0.8.

 1.54. Plot the response x(t) of an underdamped system with ωn = 2 rad>s, ζ = 0.1, and
v0 = 0 for the following initial displacements: x0 = 10 mm and x0 = 100 mm.

 1.55. Calculate the solution to x
$

+ x
#

+ x = 0 with x0 = 1 and v0 = 0 for x(t) and sketch 
the response.

 1.56. A spring–mass–damper system has mass of 100 kg, stiffness of 3000 N>m, and damping 
coefficient of 300 kg>s. Calculate the undamped natural frequency, the damping ratio, 
and the damped natural frequency. Does the solution oscillate?

 1.57. A rough sketch of a valve-and-rocker-arm system for an internal combustion engine is 
give in Figure P1.57. Model the system as a pendulum attached to a spring and a mass and 
assume the oil provides viscous damping in the range of ζ = 0.01. Determine the equa-
tions of motion and calculate an expression for the natural frequency and the damped 
natural frequency. Here J is the rotational inertia of the rocker arm about its pivot point, 
k is the stiffness of the valve spring, and m is the mass of the valve and stem. Ignore the 
mass of the spring.
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Figure P1.57  

 1.58. A spring–mass–damper system has mass of 150 kg, stiffness of 1500 N>m, and damping 
coefficient of 200 kg>s. Calculate the undamped natural frequency, the damping ratio, 
and the damped natural frequency. Is the system overdamped, underdamped, or criti-
cally damped? Does the solution oscillate?

 *1.59. The spring–mass system of 100 kg mass, stiffness of 3000 N>m, and damping coeffi-
cient of 300 Ns>m is given a zero initial velocity and an initial displacement of 0.1 m. 
Calculate the form of the response and plot it for as long as it takes to die out.
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 *1.60. The spring–mass system of 150 kg mass, stiffness of 1500 N>m, and damping coefficient 
of 200 Ns>m is given an initial velocity of 10 mm>s and an initial displacement of –5 mm. 
Calculate the form of the response and plot it for as long as it takes to die out. How long 
does it take to die out?

 *1.61. Choose the damping coefficient of a spring–mass–damper system with mass of 150 kg 
and stiffness of 2000 N>m such that its response will die out after about 2 s, given a 
zero initial position and an initial velocity of 10 mm>s.

 1.62. Derive the equation of motion of the system in Figure P1.62 and discuss the effect of 
gravity on the natural frequency and the damping ratio.

m

c gk

Figure P1.62  

 1.63. Derive the equation of motion of the system in Figure P1.63 and discuss the effect 
of gravity on the natural frequency and the damping ratio. You may have to make 
some approximations of the cosine. Assume the bearings provide a viscous-damping 
force only in the vertical direction. (From A. Diaz-Jimenez, South African Mechanical 

Engineer, Vol. 26, pp. 65–69, 1976) (1976)
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Figure P1.63  

 1.64. Consider the response of an underdamped system given by

x(t) = e-ζωntA sin (ωdt + ϕ)

where A and ϕ are given in terms of the initial conditions x0 = 0, and v0 ≠ 0. 
Determine the maximum value that the acceleration will experience in terms of v0.
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Section 1.4 (Problems 1.65 through 1.81)

 1.65. Calculate the frequency of the compound pendulum of Figure P1.65 if a mass mT is 
added to the tip, by using the energy method. Assume the mass of the pendulum is evenly 
distributed so that its center of gravity is in the middle of the pendulum of length l.

g l

mT

�

Figure P1.65  A compound 
pendulum with a tip mass.

 1.66. Calculate the total energy in a damped system with frequency 2 rad>s and damping  ratio 
ζ = 0.01 with mass 10 kg for the case x0 = 0.1 m and v0 = 0. Plot the total energy ver-
sus time.

 1.67. Use the energy method to calculate the equation of motion and natural frequency of 
an airplane’s steering mechanism for the nose wheel of its landing gear. The mecha-
nism is modeled as the single-degree-of-freedom system illustrated in Figure P1.67.

mx

�

r

J
k1

k2

(Steering wheel)

(Tire–wheel
assembly)

Figure P1.67  

The steering wheel and tire assembly are modeled as being fixed at ground for this 
calculation. The steering rod gear system is modeled as a linear spring–mass system (m, 

k2) oscillating in the x direction. The shaft-gear mechanism is modeled as the disk of 
inertia J and torsional stiffness k2. The gear J turns through the angle θ such that the 
disk does not slip on the mass. Obtain an equation in the linear motion x.

 1.68. Consider the pendulum-and-spring system of Figure P1.68. Here the mass of the pen-
dulum rod is negligible. Derive the equation of motion using the energy method. Then 
linearize the system for small angles and determine the natural frequency. The length 
of the pendulum is l, the tip mass is m, and the spring stiffness is k.

m

� lg

k

Figure P1.68  A simple pendulum 
connected to a spring.
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 1.69. A control pedal of an aircraft can be modeled as the single-degree-of-freedom system 
of Figure P1.69. Consider the lever as a massless shaft and the pedal as a lumped mass 
at the end of the shaft. Use the energy method to determine the equation of motion 
in θ and calculate the natural frequency of the system. Assume the spring to be un-
stretched at θ = 0 and gravity points down.

m

l2

l1

k

�

Figure P1.69  

 1.70. To save space, two large pipes are shipped, one stacked inside the other, as indicated in 
Figure P1.70. Calculate the natural frequency of vibration of the smaller pipe (of radius 
R1) rolling back and forth inside the larger pipe (of radius R). Use the energy method 
and assume that the inside pipe rolls without slipping and has a mass of m.

TRUCKER

Truck bed

Small pipe

Large pipe

(a)

R1

R
O
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a'

b

�

mg

(b)

Figure P1.70  (a) Pipes stacked in a truck bed. (b) Vibration model of the inside pipe.

 1.71. Consider the example of a simple pendulum given in Example 1.4.2. The pendulum 
motion is observed to decay with a damping ratio of ζ = 0.001. Determine a damping 
coefficient and add a viscous-damping term to the pendulum equation.
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 1.72. Determine a damping coefficient for the disk-rod system of Example 1.4.3. Assuming 
that the damping is due to the material properties of the rod, determine c for the rod if 
it is observed to have a damping ratio of ζ = 0.01.

 1.73. The rod and disk of Window 1.1 are in torsional vibration. Calculate the damped natu-
ral frequency if J = 1000 m2 # kg, c = 20 N # m # s>rad, and k = 400 N # m>rad.

 1.74. Consider the system of Figure P1.74, which represents a simple model of an aircraft 
landing system. Assume, x = rθ. What is the damped natural frequency?

x(t)

�(t)
r

m, J

ck

Figure P1.74  

 1.75. Consider Problem 1.74 with k = 400,000 N>m, m = 1500 kg, J = 100 m2 # kg>rad, r =

25 cm, and c = 8000 kg>s. Calculate the damping ratio and the damped natural frequency. 
How much effect does the rotational inertia have on the undamped natural frequency?

 1.76. Use Lagrange’s formulation to calculate the equation of motion and the natural fre-
quency of the system of Figure P1.76. Model each of the brackets as a spring of stiffness 
k, and assume the inertia of the pulleys is negligible.

m

g

k
k

Figure P1.76  

 1.77. Use Lagrange’s formulation to calculate the equation of motion and the natural fre-
quency of the system of Figure P1.77. This figure represents a simplified model of a 
jet engine mounted to a wing through a mechanism which acts as a spring of stiffness 
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k and mass ms. Assume the engine has inertia J and mass m and that the rotation of 
the engine is related to the vertical displacement of the engine, x(t) by the “radius” r0 
(i.e., x = r0θ).

l

Wing, ground

Engine, J, m

Mount, k, ms

�

x(t)

Figure P1.77  

 1.78. Consider the inverted simple pendulum connected to a spring of Figure P1.68. Use 
Lagrange’s formulation to derive the equation of motion.

 1.79. Lagrange’s formulation can also be used for non-conservative systems by adding the 
applied non-conservative term to the right side of equation (1.63) to get

d

dt
 a 0T

0q
#
i

b -
0T

0qi

+
0U

0qi

+
0Ri

0q
#
i

= 0

Here Ri is the Rayleigh dissipation function defined in the case of a viscous damper 
attached to ground by

Ri =
1

2
 cq

#
i
2

Use this extended Lagrange formulation to derive the equation of motion of the 
damped automobile suspension driven by a dynamometer illustrated in Figure P1.79. 
Assume here that the dynamometer drives the system such that x = rθ.
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Figure P1.79  
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 1.80. Consider the disk of Figure P1.80 connected to two springs. Use the energy method to 
calculate the system’s natural frequency of oscillation for small angles θ(t).

m � mass

x(t)

�(t)

kk s

a

r

Figure P1.80  

 1.81. A pendulum of negligible mass is connected to a spring of stiffness k at halfway along its 
length, l, as illustrated in Figure P1.81. The pendulum has two masses fixed to it: one at 
the connection point with the spring and one at the top. Derive the equation of motion 
using the Lagrange formulation, linearize the equation, and compute the system’s natural 
frequency. Assume that the angle remains small enough so that the spring only stretches 
significantly in the horizontal direction.

�

m1

m2

kg

Figure P1.81  

Section 1.5 (Problems 1.82 through 1.93)

 1.82. A bar of negligible mass fixed with a tip mass forms part of a machine used to punch 
holes in a sheet of metal as it passes the fixture as illustrated in Figure P1.82. The im-
pact to the mass and bar fixture causes the bar to vibrate and the speed of the process 
demands that frequency of vibration not interfere with the process. The static design 
yields a mass of 50 kg and that the bar be made of steel of length 0.25 m with a cross 
sectional area of 0.01 m2. Compute the system’s natural frequency.

EA

l

m

v0

Figure P1.82  A bar model of a punch fixture.
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 1.83. Consider the punch fixture of Figure P1.82. If the system is giving an initial velocity 
of 10 m/s, what is the maximum displacement of the mass at the tip if the mass is 
1000 kg and the bar is made of steel of length 0.25 m with a cross sectional area of 
0.01 m2?

 1.84. Consider the punch fixture of Figure P1.82. If the punch strikes the mass off center, it 
is possible that the steel bar may vibrate in torsion. The mass is 1000 kg and the bar  
0.25-m long, with a square cross section of 0.1 m on a side. The mass polar moment of 
inertia of the tip mass is 10 kg>m2. The polar moment of inertia for a square bar is b4>6, 
where b is the length of the side of the square. Compute both the torsion and longitudi-
nal frequencies. Which is larger?

 1.85. A helicopter landing gear consists of a metal framework rather than the coil spring based 
suspension system used in a fixed-wing aircraft. The vibration of the frame in the vertical 
direction can be modeled by a spring made of a slender bar as illustrated in Figure 1.23 
where the helicopter is modeled as ground. Here l = 0.4 m, E = 20 * 1010 N>m2, and 
m = 100 kg. Calculate the cross-sectional area that should be used if the natural fre-
quency is to be fn = 500 Hz.

 1.86. The frequency of oscillation of a person on a diving board can be modeled as the trans-
verse vibration of a beam as indicated in Figure 1.26. Let m be the mass of the diver 
(m = 100 kg) and l = 1.5 m. If the diver wishes to oscillate at 3 Hz, what value of EI 
should the diving board material have?

 1.87. Consider the spring system of Figure 1.32. Let k1 = k5 = k2 = 100 N>m, k3 = 50 N>m, 
and k4 = 1 N>m. What is the equivalent stiffness?

 1.88. Springs are available in stiffness values of 10, 100, and 1000 N>m. Design a spring 
system using these values only, so that a 100-kg mass is connected to ground with fre-
quency of about 1.5 rad>s.

 1.89. Calculate the natural frequency of the system in Figure 1.32(a) if k1 = k2 = 0. Choose 
m and nonzero values of k3, k4, and k5 so that the natural frequency is 100 Hz.

 *1.90. Example 1.4.4 examines the effect of the mass of a spring on the natural frequency of 
a simple spring–mass system. Use the relationship derived there and plot the natural 
frequency (normalized by the natural frequency, ωn, for a massless spring) versus the 
percent that the spring mass is of the oscillating mass. Determine from the plot (or by 
algebra) the percentage where the natural frequency changes by 1% and therefore the 
spring’s mass should not be neglected.

 1.91. Calculate the natural frequency and damping ratio for the system in Figure P1.91 given the 
values m = 10 kg, c = 100 kg>s, k1 = 4000 N>m, k2 = 200 N>m, and k3 = 1000 N>m. 
Assume that no friction acts on the rollers. Is the system overdamped, critically damped, or 
underdamped?

m

k2 k3

k1

c

Figure P1.91  
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 1.92. Calculate the natural frequency and damping ratio for the system in Figure P1.92. 
Assume that no friction acts on the rollers. Is the system overdamped, critically damped, 
or underdamped?

10 kg

2 kN/m

4 kN/m

1 kg/s

3 kN/m 10 kN/m

1 kN/m

Figure P1.92  

 1.93. A manufacturer makes a cantilevered leaf spring from steel (E = 2 * 1011 N>m2) and 
sizes the spring so that the device has a specific frequency. Later, to save weight, the 
spring is made of aluminum (E = 7.1 * 1010 N>m2). Assuming that the mass of the 
spring is much smaller than that of the device the spring is attached to, determine if the 
frequency increases or decreases and by how much.

Section 1.6 (Problems 1.94 through 1.101)

 1.94. The displacement of a vibrating spring–mass–damper system is recorded on an x - y 
plotter and reproduced in Figure P1.94. The y coordinate is the displacement in cm and 
the x coordinate is time in seconds. From the plot determine the natural frequency, the 
damping ratio, and the damped natural frequency.
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Figure P1.94  A plot of displacement versus time for a vibrating system.



Chap. 1    Problems 111

 1.95. Show that the logarithmic decrement is equal to

δ =
1

n
 ln 

x0

xn

where xn is the amplitude of vibration after n cycles have elapsed.

 1.96. Derive the equation (1.78) for the trifalar suspension system.

 1.97. A prototype composite material is formed and hence has an unknown modulus. An 
experiment is performed consisting of forming it into a cantilevered beam of length 1 m 
and I = 10-9 m4 with a 6-kg mass attached at its end. The system is given an initial dis-
placement and found to oscillate with a period of 0.5 s. Calculate the modulus E.

 1.98. The free response of a 1000-kg car with stiffness of k = 400,000 N>m is observed to 
be of the form given in Figure 1.35. Modeling the car as a single-degree-of-freedom 
oscillation in the vertical direction, determine the damping coefficient if the displace-
ment at t1 is measured to be 2 cm and 0.22 cm at t2.

 1.99. A pendulum decays from 10 cm to 1 cm over one period. Determine its damping ratio.

 1.100. The relationship between the log decrement δ and the damping ratio ζ is often approx-
imated as δ = 2πζ. For what values of ζ would you consider this a good approximation 
to equation (1.82)?

 1.101. A damped system is modeled as illustrated in Figure 1.9. The mass of the system is 
measured to be 5 kg and its spring constant is measured to be 5000 N>m. It is observed 
that during free vibration the amplitude decays to 0.25 of its initial value after five 
cycles. Calculate the viscous-damping coefficient, c.

Section 1.7 (Problems 1.102 through 1.110, also see Problem Section 1.5)

 1.102. Consider the system of Example 1.7.2 consisting of a helical spring of stiffness 103 N>m 
attached to a 10-kg mass. Place a dashpot parallel to the spring and choose its viscous-
damping value so that the resulting damped natural frequency is reduced to 9 rad>s.

 1.103. For an underdamped system, x0 = 0 mm and v0 = 10 mm>s. Determine m, c, and k 
such that the amplitude is less than 1 mm.

 1.104. Repeat Problem 1.103 if the mass is restricted to be between 10 kg 6 m 6 15 kg.

 1.105. Use the formula for the torsional stiffness of a shaft from Table 1.1 to design a 1-m shaft 
with torsional stiffness of 105 N # m>rad.

 1.106. Consider designing a helical spring made of aluminum, such that when it is attached to 
a 10-kg mass the resulting spring–mass system has a natural frequency of 10 rad/s. Thus 
repeat Example 1.7.2 which uses steel for the spring and note any difference.

 1.107. Try to design a bar that has the same stiffness as the helical spring of Example 1.7.2 (i.e., 
k = 103 N>m). This amounts to computing the length of the bar with its cross sectional 
area taking up about the same space at the helical spring (R = 10 cm). Note that the 
bar must remain at least 10 times as long as it is wide in order to be modeled by the 
stiffness formula given for the bar in Figure 1.23.

 1.108. Repeat Problem 1.107 using plastic (E = 1.40 * 109 N>m2) and rubber (E = 7 *   
106 N>m2). Are any of these feasible?
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 1.109. Consider the diving board of Figure P1.109. For divers, a certain level of static deflec-
tion is desirable, denoted by Δ. Compute a design formula for the dimensions of the 
board (b, h, and l) in terms of the static deflection, the average diver’s mass, m, and the 
modulus of the board.
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Figure P1.109  

 1.110. In designing a vehicle suspension system using a “quarter car model” consisting of a 
spring, mass, and damper system, studies show the desirable damping ratio is ζ = 0.25. 
If the model has a mass of 750 kg and a frequency of 15 Hz, what should the damping 
coefficient be?

Section 1.8 (Problems 1.111 through 1.115)

 1.111. Consider the system of Figure P1.111. (a) Write the equations of motion in terms of the 
angle, w, the bar makes with the vertical. Assume linear deflections of the springs and 
linearize the equations of motion. (b) Discuss the stability of the linear system’s solu-
tions in terms of the physical constants, m, k, and l. Assume the mass of the rod acts at 
the center as indicated in the figure.
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Figure P1.111  

 1.112. Consider the inverted pendulum of Figure 1.40 as discussed in Example 1.8.1 and 
repeated in Figure P1.112. Assume that a dashpot (of damping rate c) also acts on the 
pendulum parallel to the two springs. How does this affect the stability properties of 
the pendulum?
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Figure P1.112  The inverted pendulum of Example 1.8.1.

 1.113. Replace the massless rod of the inverted pendulum of Figure P1.112 with a solid object 
compound pendulum of Figure 1.20(b). Calculate the equations of vibration and dis-
cuss values of the parameter relations for which the system is stable.

 1.114. A simple model of a control tab for an airplane is sketched in Figure P1.114. The equa-
tion of motion for the tab about the hinge point is written in terms of the angle θ from 
the centerline to be

Jθ
$

+ (c - fd)θ
#

+ kθ = 0

Here J is the moment of inertia of the tab, k is the rotational stiffness of the hinge, c is 
the rotational damping in the hinge, and fdθ

#
 is the negative damping provided by the 

aerodynamic forces (indicated by arrows in the figure). Discuss the stability of the solu-
tion in terms of the parameters c and fd.

Figure P1.114  A simple model of an airplane control tab.

 *1.115. In order to understand the effect of damping in design, develop some sense of how the 
response changes with the damping ratio by plotting the response of a single-degree-
of-freedom system for a fixed amplitude, frequency, and phase as ζ changes through 
the following set of values ζ = 0.01, 0.05, 0.1, 0.2, 0.3, and 0.4. That is, plot the response 

x(t) = e-10ζt sin (1021 - ζ2t) for each value of ζ.
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Section 1.9 (Problems 1.116 through 1.123)

 *1.116. Compute and plot the response to x
#

= -3x, x(0) = 1 using Euler’s method for time 
steps of 0.1 and 0.5. Also plot the exact solution and hence reproduce Figure 1.41.

 *1.117. Use numerical integration to solve the system of Example 1.7.3 with m = 1361 kg, k =

2.688 * 105 N>m, c = 3.81 * 103 kg>s subject to the initial conditions x(0) = 0 and 
v(0) = 0.01 mm>s. Compare your result using numerical integration to just plotting the 
analytical solution (using the appropriate formula from Section 1.3) by plotting both on 
the same graph.

 *1.118. Consider again the damped system of Problem 1.117 and design a damper such that 
the oscillation dies out after 2 seconds. There are at least two ways to do this. Here it is 
intended to solve for the response numerically, following Examples 1.9.2, 1.9.3, or 1.9.4, 
using different values of the damping parameter c until the desired response is achieved.

 *1.119. Consider again the damped system of Example 1.9.2 and design a damper such that 
the oscillation dies out after 25 seconds. There are at least two ways to do this. Here 
it is intended to solve for the response numerically, following Examples 1.9.2, 1.9.3, or 
1.9.4, using different values of the damping parameter c until the desired response is 
achieved. Is your result overdamped, underdamped, or critically damped?

 *1.120. Repeat Problem 1.119 for the initial conditions x(0) = 0.1 m and v(0) = 0.01 mm>s.
 *1.121. A spring and damper are attached to a mass of 100 kg in the arrangement given in 

Figure 1.8. The system is given the initial conditions x(0) = 0.1 m and v(0) = 1 mm>s. 
Design the spring and damper (i.e., choose k and c) such that the system will come to rest 
in 2 s and not oscillate more than two complete cycles. Try to keep c as small as possible. 
Also compute ζ.

 *1.122. Repeat Example 1.7.1 by using the numerical approach of the previous 5 problems.

 *1.123. Repeat Example 1.7.1 for the initial conditions x(0) = 0.01 m and v(0) = 1 mm>s.
Section 1.10 (Problems 1.124 through 1.136)

 1.124. A 2-kg mass connected to a spring of stiffness 103 N>m has a dry sliding friction force (Fc) 
of 3 N. As the mass oscillates, its amplitude decreases 20 cm. How long does this take?

 1.125. Consider the system of Figure 1.44 with m = 5 kg and k = 9 * 103 N>m with a friction 
force of magnitude 6 N. If the initial amplitude is 4 cm, determine the amplitude one 
cycle later as well as the damped frequency.

 *1.126. Compute and plot the response of the system of Figure P1.126 for the case where x0 =

0.1 m, v0 = 0.1 m>s, μ = 0.05, m = 250 kg, θ = 20°, and k = 3000 N>m. How long 
does it take for the vibration to die out?
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Figure P1.126  
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 *1.127. Compute and plot the response of a system with Coulomb damping of equation (1.100) 
for the case where x0 = 0.5 m, v0 = 0, μ = 0.1, m = 100 kg, and k = 1500 N>m. How 
long does it take for the vibration to die out?

 *1.128. A mass moves in a fluid against sliding friction as illustrated in Figure P1.128. Model the 
damping force as a slow fluid (i.e., linear-viscous damping) plus Coulomb friction because 
of the sliding, with the following parameters: m = 250 kg, μ = 0.01, c = 25 kg>s, and 
k = 3000 N>m. (a) Compute and plot the response to the initial conditions: x0 = 0.1 m, 
v0 = 0.1 m>s. (b) Compute and plot the response to the initial conditions: x0 = 0.1 m, 
v0 = 1 m>s. How long does it take for the vibration to die out in each case?

m

k/2

Fluid

k/2

Figure P1.128  

 *1.129. Consider the system of Problem 1.128 part (a), and compute a new damping coeffi-
cient, c, that will cause the vibration to die out after one oscillation.

 1.130. Compute the equilibrium positions of x
$

+ ωn
2x + βx2

= 0. How many are there?

 1.131. Compute the equilibrium positions of x
$

+ ωn
2x - β2x3

+ γx5
= 0. How many are there?

 *1.132. Consider the pendulum of Example 1.10.3 with length of 1 m and initial conditions 
of θ0 = π>10 rad and θ

#

0 = 0. Compare the difference between the response of the 
linear version of the pendulum equation (i.e., with sin(θ) = θ) and the response of the 
nonlinear version of the pendulum equation by plotting the response of both for four 
periods.

 *1.133. Repeat Problem 1.132 if the initial displacement is θ0 = π>2 rad.

 1.134. If the pendulum of Example 1.10.3 is given an initial condition near the equilibrium 
position of θ0 = π rad and θ

#

0 = 0, does it oscillate around this equilibrium?

 *1.135. Calculate the response of the system of Problem 1.121 for the initial conditions of 
x0 = 0.01 m, v0 = 0, and a natural frequency of 3 rad>s and for β = 100, γ = 0.

 *1.136. Repeat Problem 1.135 and plot the response of the linear version of the system (β = 0) 
on the same plot to compare the difference between the linear and nonlinear versions of 
this equation of motion.

MATLAB ®  ENGINEERING VIBRATION TOOLBOX

Dr. Joseph C. Slater of Wright State University has authored a MATLAB Toolbox 
keyed to this text. The Engineering Vibration Toolbox (EVT) is organized by chapter 
and may be used to solve the Toolbox problems found at the end of each chapter. 
In addition, the EVT may be used to solve those homework problems suggested 
for computer usage in Sections 1.9 and 1.10, rather than using MATLAB directly. 
MATLAB and the EVT are interactive and are intended to assist in analysis, para-
metric studies, and design, as well as in solving homework problems. The Engineering 
Vibration Toolbox is licensed free of charge for educational use. For professional use, 
users should contact the Engineering Vibration Toolbox author directly.
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The EVT is updated and improved regularly and can be downloaded for free. 
To download, update, or obtain information on usage or current revision, go to the 
Engineering Vibration Toolbox home page at 

http://www.cs.wright.edu/~vtoolbox

This site includes links to editions that run on earlier versions of MATLAB, 
as well as the most recent version. An email list of instructors who use the EVT is 
maintained so users can receive email notification of the latest updates. The EVT is 
designed to run on any platform supported by MATLAB (including Macintosh and 
VMS) and is regularly updated to maintain compatibility with the current version of 
MATLAB. A brief introduction to MATLAB and UNIX is available on the home 
page as well. Please read the file Readme.txt to get started and type help vtoolbox 
after installation to obtain an overview. Once it is installed, typing vtbud will display 
the current revision status of your installation and attempt to download the current 
revision status from the anonymous FTP site. Updates can then be downloaded in-
crementally as desired. Please see Appendix G for further information. 

TOOLBOX PROBLEMS

 TB1.1. Fix [your choice or use the values from Example 1.3.1 with x(0) = 1 mm] the values of 
m, c, k, and x(0) and plot the responses x(t) for a range of values of the initial velocity 
x
#
(0) to see how the response depends on the initial velocity. Remember to use num-

bers with consistent units.

 TB1.2. Using the values from Problem TB1.1 and x
#
(0) = 0, plot the response x(t) for a 

range of values of x(0) to see how the response depends on the initial displacement.

 TB1.3. Reproduce Figures 1.10, 1.11, and 1.12.

 TB1.4. Consider solving Problem 1.53 and compare the time for each response to reach and 
stay below 0.01 mm.

 TB1.5. Solve Problems 1.121, 1.122, and 1.123 using the Engineering Vibration Toolbox.

 TB1.6. Solve Problems 1.126, 1.127, and 1.128 using the Engineering Vibration Toolbox.

http://www.cs.wright.edu/~vtoolbox
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This chapter focuses on the most 

fundamental concept in vibration 

analysis: the concept of resonance. 

Resonance occurs when a periodic 

external force is applied to a system 

having a natural frequency equal 

to the driving frequency. This often 

happens when the excitation force 

is derived from some rotating part, 

such as the helicopter shown in the 

top left. The rotating blade causes 

a harmonic force to be applied to 

the body of the helicopter. if the 

frequency of the blade rotation 

corresponds to the natural frequency 

of the body, resonance will occur as 

described in Section 2.1. Resonance 

causes large deflections, which may 

exceed the elastic limits and cause 

the structure to fail. an example 

familiar to most is the resonance 

caused by an out-of-balance tire 

on a car (bottom photo). The 

speed of tire rotation corresponds 

to the driving frequency. at a 

certain speed, the out-of-balance 

tire causes resonance, which is felt 

as shaking of the steering-wheel 

column. if the car is driven slower, 

or faster, the frequency moves away 

from the resonance condition and 

the shaking stops.

Response to Harmonic 
Excitation2
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This chapter considers the response to harmonic excitation of the single-degree-
of-freedom spring–mass–damper system presented in Chapter 1. Harmonic 
excitation refers to a sinusoidal external force of a single frequency applied to 
the system. Recall from introductory physics that resonance is the tendency of a 
system to absorb more energy when the driving frequency matches the system’s 
natural frequency of vibration. This phenomenon commonly occurs in mechani-
cal, acoustic, biological, and electrical systems. Examples include acoustic reso-
nance in musical instruments, the tidal resonance in bays, basilar membranes in 
biological transduction of auditory input, and shaking of the front suspension 
of a car caused by an out-of-balance wheel. As a child, one discovers resonance 
when learning to swing on a playground swing (modeled as the pendulum consid-
ered in Chapter 1).

Harmonic excitations are a common source of external force applied to ma-
chines and structures. Rotating machines such as fans, electric motors, and reciprocat-
ing engines transmit a sinusoidally varying force to adjacent components. In addition, 
the Fourier theorem indicates that many other forcing functions can be expressed as 
an infinite series of harmonic terms. Since the equations of motion considered here 
are linear, knowing the response to individual terms in the series allows the total re-
sponse to be represented as the sum of the response to the individual terms. This is 
the principle of superposition. In this way, knowing the response to a single harmonic 
input allows the calculation of the response to a variety of other input disturbances of 
periodic nature. General periodic disturbances are discussed in Chapter 3. 

A harmonic input is also chosen for study because it can be solved math-
ematically with straightforward techniques. In addition, the response of a single-
degree-of-freedom system to a harmonic input forms the foundation of vibration 
measurement, the design of devices intended to protect machines from unwanted 
oscillation, and the design of transducers used in measuring vibration. Harmonic 
excitations are simple to produce in laboratories, hence they are very useful in 
studying damping and stiffness properties.

2.1 HARMONIC EXCITATION OF UNDAMPED SYSTEMS

Consider the system of Figure 2.1 for the case of negligible damping (c = 0). There 
are several ways to model the harmonic nature of the applied force, F(t). A har-
monic function can be represented as a sine, a cosine, or a complex exponential. In 
the following, the driving force F(t) is chosen to be of the form

 F(t) = F0 cos ωt (2.1)

where F0 represents the magnitude, or maximum amplitude, of the applied force 
and ω denotes the frequency of the applied force. The frequency ω is also called the 
input frequency, or driving frequency, or forcing frequency and has units of rad>s. 
Note that some texts use Ω rather than ω to denote the driving frequency.
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Alternately, the harmonic forcing function can be represented as the sinusoid

F(t) = F0 sin ωt

or as the complex exponential

F(t) = F0 ejω t

where j is the imaginary unit. Each of these three forms of F(t) yields the same 
phenomenon, but in some cases one form may be easier to manipulate than others. 
Each is used in the following.

From the right side of Figure 2.1, the sum of the forces in the y direction yields 
N = mg, with the result of no motion in that direction. Summing forces on the mass 
of Figure 2.1 in the x direction for the undamped case yields the result that the dis-
placement x(t) must satisfy

 mx
$
(t) + kx(t) = F0 cos ωt (2.2)

where the harmonic driving force is represented by the cosine function. Note that this 
expression is a linear equation in the variable x(t). As in the homogeneous (unforced) 
case of Chapter 1, it is convenient to divide this expression by the mass, m, to yield

 x
$
(t) + ωn

2 x(t) = f0 cos ωt (2.3)

where f0 = F0>m. The magnitude f0 is called the mass-normalized force with units 
N>kg. A variety of techniques can be used to solve this equation, which are com-
monly studied in a first course in differential equations.

First, recall from the study of differential equations that equation (2.3) is a 
linear nonhomogeneous equation and that its solution is therefore the sum of the 
homogeneous solution (i.e., the solution for the case f0 = 0) and a particular solu-
tion. The particular solution can often be found by assuming that it has the same 
form as the forcing function. This is also consistent with observation. That is, the 

x

k

c
cx

kx

y

x(t)

F(t)m
N

F

mg

.

Figure 2.1  A schematic of a single-degree-of-freedom system acted on by an 
external force, F(t), and sliding on a friction-free surface. The figure on the right is a 
free-body diagram of the friction-free spring–mass–damper system.



120 Response to Harmonic Excitation    Chap. 2

oscillation of a single-degree-of-freedom system excited by f0 cos ωt is observed to 
be of the form

 xp(t) = X  cos ωt (2.4)

where xp denotes the particular solution and X is the amplitude of the forced re-
sponse. Substitution of the assumed form of the solution (2.4) into the equation of 
motion (2.3) yields (note x

$
p = -ω2 X cos ωt)

 -ω2X cos ωt + ωn
2X cos ωt = f0 cos ωt (2.5)

Factoring out cos ωt yields

(-ω2X + ωn
2X - f0) cos ωt = 0

Since cos ωt cannot be zero for all t 7 0, the coefficient of cos ωt must vanish. 
Setting the coefficient to zero and solving for X yields

 X =
f0

ωn
2

- ω2
 (2.6)

provided that ωn ∙ ω. Thus, as long as the driving frequency and natural frequency 
are different (i.e., as long as ωn ∙ ω), the particular solution will be of the form

 xp(t) =
f0

ωn
2

- ω2
 cos ωt (2.7)

This approach, of assuming that xp = X cos ωt, to determine the particular solution 
is called the method of undetermined coefficients in differential equations courses.

Since the system is linear, the total solution x(t) is the sum of the particular solu-
tion of equation (2.7) plus the homogeneous solution given by equation (1.19). Recalling 
that A sin(ωnt + ϕ) can be represented as A1 sin ωnt + A2 cos ωnt (see Window 2.1), the 
total solution can be expressed in the form

 x(t) = A1 sin ωnt + A2 cos ωnt +
f0

ωn
2

- ω2
 cos ωt (2.8)

where it remains to determine the values of the coefficients A1 and A2. These are 
determined by enforcing the initial conditions. Let the initial position and velocity 
be given by the constants x0 and 0 as before. Then equation (2.8) yields

 x(0) = A2 +
f0

ωn
2

- ω2
= x0 (2.9)

and

 x
#
(0) = ωnA1 = v0 (2.10)
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Solving equations (2.9) and (2.10) for A1 and A2 and substituting these values into 
equation (2.8) yields the total response

 x(t) =
v0

ωn

 sin ωnt + ax0 -  
f0

ωn
2

- ω2
b  cos ωnt +

f0

ωn
2

- ω2
 cos ωt (2.11)

Note that the coefficients A1 and A2 for the total response given in equation (2.11) 
are different than those given for the free response as reviewed in Window 2.1. Also 
note that if the driving force is zero, f0 = 0 in equation (2.11), then A1 and A2 for 
the total response reduce to the values for the free response. Figure 2.2 illustrates 
a plot of the total response of an undamped system to a harmonic excitation and 
specified initial conditions.

Note that both the second and third terms in equation (2.11) are not valid if the 
driving frequency happens to be equal to the natural frequency (i.e., if ω = ωn). Also 
note that as the driving frequency gets close to the natural frequency the amplitude 
of the resulting vibration gets very large. This large increase in amplitude defines 
the phenomenon of resonance, perhaps the most important concept in vibration 
analysis. Resonance is defined and discussed in detail in the paragraphs following 
the examples.

mx
$

+ kx = 0 subject to x(0) = x0, x
#
(0) = v0

has solution x(t) = A sin(ωnt + ϕ), which becomes, after evaluating the con-
stants A and ϕ in terms of the initial conditions,

x(t) =
2x0

2ωn
2

+ v0
2

ωn

 sin aωnt + tan-1 
x0ωn

v0
b

where ωn = 1k>m is the natural frequency. Via some simple trigonometry, 
this solution can also be written as

x(t) = A1 sin ωnt + A2 cos ωnt =
0

ωn

 sin ωnt + x0 cos ωnt

where the constants A1, A2, A, and ϕ are related by

A = 2A1
2

+ A2
2,  tan ϕ =

A2

A1

Window 2.1
Review of the Solution of the an Undamped Homogeneous  

Vibration Problem from Chapter 1
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Example 2.1.1

Compute and plot the response of a spring–mass system modeled by equation (2.2) to 
a force of magnitude 23 N, driving frequency of twice the natural frequency, and initial 
conditions given by x0 = 0 m and v0 = 0.2 m>s. The mass of the system is 10 kg and 
the spring stiffness is 1000 N>m.

Solution  First, compute the various coefficients for the response as given in equa-
tion (2.11). The natural frequency, driving frequency, and mass-normalized force 
magnitude are

ωn = B 1000 N>m
10 kg

= 10 rad>s, ω = 2ωn = 20 rad>s, f0 =
23 N

10 kg
= 2.3 N>kg

The coefficients of the three terms in the response (note x0 = 0) become

v0

ωn

=
0.2 m>s
10 rad>s = 0.02 m, 

f0

ωn
2

- ω2
=

2.3 N>kg

(102
- 202) rad2>s2

= -7.6667 * 10-3 m

With these values, equation (2.11) becomes

x(t) = 0.02 sin 10t + 7.667 * 10-3 (cos 10t - cos 20t) m

The plot of the time response is given in Figure 2.3. Any of the software packages de-
scribed in Section 1.9 or Appendix G can be used to generate this time history. 

0.1

0.05

0

�0.05

�0.1

0 20 40 60 80
�0.15

Time (s)

D
is

p
la

ce
m

e
n

t 
(m

)

Figure 2.2  The response of an undamped system with ωn = 1 rad>s to harmonic 
excitation at ω = 2 rad>s and nonzero initial conditions of x0 = 0.01 m and  

0 = 0.01 m>s and magnitude f0 = 0.1 N>kg. The motion is the sum of two sine 
curves of different frequencies.
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Figure 2.3  The time response of the undamped system of Example 2.1.1 illustrating 
the effect of both initial conditions and the forcing function on the response.

n

Example 2.1.2

Consider the forced vibration of a mass m connected to a spring of stiffness 2000 N>m 
being driven by a 20-N harmonic force at 10 Hz (20π rad>s). The maximum amplitude 
of vibration is measured to be 0.1 m and the motion is assumed to have started from 
rest (x0 = 0 = 0). Calculate the mass of the system.

Solution  From equation (2.11) the response with x0 = 0 = 0 becomes

 x(t) =
f0

ωn
2

- ω2
 (cos ωt - cos ωnt) (2.12)

Using the trigonometric identity

 cos u - cos v = 2 sin av - u

2
b  sin av + u

2
b

equation (2.12) becomes

 x(t) =
2f0

ωn
2

- ω2
 sin aωn - ω

2
 tb  sin aωn + ω

2
 tb  (2.13)

The maximum value of the total response is evident from (2.13) so that

2f0

ωn
2

- ω2
= 0.1 m
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Solving this for m from ωn
2

= k>m and f0 = F0>m yields

m =
(0.1 m) (2000 N>m) - 2(20 N)

(0.1 m) (10 * 2π rad>s)2
=

4

π2
= 0.405 kg

n

Two very important phenomena occur when the driving frequency becomes 
close to the system’s natural frequency. First, consider the case where (ωn - ω) 
becomes very small. For zero initial conditions, the response is given by equation 
(2.13), which is plotted in Figure 2.4. Since (ωn - ω) is small, (ωn + ω) is large by 
comparison and the term sin[(ωn - ω)>2]t oscillates with a much longer period than 
does sin[(ωn + ω)>2]t. Recall that the period of oscillation, T, is defined as 2π>ω, or 
in this case 2π>(ωn + ω)>2 = 4π>(ωn + ω). The resulting motion is a rapid oscilla-
tion with slowly varying amplitude that is called a beat.

The beat frequency is based on the period of oscillation of the solid line in 
Figure 2.4. This is based on the time between two successive maximums, which is 
half the time for one complete oscillation of the dashed line in Figure 2.4, or

ωbeat = |ωn - ω|

To see this more clearly, note that the mathematical definition of a period, T, is 
the smallest time such that f(t + T) = f(t). From the solid line in Figure 2.4, this 
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Figure 2.4  The response of an undamped system of equation (2.13) for small 

ωn - ω illustrating the phenomenon of beats. Here f0 = 10 N, ωn = 10 rad>s, 

and ω = 1.1 ωn rad>s. The dashed line is a plot of 
2f0

ωn
2

- ω2
  sin aωn - ω

2
 tb .
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occurs at half the period of the dashed line. This period corresponds to a frequency 
of |ωn - ω|.

As ω becomes exactly equal to the system’s natural frequency, the solution 
given in equation (2.11) is no longer valid. In this case, the choice of the function X 
cos ωt for a particular solution fails because it is also a solution of the homogeneous 
equation. Therefore, the particular solution is of the form

 xp(t) = tX sin ωt (2.14)

as explained in Boyce and DiPrima (2009). Substitution of (2.14) into equation (2.3) 
and solving for X yields

 xp(t) =
f0

2ω
 t  sin ωt (2.15)

Thus the total solution is now of the form (ω = ωn)

 x(t) = A1 sin ωt + A2 cos ωt +
f0

2ω
 t sin ωt (2.16)

Evaluating the initial displacement x0 and velocity 0 as before yields

 x(t) =
v0

ω
 sin ωt + x0 cos ωt +

f0

2ω
 t sin ωt (2.17)

A plot of x(t) is given in Figure 2.5, where it can be seen that x(t) grows without 
bound. This defines the phenomenon of resonance (i.e., that the amplitude of vi-
bration becomes unbounded at ω = ωn = 1k>m). This would cause the spring to 
break and fail.
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Figure 2.5  The forced response of a spring–mass system driven harmonically at its 
natural frequency (ω = ωn), called resonance.
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Example 2.1.3

A security camera is to be mounted on a building in an alley and will be subject to wind 
loads producing an applied force of F0 cos ωt, where the largest value of F0 is measured 
to be 15 N. This is illustrated on the left side of Figure 2.6. It is desired to design a mount 
such that the camera will experience a maximum deflection of 0.01 m when it vibrates un-
der this load. The wind frequency is known to be 10 Hz and the camera mass is 3 kg. The 
mounting bracket is made of a solid piece of aluminum, 0.02 * 0.02 m in cross section. 
Compute the length of the mounting bracket that will keep the vibration amplitude less 
than the desired 0.01 m (ignore torsional vibration and assume the initial conditions are 
both zero). Note that the length must be at least 0.2 m in order to have a clear view.

m F0 cos �t

Wind

Camera

Mounting
bracket

l

k � ⇒ ⇒ 
3EI

l3

k � 
3EI

l3

mx(t) � kx(t) � F0 cos �t
..

F0 cos �t

x(t)

x(t)

Figure 2.6  Simple models of a camera and mounting bracket subject to a harmonic 
wind load. The sketch is on the left, the strength-of-materials model is in the middle, 
and the spring–mass model is on the right.

Solution  The sketch on the left in Figure 2.6 suggests the beam–mass, transverse-
vibration model of Figure 1.26, repeated in the middle of Figure 2.6, for modeling this 
system. The beam–mass model, in turn, suggests the spring–mass system on the right in 
Figure 2.6. The equation of motion is then given by equation (2.2) with the beam stiff-
ness suggested in the figure or

mx
$
(t) +

3EI

l3
 x(t) = F0 cos ωt

From strength of materials, the value of I for a rectangular beam is

I =
bh3

12

Thus the natural frequency of the system is given by

ωn
2

=
3Ebh3

12ml3
=

Ebh3

4ml3
 arad2

s2
b

Note that the length l is the quantity we need to solve for in the design.
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Next, consider the expression for the maximum deflection of the response com-
puted in Example 2.1.2. Requiring this amplitude to be less than 0.01 m yields the fol-
lowing two cases:

`  2f0

ωn
2

- ω2
` 6 0.01 1 (a) -0.01 6

2f0

ωn
2

- ω2
 and (b)  

2f0

ωn
2

- ω2
6 0.01

First, consider case (a), which holds for ωn
2

- ω2
6 0:

 -0.01 6
2f0

ωn
2

- ω2
 1 2f0 6 0.01ω2

- 0.01ωn
2 

1 0.01ω2
- 2f0 7 0.01 

Ebh3

4ml3

 1 l3
7 0.01 

Ebh3

4m(0.01ω2
- 2f0)

= 0.02 1 l 7 0.272 m

Next, consider case (b), which holds for ωn
2

- ω2
7 0:

 
2f0

ωn
2

- ω2
6 0.01 1 2f0 6 0.01ωn

2
- 0.01ω2 

1 2f0 + 0.01ω2
6 0.01 

Ebh3

4ml3

 1 l3
6 0.01 

Ebh3

4m(2f0 + 0.01ω2)
= 0.012 1 l 6 0.229 m

Here the value of E for aluminum is taken from Table 1.2 (7.1 * 1010 N>m2) and ω 
is changed to rad>s. To conserve material, case (b) is chosen. Given the constraint 
that the length of the bracket must be at least 0.2 m, 0.2 6 l 6 0.229 so the value of 
l = 0.22 is chosen for the solution.

Next, a couple of simple checks are performed to make sure the assumptions 
made in solving the problem are reasonable. First, compute the value of ωn for this 
value of l to see that the solution is consistent with the inequality:

ωn
2

- ω2
=

3Ebh3

12ml3
- (20π)2

= (74.543)2
- (20π)2

= 1609 7 0

Thus case (b) is satisfied.
Note that the mass of the mounting bracket was neglected. It is always impor-

tant to check assumptions. Using the density for aluminum given in Table 1.2, the mass 
of the bracket is

m = ρlbh = (2.7 * 103)  (0.22) (0.01) (0.01) = 0.149 kg

This is less than the mass of the camera (about 5%), so according to Example 1.4.4 it is 
reasonable to ignore the spring’s mass in these calculations.

n
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Example 2.1.4

In solving the security camera design problem of Example 2.1.3, torsional vibration, 
 illustrated in Figure 2.7, was not considered. The purpose of this example is to examine if 
the assumption of ignoring torsion is correct or not. To decide this, determine if a wind 
load of 15 N vibrating at 10 Hz causes the end to move more than 0.01 m.

Wind

Camera

Mounting
bracket

M cos �t

2r

L

+ +

r1k � 

⇒ ⇒

GJp

l

l

l

GJp

F0 cos �t

�(t)

�(t)

J

Figure 2.7  A torsional model of a camera and mounting bracket subject to a harmonic 
wind load. The sketch on the left is the system of Figure 2.6 showing blowing across 
the side of the camera causing an applied moment resulting in torsional motion. The 
schematic is shown in the middle and the free-body diagram is on the right.

Solution  Here we model the wind load as acting at a point on the tip of the camera, a dis-
tance r1 = 0.09 m from its center, creating an applied moment of M(t) = r1F0  cos 20πt 
Nm. Summing the moments diagram of in Figure 2.6, the equation of motion is

Jθ
$
(t) + kθ(t) = r1F0  cos (20πt)

Here θ is the rotational displacement of the camera about the center where the bracket 
connects to the camera. Modeling the camera as a solid cylinder, the mass moment of 
inertia is (see a dynamics text or perform a Google search)

J =
m

12
 (3r 2

+ L2)

where m is the mass, r = 0.05 m is the radius, and L = 2r1 = 0.18 m is the length of 
the cylinder. From Figure 1.24, the torsional stiffness of the mounting bracket is

k =

GJp

l

Here G is the shear modulus of aluminum (G = 2.67 * 1010 N>m2, from Table 1.2) and 
the polar moment of inertia of a square “rod” is Jp = 0.1406 a4, where a = 0.01 m is the 
length of the side of the square bracket (from Table 1.3). The value of l is taken from the 
solution of Example 2.1.3 to be l = 0.22 m. Substitution of the appropriate values yields

 k =

GJp

l
=

(2.67 * 1010)  a N

m2
b  ((0.1406) (0.014) )  (m4)

0.22 # m
= 2.73 * 103 Nm

 ωn = Bk

J
= B 2.73 * 103 Nm

9.975 * 10-3 kg # m2
= 523.67 rad>s
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Following the expression for the maximum value of the response for zero initial condi-
tions given in Example 2.1.2 applied to the torsional vibration problem yields

θmax =
† 2 

r1F0

J

ωn
2

- ω2

†
=
† 2 

(0.09)(15)

9.975 * 10-3

(523.167)2
- (62.832)2

†
= 1.003 * 10-3 rad

The maximum linear displacement of the tip is then

Xmax = r1θmax = (0.09) (1.003 * 10-3) = 9.031 * 10-5 m

This is much less than the required 0.01 m so that the assumption of ignoring torsion 
was a reasonable one. This is largely because the torsional frequency (523 rad>s) is 
much higher then the bending frequency (75 rad>s), making the denominator in the 
maximum deflection calculation larger and hence the deflection smaller.

n

The previous development assumed that the harmonic forcing function was 
described by the cosine function. As pointed out earlier, the harmonic forcing func-
tion may also be represented in terms of the sine function. In this case, equation (2.2) 
becomes

 mx
$
(t) + kx(t) = F0 sin ωt or x

$
(t) + ω2

n x(t) = f0 sin ωt (2.18)

Proceeding as before, using the method of undetermined coefficients, the particular 
solution for the case of sinusoidal excitation becomes

 xp(t) = X sin ωt (2.19)

Substitution of this assumed solution form into equation (2.18) yields

 -ω2X sin ωt + ω2
n X sin ωt = f0 sin ωt (2.20)

Factoring out sin ωt (∙0) and solving for X yields

 X =
f0

ωn
2

- ω2
 (2.21)

so that the particular solution is

 xp(t) =
f0

ωn
2

- ω2
 sin ωt (2.22)

The total solution is the sum of the homogenous solution and the particular solution, or

 x(t) = A1 sin ωnt + A2 cos ωnt +
f0

ωn
2

- ω2
 sin ωt (2.23)
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It remains to evaluate the constants A1 and A2 in terms of the given initial 
conditions x0 and 0. To this end set t = 0 in equation (2.23) and its first deriva-
tive to get

  x(0) = x0 = A2 and x
#
(0) = ωnA1 +

ωf0

ωn
2

- ω2
= v0 (2.24)

  1 A1 =
v0

ωn

-
ω
ωn

 
f0

ωn
2

- ω2
  and A2 = x0 

The total solution for a sinusoidal harmonic input is thus

 x(t) = x0 cos ωnt + a v0

ωn

-
ω
ωn

 
f0

ωn
2

- ω2
b  sin ωnt +

f0

ωn
2

- ω2
 sin ωt (2.25)

It is important to note the differences between equations (2.11) and (2.25). Equation 
(2.11) is the response due to a cosine input, and equation (2.25) is the response due to 
a sine input. In particular, note that the input force term modifies the initial condition 
response differently in each case.

Note that equation (2.17) can also be obtained from equation (2.11) by taking 
the limit as ω S ωn using the limit theorems from calculus.

2.2 HARMONIC EXCITATION OF DAMPED SYSTEMS

As noted in Chapter 1, some sort of damping or energy dissipation is always present 
(see Window 2.2). In this section, the response of a viscously damped single-degree-
of-freedom system subjected to harmonic excitation is considered. Summing forces 
on the mass of Figure 2.1 in the x direction yields

 mx
$

+ cx
#

+ kx = F0 cos ωt (2.26)

Dividing by the mass m yields

 x
$

+ 2ζωnx
#

+ ωn
2x = f0 cos ωt (2.27)

where ωn = 1k>m, ζ = c>(2mωn), and f0 = F0>m. The calculation of the particu-
lar solution for the damped case is similar to that of the undamped case and follows 
the method of undetermined coefficients.

From differential equations it is known that the forced response of a damped 
system is of the form of a harmonic function of the same frequency as the driving 
force with a different amplitude and phase. The phase shift is expected because 
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of the effect of the damping force. Following the method of undetermined coeffi-
cients, the particular solution is assumed to be of the form

 xp(t) = X cos (ωt - θ) (2.28)

To make the computations easy to follow, this is written in the equivalent form

 xp(t) = As cos ωt + Bs sin ωt (2.29)

where the constants As = X cos θ and Bs = X sin θ satisfying

 X = 2As
2

+ Bs
2 and θ = tan-1 

Bs

As

 (2.30)

are the undetermined constant coefficients.

mx
$

+ cx
#

+ kx = 0 subject to x(0) = x0, x
#
(0) = v0 has the solution

x(t) = Ae-ζωnt sin (ωdt + ϕ)

where

 ωn = A k

m
 is the undamped natural frequency

 ζ =
2

2mωn

 is the damping ratio

 ωd = ωn21 - ζ2 is the damped natural frequency

and the constants A and ϕ are determined by the initial conditions to be

 A = Bx0
2

+ av0 + ζωnx0

ωd

b2

 ϕ = tan-1 
x0ωd

v0 + ζωnx0

Alternately, the solution can be written as

x(t) = e-ζωnt c v0 + ζωnx0

ωd

  sin ωdt + x0 cos ωdt d

Window 2.2
Review of the Solution of the Damped Homogeneous  

Vibration Problem (0 * � * 1) from Chapter 1



132 Response to Harmonic Excitation    Chap. 2

Taking derivatives of the assumed form of the solution given by (2.29) yields

 x
#
p(t) = -ωAs sin ωt + ωBs cos ωt (2.31)

and

 x
$

p(t) = -ω2(As cos ωt + Bs sin ωt) (2.32)

Substitution of xp, x
#
p, and x

$
p into the equation of motion given by equation (2.27) and 

grouping terms as coefficients of sin ωt and  cos ωt yields

 1-ω2 As + 2ζωnω Bs + ωn
2  As - f02  cos ωt + 1-ω2 Bs - 2ζωn ωAs + ωn

2  Bs2  sin ωt = 0
 (2.33)

This equation must hold for all time, in particular for t = π>2ω, so that the coeffi-
cient of sin ωt must vanish. Similarly, for t = 0 the coefficient of cos ωt must vanish. 
This yields the two equations

  1ωn
2

- ω22As + 12ζωnω2Bs = f0 (2.34)
  1-2ζωnω2As + 1ωn

2
- ω22Bs = 0  

in the two undetermined coefficients As and Bs. These two linear equations may be 
written as the single matrix equation

cω2
n - ω2 2ζωnω

-2ζωnω ω2
n - ω2 d  cAs

Bs

d = c f0

0
d

which has solution (compute the matrix inverse and multiply; see Appendix C)

  As =

1ωn
2

- ω22f01ωn
2

- ω222 + 12ζωnω22 

(2.35)

  Bs =
2ζωnωf01ωn

2
- ω222 + 12ζωnω22 

Substitution of these values into equations (2.30) and (2.28) yields that the particular 
solution is

 
  X

xp(t) =
f021ω2

n - ω222
+ 12ζωnω22

 cos

 
    θaωt - tan-1 

2ζωnω

ωn
2

- ω2
b  

(2.36)

4 4
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The total solution is again the sum of the particular solution and the homoge-
neous solution obtained in Section 1.3. For the underdamped case (0 6 ζ 6 1) 
this becomes

 x(t) = Ae-ζωnt sin1ωdt + ϕ2 + X cos1ωt - θ2  (2.37)

where X and θ are the coefficients of the particular solution as defined by equation 
(2.36), and A and ϕ (different from those of Window 2.2) are determined by the 
initial conditions. Note that for large values of t, the first term, or homogeneous 
solution, approaches zero and the total solution approaches the particular solution. 
Thus xp(t) is called the steady-state response and the first term in equation (2.37) is 
called the transient response.

The values of the constants of integration in equation (2.37) can be found 
from the initial conditions by the same procedure used in the development for com-
puting the response of an undamped system given in equation (2.11). Following the 
development from equation (2.29), write the transient term as A sin ωdt + C cos ωdt 
rather than writing the constants of integration as a magnitude and phase and the 
particular solution in the form given in equation (2.37). The resulting response for 
the underdamped case is

 x(t) = e-ζωnte ax0 -
f01ωn

2
- ω221ωn

2
- ω222

+ 12ζωnω22 b  cos ωdt  

 +  aζωn

ωd

 ax0 -
f01ωn

2
- ω221ωn

2
- ω222

+ 12ζωnω22
b  (2.38)

 -
2ζωnω

2f0

ωd31ωn
2

- ω222 + 12ζωnω224 +
v0

ωd

b  sin ωdt f  

 +  
f01ωn

2
- ω222

+ 12ζωnω22
 31ωn

2
- ω22  cos ωt + 2ζωnω sin ωt4  

This is an alternate form of equation (2.37) showing the direct influence of the 
forcing function on the transient part of the response (i.e., the coefficient of the 
exponential term). Note that the expression for the forced response of an under-
damped system given here collapses to the forced response of an undamped sys-
tem given by equation (2.11) when the damping is set to zero in equation (2.38). 
Problem 2.20 requires the calculation of the constants A and ϕ for equation (2.37). 
A summary of phase and amplitude formulas is given in Window 2.3 for both the 
free and forced response.

Note that A and ϕ, the constants describing the transient response in equa-
tion (2.37), will be different from those calculated for the free-response case given 
in  equation (1.38) or Window 2.2. This is because part of the transient term in 
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The general response for the undamped case has the form

x(t) = A sin 1ωnt + ϕ2 + X cos ωt

where for the free response

ϕ = tan-1 
ωnx0

v0
, A = Cx0

2
+

v0
2

ωn
2
, X = 0

and for the forced response:

ϕ = tan-1 
ωn(x0 - X)

v0
, A = Ca v0

ωn

b2

+ (x0 - X)2, X =
f0

ωn
2

- ω2

The general response in the underdamped case has the form

x(t) = Ae-ζωnt sin 1ωdt + ϕ2 + X cos 1ωt - θ2
where the free response:

ϕ = tan-1 
x0ωd

v0 + ζωnx0

, A =
1

ωd

 21v0 + ζωnx022
+ 1x0ωd22, X = 0

and for the forced response

 θ = tan-1 
2ζωnω

ωn
2

- ω2
, X =

f021ωn
2

- ω222
+ 12ζωnω22

,

 ϕ = tan-1 
ωd1x0 - X cos θ2

v0 + 1x0 - X cos θ2ζωn - ω X sin θ
 and A =

x0 - X cos θ
 sin ϕ

equation (2.37) is due to the magnitude of the excitation force and part is due to the 
initial conditions as indicated in equation (2.38).

Example 2.2.1

Examine the units for computing the forced response of a damped system. Often the 
equation-of-motion quantities (forces) are given in Newtons, whereas the initial displace-
ment and velocity are given in mm. It is important to write the initial conditions in the 
correct units.

Window 2.3
Summary of Phase and Amplitude Relationships for Undamped and 

Underdamped Single-Degree-of-Freedom Systems for Both the Free Response, 
F(t) ∙ 0, and for the Forced Response, F(t) ∙ F0 cos �t, Cases
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Solution  First, examine units in the mass-normalized equation of motion as given in 
equation (2.27) repeated here:

x
$

+ 2ζωnx
#

+ ωn
2x = f0 cos ωt

The units for f0 are N>kg = m>s2, the units of acceleration, agreeing with the first 
term in the equation. The damping ratio ζ has no units, so the units of the damping 
term are those of ωn or rad>s, which when multiplied by the velocity yields m>s2. 
Likewise, the units of the natural frequency squared are rad2>s2 so the stiffness term 
also has units of m>s2. Thus equation (2.27) is consistent in terms of units.

Next, consider the solution. Since the amplitude of the particular solution, X, 
has the units of m (the units of f0 are N>Kg or m>s2)

X =
f021ωn

2
- ω222

+ 12ζωnω22
 a m∙s2

rad∙s2

b =
f021ωn

2
- ω222

+ 12ζωnω22
 m

the initial condition x0 must also be given in m because the value of amplitude A contains 
the numerator term x0 -  X cos(θ). The same is true for the phase angle ϕ, which also con-
tains the initial velocity added to Xζωn which will have units of m>s. Thus in solving for 
the force response of a damped system it is important that the initial conditions are stated 
in terms of the same units that the equation of motion is expressed in.

n

Example 2.2.2

A damped spring–mass system with values of c = 100 kg>s, m = 100 kg, and k =  
910 N>m, is subject to a force of 10 cos (3t) N. The system is also subject to initial  
 conditions: x0 = 1 mm and 0 = 20 mm>s. Compute the total response, x(t), of the 
system.

Solution  Following equation (2.26) with the values given here, the system to be solved is

100 x
$
(t) + 100 x

#
(t) + 910x(t) = 10 cos 3t, x0 = 0.001 m, v0 = 0.02 m>s

where the units (and thus numerical values) of the initial conditions have been changed 
to agree with the equation of motion per the previous example. Dividing by the mass 
yields the vibration properties

 f0 =
F0

m
=

10

100
= 0.1 

m

s2
,  ωn = A k

m
= A910

100
= 3.017 

rad

s
,

 ζ =  
c

21mk
=

100

21100 · 910
= 0.166,

 ωd = ωn21 - ζ2
= 3.01721 - 0.1662

= 2.975 rad>s
Since ω = 3 rad>s, the system is near resonance. Computing the amplitude and phase 
for the particular solution from the values given in Window 2.3 yields

 X =
f021ωn

2
- ω222

+ 12ζωnω22
=

0.1213.0172
- 3222

+ 12 · 0.166 · 3.017 · 322
= 0.033 m
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 θ = tan-1 
2ζωnω

ωn
2

- ω2
= tan-1 

2 # 0.166 # 3.017 # 3

3.0172
- 32

= 1.537 rad

Next, compute phase for the transient response

 ϕ = tan-1 
ωd1x0 - X cos θ2

v0 + 1x0 - X cos θ2ζωn - ωX sin θ

 =
2.975(0.001 - 0.033 # 0.033)

0.02 + (0.001 - 0.033 # 0.033)0.166 # 3.017 - 3 # 0.033 # 0.999
= 4.089 * 10-3 rad

The amplitude of the transient is

A =
x0 - X cos θ

 sin ϕ
=

0.001 - 0.033 # 0.0333

4.089 * 10-3
= -0.027 m

The total response is then written from equation (2.37) as

 x(t) = Ae-ζωnt sin 1ωdt + ϕ2 + X cos 1ωt - θ2
 = -0.027e-0.5t sin12.975t + 4.089 * 10-32 + 0.033 cos13t - 1.5372m

n

Example 2.2.3

Compute the constants of integration A and ϕ of equation (2.37) and compare these 
values to the values of A and ϕ for the unforced case given in Window 2.2 for the param-
eters ωn = 10 rad>s, ω = 5 rad>s, ζ = 0.01, F0 = 1000 N, m = 100 kg, and the initial 
conditions x0 = 0.05 m and 0 = 0.

Solution  First, compute the values of X and θ from equation (2.36) for the particular 
solution (forced response). These are

X =
f03(ωn

2
- ω2)2

+ (2ζωnω)2
= 0.133 m and  θ = tan-1 a 2ζωnω

ωn
2

- ω2
b =  0.013 rad

so that the phase for the particular solution is nearly zero (0.76°). Thus the solution 
given by equation (2.37) is of the form

x(t) = Ae-0.1t sin (9.999t + ϕ) + 0.133 cos (5t - 0.013)

Differentiating this solution yields the velocity expression

v(t) = -0.1Ae-0.1t sin (9.999t + ϕ) + 9.999Ae-0.1t cos (9.999t + ϕ) - 0.665 sin (5t - 0.013)
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Setting t = 0 and x(0) = 0.05 in the expression for x(t) and solving for A yields

A =
0.005 - 0.133  cos (-0.013)

 sin (ϕ)
=

-0.083

 sin (ϕ)

Substitution of this value of A, setting t = 0 and (0) = 0 in the expression for the 
velocity yields

0 = -0.1(-0.083) + 9.999(-0.083) cot(ϕ) + 0.665sin(0.013)

Solving for the value of ϕ yields ϕ = 1.55 rad (88.8°) and thus A = -0.083 m, the 
values of the amplitude and phase of the transient part of the solution (including the 
effects of the initial conditions and the applied force).

Next, consider the coefficients A and ϕ evaluated for the homogenous case 
F0 = 0, but keeping the same initial conditions. Using these values (see Window 2.2), 
the incorrect magnitude and phase become

A = B(0.05)2
+ c (0.01)(10)(0.05)

1021 - (0.01)2
d 2 = 0.05 m

and

ϕ = tan-1 a 9.999

0.05(10)
b = 1.521 rad (87.137°)

Comparing these two sets of values for the magnitude A and the two sets of values 
for the phase ϕ, we see that they are very different. Thus the values of the constants 
of integration are greatly affected by the forcing term. In particular, the amplitude 
of the transient is greatly increased and its phase is reduced by the influence of the 
driving force.

n

It is common to ignore the transient part of the total solution given by equa-
tion (2.37) and to focus only on the steady-state response: X cos (ωt - θ). The 
rationale for considering only the steady-state response is based on the value of the 
damping ratio ζ. If the system has relatively large damping, the term e-ζωnt causes 
the transient response to die out very quickly—perhaps in a fraction of a second. If, 
on the other hand, the system is lightly damped (ζ is very small), the transient part 
of the solution may last long enough to be significant and should not be ignored. 
The decision whether to ignore the transient part of the solution should also be 
based on the application. In fact, in some applications (such as earthquake analysis 
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or satellite analysis) the transient response may become even more important than 
the steady-state response. An example is the Hubble space telescope, which origi-
nally experienced a transient vibration that lasted over 10 minutes, causing the 
telescope to be unusable every time it passed out of the earth’s shadow, until the 
system was corrected.

The transient response can also be very important if it has a relatively large 
amplitude. Usually, devices are designed and analyzed based on the steady-state 
response, but the transient should always be checked to determine whether it is 
reasonable to ignore it or if it should be considered seriously.

With this caveat in mind, it is of interest to consider the magnitude, X, and 
the phase, θ, of the steady-state response as a function of the driving frequency. 
Examining the form of equation (2.36) and comparing it to the assumed form  
X cos (ωdt - θ) yields the fact that the amplitude, X, and the phase, θ, are

 X =
f021ωn

2
- ω22 + 12ζωnω22

, θ =  tan-1  
2ζωnω

ωn
2

- ω2
 (2.39)

After some manipulation (i.e., factoring out ωn
2 and dividing the magnitude by F0>m), 

these expressions for the magnitude and phase can be written as

 
Xk

F0

=
Xωn

2

f0

=
1311 - r 222

+ 12ζr22
, θ =  tan-1 

2ζr

1 - r 2
 (2.40)

Here r is the frequency ratio r = ω>ωn, a dimensionless quantity. Equations (2.40) 
for the magnitude and phase are plotted versus the frequency ratio r in Figure 2.8 
for several values of the damping ratio ζ. Note that as the driving frequency ap-
proaches the undamped natural frequency (r S 1), the magnitude approaches a 
maximum value for those curves corresponding to light damping (ζ … 0.1). Also 
note that as the driving frequency approaches the undamped natural frequency, the 
phase shift crosses through 90°. The phase lies between zero and π, as discussed in 
Window 2.4. This defines resonance for the damped case. These two observations 
have important uses in both vibration design and measurement. As ω approaches 
zero, the amplitude approaches f0>ωn

2 and as ω becomes very large, the amplitude 
approaches zero asymptotically.

It is also important from the design point of view to note how the ampli-
tude of steady-state vibration is affected by changing the damping ratio. This is 
illustrated in Figure 2.9 and Example 2.2.4. Figure 2.9 is a repeat of the magni-
tude curve presented in Figure 2.8, except that here the magnitude is plotted on 
a log scale so that the curves for both small and large values of damping may be 
detailed on the same graph. The use of a log scale for vibration amplitude is com-
mon in vibration analysis and measurement. Note that as the damping ratio is 
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Figure 2.8  A plot of the (a) normalized magnitude 1Xωn
2 >f0 = Xk>F02  and 

(b) phase of the  steady-state response of a damped system versus the frequency ratio 
for several different values of the damping ratio ζ as determined by equation (2.40).
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increased, the peak in the magnitude curve decreases and eventually disappears. 
As the damping ratio decreases, however, the peak value increases and becomes 
sharper. In the limit as ζ goes to zero, the peak climbs to an infinite value in 
agreement with the undamped response at resonance (see Figure 2.5). Also note 
that the peak value of the amplitude at resonance varies a full order of magnitude 
as the damping changes.

The particular solution for a driving force of F0 cos ωt is assumed to be of 
the form

xp(t) = X cos (ωt - θ)

as illustrated in (a). Here the phase shift θ is determined by

θ = tan-1 a 2ζωnω

ωn
2

- ω2
b

Since the numerator of the argument is always positive, the quadrant that θ lies 
in is determined by the sign of ωn

2
- ω2.

�t
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The phase shift is calculated from the arctangent function, which must be com-
puted assuming that θ lies between 0 … θ … π, as the polar plot in (b) shows. 
The simple definition of the arctangent, however, looks for values of θ between 
–π>2 … θ … π>2. Thus, when using a code or calculator, use the “atan2” func-
tion, which treats the negative value of the tangent to be in the fourth quadrant 
rather than the second.

Window 2.4
The Phase Shift in the Particular Solution  

for the Forced Response of an Underdamped System
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Example 2.2.4

Consider a simple spring–mass–damper system with m = 49.2 * 10-3 kg, c = 0.11 kg>s, 
and k = 857.8 N>m. Calculate the value of the steady-state response if ω = 132 rad>s 
for f0 = 10 N>kg. Calculate the change in amplitude if the driving frequency changes to 
ω = 125 rad>s.
Solution  The frequency and damping ratio are determined from the given values as

ωn = A k

m
= 132 rad>s, ζ =

c

22mk
= 0.0085

respectively. From equation (2.39) the magnitude of xp(t) is

 0 xp(t) 0 = X =
f03(ωn

2
- ω2) + (2ζωnω)2

 =
1053(132)2

- (132)242
+ 32(0.0085)(132)(132)4261>2

 =
10

2(0.0085)(132)2

 = 0.034 m
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Figure 2.9  The magnitude (log scale) of the steady-state response versus the 
frequency ratio for several values of the damping ratio ζ.
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If the driving frequency is changed to 125 rad>s, the amplitude becomes

1053(132)2
- (125)242

+ 32(0.0085)(132)(125)4261>2 = 0.005 m

So a slight change in the driving frequency from near resonance at 132 rad >s to 
125 rad>s (about 5%) causes an order-of-magnitude change in the amplitude of 
the steady-state response.

n

It is important to note that resonance is defined to occur when ω = ωn (i.e., 
when the driving frequency becomes equal to the undamped natural frequency). This 
also corresponds with a phase shift of 90°(π>2). Resonance does not, however, exactly 
correspond with the value of ω at which the peak value of the steady-state response 
occurs. This can be seen by the simple calculation in the following example.

Example 2.2.5

Derive equation (2.40) for the normalized magnitude and calculate the value of r = ω>ωn 
for which the amplitude of the steady-state response takes on its maximum value.

Solution  From equation (2.36) the magnitude of the steady-state response is

X =
f031ωn

2
- ω222

+ 12ζωnω22
=

F0>m31ωn
2

- ω22 + 12ζωnω22

Factoring ωn
2 out of the denominator and recalling that ωn

2
= k>m yields

X =
F0>m

ωn
2B c1 - a ω

ωn

b2d 2 + c2ζ a ω
ωn

b d 2 =
F0>k3(1 - r 2)2

+ (2ζr)2

where r =  ω>ωn. Dividing both sides by F0>k  yields equation (2.40). The maximum 
value of X will occur where the first derivative of X>F0 vanishes, that is

d

dr
 aXk

F0

b =
d

dr
 53(1 - r 2)2

+ (2ζr)24-1>26 = 0

Thus

 rpeak = 31 - 2ζ2
=

ωp

ωn

 (2.41)

defines the value of the driving frequency, ωp at which the peak value of the mag-
nitude occurs. This holds only for underdamped systems for which ζ 6 1>12.  
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Otherwise, the magnitude does not have a maximum value or peak for any value  
of ω 7 0 because 21 - 2ζ2 becomes an imaginary number for values of ζ larger 
than 1>12. Note also that this peak occurs a little to the left of, or before, reso-
nance 1r = 12  since 

rpeak = 21 - 2ζ2
6 1

This can be seen in both Figures 2.8 and 2.9. The value of the magnitude at rpeak is

 
Xk

F0

=
1

2ζ21 - ζ2
 (2.42)

which is obtained simply by substituting rpeak = 21 - 2ζ2 into the expression for the 
normalized magnitude Xk>F0.

n

Note that for damped systems resonance is usually defined, as in the un-
damped case, by r = 1 or ωn = ω. However, this condition does not define precisely 
the peak value of the magnitude of the steady-state response as defined by equation 
(2.40) and as plotted in Figure 2.9. This is the point of Example 2.2.5, which illus-
trates that the maximum value of Xk>F0 occurs at r = 21 - 2ζ2 if 0 … ζ 6 1>12 
and at r = 0 if ζ 7 1>12. For the small damping case 1ζ 6 1>122  the value of 
the driving frequency corresponding to the maximum value of Xk>F0 is called the 
peak frequency, denoted by ωp, which has the value derived previously:

 ωp = ωn21 - 2ζ2 for 0 … ζ …  
112

 (2.43)

Note that as the damping decreases, ωp approaches ωn, resulting in the usual undamped 
resonance condition. As ζ increased from zero, the curves in Figure 2.9 have peaks that 
occur farther and farther away from the vertical line r = 1. Eventually, the damping 
ratio increases past the value 1>12 and the largest value of Xk>F0 occurs at r = 0 In 
many applications ζ is small, so that the value 21 - 2ζ2 is very close to 1. Hence the 
undamped resonance condition ω = ωn 1 i.e., r = 12  is often used for resonance in the 
(lightly) damped case as well. As an example, for ζ = 0.1 a system with an undamped 
natural frequency of 200 Hz would have a peak value of 198 Hz, which is less than a 1% 
error (i.e., r = 0.9899 instead of r = 1). Hence, in practice, the value of the frequency 
corresponding to the peak is often taken to be simply the undamped natural frequency.

It is interesting to examine the peak value of the magnitude response as 
a function of the damping ratio for underdamped systems. The bottom plot in 
Figure 2.10 shows how the damping affects the peak amplitude by plotting Xk>F0 
as a function of ζ as given by equation (2.41).The plot in the upper right shows how 
the peak frequency ratio changes with the damping ratio. Note from the figure that 
the magnitude varies across three orders of magnitude as the damping is increased 
(0 …  ζ …  0.707). Also note that the peak value moves to the left of r = 1 for high 
values of the damping ratio.
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To explain physically the phenomena of resonance, consider the steady-state 
forced response of the system where the applied force is F0 cos (ωt), the displacement 
is xp(t) = X cos (ωt - θ), and the velocity is x

#
p(t) = -ωX sin (ωt - θ). At resonance, 

θ = π >2. Thus x
#
p(t)(resonance) = ωX cos (ωt). This shows that at resonance the veloc-

ity and the force are exactly in phase but have different magnitudes. Physically, this 
means that the force is always pushing in the direction of the velocity and that the 
force changes magnitude and direction just as the velocity does. This condition will 
cause the vibration amplitude of the system to reach its maximum value because at 
resonance the external force never opposes the velocity.

2.3 ALTERNATIVE REPRESENTATIONS

As you may recall from the theory of differential equations, there are a variety of 
methods useful for calculating solutions of a spring–mass–damper system excited 
by a harmonic force as described by equation (2.26). In Section 2.2, the method of 
undetermined coefficients was used. In this section, three other approaches to solve 
this problem are discussed: a geometric approach, a frequency response approach, 
and a transform approach.

0

0

10

100

1000

0.5r
peak

1

0.2 0.4

�

0.6 0.8

0 0.2 0.4

�

0.6 0.8

Xk

F
0

Figure 2.10  The lower graph is a plot of equation (2.41) on a log scale indicating 
how the increased damping reduces the peak response. The plot on the upper right 
shows how much the peak amplitude shifts from r = 1 as the damping increases. 
(Note that these plots are only defined for ζ …  0.707.)
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2.3.1 Geometric Method

The geometric approach consists of solving equation (2.26) by treating each force as 
a vector. Recall that xp, x

#
p, and  x

$
p will each be 90∙ out of phase with each other. Each 

of these are plotted in Figure 2.11 for the assumed solution xp = X cos (ωt - θ), 
x
#
p = ωX cos (ωt - θ + 90∙), and x

$
p = -ω2X cos (ωt - θ). Adding these three 

quantities as vectors indicates that X can be solved in terms of F0 by combining the 
sides of the right triangle ABC to yield

 F0
2

= (k - mω2)2 X2
+ (cω)2X2 (2.44)

or

 X =
F03(k - mω2)2

+ (cω)2
 (2.45)

and

 θ = tan-1 
cω

k - mω2
 (2.46)

Substituting in the values for F0 = mf0 and c = 2mωnζ illustrates that this solution 
is identical with equation (2.36) derived by the method of undetermined coefficients. 
Note from the figure that at resonance ω2

= k>m causing line AB to be zero, lines 
CD and AE become the same length and the angle θ becomes a right angle. Thus at 
resonance the phase shift is 90°.

The graphical method of solving equation (2.26) is more illustrative than useful, 
as it is difficult to extend to other forms of the forcing function or to more compli-
cated problems. It is presented here because the method potentially helps clarify and 
illustrate the forced vibration of a simple single-degree-of-freedom system. In par-
ticular, Figure 2.11 makes it easy to see that at resonance (θ = 90°) the applied force 
and damping force are acting in the same direction and the stiffness force is equal and 
opposite to the inertial force.
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An alternative method that is similar to the graphical approach is to treat 
the solution of equation (2.26) as a complex function. This leads to a frequency 
response description of forced harmonic motion and is more useful for complicated 
problems involving many degrees of freedom. Complex functions are reviewed in 
Appendix A. 

2.3.2 Complex Response Method

Euler’s formula for trigonometric functions relates the exponential function to har-
monic motion by the complex relation

 Aejωt
=  A cos ωt + (A sin  ωt)j (2.47)

where j = 1-1. Thus Aejωt is a complex function with a real part (A cos ωt) and 
an imaginary part (A sin ωt). Appendix A reviews complex numbers and functions. 
With this notation in mind, Aejωt represents a harmonic function and can be used to 
discuss forced harmonic motion by rewriting the equation of motion (2.26)

mx
$

+ cx
#

+ kx = F0  cos ωt

as the complex equation

 mx
$
(t) + cx

#
(t) + kx(t) = F0 ejωt (2.48)

Here, the real part of the complex solution corresponds to the physical solution 
x(t). This representation is extremely useful in solving multiple-degree-of-freedom 
systems (Chapter 4), as well as in understanding vibration measurement systems 
(Chapter 7).

This method proceeds by assuming that the complex particular solution of 
equation (2.48) is of the exponential form

 xp(t) = Xejωt (2.49)

where X is now a complex-valued constant to be determined. Substitution of this 
into equation (2.48) yields

 (-ω2m + cjω + k)Xejωt
= F0 ejωt (2.50)

Since ejωt is never zero, it can be canceled and this last expression can be rewritten as

 X =
F0

(k - mω2) + (cω)j
= H(jω)F0 (2.51)

The complex quantity H(jω), defined by

 H(jω) =
1

(k - mω2) + (cωj)
 (2.52)
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is called the (complex) frequency response function. Following the rules for ma-
nipulating complex numbers (i.e., multiplying by the complex conjugate over itself 
and taking the modulus of the result as outlined in Appendix A) yields

 X =
F03(k - mω2)2

+ (cω)241>2 e-jθ (2.53)

where

 θ = tan-1 
cω

(k - mω2)
 (2.54)

Substituting the value for X into equation (2.49) yields the solution

 xp(t) =
F03(k - mω2)2

+ (cω)241>2 e-j(ωt -θ) (2.55)

The real part of this expression corresponds to the solution given in equation (2.36) ob-
tained by the method of undetermined coefficients. The complex exponential approach 
for obtaining the forced harmonic response corresponds to the graphical approach 
described in Figure 2.11 by labeling the x axis as the real part of ejωt and the y axis as the 
complex part.

Example 2.3.1

Use the frequency response approach to compute the amplitude of the particular solu-
tion for the undamped system of equation (2.2) defined by

mx
$
(t) + kx(t) = F0 cos ωt

Solution  First, write equation (2.2) with the forcing function modeled as a complex 
exponential:

mx
$
(t) + kx(t) = F0 ejωt

Dividing by the mass, m, yields the monic form

x
$
(t) + ωn

2x(t) = f0 ejωt

Assume a particular solution of the exponential form given in equation (2.49) and sub-
stitute into the last expression to get1-ω2

+ ωn
22Xe jωt

= f0 Xejωt

Solving for X yields

X =
f0

ωn
2

- ω2

This is in perfect agreement with equation (2.7) derived using the cosine representation of 
the forcing function and (2.21) derived using the sine representation. This also agrees with 
solution given in equation (2.36) for the damped case, by setting ζ = 0 in that expression.

n
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The method used here to derive the solution for the forced response and the 
resulting frequency response function is very similar to the eigenvalue approach 
to solving vibration problems. This approach, introduced in Section 1.3, is used 
extensively in Chapter 4 and consists of assuming solutions with exponential time 
dependence, as illustrated previously. 

2.3.3 Transfer Function Method

Next consider using the Laplace transform (see Appendix B and Section 3.4 for 
a review) approach to solve for the particular solution of equation (2.26). The 
Laplace transform method is a powerful approach that can be used for a variety 
of forcing functions (see Section 3.4) and can be readily applied to multiple-
degree-of-freedom systems. Taking the Laplace transform of the equation of 
motion (2.26)

mx
$
(t) + cx

#
(t) + kx(t) = F0 cos ωt

assuming that the initial conditions are zero, yields

 (ms2
+ cs + k)  X(s) =

F0s

s2
+ ω2

 (2.56)

where s is the complex transform variable and X(s) denotes the Laplace transform of 
the unknown function x(t). Solving algebraically for the unknown function X(s) yields

 X(s) =
F0s

(ms2
+ cs + k)(s2

+ ω2)
 (2.57)

which represents the transformed solution. To calculate the inverse Laplace trans-
form of X(s), the right side of equation (2.57) can be found in a table of Laplace 
transform pairs, or the method of partial fractions can be used to reduce the right-
hand side of equation (2.57) to simpler quantities for which the inverse Laplace 
transform is known. The solution obtained by the inversion procedure is, of course, 
equivalent to the solution given in (2.36) and again in (2.55). This solution technique 
is discussed in more detail in Section 3.4. 

Of particular use is the frequency response function defined by equation (2.52). 
This function is related to the Laplace transform for a vibrating system. Consider 
equation (2.26) and its Laplace transform

 (ms2
+ cs + k)  X(s) = F(s) (2.58)

where F(s) symbolically denotes the Laplace transform of the driving function [i.e., the 
right-hand side of (2.26)]. Manipulating equation (2.58) yields

 
X(s)

F(s)
=

1

(ms2
+ cs + k)

= H(s) (2.59)
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which expresses the ratio of the Laplace transform of the output (response) to the 
Laplace transform of the input (driving force) for the case of zero initial conditions. 
This ratio, denoted by H(s), is called the transfer function of the system and provides 
an important tool for vibration analysis, design, and measurement as discussed in the 
remaining chapters.

Recall that the Laplace transform variable s is a complex number. If the value 
of s is restricted to lie along the imaginary axis in the complex plane (i.e., if s = jω), 
the transfer function becomes

 H(jω) =
1

k - mω2
+ cωj

 (2.60)

which, upon comparison with equation (2.52), is the frequency response function 
of the system. Hence the frequency response function of the system is the transfer 
function of the system evaluated along s = jω. Both the transfer function and the 
frequency response function are used in Chapters 4 and 7. 

Example 2.3.2

Consider the system of Figure 2.12. Let J denote the inertia of the wheel and hub about 
the shaft, and let k denote the torsional stiffness of the system. The suspension system 
is subjected to a harmonic excitation as indicated. Compute an expression for the 
forced response using the Laplace transform method (assuming zero initial conditions 
and that the tire is not touching the ground).

F0 sin �t

l

Wheel

Frame

a

�

g

Figure 2.12  A schematic of a torsional 
suspension.

Solution  Modeling the system as a torsional vibration problem and summing mo-
ments about the shaft, the equation of motion becomes

Jθ
$

+ kθ = aF0 sin ωt
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Taking the Laplace transform (see Appendix B) of the equation of motion yields

Js2X(s) + kX(s) = aF0 
ω

s2
+ ω2

where X(s) is the Laplace transform of θ(t). Algebraically solving for X(s) yields

X(s) = aωF0 
1

(s2
+ ω2)(Js2

+ k)

Next use a table (see Appendix B) to compute the inverse Laplace transform to get

 θ(t) = L-1(X(s)) = aωF0L
-1a 1

(s2
+ ω2)(Js2

+ k)
b

 =
aωF0

J
 L-1a 1

(s2
+ ω2)(s2

+ ωn
2 )
b =

aωF0

J
 

1

ω2
- ωn

2
 a 1

ω
 sin ωt -  

1

ωn

 sin ωntb
Here L- 1 denotes the inverse Laplace transform and the natural frequency is

ωn = Ak

J

Note that the solution computed here using the Laplace transform agrees with the so-
lution obtained using the method of undetermined coefficients expressed in equation 
(2.25) for the case of zero initial conditions.

The transfer function for the system is simply

X(s)

F(s)
= H(s) =

1

Js2
+ k

This result is in agreement with equation (2.59) for the case c = 0.
n

Example 2.3.3

As an example of using Laplace transforms to solve a homogeneous differential equa-
tion, consider the undamped single-degree-of-freedom system described by

x
$
(t) + ωn

2x(t) = 0,  x(0) = x0,  x
#
(0) = v0

Solution  Taking the Laplace transform of x
$

+ ωn
2 x = 0 for these nonzero initial 

conditions results in

s2X(s) - sx0 - v0 + ωn
2X(s) = 0

by direct application of the definition given in Appendix B and the linear nature of the 
Laplace transform. Algebraically solving this last expression for X(s) yields

X1s2 =
x0 + sv0

s2
+ ωn

2
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Using L- 1[X(s)] = x(t) and entries (6) and (5) of Table B.1 yields that the solution is

x(t) = x0 cos ωnt +
0

ωn

 sin ωnt

This is, of course, in total agreement with the solution obtained in Chapter 1. 
n

This section presented three alternative methods for calculating the particular 
solution for a harmonically excited system. Each was shown to yield the same result. 
The concepts presented in these solution techniques are generalized and used for 
more complicated problems in later chapters. 

2.4 BASE EXCITATION

Often, machines, or parts of machines, are harmonically excited through elastic mount-
ings, which may be modeled by springs and dashpots. For example, an automobile 
suspension system is excited harmonically by a road surface through a shock absorber, 
which may be modeled by a linear spring in parallel with a viscous damper. Other 
examples are the rubber motor mounts that separate an automobile engine from its 
frame or an airplane’s engine from its wing or tail section. Such systems can be mod-
eled by considering the system to be excited by the motion of its support. This forms 
the base-excitation or support-motion problem modeled in Figure 2.13.

Summing the relevant forces on the mass, m, Figure 2.13 yields (i.e., the iner-
tial force mx

$
 is equal to the sum of the two forces acting on m, and the gravitational 

force is balanced against the static deflection of the spring as before)

 mx
$

+ c(x
#

- y
#
) + k(x - y) = 0 (2.61)

Here note that the spring deflects a distance (x - y) and the damper experiences 
a velocity of (x

#
- y

#
). For the base-excitation problem it is assumed that the base 

moves harmonically, that is, that

 y(t) = Y sin ωbt (2.62)

where Y denotes the amplitude of the base motion and ωb represents the frequency 
of the base oscillation. Substitution of y(t) from equation (2.62) into the equation of 
motion given in (2.61) yields, after some rearrangement,

m

m

k c

y(t)

k(x � y)

x(t)

x(t)�

Base

(a) (b)

c(x � y)
. .

mx(t)
..

Figure 2.13  (a) Base-excitation 
problem models the motion of an 
object of mass m as being excited by a 
prescribed harmonic displacement 
acting through the spring and damper. 
(b) A free-body diagram of the base 
motion problem in (a).
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 mx
$

+ cx
#

+ kx = cYωb cos ωbt + kY sin ωbt (2.63)

This can be thought of as a spring–mass–damper system with two harmonic inputs. 
The expression is very similar to the problem stated by equation (2.26) for the 
forced harmonic response of a damped system with F0 = cYωb and ω = ωb, except 
for the “extra” forcing term kY sin ωbt. The solution approach is to use the linearity 
of the equation of motion and realize that the particular solution of equation (2.63) 
will be the sum of the particular solution obtained by assuming an input force of 
cYωb cos ωbt, denoted by xp

(1), and the particular solution obtained by assuming an 
input force of kY sin ωbt, denoted by xp

(2).
Calculating these particular solutions follows directly from the calculation 

made in Section 2.2. Dividing equation (2.63) by m and using the definitions of 
damping ratio and natural frequency yields

 x
$

+ 2ζωnx
#

+ ωn
2x = 2ζωnωbY cos ωbt + ωn

2Y sin ωbt (2.64)

Thus substituting f0 = 2ζωnωbY into equation (2.36) yields that the particular solu-
tion xp

(1) due to the cosine excitation is

 xp
(1)

=
2ζωnωbY31ωn

2
- ωb

2 22
+ 12ζωnωb22

 cos (ωbt - θ1) (2.65)

where

 θ1 = tan-1 
2ζωnωb

ωn
2

- ωb
2
 (2.66)

To calculate xp
(2), the method of undetermined coefficients is applied again with the 

harmonic input ωn
2Y sin ωbt. Following the procedures used to calculate equation 

(2.36) results in

 xp
(2)

=
ωn

2Y21ωn
2

- ωb
2 22

+ 12ζωnωb22
 sin (ωbt - θ1) (2.67)

Note that equation (2.67) with ζ = 0 agrees with equation (2.22) for the undamped 
case, as it should.

Here the particular solution is assumed to be of the form xp
(2)

= X sin1ωbt - θ12.
Here the angle θ1 is the same as given in equation (2.66) because the phase angle 
is independent of the excitation amplitude (i.e., ζ, ωn, and ωb have not changed). 
The phase difference between the two particular solutions is accounted for 
by using the sine and cosine solution. Because the arguments of the two par-
ticular solutions are the same (ωbt - θ1), they can be easily added using simple 
trigonometry.
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From the principle of linear superposition, the total particular solution is the 
sum of equations (2.65) and (2.67) (i.e., xp = xp

(1)
+ xp

(2)). Adding solutions (2.65) 
and (2.67) yields

 xpt = ωnY c ωn
2

+ 12ζωb221ωn
2

- ωb
2 22

+ 12ζωnωb22
 d 1>2 cos 1ωbt - θ1 - θ22  (2.68)

where

 θ2 = tan-1 
ωn

2ζωb

 (2.69)

It is convenient to denote the magnitude of the particular solution, xp(t), by X so that

 X = Y c 1 + 12ζr2211 - r 222
+ 12ζr22

d 1>2 (2.70)

where the frequency ratio r = ωb>ωn. Dividing this last expression by the magni-
tude of base motion, Y, yields

 
X

Y
= c 1 + 12ζr2211 - r 222

+ 12ζr22
d 1>2 (2.71)

which expresses the ratio of the maximum response magnitude to the input dis-
placement magnitude. This ratio is called the displacement transmissibility and is 
used to describe how motion is transmitted from the base to the mass as a function 
of the frequency ratio ωb>ωn. This ratio is plotted in Figure 2.14. Note that near 
r = ωb>ωn = 1, or resonance, the maximum amount of base motion is transferred 
to displacement of the mass.

Note from Figure 2.14 that for r 6 12 the transmissibility ratio is greater 
than 1, indicating that for these values of the system’s parameters (ωn) and base 
frequency (ωb), the motion of the mass is an amplification of the motion of the 
base. Notice also that for a given value of r, the value of the damping ratio ζ deter-
mines the level of amplification. Specifically, larger ζ yields smaller transmissibility 
ratios.

For values r 7 12 the transmissibility ratio is always less than 1 and the mo-
tion of the mass will be of smaller amplitude than the amplitude of the exciting 
base motion. In this higher-frequency range, the effect of increasing damping is 
just the opposite of that in the low-frequency case. Increasing the damping actually 
increases the amplitude ratio in the higher-frequency range. However, the ampli-
tude is always less than 1 for underdamped systems. The frequency range defined 
by r 7 12 forms the important concept of vibration isolation discussed in detail in 
Section 5.2.

For a fixed amount of damping, say ζ = 0.01, the important aspect of base 
motion is that the mass experiences larger amplitude oscillations than the base 
excitation provides for r 6 12 and experiences smaller amplitude oscillations 
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than the base excitation provides for r 7 12. Near resonance, most of the motion 
of the base is amplified into motion of the mass, causing it to have large amplitude 
oscillations.

It is interesting to compare the transmissibility plot of Figure 2.14 and equa-
tion (2.71) for base excitation with the steady-state magnitude plot for harmonic 
excitation of the mass as given in Figure 2.9 and equation (2.40). First, note that the 
frequency ratio, r, is independent of the damping ratio by definition in both cases. 
However, the dependence of the peak value, rpeak, on the damping ratio is different 
in each case (recall the computation in Example 2.2.5 for the peak value). In partic-
ular, Figure 2.10 will be different for base excitation than for harmonic excitation of 
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Figure 2.14  Displacement transmissibility as a function of the frequency ratio, 
illustrating how the dimensionless deflection X>Y varies as the frequency of the 
base motion increases for several different damping ratios.
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the mass directly. This difference is caused by the numerator having an additional 
term in the base-excitation problem. This term, 2ζr, comes from the load carried 
through the damper which is not present when the mass is excited directly, as in 
equation (2.40).

Another quantity of interest in the base-excitation problem is the force trans-
mitted to the mass as the result of a harmonic displacement of the base. The force 
transmitted to the mass is done so through the spring and damper. Hence, the force 
transmitted to the mass is the sum of the force in the spring and the force in the 
damper, or from the free-body diagram, Figure 2.13,

 F(t) = k(x - y) + c(x
#

- y
#
) (2.72)

This force must balance the inertial force of the mass m; thus

 F(t) = -mx
$
(t) (2.73)

In the steady state, the solution for x is given by equation (2.68). Differentiating 
equation (2.68) twice and substituting into equation (2.73) yields

 F(t) = mωb
2ωnY c ωn

2
+ (2ζωb)21ωn

2
- ωb

2 22
+ (2ζωnωb)2

d 1>2 cos(ωbt - θ1 - θ2) (2.74)

Again using the frequency ratio r, this becomes

 F(t) = FT cos(ωbt - θ1 - θ2) (2.75)

where the magnitude of the transmitted force, FT, is given by

 FT = kYr 2 c 1 + (2ζr)211 - r 222
+ (2ζr)2

d 1>2 (2.76)

Equation (2.76) is used to define force transmissibility by forming the ratio

 
FT

kY
= r 2 c 1 + (2ζr)211 - r 222

+ (2ζr)2
d 1>2 (2.77)

This force transmissibility ratio, FT>kY, expresses a dimensionless measure of how 
displacement in the base of amplitude Y results in a force magnitude applied to the 
mass. Note from equations (2.75) and (2.68) that the force transmitted to the mass 
is in phase with the displacement of the mass. Figure 2.15 illustrates the force trans-
missibility as a function of the frequency ratio for four values of the damping ratio. 
Note that unlike the displacement transmissibility, the force transmitted does not 
necessarily fall off for r 7 12. In fact, as the damping increases, the force transmit-
ted increases dramatically for r 7 12.
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Example 2.4.1

Consider the base-excitation problem with the following data: m = 100 kg, c = 30 kg>s, 
k = 2000 N>m, Y = 0.03 m, and ωb = 6 rad>s. Compute the magnitude of the transmis-
sibility ratio and then the force transmissibility ratio.

Solution  First, define the usual vibration properties by dividing by the mass to get

 ωn = A2000

100
= 4.472 rad>s, ζ =

c

21mk
=

30

232 * 105
= 0.034

 r =
ωb

ωn

=
6

4.472
= 1.342

Then use equation (2.71) to compute the magnitude of the particular solution:

X

Y
= c 1 + (2ζr)211 - r 222

+ (2ζr)2
d 1>2 = c 1 + (2 # 0.034 # 1.342)211 - (1.342)222

+ (2 # 0.034 # 1.342)2
d = 0.557

The force transmissibility ratio becomes

FT

kY
= r 2 

X

Y
= (1.342)2 (0.557) = 1.003

Note that if the damping value is changed to c = 300 kg>s, the force transmissibility 
ratio is 1.203 and the transmissibility is 0.669. So increasing the damping increases both 
the force and the displacement transmissibility.

n
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ratio illustrating how the 
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varies as the frequency of 
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A comparison between force transmissibility (force applied to the mass nor-
malized by the magnitude of the displacement of the base) and displacement trans-
missibility (displacement of the mass normalized by the magnitude of the displace-
ment of the base) is given in Figure 2.16.

The formulas for transmissibility of force and displacement are very useful in 
the design of systems to provide protection from unwanted vibration. This is dis-
cussed in detail in Section 5.2 on vibration isolation, where the transmissibility ratio 
is derived for a fixed base and compared to the development here in Window 5.1. 
The following example illustrates some practical values of transmissibility for the 
base-excitation problem.
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Figure 2.16  A comparison between force transmissibility (dashed line) and 
displacement transmissibility (solid line) for a damping ratio of ζ = 0.05 on a 
semilog plot using equations (2.71) and (2.77).

Example 2.4.2

A common example of base motion is the single-degree-of-freedom model of an auto-
mobile driving over a road or an airplane taxiing over a runway, indicated in Figure 2.17. 
The road (or runway) surface is approximated as sinusoidal in cross section providing a 
base motion displacement of

y(t) = (0.01 m) sin ωbt
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where

ωb = v(km>h) a 1

0.006 km
b  a hour

3600 s
b  a2π rad

cycle
b = 0.2909v rad>s

where  denotes the vehicle’s velocity in km>h. Thus the vehicle’s speed determines 
the frequency of the base motion. Determine the effect of speed on the amplitude 
of displacement of the automobile as well as the effect of the value of the car’s mass. 
Assume that the suspension system provides an equivalent stiffness of 4 * 104 N>m 
and damping of 20 * 102 N # s>m.

6 m

0.02 m

m � mass of car 

k

c

Suspension system

Velocity of car

Neglected unsprung mass

Road surface

x (t)

Figure 2.17  A simple 
model of a vehicle 
traveling with constant 
velocity on a wavy surface 
that is approximated as a 
sinusoid.

Solution  First, to determine the effect of speed on the amplitude of the vehicle’s 
motion, note that from the previous calculations, ωb, and hence r, vary linearly with 
the car’s velocity. Hence the deflection ratio versus velocity curve will be much like 
the curve of Figure 2.14. Some sample values can be calculated from equation (2.70). 
At 20 km>h, ωb = 5.818. If the car is small or a sports car, its mass might be around 
1007 kg, so that the natural frequency is

ωn = C4 * 104 N>m
1007 kg

= 6.303 rad>s (≈1 Hz)

so that r = 5.818>6.303 = 0.923 and

ζ =
c

21km
=

2000 N # s>m
23(4 * 104 N>m)(1007 kg)

= 0.158

Equation (2.70) then yields that the deflection experienced by the car will be

X = (0.01 m)E 1 + 32(0.158)(0.923)4231 - (0.923)242
+ 32(0.158)(0.923)42 = 0.0319
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This means that a 1-cm bump in the road is transmitted into a 3.2-cm “bump” experi-
enced by the chassis and subsequently transmitted to the occupants. Hence the suspen-
sion system amplifies the rough road bumps in this circumstance and is not desirable.

Table 2.1 lists several different values of the vehicle displacement for two dif-
ferent vehicles traveling at four different speeds over the same 1-cm bump. Car 1 with 
frequency ratio r1 is a 1007-kg sports car, while car 2 is a 1585-kg sedan with frequency 
ratio r2. The same suspension system was used on both cars to illustrate the need to de-
sign suspension systems based on a given vehicle’s specifications (see Chapter 5). Note 
that with higher speed, negligible vibration is experienced by the occupants of the car. 
Also, notice that the suspension system parameters chosen (k and c) work better in 
general for the larger car except at very low speeds.

TABLE 2.1  CoMPARISon oF CAR VEloCIty, FREquEnCy,  

AnD DISPlACEMEnt FoR two DIFFEREnt CARS

Speed (km>h) ωb r1 r2 x1 (cm) x2 (cm)

  20   5.817 0.923 1.158 3.19 2.32
  80 23.271 3.692 4.632 0.12 0.07
100 29.088 4.615 5.79 0.09 0.05
150 43.633 6.923 8.686 0.05 0.03

n

Example 2.4.3

A large rotating machine causes the floor of a factory to oscillate sinusoidally. A punch 
press is to be mounted on the same floor (Figure 2.18). The displacement of the floor 
at the point where the punch press is to be mounted is measured to be y(t) = 0.1 sin 
ωbt (cm). Using the base support model of this section, calculate the maximum force 
transmitted to the punch press at resonance if the press is mounted on a rubber fitting 
of stiffness k = 40,000 N>m; damping, c = 900 N # s>m; and mass, m = 3000 kg.

Excitation source:
Rotating machine

Floor

Punch press

Support: c, k

Base motion y(t) 

Figure 2.18  A model of a 
machine causing support motion.

Solution  The force transmitted to the punch press is given by equation (2.77). At 
resonance, r = 1, so that equation (2.77) becomes

FT

kY
= c 1 + (2ζ)2

(2ζ)2
d 1>2

or

FT =
kY

2ζ
 11 + 4ζ221>2
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From the definition of ζ and the values given previously for m, c, and k,

ζ =
c

21km
=

900

23(40,000)(3000)41>2 ≅ 0.04

From the measured excitation Y = 0.001 m, so that

 FT =
kY

2ζ
 11 + 4ζ221>2

=
(40,000 N>m)(0.001 m)

2(0.04)
 31 + 4(0.04)241>2

 = 501.6 N

n

The analysis presented here for base motion is very useful in design. This 
forms the topic of Chapter 5, which includes as Section 5.2 a more detailed analysis 
of base motion in the context of the vibration isolation problem for both fixed-base 
and moving-base models. Section 5.2 also includes a discussion of shock isolation. 
Some may prefer to jump to Section 5.2 at this point to examine how the concepts 
of transmissibility are applied to the base isolation problem. 

2.5 ROTATING UNBALANCE

A common source of troublesome vibration is rotating machinery. Many machines 
and devices have rotating components, usually driven by electric motors. Small 
 irregularities in the distribution of the mass in the rotating component can cause sub-
stantial vibration. This is called a rotating unbalance. A schematic of such a rotating 
unbalance of mass, m0, a distance e from the center of rotation is given in Figure 2.19.

Guide Guide

Machine of total mass m
x(t)

Friction-free
surfaceRubber floor mounting

modeled as a spring
and a damper

c

e

m0

k

�rt

Figure 2.19  A model of a machine causing support motion.
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The frequency of rotation of the machine is denoted by ωr. Summing forces 
in the vertical direction (x) from the free-body diagram of the out-of-balance mass 
given in Figure 2.20(a) yields

 m0(x
$

+ x
$

r) = -Fr (2.78)

Summing forces from the free-body diagram of the machine given in Figure 2.20(b) 
yields

 (m - m0)x
$

= Fr - cx
#

- kx (2.79)

Combining equations (2.78) and (2.79) yields

 mx
$

+ m0x
$

r + cx
#

+ kx = 0 (2.80)

The forces in the horizontal direction are canceled by the guides and are not con-
sidered here.

Assuming that the machine rotates with a constant frequency, ωr, the x com-
ponent of the motion of the mass, m0, is xr = e sin ωr t, so that

 x
$

r = -eωr
2 sin ωr t (2.81)

Substitution of equation (2.81) into (2.80) yields

 mx
$

+ cx
#

+ kx = m0eωr
2 sin ωrt (2.82)

after rearranging the terms. Equation (2.82) is similar to equation (2.26) with 
F0 = m0eωr

2, with the exception of the phase shift of the forcing function (i.e., sin ωr t 
instead of  cos ωt). The sine excitation is discussed as the second particular solution 

kx

x(t)

Fr

Fr

m � m0

x(t) � xr(t)

e
�rt

m0

(a) (b)

cx
.

Figure 2.20  A free-body diagram of the unbalance (a) and the machine (b).
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in the previous section and the solution is given in equation (2.67). The solution 
procedure is the same and results in a particular solution of the form

 xp(t) = X sin (ωr t - θ) (2.83)

Let r = ωr>ωn, as before, to get

 X =
m0e

m
 

r 2

311 - r 222
+ (2ζr)2

 (2.84)

and

 θ = tan-1 
2ζr

1 - r 2
 (2.85)

These last two expressions yield the magnitude and phase of the motion of the 
mass, m, due to the rotating unbalance of mass m0. Note that the mass m in equa-
tion (2.84) is the total mass of the machine and includes the unbalance mass m0.

The magnitude of the steady-state displacement, X, as a function of the ro-
tating speed (frequency) is examined by plotting the dimensionless displacement 
magnitude mX>m0e versus r, as indicated in Figure 2.21 for various values of the 
damping ratio ζ. Note that equation (2.84) is similar to the magnitude analyzed 
in Example 2.2.4. From the form of the denominator, which is identical to that of 
Example 2.2.4, it is observed that the maximum deflection is less than or equal to 
1 for any system with ζ 7 1. This indicates that the increase in amplification of the 
amplitude caused by the unbalance can be eliminated by increasing the damping in 
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Figure 2.21  Magnitude of the dimensionless displacement versus frequency ratio 
caused by a rotating unbalance of mass m0 and radius e.
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the system. However, large damping is not always practical. Note from Figure 2.21 
that the magnitude of the dimensionless displacement approaches unity if r is large. 
Hence, if the running frequency ωr is such that r W 1 the effect of the unbalance is 
limited. For large values of r, all the magnitude curves for each value of ζ approach 
unity, so that the choice of damping coefficient for large r is not important. These 
results can be obtained from examining the plots of Figure 2.21 or from investigat-
ing the limit of mX>m0e as r goes to infinity. These observations have important 
implications in the design of rotating machines.

The rotating unbalanced model can also be used to explain the behavior of 
an automobile with an out-of-balance wheel and tire. Here ωr is determined by the 
speed of the car and e by the diameter of the wheel. The deflection xp can be felt 
through the steering mechanism as shaking of the steering wheel. This usually only 
happens at a certain speed (near r = 1). As the driver increases or decreases speed, 
the shaking effect in the steering wheel reduces. This change in speed is equivalent 
to operating conditions on either side of the peak in Figure 2.21.

Example 2.5.1

Consider a machine with rotating unbalance as described in Figure 2.19. At resonance, 
the maximum deflection is measured to be 0.1 m. From a free decay of the system, 
the damping ratio is estimated to be ζ = 0.05. From manufacturing data, the out-of-
balance mass, m0, is estimated to be 10%. Estimate the radius e and hence the ap-
proximate location of the unbalanced mass. Also determine how much mass should be 
added (uniformly) to the system to reduce the deflection at resonance to 0.01 m.

Solution  At resonance, r = 1, so that

mX

m0e
=

1

2ζ
=

1

2(0.05)

Hence

(10) 
(0.1 m)

e
=

1

2ζ
=

1

0.1
= 10

so that e = 0.1 m. Again at resonance

m

m0

 a X

0.1 m
b = 10

If it is desired to change m, say by Δm, so that X = 0.01 m, the foregoing resonance 
expression becomes

m + Δm

m0

 a0.01

0.1
b = 10 or  

m + Δm

(0.1)m
= 100

which implies that Δm = 9m. Thus the total mass must be increased by a factor of 9 in 
order to reduce the deflection to a centimeter.

n
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Example 2.5.2

Rotating unbalance is also important in rotorcraft such as helicopters and prop planes. 
The tail rotor of a helicopter (the small rotor rotating in a vertical plane at the back of 
a helicopter used to provide yaw control and torque balance) as sketched in Figure 2.22 
can be modeled as a rotating-unbalance problem discussed in this section with stiffness 
k = 1 * 105 N>m (provided by the tail section in the vertical direction) and mass of 
20 kg. The tail section providing the vertical stiffness has a mass of 60 kg. Suppose that 
a 500-g mass is stuck on one of the blades at a distance of 15 cm from the axis of rota-
tion. Calculate the magnitude of the deflection of the tail section of the helicopter as 
the tail rotor rotates at 1500 rpm. Assume a damping ratio of 0.01. At what rotor speed 
is the deflection at maximum? Calculate the maximum deflection.

0.5 kg

60 kg
20 kg

�r t

Figure 2.22  A schematic of a 
helicopter tail section illustrating a 
tail rotor. The tail rotor provides a 
“counterclockwise” thrust (when 
looking at the top of the helicopter) 
to counteract the “clockwise” thrust 
created by the main rotor, which 
provides lift and horizontal motion. 
An out-of-balance rotor can cause 
damaging vibrations and limit the 
helicopter’s performance.

Solution  The rotor system is modeled as a machine of mass 20.5 kg attached to a 
spring, as indicated in Figure 2.23. Here only the vibration of the tail section in the 
vertical direction is modeled and the helicopter body is modeled as ground. The spring 

m0

m0

ms,  k

ms,  k

m

m
X

�rt

(a) (b)

Figure 2.23  (a) The vertical vibration model of a tail section modeled as a spring 
consisting of a long, slender bar with machine mounted on it with a rotational 
unbalance. (b) This sketch is the equivalent spring–mass model used for unbalance 
problems (note that to be consistent with Figure 2.19, m includes m0).
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used to represent the tail section has significant mass, so equation (1.76) of Section 1.5 
for a heavy beam is used to find the equivalent mass of the system. Using the equiva-
lent mass concept yields that the natural frequency is

ωn =

H
k

m +
33

140
 ms

=

S
105 N>m

20.5 +
33

140
 60 kg

= 53.727 rad>s
The frequency of rotation in rad>s is

ωr = 1500 rpm = 1500 
rev

min
 
min 

60 s
 
2π rad

rev
= 157 rad>s

Hence, the frequency ratio, r, becomes

r =
ωr

ωn

=
157 rad>s

53.727 rad>s = 2.92

With r = 2.92 rad>s and ζ = 0.01, equation (2.84) yields that the magnitude of oscilla-
tion of the tail rotor is

 X =
m0e

m
 

r 2

2(1 - r 2)2
+ (2ζr)2

 =
(0.5 kg)(0.15 m)

34.64 kg
 

(2.92)2

231 - (2.92)242
- 32(0.01)(2.92)42

= 0.002 m

Here the equivalent mass is meq = m + ms = 34.64 kg.
The maximum deflection occurs at about r = 1 or

ωr = ωn = 53.72 rad>s = 53.72  
rad

s
 

revs

2π rad
 

60 s

min 
= 513.1 rpm

In this case, the (maximum) deflection becomes

X =
(0.5 kg)(0.15)

34.34 kg
 

1

2(0.01)
= 0.108 m = 10.8 cm

which represents a large unacceptable deflection of the rotor. Thus the tail rotor 
should not be allowed to rotate at 513.1 rpm.

n

More on the special nature of rotating systems is discussed in Section 5.5. 
Additional discussion of vibration problems associated with rotating machinery is 
given in Section 5.7 on critical speeds. Some treatments include the discussion of criti-
cal speeds in rotating shafts immediately following the discussion of unbalance, and it 
is possible to skip to Section 5.7 before continuing. Vibration problems associated with 
rotor dynamics are both important and vast enough to study as a separate course. 



166 Response to Harmonic Excitation    Chap. 2

2.6 MEASUREMENT DEVICES

An important application of the forced-harmonic-vibration analysis and base-
excitation problem presented in Sections 2.2 and 2.4, respectively, is in the design of 
devices used to measure vibration. A device that changes mechanical motion into 
a voltage (or vice versa) is called a transducer. Several transducers are sketched in 
Figures 2.24 to 2.26. Each of these devices changes mechanical vibration into a volt-
age proportional to acceleration.

Referring to the accelerometer of Figure 2.24, a balance of forces on the seis-
mic mass m yields

 mx
$

= -c(x
#

- y
#
) - k(x - y) (2.86)

Here it is assumed that the base that is mounted to the structure being measured 
undergoes a motion of y = Y cos ωbt (i.e., that the structure being measured is un-
dergoing simple harmonic motion). The motion of the accelerometer mass relative 
to the base, denoted by z(t), is defined by

 z(t) = x(t) - y(t) (2.87)

Casing

mVoltage

k

m

cy(t)

y(t) � motion of structure

x(t)
mx(t)

..

k(x�y)  c(x�y) 
. .

Figure 2.24  A schematic of 
an accelerometer mounted 
on a structure. The insert 
indicates the relevant forces 
acting on the mass m. The 
force k(x - y) is actually 
parallel to the damping force 
because they are both 
connected to ground.

x(t)

y(t)

m

Voltage-generating
strain gauges

Elastic beam (k)

Mounted to vibrating structure

Figure 2.25  A schematic 
of a seismic accelerometer 
made of a small beam.
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Equation (2.86) can then be written in terms of the relative displacement z(t). Hence 
equation (2.86) becomes the familiar expression

 mz
$

+ cz
#

+ kz = mωb
2Y cos ωb t (2.88)

This expression has exactly the same form as equation (2.26). Thus the solu-
tion in steady state will be of the same form as given by equation (2.36) or

 z(t) =
ωb

2Y2(ωn
2

- ωb
2)2

+ (2ζωnωb)2
  cos cωbt + a-tan -1 

2ζωnωb

ωn
2

- ωb
2
b d  (2.89)

The difference between equations (2.36) and (2.89) is that the latter is for the rela-
tive displacement (z) and the former is for the absolute displacement (x).

Further manipulation of the magnitude of equation (2.89) yields

 
Z

Y
=

r 22(1 - r 2)2
+ (2ζr)2

 (2.90)

for the amplitude ratio as a function of the frequency ratio r = ωb>ωn, and

 θ = tan-1 
2ζr

1 - r 2
 (2.91)

for the phase shift.
Consider the plot of the magnitude of Z>Y versus the frequency ratio as given 

in Figure 2.27. Note that for larger values of r (i.e., for r Ú 3) the magnitude ratio 
approaches unity, so that Z>Y = 1 or Z = Y and the relative displacement and the 
displacement of the base have the same magnitude. Hence the accelerometer of 
Figure 2.24 can be used to measure harmonic base displacement if the frequency of 
the base displacement is at least three times the accelerometer’s natural frequency.

Piezoelectric crystal

Mounted to structure

Voltage

y(t)

x(t)

m

k

Figure 2.26  A schematic of a piezoelectric accelerometer and a photograph of a 
commercially available version.
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Next, consider the equation of the system in Figure 2.24 for the case when r is 
small. Factoring ωn

2 out of the denominator, equation (2.89) can be written as

 ωn
2z(t) =

12(1 - r 2)2
+ (2ζr)2

 ωb
2Y cos (ωbt - θ) (2.92)

Since y = Y cos (ωbt - θ), the last term is recognized to be -y
$
(t) so that

 ωn
2z(t) =

-12(1 - r 2)2
+ (2ζr)2

 y
$
(t) (2.93)

This expression illustrates that, for small values of r, the quantity ωn
2z(t) is propor-

tional to the base acceleration, y
$
(t), since

 lim
r S  0

 
1311 - r 222

+ (2ζr)2
= 1 (2.94)

In practice, this coefficient is taken as close to 1 for any value of r 6 0.5. This indi-
cates that, for these frequencies of base motion, the relative position z(t) is propor-
tional to the base acceleration. The effect of the accelerometer internal damping, ζ, 
in the constant of proportionality between the relative displacement and the base ac-
celeration is illustrated in Figure 2.28, which consists of a plot of this constant versus 
the frequency ratio for a variety of values of ζ, for values of r 6 1. Note from the 
figure that the curve corresponding to ζ = 0.7 is closest to being constant at unity 
over the largest range of r 6 1. For this curve, the magnitude is relatively flat for 
values of r between zero and about 0.2. In fact, within this region, the curve varies 
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Figure 2.27  The magnitude versus frequency of the relative displacement for a 
transducer used to measure acceleration and for seismic measurements.
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from one by less than one percent. This defines the useful range of operation for the 
accelerometer:

 0 6
ωb

ωn

6 0.2 (2.95)

where ωn is the natural frequency of the device. Multiplying this inequality by the 
device frequency yields

 0 6 ωb 6 0.2ωn  or  0 6 fm 6 0.2fn (2.96)

where fm is the frequency to be measured by the accelerometer in hertz. For the 
mechanical accelerometer of Figure 2.24, the device frequency may be on the order 
of 100 Hz. Thus inequality (2.96) indicates that the highest frequency that can be 
effectively measured by the device would be 20 Hz (0.2 * 100).

Many structures and machines vibrate at frequencies larger than 20 Hz. The 
piezoelectric accelerometer design indicated in Figure 2.26 provides a device with a 
natural frequency of about 8 * 104 Hz. In this case, the inequality predicts that vibra-
tion with frequency content up to 16,000 Hz can be measured. Vibration measurement 
is discussed in more detail in Chapter 7, where practical problems, such as phase and 
amplitude distribution of signals measured with accelerometers, are discussed. 

Example 2.6.1

This example illustrates how an independent measurement of acceleration can provide 
a measurement of a transducer’s mechanical properties. An accelerometer is used to 
measure the oscillation of an airplane wing caused by the plane’s engine operating at 
6000 rpm (628 rad>s). At this engine speed the wing is known, from other measure-
ments, to experience 1.0-g acceleration. The accelerometer measures an acceleration 
of 10 m>s2. If the accelerometer has a 0.01-kg moving mass and a damped natural 
frequency of 100 Hz (628 rad>s), the difference between the measured and the known 
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Figure 2.28  The effect of damping on the constant of proportionality between base 
acceleration and the relative displacement (voltage) for an accelerometer.
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acceleration is used to calculate the damping and stiffness parameters associated with 
the accelerometer.

Solution  From equation (2.93), the amplitude of the measured values of acceleration 0ωn
2z(t) 0  is related to the actual values of acceleration 0 y$(t) 0  by0ωn

2z(t) 00 y$(t) 0 =
12(1 - r 2)2

+ (2ζr)2
=

10 m>s2

9.8 m>s2
= 1.02

Rewriting this expression yields one equation in ζ and r:

(1 - r 2)2
+ (2ζr)2

= 0.96

A second expression in ζ and r can be obtained from the definition of the damped 
natural frequency:

ωb

ωd

=
ωb

ωn

 
121 - ζ2

= r 
121 - ζ2

=
628 rad>s
628 rad>s = 1

Thus r = 21 - ζ2, providing a second equation in ζ and r. This can be manipulated 
to yield ζ2

= (1 - r 2), which when substituted with the preceding expression for r 
and ζ yields

ζ4
+ 4ζ2(1 - ζ2) = 0.96

This is a quadratic equation in ζ2:

3ζ4
- 4ζ2

+ 0.96 = 0

This quadratic expression yields the two roots ζ = 0.56, 1.01. Using ζ = 0.56, the 

damping constant is (21 - ζ2
= 0.83, ωn = ωd>21 - ζ2

= 758.0 rad>s)

c = 2mωnζ = 2(0.01)(758.0)(0.56) = 8.49 N # s>m
Similarly, the stiffness in the accelerometer is

k = mωn
2

= (0.01)(758.0)2
= 5745.6 N>m

n

2.7 OTHER FORMS OF DAMPING

The damping used in previous sections has been treated as linear-viscous damping, 
with the exception of the treatment of Coulomb damping in Section 1.10. In this 
section, the discussion of Coulomb damping is continued and other forms of damp-
ing are introduced. Because damping is both difficult to model mathematically 
and difficult to measure, choosing the correct form of damping is not an easy task. 
Hence damping is often approximated as a linear dependence on velocity, as done 
in the previous sections. Other models, though not mathematically convenient, may 
provide a more accurate description of the damping in a vibrating system. Coulomb, 
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or friction, damping is one example of such a form. A number of other mathemati-
cal forms of damping exist. In this section, these damping forms are all treated in 
the forced-response case by examining an equivalent linear system based on the 
energy dissipated during vibration. In Section 2.9, these systems are numerically 
integrated in their nonlinear form and compared to the equivalent linear response 
discussed here.

First, consider the response of a system with Coulomb damping, introduced in 
Section 1.10, to a harmonic driving force. Recall the systems of Figures 1.43 and 1.44 
described in the free-response case by equation (1.101). The equation of motion in 
the forced-response case becomes

 mx
$

+ μ mg sgn(x
$
) + kx = F0 sin ωt (2.97)

Rather than solving this equation directly, one can approximate the solution 
of equation (2.97) with the solution of a viscously damped system that dissipates an 
equivalent amount of energy per cycle. This is a reasonable assumption if the magni-
tude of the applied force is much larger than the Coulomb force (F0 W μmg). This 
approximation is accomplished by again assuming that the steady-state response will 
be of the form

 xss(t) = X sin ωt (2.98)

The energy dissipated, ΔE, in a viscously damped system per cycle with viscous-
damping coefficient c is given by

 ΔE = CFd dx = L
2π>ω

0

cx
#
 
dx

dt
 dt = L

2π>ω
0

cx
# 2dt (2.99)

At steady state, x = X sin ωt, x
#

= ωX cos ωt, and equation (2.99) becomes

 ΔE = cL
2π>ω

0

(ω2X2 cos 2ωt)dt = πcωX2 (2.100)

This is the energy dissipated per cycle by a viscous damper. On the other hand, the 
energy dissipated by the Coulomb friction on a horizontal surface per cycle is

 ΔE = μ mgL
2π>ω

0

3sgn(x
#
)x

# 4dt (2.101)

Substitution of the steady-state velocity into this expression and splitting the inte-
grations up into segments corresponding to the sign change in x

#
 yields

 ΔE = μ mgX  aLπ>2
0

 cos u du - L
3π>2

π>2  cos u du + L
2π

3π>2 cos u dub  (2.102)
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where u = ωt and du = ωdt. Completing the integration yields that the energy dis-
sipated by Coulomb friction is

 ΔE = 4μ mg X (2.103)

To create a viscously damped system of equivalent energy loss, the energy-loss 
expression for viscous damping of equation (2.100) is equated to the energy loss as-
sociated with Coulomb friction, given by equation (2.103) to yield

 πceqωX2
= 4μ mg X (2.104)

where ceq denotes the equivalent viscous-damping coefficient. Solving for ceq yields

 ceq =
4μ mg

πωX
 (2.105)

In terms of an equivalent damping ratio, ζeq, equation (2.105) must also equal 2ζeqωnm, 
so that

 ζeq =
2μg

πωnωX
 (2.106)

Thus the viscously damped system described by

 x
$

+ 2ζeqωnx
#

+ ωn
2x = f0 sin ωt (2.107)

will dissipate as much energy as does the Coulomb system described by equation (2.97).
Considering (2.107) as an approximation of equation (2.97), the approximate 

magnitude and phase of the steady-state response of equation (2.97) can be calcu-
lated. Substitution of the equivalent viscous-damping ratio given in equation (2.106) 
into the magnitude of equation (2.40) yields the result that the magnitude X of the 
steady-state response is

 X =
F0>k2(1 - r 2)2

+ (2ζeqr)2
=

F0>k3(1 - r 2)2
+ (4μ mg>πkX)241>2 (2.108)

Solving this expression for the amplitude X yields

 X =
F0

k
 
21 - (4μ mg>πF0)

20 (1 - r 2) 0  (2.109)

with phase shift given by equation (2.40) as

 θ = tan-1 
2ζeqr

1 - r 2
= tan-1 

4μ mg

πkX(1 - r 2)
 (2.110)
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The expression for the phase can be further examined by substituting for the value 
of X from equation (2.109). This yields

 θ = tan-1 
{4μ mg

πF021 - (4μ mg>πF0)
2
 (2.111)

where the { originates from the absolute value in equation (2.109). Thus θ is posi-
tive if r 6 1 and negative if r 7 1. Also note from equation (2.111) that θ is constant 
for a given F0 and μ and is independent of the driving frequency.

Several differences are apparent in the behavior of the approximate phase and 
amplitude of the response with Coulomb friction compared with that of viscous friction. 
First, at resonance, r = 1, the magnitude in equation (2.109) becomes infinite, unlike 
the viscously damped case. Second, the phase is discontinuous at resonance, rather than 
passing through 90° as in the viscous case. Note also from equation (2.111) that the ap-
proximation is good only if the argument in the radical of (2.109) is positive, that is, if

 4μ mg 6 πF0 (2.112)

This confirms and quantifies the physical statement made at the outset (i.e., that the 
applied force must be larger in magnitude than the sliding friction force in order to 
overcome the friction to provide motion).

Example 2.7.1

Consider a spring–mass system with sliding friction described by equation (2.97) with 
stiffness k = 1.5 * 104 N>m, driving harmonically a 10-kg mass by a force of 90 N at 
25 Hz. Calculate the approximate amplitude of steady-state motion assuming that both 
the mass and the surface are steel (unlubricated).

Solution  First, look up the coefficient of friction in Table 1.5, which is μ = 0.3. Then 
from inequality (2.112),

 4μ mg = 4(0.3)(10 kg)(9.8 m>s2) = 117.6 N

 6 (90 N)(3.1415) = 282.74 = πF0

so that the approximation developed previously for the steady-state-response ampli-
tude is valid. Converting 25 Hz to 157 rad>s and using equation (2.109) then yields

X =
90 N

1.5 * 104 N>m 
21 - (117.6 N>282.74 N)20 1 - (2.467 * 104>1.5 * 103) 0 = 3.53 * 10-4 m

Thus the amplitude of oscillation will be less than 1 mm.
n

Several other forms of damping are available for modeling a particular mechan-
ical device or structure in addition to viscous and Coulomb damping. It is common to 
study damping mechanisms by examining the energy dissipated per cycle under a har-
monic loading. Often, force versus displacement curves, or stress versus strain curves, 
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are used to measure the energy lost and hence determine a measure of the damping 
in the system.

The energy lost per cycle, given in equation (2.100) to be πcωX2, is used to 
define the specific damping capacity as the energy lost per cycle divided by the 
peak potential energy, ΔE>U. A more commonly used quantity is the energy lost 
per radian divided by the peak-potential, or strain, energy Umax. This is defined to 
be the loss factor or loss coefficient, denoted by η, and given by

 η =
ΔE

2πUmax 

 (2.113)

where Umax is defined as the potential energy at maximum displacement of X (or 
strain energy).

The loss factor is related to the damping ratio of a viscously damped system at 
resonance. To see this, substitute the value for ΔE from (2.100) into (2.113) to get

 η = 1 
πcωX2

2π 11
2 kX22  (2.114)

At resonance, ω = ωn = 1k>m so that (2.113) becomes

 η =
c1km

= 2ζ (2.115)

Hence, at resonance, the loss factor is twice the damping ratio.
Next, consider a force-displacement curve for a system with viscous damp-

ing. The force required to displace the mass is that force required to overcome the 
spring and damper forces, or

 F = kx + cx
#
 (2.116)

At steady state, as given by equation (2.98), this becomes

 F = kx + cX ω cos ωt (2.117)

Using a trigonometric identity (sin2ϕ + cos2ϕ = 1) on the cos ωt term yields

  F = kx { cωX(1 - sin2 ωt)1>2  

  = kx { cω3X2
- (X sin ωt)241>2 (2.118)

  = kx { cω2X2
- x2  

Squaring this expression yields, upon rearrangement,

 F2
+ (c2ω2

+ k2)x2
- (2k)xF - c2ω2X2

= 0 (2.119)

which can be recognized as the general equation for an ellipse (c2ω2
7 0) rotated 

about the origin in the F-x plane (see a precalculus text). This is plotted in Figure 2.29. 
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The ellipse in the Figure 2.29 is called a hysteresis loop, and the area enclosed is the 
energy lost per cycle as calculated in equation (2.100) and is equal to πcωX2. Note that 
if c = 0, the ellipse of Figure 2.29 collapses to the straight line of slope k indicated by 
the dashed line in the figure.

Materials are often tested by measuring stress (force) and strain (displacement) 
under carefully controlled steady-state harmonic loading. Many materials exhibit 
internal friction between various planes of material as the material is deformed. 
Such tests produce hysteresis loops of the form shown in Figure 2.30. Note that, for 
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0 0.02–0.04–0.06 0.04 0.06

x(t)

–50

50

100

F(t) � cx(t) � kx(t)
.

–0.02

Figure 2.29  A plot of force versus displacement defining the hysteresis loop for a 
viscously damped system.

Loading

Unloading

Stress

Strain Figure 2.30  An experimental stress–
strain plot for one cycle of harmonically 
loaded material for steady state illustrating 
a hysteresis loop associated with internal 
damping.
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increasing strain (loading), the path is different than for decreasing strain (unloading). 
This type of energy dissipation is called hysteretic damping, solid damping, or struc-

tural damping.
The area enclosed by the hysteresis loop is again equal to the energy loss. If 

the experiment is repeated for a number of different frequencies at constant ampli-
tude, it is found that the area is independent of frequency and proportional to the 
square of the amplitude of vibration and stiffness:

 ΔE = πkβX2 (2.120)

where k is the stiffness, X is the amplitude of vibration, and β is defined as the hys-

teretic damping constant. Note that some texts formulate this equation differently 
by defining h = kβ to be the hysteretic damping constant.

Next, apply the equivalent viscous-damping concept used for Coulomb damping. 
If this concept is applied here, equating the energy dissipated by a viscously damped 
system to that of a hysteretic system is equivalent to finding the ellipse of Figure 2.29 
that has the same area as the loop of Figure 2.20. Thus equating (2.120) with the en-
ergy calculated in (2.100) for the viscously damped system yields

 πceqωX2
= πkβX2 (2.121)

Solving this expression yields that the viscously damped system dissipating the 
same amount of energy per cycle as the hysteretic system will have the equivalent 
damping constant given by

 ceq =
kβ
ω

 (2.122)

where β is determined experimentally from the hysteresis loop.
The approximate steady-state response of a system with hysteretic damping 

can be determined from substitution of this equivalent damping expression into the 
equation of motion to yield

 mx
$

+
βk

ω
 x
#

+ kx = F0 cos ωt (2.123)

In this case, the steady-state response is approximated by assuming the response 
is of the form xss(t) = X cos (ωt - ϕ). Following the procedures of Section 2.2, the 
magnitude of the response, X, is given by equation (2.40) to be

 X =
F0>k2(1 - r 2)2

+ (2ζeqr)2
 (2.124)

where ζeq is now ceq> (21km) and r = ω>ωn. Substituting for ζeq yields

 X =
F0>k2(1 - r 2)2

+ β2
 (2.125)
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Similarly, the phase becomes

 ϕ = tan-1 
β

1 - r 2
 (2.126)

These are plotted in Figure 2.31 for several values of β.
Compared to a viscously damped system, the hysteretic system’s magnitude 

obtains a maximum of F0>βk. This is obtained by setting r = 1 in equation (2.125) 
so that the maximum value is obtained at the resonant frequency rather than below 
it, as is the case for viscous damping. Examination of the phase shift shows that the 
response of a hysteretic system is never in phase with the applied force, which is not 
true for viscous damping.

In Section 2.3, the complex exponential was used to represent a harmonic in-
put. Using equation (2.48), the equivalent hysteretic system can be written as

 mx
$

+
βk

ω
 x
#

+ kx = F0e
jωt (2.127)

Substitution of the assumed form of the solution given by x(t) = Xejωt for just the 
velocity term yields

 mx
$

+ k(1 + jβ)x = F0e
jωt (2.128)
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Figure 2.31  Steady-state magnitude and phase versus frequency ratio for a system with 
hysteretic damping coefficient β approximated by a system with viscous damping.
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This gives rise to the notion of complex stiffness or complex modulus. The damped 
problem is represented in equation (2.128) as an undamped problem with complex 
stiffness coefficient k(1 + jβ). This approach is very popular in the material engi-
neering literature on damping.

Example 2.7.2

An experiment is performed on a hysteretic system with known spring stiffness of 
k = 4 * 104 N>m. The system is driven at resonance, the area of the hysteresis loop is 
measured to be ΔE = 30 N # m, and the amplitude, X, is measured to be X = 0.02 m. 
Calculate the magnitude of the driving force and the hysteretic damping constant.

Solution  At resonance, equation (2.125) yields

X =
F0

kβ

or kβ = F0>X. The area enclosed by the hysteresis loop is equal to πkβX2, so that

30 N # m = πkβX2
= π 

F0

X
 X2

and hence

F0 =
30 N # m

πX
=

30 N # m

π(0.02 m)
= 477.5 N

From the resonance expression,

β =
F0

Xk
=

477.5

(0.02 m)(4 * 104  N>m)
= 0.60

which is the hysteretic damping constant calculated based on the principle of equiva-
lent viscous damping.

n

Several other useful models of damping mechanisms can be analyzed by using 
the equivalent viscous-damping approach. For instance, if an object vibrates in air 
(or a fluid), it often experiences a force proportional to the square of the velocity 
(Blevins, 1977). The equation of motion for such a vibration is

 mx
$

+ α sgn(x
#
)x

# 2
+ kx = F0 cos ωt (2.129)

The damping force is

Fd = α sgn(x
#
)x

# 2
=

CρA

2
 sgn(x

#
)x

# 2

which opposes the direction of motion, similar to Coulomb friction, and depends 
on the square of the velocity, x

#
; the drag coefficient of the mass, C; the density of 

the fluid, ρ; and the cross-sectional area, A, of the mass. This type of damping is 
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referred to as air damping, quadratic damping, or velocity-squared damping. As in the 
Coulomb friction case, this is a nonlinear equation that does not have a convenient 
closed-form solution to analyze. While it can be solved numerically (see Section 2.8), 
an approximation to the behavior of the solution during steady-state harmonic excita-
tion can be made by the equivalent viscous-damping method. Assuming a solution of 
the form x = X sin ωt and computing the energy integrals following the steps taken 
in equation (2.102) yields that the energy dissipated per cycle is

 ΔE =
8

3
 αX3ω2 (2.130)

Again, equating this to the energy dissipated by a viscously damped system given in 
equation (2.100) yields

 ceq =
8

3π
 αωX (2.131)

This equivalent viscous-damping value can then be used in the amplitude and phase 
formulas for a linear viscously damped forced harmonic motion to approximate the 
steady-state response.

Example 2.7.3

Calculate the approximate amplitude at resonance for velocity-squared damping.

Solution  Using the magnitude expression for viscous damping at resonance (r = 1 and 
ω = ωn), equation (2.40) and the expression for the damping ratio given in equation 
(1.30) yields

X =
f0

2ζωωn

=
mf0

ceqω

Substitution of (2.131) yields

X =
mf0

(8>3π)αω2X

so that

X = B 3πmf0

8αω2
= C3πf0 m

2

8kCρA

As expected, for larger values of the mass density of the fluid, the drag coefficient of 
the cross-sectional area produces a smaller amplitude at resonance.

n

If several forms of damping are present, one approach to examining the har-
monic response is to calculate the energy lost per cycle of each form of damping 
present, add them up, and compare them to the energy loss from a single viscous 
damper. Then the formulas for magnitude and phase from equation (2.40) are used 
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to approximate the response. For n damping mechanisms dissipating energy per 
cycle of ΔEi, for the ith mechanism, the equivalent viscous-damping constant is

 ceq =
a n

i = 1ΔEi

πωX2
 (2.132)

A study of various damping mechanisms is presented by Bandstra (1983) and sum-
marized in Table 2.2.

2.8 NUMERICAL SIMULATION AND DESIGN

In the previous sections, great effort was put forth to derive analytical expressions for 
the response of various single-degree-of-freedom systems driven by a harmonic load. 
These analytical expressions are extremely useful for design and for understanding 
some of the physical phenomena. Plots of the time response and of the steady-state 
magnitude and phase were constructed to realize the nature and features of the 
response. Rather than plotting the analytical function describing the response, the 
time response may also be computed numerically using an Euler or Runge–Kutta 
integration and computational software packages as introduced in Section 1.8. While 
 numerical solutions such as these are not exact, they do allow nonlinear terms to be 
considered. In addition, these packages may be used to generate all of the plots of 
phase and magnitude and the time responses given in the previous sections (in fact, all 
plots in this text are generated using MATLAB or, in some cases, Mathcad). The com-
putational packages will also help you derive expressions, such as equation (2.38), by 
using symbolic algebra. Perhaps the most advantageous use of computational software 
is the ability to resolve quickly the time response for various values of parameters. The 
ability to plot the solution quickly allows engineers to examine what would happen if 
the damping changes or the input force level changes. Such parametric studies of the 
time response are useful for design and for building intuition about a given system.

TABLE 2.2  DAMPIng MoDElS

Name Damping Force ceq Source

Linear-viscous damping cx
#

c Slow fluid

Air damping a sgn (x
#
)x

# 2 8aωX

3π
Fast fluid

Coulomb damping β sgn x
# 4β

πωX
Sliding friction

Displacement-squared damping d sgn (x
#
)x2 4dX

3πω
Material damping

Solid, or structural, damping b sgn (x
#
)|x| 2b

πω
Internal damping
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In order to solve for the forced response to a harmonic input numerically, 
equation (1.97) needs to be modified slightly to incorporate the applied force. The 
first-order, or state-space, form of equation (2.27) becomes

  x
#
1(t) = x2(t)  

  x
#
2(t) = -2ζωn x2(t) - ωn

2 x1(t) + f0 cos ωt (2.133)

where x2 denotes the velocity x
#
(t) and x1 denotes the position x(t), as before. This 

is subject to the initial conditions x1(0) = x0 and x2(0) = v0. Given ω, ωn, ζ, f0, x0, 
and 0, the solution of equation (2.133) can be determined numerically. The matrix 
form of equation (2.133) becomes

 x
#
(t) = Ax(t) + f(t) (2.134)

where x and A are the state vector and state matrix as defined previously in equa-
tion (1.96). The vector f is the applied force and takes the form

 f(t) = c 0

f0 cos ωt
d  (2.135)

The Euler form of equation (2.134) is

 x(ti + 1) = x(ti) + Ax(ti)Δt + f(ti)Δt (2.136)

This expression can also be adapted to the Runge–Kutta formulation, and most of the 
codes mentioned in Appendix G have built-in commands for a Runge–Kutta solution.

The numerical integration to determine the response of a system is an ap-
proximation, whereas the plotting of the analytical solution is exact. So why bother 
to integrate numerically to find the solution? Because closed form solutions often do 
not exist, such as in the treatment of nonlinear terms as was illustrated in Section 1.10. 
This section discusses the solution of the forced response using numerical integration 
in an environment where the exact solution is available for comparison. The examples 
in this section introduce numerical integration to compute the forced response and to 
compare these to the exact solution.

The following example illustrates the use of various programs to compute and 
plot the solution.

Example 2.8.1

Numerically integrate and plot the response of an underdamped system determined 
by m = 100 kg, k = 2000 N>m, and c = 200 kg>s, subject to the initial conditions of 
x0 = 0.01 m and 0 = 0.1 m>s, and the applied force F(t) = 150 cos 10t. Then plot the 
exact response as computed by equation (2.38). Compare the plot of the exact solution 
to the numerical simulation.

Solution  This is first worked out in Mathcad. The equivalent commands for MATLAB and 
Mathematica are given at the end of this example. Start by entering the relevant numbers.

x0 := 0.01  v0 := 0.1  m := 100  c := 200  k := 2000

ωn := Akm  ζ := 
c

21k # m
  F0 := 150  ω := 10
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ωd := ωn # 21 - ζ2  f0 := 
F0

m

 B := 
f0

(ωn2 - ω2)2 + (2 # ζ # ωn # ω)2
 

Defines one coefficient

 xTc(t) := e-ζ 
#  ωn #  t # 3x0 - 1ωn2 - ω22 # B4 # cos (ωd # t) Write out equation 

(2.38) in parts

xTs(t) := e-ζ 
#  ωn #  t # c3x0 - 1ωn2 - ω22 # B4 #

ζ # ωn

ωd
- 2 # ζ # ωn # ω

2

ωd
# B +

v0

ωd
d # sin (ωd # t)

xSS(t) := B # 3(ωn2 - ω2) # cos(ω # t) + 2 # ζ # ωn # ω # sin(ωd # t)4
x(t) := xTc(t) + xTs(t) + xSS(t)

Next compute the same response using Runge–Kutta by setting up a 

state-space representation, use rkfixed to solve, and save the 

solution in x, t vectors

X := cx0
v0
d  D(t,X) := c X1

-2 # ζ # ωn # X1 - ωn2 # X0 + f0 # cos(ω # t)
d

Z := rkfixed (X, 0, 6, 2000, D)

t := Z607  xs := Z617

 x := x(t)
¡

 Change exact solution into a vector for plotting

0.04

�0.04

0.02

2 3 4 510

t

6

�0.02

xs
x

Figure 2.32  The exact solution (dashed line) and a Runge–Kutta solution (solid 
line) plotted on the same graph.

From Figure 2.32, note that the numerical solution and the exact solution are the same. 
However, it is always important to remember that the numerical integration yields 
only an approximate solution.
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Next the MATLAB code for computing these plots is given. First an M-file is 
 created with the equation of motion given in first-order form.

--------------------

function v=f(t,x)

m=100; k=2000; c=200; Fo=150; w=10;

v=[x(2); x(1).*-k/m + x(2).*-c/m + Fo/m*cos(w*t)];

----------------------------

Then the following is entered into the command window:

clear all

xo=0.01; vo=0.1; m=100; c=200; k=2000;

Fo=150; w=10;

t=0:0.01:5;

wn=sqrt(k/m);

z=c/(2*sqrt(k*m));

wd=wn*sqrt(1-z^2);

fo=Fo/m;

% Defines one coefficient

B= fo/((wn^2-w^2)^2 + (2*z*wn*w)^2);

for i=1:max(length(t))

%Write out equation (2.38) in parts

xTc(i)=exp(-z*wn*t(i)) * (xo-(wn^2-w^2)*B) * cos(wd*t(i));

xTs(i)=exp(-z*wn*t(i)) * ((xo-(wn^2-w^2)*B)*z*wn/wd -

2*z*wn*w^2/wd*B + vo/wd) * sin(wd*t(i));

xSs(i)=B*((wn^2-w^2)*cos(w*t(i)) + 2*z*wn*w*sin(w*t(i)));

x(i)=xTc(i) + xTs(i) + xSs(i);

end

figure(1)

plot(t,x)

clear all

xo=[0.01; 0.1];

ts=[0 5];

[t,x]= ode45('f',ts,xo);

figure (2)

plot(t,x(:,1))
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In Mathematica, the exact solution and numerical solution are computed and 
plotted by the following list of commands.

In[1] : = m = 100;

k = 2000;

c = 200;

x0 = .01;

v0 = .1;

ωn = Akm;
ζ = 

c

21k * m;
ω = 10

ωd = ωn * 21 - ζ2;

F0 = 150;

f0 = 
F0

m
;

X = 
f02(ωn2 -  ω2)2 + (2  *  ζ  *  ωn  *  ω)2

;

θ = ArcTan[ωn2 - ω2, 2  *  ζ  *  ωn  *  ω];
ϕ = ArcTan[v0 - X    *    ω    *    Sin[θ] + ζ    *    ωn    *
 (x0 - X * Cos[θ]), ωd * (x0 - X * Cos[θ])];

A = 
x0 - X * Cos [θ]

Sin [ϕ]
;

xanal[t_] = A * Exp[-ζ * ωn * t] * Sin[ωd * t + ϕ] + X
 * Cos[ω * t - θ];

numerical = NDSolve[{x"[t] + 2 * ζ * ωn * x'[t] + ωn2 *
 x[t] == f0 * Cos[ω * t], x[0] == x0, x'[0] == v0},
 x[t], {t, 0, 5}];

Plot[{Evaluate[x[t] /. numerical], xanal[t]}, {t, 0, 5},

 PlotRange  S   {-0.04, 0.04}]

n

With the ability to compute numerical solutions, either by solving a differen-
tial equation and plotting it or by plotting the analytical solution, comes the abil-
ity to perform parametric studies of the response quickly. Once a response plot is 
written into a code, it is a trivial matter to reproduce the plot with new values of 
the physical parameters (mass, damping, stiffness, initial conditions, and the driv-
ing force magnitude and frequency). Such parametric studies can be used both to 
understand the physical nature of the response and to design. Here design refers to 
choosing the physical parameters to obtain a more desirable response. Chapter 5 
focuses on design. The following example illustrates how the computer may be used 
to determine design parameters.
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Example 2.8.2

An electronics module is mounted on a machine and is modeled as a single-degree-
of-freedom spring, mass, and damper. During normal operation, the module (having a 
mass of 100 kg) is subject to a harmonic force of 150 N at 5 rad>s. Because of material 
considerations and static deflection, the stiffness is fixed at 500 N>m and the natural 
damping in the system is 10 kg>s. The machine starts and stops during its normal opera-
tion, providing initial conditions to the module of x0 = 0.01 m and 0 = 0.5 m>s. The 
module must not have an amplitude of vibration larger than 0.2 m even during the tran-
sient stage. First, compute the response by numerical simulation to see if the constraint 
is satisfied. If the constraint is not satisfied, find the smallest value of damping that will 
keep the deflection less than 0.2 m.

Solution  This requires the numerical integration of a second-order differential equa-
tion. Codes for these are given in Example 2.8.1. Use either equation (2.136) or a 
Runge–Kutta equivalent to integrate numerically the equation of motion and plot the 
result to see if the response is larger than 0.2 m. Here Mathcad is used to generate the 
response plot of Figure 2.33.

x0 : = 0.01   v0 : = 0.5   m : = 100   k : = 500   c : = 10

F0 : = 150   ωn : = Akm   ζ : = 
c

21k # m

f0 : = 
F0

m

ζ = 0.022

ω : = 5  ωn = 2.236

X : = Jx0
v0

R
D(t, X) : = c X1

-2 # ζ # ωn # X1 - ωn2 # X0 + f0 # cos(ω # t)
d

Z : = rkfixed(X, 0, 40, 4000, D)

t : = Z<0>

x : = Z<1>

Note from the simulated response that the transient term is larger than the steady 
state and has violated the constraint that x(t) … 0.2 m. Thus the damping must 
be increased to bring down the amplitude of the transient response. The design is 
performed by simply increasing the value of c in the preceding code and running it 
again. This is repeated until the response falls below 0.2 m. Because damping is ex-
pensive to add to a system, the increment of damping at each iteration is very small. 
This “design” procedure produces the plot shown in Figure 2.34 for a damping coef-
ficient of c = 195 kg>s (ζ = 0.436).

A value of the damping coefficient that is a few kg>s less than 195 kg>s will pro-
duce a response larger than the desired 0.2 m. This is a fairly large value of damping, a 
source of concern for the designer.

Next the MATLAB code for computing these plots is given. First an M-file is 
created with the equation of motion given in first-order form.
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---------------------------------------------------

function v=f(t,x)

m=100; k=500; c=10; Fo=150; w=5;

v=[x(2); x(1).*-k/m+x(2).*-c/m   +   Fo/m*cos(w*t)];

---------------------------------------------------
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Figure 2.33  The simulated response for c = 10 kg>s illustrating that the transient 
response exceeds 0.2 m.
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Figure 2.34  The simulated response for c = 195 kg>s illustrating that the transient 
does not exceed 0.2 m.
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Then the following is typed in the command window:

clear all

xo=[0.01; 0.5];

ts=[0 40];

[t,x]=ode45('f',ts,xo);

figure(1)

plot(t,x(:,1))

This is repeated with different values of damping until the desired amplitude is reached.
In Mathematica, the exact solution and numerical solution are computed and 

plotted by the following list of commands:

In[1] : = m = 100;

k = 500;

c = 10;

x0 = .01;

v0 = .5;

ωn = Akm;
ζ = 

c

2   *   1k   *   m
;

ω = 5;
ωd = ωn * 21 - ζ2;
F0 = 150;

f0 = 
F0

m
;

X = 
f02(ωn2 - ω2)2 + (2 * ζ * ωn * ω)2

;

θ = ArcTan[ωn2 - ω2, 2   *   ζ   *   ωn   *   ω];

ϕ = ArcTan[v0 - X  *  ω  *  Sin [θ] + ζ  *  ωn  *  (x0 - X  *  Cos [θ]), 

 ωd  *  (x0 - X  *  Cos[θ])];

A = 
x0 - X   *   Cos[θ]

Sin[ϕ]
;

xanal[t_] = A   *   Exp[-ζ   *   ωn   *   t]   *   Sin[ωd   *   t + ϕ] + X

 *   Cos[ω   *   t - θ];

numerical    =    NDSolve[{x"[t] + 2   *   ζ   *   ωn   *   x'[t] + ωn2   *   x[t]    ==   f0

 *   Cos[ω   *   t], x[0] == x0, x'[0] == v0}; x[t], {t,0,40}];

Plot[{Evaluate[x[t]/.numerical], xanal[t]}, {t,0,40},

PlotRange   S    {–4, .4},

PlotStyle   S    {RGBColor[1,0,0], RGBColor[0,1,0]}]

n
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2.9 NONLINEAR RESPONSE PROPERTIES

The use of numerical integration as introduced in the previous section allows us to 
consider the effects of various nonlinear terms in the equation of motion. As noted 
in the free-response case discussed in Section 1.10, the introduction of nonlinear 
terms generally results in an inability to find exact solutions, so we must rely on 
numerical integration and qualitative analysis to understand the response. Several 
important differences between linear and nonlinear systems are as follows:

 1. A nonlinear system has more than one equilibrium point and each may be 
either stable or unstable.

 2. Steady-state behavior of a nonlinear system does not always exist, and the nature 
of the solution is strongly dependent on the value of the initial conditions.

 3. The period of oscillation of a nonlinear system depends on the initial condi-
tions, the amplitude of excitation, and the physical parameters, unlike the lin-
ear response, which depends only on mass, damping, and stiffness values and 
is independent from the initial conditions.

 4. Resonance in nonlinear systems may occur at excitation frequencies that are 
not equal to the linear system’s natural frequency.

 5. We cannot use the idea of superposition, used in Section 2.4, in a nonlinear 
system.

 6. A harmonic excitation may cause a nonlinear system to respond in a nonperi-
odic, or chaotic, motion.

Many of these phenomena are very complex and require analysis skills be-
yond the scope of a first course in vibration. However, some initial understanding 
of nonlinear effects in vibration analysis can be observed by using the numerical 
solutions covered in the previous section. In this section, several simulations of the 
response of nonlinear systems are numerically computed and compared to their 
linear counterparts.

Recall from Section 1.10 that, if the equations of motion are nonlinear, the 
general single-degree-of-freedom system may be written as

 x
$
(t) + f3x(t), x

#
(t)4 = 0 (2.137)

where the function, f, can take on any form, linear or nonlinear. In the forced re-
sponse case considered in this chapter, the equation of motion becomes

 x
$
(t) + f3x(t), x

#
(t)4 = f0 cos ωt (2.138)

Formulating this last expression into the state-space, or first-order, equation (2.138) 
takes on the form

  x
#

1(t) = x2(t)  

  x
#

2(t) = -f(x1, x2) + f0  cos ωt (2.139)
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This state-space form of the equation is used for numerical simulation in several of 
the codes. By defining the state vector, x = [x1(t), x2(t)]T, used in equation (1.96) 
and a nonlinear vector function F as

 F(x) = c x2(t)

-f(x1, x2)
d  (2.140)

equations (2.139) may now be written in the first-order vector form

 x
#

= F(x) + f(t) (2.141)

Equation (2.141) is the forced version of equation (1.116). Here f(t) is simply

 f(t) = c 0

f0 cos ωt
d  (2.142)

Then the Euler integration method for the equations of motion in the first-order 
form becomes

 x(ti + 1) = x(ti) + F[x(ti)]Δt + f(ti)Δt (2.143)

This expression forms a basic approach to numerically integrating to compute the 
forced response of a nonlinear system and is the nonlinear, forced-response version 
of equations (1.100) and (2.134).

Nonlinear systems are difficult to analyze numerically as well as analytically. 
For this reason, the results of a numerical simulation must be examined carefully. 
In fact, using a more sophisticated integration method, such as Runge–Kutta, is 
recommended for nonlinear systems. In addition, checks on the numerical results 
using qualitative behavior should also be performed whenever possible.

In the following we consider the single-degree-of-freedom system illustrated 
in Figure 2.35, with nonlinear spring or damping elements. A series of examples is 
presented using numerical simulation to examine the behavior of nonlinear systems 
and to compare them to the corresponding linear systems.

Example 2.9.1

Compute the response of the system in Figure 2.35 for the case that the damping is lin-
ear and viscous and the spring is a nonlinear softening spring of the form

fk(x) = kx - k1x
3

and the system is subject to a harmonic excitation of 1500 N at a frequency of approximately 
one-third the natural frequency (ω = ωn>2.964) and initial conditions of x0 = 0.01 m and 

x (t)

m F (t)

k

c Figure 2.35  A spring–mass–damper system 
with potentially nonlinear elements.
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0 = 0.1 m>s. The system has a mass of 100 kg, a damping coefficient of 170 kg>s, and a lin-
ear stiffness coefficient of 2000 N>m. The value of k1 is taken to be 520 N>m3. (a) Compute 
the solution and compare it to the linear solution (k1 = 0). (b) Examine the response for 
the case that the driving force is near linear resonance (ω = ωn>1.09).

Solution  The equation of motion becomes

mx
$
(t) + cx

#
(t) + kx(t) - k1x

3(t) = 1500 cos ωt

Dividing by the mass yields

x
$
(t) + 2ζ ωnx

#
(t) + ωn

2x(t) - αx3(t) = 15 cos ωt

Next, write this equation in state-space form to get

 x
#
1(t) = x2(t)

 x
#
2(t) = -2ζωnx2(t) - ωn

2x1(t) + αx1
3(t) + 150 cos ωt

This last set of equations can be used in MATLAB or Mathcad to integrate numeri-
cally for the time response. Mathematica uses the second-order equation directly. 
Figures 2.36 and 2.37 illustrate three plots. The straight line in each is the magnitude 
of the linear steady-state response for the parameters given as computed by equation 
(2.39). The solid line in each is the response of the nonlinear system, while the dashed 
line is the response of the linear system. In case (a), the response of the nonlinear 
system exceeds that of the linear system and appears to be in resonance even though 
the driving frequency is almost one-third that of the natural frequency. However, in 
case (b) for the system near resonance (Figure 2.37), the nonlinear system response 
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Figure 2.36  The solid line is a plot of the response of the nonlinear system, the 
dashed line is a plot of the response of the linearized system, and the straight dashed 
line is the magnitude of the steady-state amplitude of the linear system as given by 
equation (2.39) for a driving frequency near one-third of the natural frequency.
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is lower in amplitude than the linear system response and appears to be oscillating at 
two frequencies. An essential difference between linear and nonlinear systems is that 
a harmonically excited nonlinear system may oscillate at frequencies other than the 
frequency of excitation.

The codes for numerically simulating and plotting the curves given in Figures 2.36 
and 2.37 are given next. In Mathcad the code is

x0 : = 0.01   v0 : = 0.1   m : = 100   k: = 2000   c : = 170

α : = 5.2   F0 : = 1500

ωn := Akm   ζ : = 
c

21k # m
   f0 : = 

F0

m
   ω : = 

ωn
2.964

X : = Jx0
v0

R   Y : = X

D(t,X) : = J X1
-2 # ζ # ωn # X1 - ωn2 # X0 + α # (X0)

3
+ f0 # cos(ω # t)

R
L(t,Y) : = J Y1

(-2 # ζ # ωn # Y1 - ωn2 # Y0) + f0 # cos(ω # t)
R

Z := rkfixed(X,0,40,4000,D)

t : = Z<0>   x : = Z<1>   W : = rkfixed(Y,0,40,4000,L)

xL : = W<1>   d(t) : = 
f02(ωn2 - ω2)2 + (2 # ζ # ωn # ω)2

   F : = d(t)
¡
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Figure 2.37  The solid line is a plot of the response of the nonlinear system, the 
dashed line is a plot of the response of the linearized system, and the straight dashed 
line is the magnitude of the steady-state amplitude of the linear system as given by 
equation (2.39) for a driving frequency near the natural frequency of the linear system.
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In MATLAB the code is

% (a)

clear all

xo=[0.01; 0.1];

ts=[0 40];

[t,x]=ode45('f',ts,xo);

plot(t,x(:,1)); hold on

[t,x1]=ode45('f1',ts,xo);

plot(t,x1(:,1),'r'); hold off

%------------------------------------------------------

function v=f(t,x)

m=100; k=2000; k1=0; c=170; Fo=1500; w=sqrt(k/m)/2.964;

v=[x(2); x(1).*-k/m+x(2).*-c/m + x(1)^3*k1/m + Fo/m*cos(w*t)];

%------------------------------------------------------

function v=f1(t,x)

m=100; k=2000; k1=520; c=170; Fo=1500; w=sqrt(k/m)/2.964;

v=[x(2); x(1).*-k/m+x(2).*-c/m + x(1)^3*k1/m + Fo/m*cos(w*t)];

%(b)

clear all

xo=[0.01; 0.1];

ts=[0 20];

[t,x]=ode45('f',ts,xo);

figure(2)

plot(t,x(:,1)); hold on

[t,x1]=ode45('f1',ts,xo);

plot(t,x1(:,1),'r'); hold off

%------------------------------------------------------

function v=f(t,x)

m=100; k=2000; k1=0; c=170; Fo=1500; w=sqrt(k/m)/1.09;

v=[x(2); x(1).*-k/m + x(2).*-c/m + x(1)^3*k1/m + Fo/m*cos(w*t)];

%------------------------------------------------------

function v=f1(t,x)

m=100; k=2000; k1=520; c=170; Fo=1500; w=sqrt(k/m)/1.09;

v=[x(2); x(1).*-k/m+x(2).*-c/m + x(1)^3*k1/m + Fo/m*cos(w*t)];
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In Mathematica the code is

In[1] : = <<PlotLegends'

In[2] : = m = 100;

k = 2000;

c = 170;

F0 = 1500;

F0 = 
F0

m
;

α = 5.2;

ωn = Akm;
ζ = 

c

2   *   1k   *   m
;

x0 = 0.01;

v0 = 0.1;

ω = 
ωn

2.964
;

ssmagnitude = 
f02(ωn2 - ω2)2 + (2   *   ζ   *   ωn   *   ω)2

;

In[14] : = nonlinear = NDSolve[{x"[t] + 2   *   ζ   *   ωn   *   x'[t] + ωn2

*   x[t] – α   *   (x[t])3 == f0   *    Cos[ω   *   t], x[0] == x0,

x'[0] == v0}, x[t], {t, 0, 40}, MaxSteps  S   2000];

linear = NDSolve[{x1"[t]+2   *   ζ   *   ωn   *   xl'[t]+ωn2]
*   x1[t] == f0   *    Cos[ω   *   t],

x1[0] == x0, x1'[0] == v0}, x1[t], {t, 0, 40},

MaxSteps   S    2000];

Plot[{Evaluate[x[t] /. nonlinear],

Evaluate[x1[t] /. linear], ssmagnitude}, {t, 0, 40},

PlotRange   S    {–2,2},

PlotStyle   S    {RGBColor[1,0,0], RGBColor[0, 1, 0],

RGBColor[0, 0, 1]},

PlotLegend   S    {Nonlinear", "Linear",

"Steady State Amp."}, LegendPosition   S    {1, 0},

LegemdSize   S    {1, .3}]

A very important point is that the initial conditions are critical in determining 
the nature of the response (recall the pendulum of Example 1.10.4). If the initial posi-
tion and>or velocity are increased, the nonlinear solution will grow without bound and 
the numerical integration will fail. On the other hand, the linear solution will still oscil-
late with amplitude less than the straight line in Figures 2.36 and 2.37.

n

Example 2.9.2

Compare the forced response of a system with velocity-squared damping as defined in 
equation (2.129) using numerical simulation of the nonlinear equation to that of the 
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response of the linear system obtained using equivalent viscous damping as defined by 
equation (2.131).

Solution  Velocity-squared damping with a linear spring and harmonic input is de-
scribed by equation (2.129), repeated here:

mx
$

+ α sgn(x
#
)x

# 2
+ kx = F0 cos ωt

The equivalent viscous-damping coefficient is calculated in equation (2.131) to be

ceq =
8

3π
 αωX

The value of the magnitude, X, can be approximated for near resonance conditions. 
The value is computed in Example 2.7.3 to be

X = B 3πmf0

8αω2

Combining these last two expressions yields an equivalent viscous-damping value of

ceq = B 8mαf0

3π

Using this value as the damping coefficient results in a linear system of Figure 2.34 
that approximates equation (2.131). Figures 2.38 and 2.39 are plots of the linear 
system with equivalent viscous damping and a numerical simulation of the full 
nonlinear equation (2.129) for two different values of the parameter α depend-
ing on the drag coefficient. Several conclusions can be made from these two plots. 

40
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Figure 2.38  The displacement of the equivalent viscous damping (dashed line) and the 
displacement of the nonlinear system (solid line) versus time for the case of α = 0.005.
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First, the larger the drag coefficient, the greater the error is in using the concept of 
equivalent viscous damping. Second, the frequency of the response looks similar, 
but the amplitude of oscillation is greatly overestimated by the equivalent viscous-
damping technique.

The computer codes for solving and plotting both the linear and nonlinear equa-
tions follow.

The code in Mathcad is

m : = 10   k : = 200   α : = .0050   F0 : = 150

ωn : = Akm   f0 : = 
F0

m
  ω : = 1 # ωn   ceq : = A8 # α # m

3 # π
# f0

ζ : = 
ceq

21k # m
  X : = J 1

0.1
R  Y : = X

D(t,X) : = C X1

-ωn2 # X0 -
α
m

# (X1)
2 #

X1

|X1|
+ f0 # cos(ω # t)

S
L(t,Y) : = J Y1

(-2 # ζ # ωn # Y1 - ωn2 # Y0) + f0 # cos(ω # t)
R

Z : = rkfixed(X, 0, 40, 2000, D)

t: = Z<0>   x : = Z<1>   W :    = rkfixed(Y, 0, 40, 2000, L)

xL : = W<1>
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Figure 2.39  The displacement of the equivalent viscous damping (dashed line) and the 
displacement of the nonlinear system (solid line) versus time for the case of α = 0.5.
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The MATLAB code consists of the following commands and M-files:

% α=0.005

clear all

xo=[1; 0.1];

ts=[0 20];

[t,x]=ode45('f',ts,xo);

figure(1)

plot(t,x(:,1)); hold on

[t,x1]=ode45('f1',ts,xo);

plot(t,x1(:,1),'r'); hold off

%-------------------------------

function v=f(t,x)

m=10; k=200; alpha=0.005; Fo=150; w=sqrt(k/m); 

ceq=sqrt(8*m*alpha*Fo/m/3/pi);

v=[x(2); x(1).*-k/m+x(2).*-ceq/m + Fo/m*cos(w*t)];

%-------------------------------

function v=f1(t,x)

m=10; k=200; alpha=0.005; Fo=150; w=sqrt(k/m);

v=[x(2); x(1).*-k/m + x(2)^2.*-alpha/m * sign(x(2)) + Fo/m*cos(w*t)];

The Mathematica code is

In[1] : = <<PlotLegends'

In[2] : = m = 10;

k = 200;

F0 = 150;

f0 = 
F0

m
;

α = .005;

ωn = Akm;
ceq = A8   *   α   *   m

3   *   π
   *   f0;

ζ = 
ceq

2   *   1k   *   m
;

x0 = 1;

v0 = 0.1;

ω = ωn;

In[13] : = velsquared = NDSolve[{x''[t] + 
α
m
    *    Sign[x'[t]]    *    (x'[t])2

  + ωn2 * x[t] == f0 * Cos[ω   *   t], x[0] == x0,
  x'[0] == v0}, x[t], {t, 0, 20}, MaxSteps   S    2000];
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equivdamping = NDSolve[{xeq''[t] + 2   *   ζ   *   ωn   *   xeq'[t] + ωn2

  *   xeq[t] == f0 * Cos[ω   *   t],
  xeq[0] == x0, xeq’[0] == v0}, xeq[t], {t, 0, 20},

  MaxSteps   S    2000];

Plot[{Evaluate[x[t] /. velsquared],

  Evaluate[xeq[t] /. equivdamping]}, {t, 0, 20},

  PlotRange   S    {-40, 40},

PlotStyle   S    {RGBColor[1, 0, 0], RGBColor[0, 1, 0],

  RGBColor[0, 0, 1]},

PlotLegend   S    {"Velocity Squared", "Equivalent Damping",

  LegendPosition   S    {1, 0}, LegendSize   S    {1, .3}]

n

PROBLEMS

Those problems marked with an asterisk are intended to be solved using computational 
software.

Section 2.1 (Problems 2.1 through 2.19)

 2.1. The forced response of a single-degree-of-freedom, spring–mass system is modeled by 
(assume the units are Newtons)

3x
$
(t) + 12x(t) = 3 cos ωt

Compute the magnitude of the forced response for the two cases ω = 2.1 rad>s and 
ω = 2.5 rad>sec. Comment on why one value is larger then the other.

 2.2. Consider the forced response of a single-degree-of-freedom, spring–mass system that 
is modeled by (assume the units are Newtons)

3x
$
(t) + 12x(t) = 3 cos ωt

Compute the total response of the system if the driving frequency is 2.5 rad>s and the 
initial position and velocity are both zero.

 2.3. Compute the response of a spring–mass system modeled by equation (2.2) to a force of 
magnitude 23 N, driving frequency of twice the natural frequency, and initial conditions 
given by x0 = 0 m and v0 = 0.2 m>s. The mass of the system is 10 kg, the spring stiff-
ness is 1000 N>m, and the mass of the spring is considered and known to be 1 kg. What 
percent does the natural frequency change if the mass of the spring is not taken into 
consideration?

 2.4. Show that the solution x(t) =
f0

ωn
2

- ω2
 3  cos ωt -  cos ωnt4  can be written

x(t) =
f0

2(ωn
2

- ω2)
 sin 

ωt + ωnt

2
 sin 

ωnt - ωt

2
.
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 2.5. A spring–mass system is driven from rest harmonically such that the displacement 
response exhibits a beat of period of 0.2π s. The period of oscillation is measured to be 
0.02π s. Calculate the natural frequency and the driving frequency of the system.

 2.6. An airplane wing modeled as a spring–mass system with natural frequency 40 Hz is 
driven harmonically by the rotation of its engines at 39.9 Hz. Calculate the period of 
the resulting beat.

 2.7. Compute the total response of a spring–mass system with the following values: k 
1000 N>m, m = 10 kg, subject to a harmonic force of magnitude F0 = 100 N and fre-
quency of 8.162 rad>s, and initial conditions given by x0 = 0.01 m and v0 = 0.01 m>s. 
Plot the response.

 2.8. Consider the system in Figure P2.8, write the equation of motion, and calculate the 
response assuming (a) that the system is initially at rest, and (b) that the system has an 
initial displacement of 0.05 m.

2,000 N/m

100 kg

x (t)

Friction-
free
surface

10 sin 10t N

Figure P2.8  

 2.9. Consider the system in Figure P2.9, write the equation of motion, and calculate the 
response assuming that the system is initially at rest for the values k1 = 100 N>m, 
k2 = 500 N>m, and m = 89 kg.

m 10 sin 10t N

k1 k2

Figure P2.9  

 2.10. Consider the system in Figure P2.10, write the equation of motion, and calculate the re-
sponse assuming that the system is initially at rest for the values θ = 30°, k = 1000 N>m, 
and m = 50 kg.

k

m

�

90 sin 2.5t N

Figure P2.10  
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 2.11. Compute the initial conditions such that the response of

mx
$

+ kx = F0 cos ωt

oscillates at only one frequency, (ω).

 2.12. The natural frequency of a 65-kg person illustrated in Figure P2.12 is measured along 
vertical, or longitudinal, direction to be 4.5 Hz. (a) What is the effective stiffness of this 
person in the longitudinal direction? (b) If the person, 1.8 m in length and 0.58 m2 in cross-
sectional area, is modeled as a thin bar, what is the modulus of elasticity for this system?

x(t)

Figure P2.12  The longitudinal vibration of a person.

 2.13. If the person in Problem 2.12 is standing on a floor vibrating at 4.49 Hz with an amplitude 
of 1 N (very small), what longitudinal displacement would the person “feel”? Assume that 
the initial conditions are zero.

 2.14. Vibration of body parts is a significant problem in designing machines and structures. 
A jackhammer provides a harmonic input to the operator’s arm. To model this situa-
tion, treat the forearm as a compound pendulum subject to a harmonic excitation (say 
of mass 6 kg and length 44.2 cm) as illustrated in Figure P2.14. Consider point O as a 
fixed pivot. Compute the maximum deflection of the hand end of the arm if the jack-
hammer applies a force of 10 N at 2 Hz.

g
m

O

F0 cos �t

�

Figure P2.14  A vibration model of a forearm driven by a jackhammer.
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 2.15. An airfoil is mounted in a wind tunnel for the purpose of studying the aerodynamic 
properties of the airfoil’s shape. A simple model of this is illustrated in Figure P2.15 
as a rigid inertial body mounted on a rotational spring fixed to the floor with a rigid 
support. Find a design relationship for the spring stiffness, k, in terms of the rotational 
inertia, J; the magnitude of the applied moment, M0; and the driving frequency, ω, that 
will keep the magnitude of the angular deflection less then 5°. Assume that the initial 
conditions are zero and that the driving frequency is such that ωn

2
- ω2

7 0.

Jk
u(t) � M0 cos �t

�

Figure P2.15  A vibration model of a wing in a wind tunnel.

 2.16. The spar of an airplane wing is a relatively rigid beam extending along the length of 
the wing inside the wing to provide strength. It is typical to model a spar as a cantilever 
beam with the fixed end at the body of the aircraft. An example is given in Figure P2.16. 
Using the modeling methods given in Section 1.5, determine a single-degree-of-freedom 
model for the spar and compute its natural frequency. The spar here is modeled as a 
cantilever beam of dimensions length 560 mm, width 38 mm, and thickness 3.175 mm, 
and has a mass of 13.975 grams. The beam’s Young’s modulus is 10.29 GPa and its shear 
modulus is 1.65 GPa.

Figure P2.16  A small, unmanned air vehicle with a rigid spar, modeled as a beam.

 2.17. Compute the response of a shaft-and-disk system to an applied moment of

M = 10 sin 312 t

as indicated in Figure P2.17. Assume that the shaft is initially at rest (zero initial condi-
tions) and J = 0.5 kg m2, the shear modulus is G = 8 * 1010 N>m2, the shaft is 1 m 
long of diameter 5 cm, and made of steel.
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k

J Jp

10 sin 312t

F
ix

e
d

 b
a
se

Figure P2.17  

 2.18. Consider a spring–mass system with zero initial conditions described by

x
$
(t) + 4x(t) = 12 cos 2t, x(0) = 0, x

#
(0) = 0

and compute the form of the response of the system.

 2.19. Consider a spring–mass system with zero initial conditions described by

x
$
(t) + 4x(t) = 10 sin 5t, x(0) = 0, x

#
(0) = 0

and compute the form of the response of the system.

Section 2.2 (Problems 2.20 through 2.38)

 2.20. Calculate the constants A and ϕ for arbitrary initial conditions, x0 and 0, in the case of 
the forced response given by

x(t) = Ae-ζωnt sin (ωdt + ϕ) + X cos (ωt - θ)

Compare this solution to the transient response obtained in the case of no forcing func-
tion (i.e., F0 = 0).

 2.21. Consider the spring–mass–damper system defined by (use basic SI units)

4x
$
(t) + 24x

#
(t) + 100x(t) = 16 cos 5t

First, determine if the system is underdamped, critically damped, or overdamped. Then 
compute the magnitude and phase of the steady-state response.

 2.22. Show that the following two expressions are equivalent:

xp(t) = X cos (ωt - θ) and xp (t) = As cos ωt + Bs sin ωt

 2.23. Calculate the total solution of

x
$

+ 2ζωnx
#

+ ωn
2x = f0 cos ωt

for the case that m = 1 kg, ζ = 0.01, ωn = 2 rad>s, f0 = 3 N>kg, and ω = 10 rad>s, 
with initial conditions x0 = 1 m and v0 = 1 m>s, and then plot the response.

 2.24. A 100-kg mass is suspended by a spring of stiffness 30 * 103 N>m with a viscous-
damping constant of 1000 Ns>m. The mass is initially at rest and in equilibrium. 
Calculate the steady-state displacement amplitude and phase if the mass is excited by a 
harmonic force of 80 N at 3 Hz.

 2.25. Plot the total solution of the system of Problem 2.24 including the transient.
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 2.26. A damped spring–mass system modeled by (units are Newtons)

100x
$
(t) + 10x

#
(t) + 1700x(t) = 1000 cos 4t

is also subject to initial conditions: x0 = 1 mm and 0 = 20 mm>s. Compute the total 
response, x(t), of the system.

 2.27. Consider the pendulum mechanism of Figure P2.27 which is pivoted at point O. 
Calculate both the damped and undamped natural frequency of the system for small 
angles. Assume that the mass of the rod, spring, and damper are negligible. What driv-
ing frequency will cause resonance?

l1 � 0.05 m

l � 0.10 m

l2 � 0.07 m

0

m

k

c

F(t)

Figure P2.27  

 2.28. Consider the pivoted mechanism of Figure P2.27 with k = 4 * 103 N>m, l1 = 0.05 m, 
l2 = 0.07 m, l = 0.10 m, and m = 40 kg. The mass of the beam is 40 kg. It is pivoted 
at point 0 and assumed to be rigid. Design the dashpot (i.e., calculate c) so that the 
damping ratio of the system is 0.2. Also determine the amplitude of vibration of the 
steady-state response if a 10-N force is applied to the mass, as indicated in the figure, at 
a frequency of 10 rad>s.

 2.29. Compute the response of a shaft-and-disk system to an applied moment of

M = 10 sin 312 t

as indicated in Figure P2.29. Assume that the shaft is initially at rest (zero initial condi-
tions) and J = 0.5 kg m2, the shear modulus is G = 8 * 1010 N>m2, the shaft is 1-m long 
of diameter 5 cm, and made of steel. Assume the damping ratio of steel is ζ = 0.01.

k

J Jp

10 sin 312t

F
ix

e
d

 b
a
se

Figure P2.29  
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 2.30. Compute the forced response of a spring–mass–damper system with the following 
values: c = 200 kg>s, k = 2000 N>m, m = 100 kg, subject to a harmonic force of mag-
nitude F0 = 15 N and frequency of 10 rad>s and initial conditions of x0 = 0.01 m and 
v0 = 0.1 m>s. Plot the response. How long does it take for the transient part to die off?

 2.31. Compute a value of the damping coefficient, c, such that the steady-state response am-
plitude of the system in Figure P2.31 is 0.01 m.

c

2,000 N/m

100 kg

x (t)

Friction-
free
surface

20 cos 6.3t N

Figure P2.31  

 2.32. Consider a spring–mass–damper system like the one in Figure P2.31 with the follow-
ing values: m = 100 kg, c = 100 kg>s, k = 3000 N>m, F0 = 25 N, and the driving 
frequency ω = 5.47 rad>s. Compute the magnitude of the steady-state response and 
compare it to the magnitude of the forced response of an undamped system.

 2.33. Compute the response of the system in Figure P2.33 if the system is initially at rest for 
the values k1 = 100 N>m, k2 = 500 N>m, c = 20 kg>s, and m = 89 kg.

c

m 25 cos 3t

k1 k2

Figure P2.33  

 2.34. Write the equation of motion for the system given in Figure P2.34 for the case that 
F(t) = F cos ω t and the surface is friction free. Does the angle θ affect the magnitude 
of oscillation?

F(t)

k

c

m

�

Figure P2.34  

 2.35. A foot pedal for a musical instrument is modeled by the sketch in Figure P2.35: 
k = 2000 N>m, c = 25 kg>s, m = 25 kg, and F(t) = 50 cos 2πt N. Compute the 
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steady-state response assuming the system starts from rest. Also use the small-angle 
approximation.

F(t)

k

0.05 m 0.05 m 0.05 m

c

m

Figure P2.35  

 2.36. Consider the system of Problem 2.15, repeated here as Figure P2.36 with the effects 
of damping indicated. The physical constants are J = 25 kg m2, k = 2000 Nm>rad, 
and the applied moment is 5 Nm at 1.432 Hz acting through the distance r = 0.5 m. 
Compute the magnitude of the steady-state response if the measured damping ratio 
of the spring system is ζ = 0.01. Compare this to the response for the case where the 
damping is not modeled (ζ = 0).

J

r

ck
u(t) � M0 cos �t

�

Figure P2.36  Model of an airfoil in a wind tunnel including the effects of damping.

 2.37. A machine, modeled as a linear spring–mass–damper system, is driven at resonance 
(ωn = ω = 2 rad>s). Design a damper (that is, choose a value of c) such that the 
maximum deflection at steady state is 0.05 m. The machine is modeled as having a 
stiffness of 2000 kg>m, and the excitation force has a magnitude of 100 N.

 2.38. Derive the total response of the system to initial conditions x0 and 0 using the homo-
genous solution in the form xh(t) = e-ζωnt(A1 sin ωdt + A2 cos ωdt) and hence verify 
equation (2.38) for the forced response of an underdamped system.

Section 2.3 (Problems 2.39 through 2.44)

 2.39. Referring to Figure 2.11, draw the solution for the magnitude X for the case m = 100 kg, 
c = 4000 N s>m, and k = 10,000 N>m. Assume that the system is driven at resonance by 
a 10-N force.
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 2.40. Use the graphical method to compute the phase shift for the system with m = 100 kg, 
c = 4000 N s>m, k = 10,000 N>m, and F0 = 10 N, if ω = ωn>2 and again for the case 
ω = 2ωn.

 2.41. A body of mass 100 kg is suspended by a spring of stiffness of 30 kN>m and dashpot of 
damping constant 1000 N s>m. Vibration is excited by a harmonic force of amplitude 
80 N and a frequency of 3 Hz. Calculate the amplitude of the displacement for the 
 vibration and the phase angle between the displacement and the excitation force using 
the graphical method.

 2.42. Calculate the real part of equation (2.55)

xp(t) =
F031k - mω222

+ (cω)241>2 ej(ωt -θ)

to verify that this is consistent with the equation (2.36)

Xp =
f031ωn

2
- ω222

+ (2ζωnω)2

and hence establish the equivalence of the exponential approach to solving the 
damped vibration problem with method of undetermined coefficients.

 2.43. Referring to equation (2.56)1ms2
+ cs + k2X(s) =

F0s

s2
+ ω2

and a table of Laplace transforms (see Appendix B), calculate the solution x(t) by us-
ing a table of Laplace transform pairs, and show that the solution obtained this way is 
equivalent to (2.36).

 2.44. Solve the following system using the Laplace transform method and the table in 
Appendix B:

mx
$
(t) + kx(t) = F0 cos ωt, x(0) = x0, x

#
(0) = v0

Check your solution against equation (2.11) obtained via the method of undetermined 
coefficients.

Section 2.4 (Problems 2.45 through 2.60)

 2.45. For a base motion system described by

mx
$

+ cx
#

+ kx = cYωb cos ωbt + kY sin ωbt

with m = 100 kg, c = 50 kg>s, k = 1000 N>m, Y = 0.03 m, and ωb = 3 rad>s, com-
pute the magnitude of the particular solution. Last, compute the transmissibility ratio.

 2.46. For a base motion system described by

mx
$

+ cx
#

+ kx = cYωb cos ωbt + kY sin ωbt

with m = 100 kg, c = 50 N>m, Y = 0.03 m, and ωb = 3 rad>s, find largest value of the 
stiffness k and that makes the transmissibility ratio less than 0.75.
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 2.47. A machine weighing 2000 N rests on a support as illustrated in Figure P2.47. The sup-
port deflects about 5 cm as a result of the weight of the machine. The floor under the 
support is somewhat flexible and moves, because of the motion of a nearby machine, 
harmonically near resonance (r = 1) with an amplitude of 0.2 cm. Model the floor as 
base motion, assume a damping ratio of ζ = 0.01, and calculate the transmitted force 
and the amplitude of the transmitted displacement.

Flexible floor

k c

Rubber mount
 modeled as a 
 stiffness k and

 a damper c

y(t)

� � Static deflection
Machine of mass m 

Figure P2.47  

 2.48. Derive equation (2.70)

X = Y c 1 + (2ζr)211 - r 222
+ (2ζr)2

d 1>2
from (2.68)

 xp(t) = ωnY c ωn
2

+ (2ζωb)21ωn
2

- ωb
2 22

+ (2ζωnωb)2
d 1>2   cos (ωbt - θ1 - θ2)

to see if the author has done it correctly.

 2.49. From the equation describing Figure 2.14, show that the point (12, 1) corresponds to 
the value TR 7 1 (i.e., for all r 6 12, TR 7 1).

 2.50. Consider the base-excitation problem for the configuration shown in Figure P2.50. In this 
case, the base motion is a displacement transmitted through a dashpot or pure damping 
element. Derive an expression for the force transmitted to the support in steady state.

k

c

m

Support

y(t) � Y sin �bt

x(t)

Figure P2.50  
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 2.51. A very common example of base motion is the single-degree-of-freedom model of 
an automobile driving over a rough road. The road is modeled as providing a base 
motion displacement of y(t) = (0.01)sin(5.818t) m. The suspension provides an 
equivalent stiffness of k = 3.273 * 104 N>m, a damping coefficient of c = 231 kg>s, 
and a mass of 1007 kg. Determine the amplitude of the absolute displacement of the 
automobile mass.

 2.52 A vibrating mass of 300 kg mounted on a massless support by a spring of stiffness 
40,000 N>m and a damper of unknown damping coefficient is observed to vibrate 
with a 10-mm amplitude while the support vibration has a maximum amplitude of only 
2.5 mm (at resonance). Calculate the damping constant and the amplitude of the force 
on the base.

 2.53. Referring to Example 2.4.2, at what speed does Car 1 experience resonance? At what 
speed does Car 2 experience resonance? Calculate the maximum deflection of both 
cars at resonance.

 2.54. For cars of Example 2.4.2, calculate the best choice of the damping coefficient so that the 
transmissibility is as small as possible by comparing the magnitude of ζ = 0.01, ζ = 0.1, 
and ζ = 0.2 for the case r = 2. What happens if the road “frequency” changes?

 2.55. A system modeled by Figure 2.13, has a mass of 225 kg with a spring stiffness of  
3.5 * 104 N>m. Calculate the damping coefficient, given that the system has a deflec-
tion (X) of 0.7 cm when driven at its natural frequency while the base amplitude (Y) 
is measured to be 0.3 cm.

 2.56. Consider Example 2.4.2 for Car 1 illustrated in Figure P2.56 if three passengers total-
ing 200 kg are riding in the car. Calculate the effect of the mass of the passengers on 
the deflection at 20, 80, 100, and 150 km>h. What is the effect of the added passenger 
mass on Car 2?

m

mp

k c

y(t)

Figure P2.56  A model of a car suspension with the mass of the occupants, 
mp, included.

 2.57. Consider Example 2.4.2. Choose values of c and k for the suspension system for Car 2 (the 
sedan) such that the amplitude transmitted to the passenger compartment is as small as 
possible for the 1-cm bump at 50 km>h. Also calculate the deflection at 100 km>h for your 
values of c and k.
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 2.58. Consider the base motion problem of Figure 2.13. (a) Compute the damping ratio needed 
to keep the displacement magnitude transmissibility less than 0.55 for a frequency ratio 
of r = 1.8. (b) What is the value of the force transmissibility ratio for this system?

 2.59. Consider the effect of variable mass on an aircraft landing suspension system by mod-
eling the landing gear as a moving base problem similar to that shown in Figure P2.56 
for a car suspension. The mass of a regional jet is 13,236 kg empty and its maximum 
takeoff mass is 21,523 kg. Compare the maximum deflection for a wheel motion of 
magnitude 0.50 m and frequency of 35 rad>s for these two different masses. Take the 
damping ratio to be ζ = 0.1 and the stiffness to be 4.22 * 106 N>m.

 2.60. Consider the simple model of a building subject to ground motion suggested in Figure 
P2.60. The building is modeled as a single-degree-of-freedom spring–mass system 
where the building mass is lumped atop two beams used to model the walls of the 
building in bending. Assume the ground motion is modeled as having amplitude of 
0.1 m at a frequency of 7.5 rad>s. Approximate the building mass by 105 kg and the 
stiffness of each wall by 3.519 * 106 N>m. Compute the magnitude of the deflection 
of the top of the building.

m

x(t)

y(t)

k � 
3EI

l3
k � 

3EI

l3

Figure P2.60  A simple model of a building subject to ground motion, such 
as an earthquake.

Section 2.5 (Problems 2.61 through 2.68)

 2.61. A lathe can be modeled as an electric motor mounted on a steel table. The table plus the 
motor have a mass of 50 kg. The rotating parts of the lathe have a mass of 5 kg at a distance 
0.1 m from the center. The damping ratio of the system is measured to be ζ = 0.06 (viscous 
damping) and its natural frequency is 7.5 Hz. Calculate the amplitude of the steady-state 
displacement of the motor, assuming ωr = 30 Hz.

 2.62. The system of Figure 2.19 produces a forced oscillation of varying frequency. As the 
frequency is changed, it is noted that at resonance the amplitude of the displace-
ment is 10 mm. As the frequency is increased several decades past resonance, the 
amplitude of the displacement remains fixed at 1 mm. Estimate the damping ratio 
for the system.

 2.63. An electric motor (Figure P2.63) has an eccentric mass of 10 kg (10% of the total 
mass of 100 kg) and is set on two identical springs (k = 3200>m). The motor runs at  
1750 rpm, and the mass eccentricity is 100 mm from the center. The springs are 
mounted 250 mm apart with the motor shaft in the center. Neglect damping and deter-
mine the amplitude of the vertical vibration.
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125 mm 125 mm

k k

e � 0.1 m
k � 3200 N/m
m � 10 kg

m

e �rt

Figure P2.63  A vibration model for an 
electric motor with an unbalance.

 2.64. Consider a system with rotating unbalance as illustrated in Figure P2.63. Suppose the 
deflection at 1750 rpm is measured to be 0.05 m and the damping ratio is measured to 
be ζ = 0.1. The out-of-balance mass is estimated to be 10%. Locate the unbalanced 
mass by computing e.

 2.65. A fan of 45 kg has an unbalance that creates a harmonic force. A spring-damper system 
is designed to minimize the force transmitted to the base of the fan. A damper is used 
having a damping ratio of ζ = 0.2. Calculate the required spring stiffness so that only 
10% of the force is transmitted to the ground when the fan is running at 10,000 rpm.

 2.66. Plot the normalized displacement magnitude versus the frequency ratio for the out-of-
balance problem (i.e., repeat Figure 2.21) for the case of ζ = 0.05.

 2.67. Consider a typical unbalanced machine problem as given in Figure P2.67 with a ma-
chine mass of 120 kg, a mount stiffness of 800 kN>m, and a damping value of 500 kg>s. 

m0

e
�rt

Machine of total mass m

Guide Guide

x(t)

Rubber floor mounting
modeled as a spring

and a damper

k c

Friction-free
surface

Figure P2.67  A typical unbalance machine problem.
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The out-of-balance force is measured to be 374 N at a running speed of 3000 rev>min. 
(a) Determine the amplitude of motion due to the out-of-balance force. (b) If the out-
of-balance mass is estimated to be 1% of the total mass, estimate the value of e.

 2.68. Plot the response of the mass in Problem 2.67 assuming zero initial conditions.

Section 2.6 (Problems 2.69 through 2.72)

 2.69. Calculate damping and stiffness coefficients for the accelerometer of Figure 2.24 with mov-
ing mass of 0.04 kg such that the accelerometer is able to measure vibration between 0 and 
50 Hz within 5%. (Hint: For an accelerometer it is desirable for Z>ωb

2Y = constant.)

 2.70. The damping constant for a particular accelerometer of the type illustrated in Figure 2.26 
is 50 N s>m. It is desired to design the accelerometer (i.e., choose m and k) for a maximum 
error of 3% over the frequency range 0 to 75 Hz.

 2.71. The accelerometer of Figure 2.24 has a natural frequency of 120 kHz and a damping 
ratio of 0.2. Calculate the error in measurement of a sinusoidal vibration at 60 kHz.

 2.72. Design an accelerometer (i.e., choose m, c, and k) configured as in Figure 2.24 with 
very small mass that will be accurate to 1% over the frequency range 0 to 50 Hz.

Section 2.7 (Problems 2.73 through 2.89)

 2.73. Consider a spring–mass sliding along a surface providing Coulomb friction, with stiff-
ness 1.2 * 104 N>m and mass 10 kg, driven harmonically by a force of 50 N at 10 Hz. 
Calculate the approximate amplitude of steady-state motion assuming that both the 
mass and the surface that it slides on are made of lubricated steel.

 2.74. A spring–mass system with Coulomb damping of 10 kg, stiffness of 2000 N>m, and co-
efficient of friction of 0.1 is driven harmonically at 10 Hz. The amplitude at steady state 
is 5 cm. Calculate the magnitude of the driving force.

 2.75. A system of mass 10 kg and stiffness 1.5 * 104 N>m is subject to Coulomb damping. 
If the mass is driven harmonically by a 90-N force at 25 Hz, determine the equivalent 
viscous-damping coefficient if the coefficient of friction is 0.1.

 2.76. a. Plot the free response of the system of Problem 2.75 to initial conditions of x(0) = 0 
and x

#
(0) = 0F0>m 0 = 9 m>s using the solution in Section 1.10.

b. Use the equivalent viscous-damping coefficient calculated in Problem 2.75 and plot the 
free response of the “equivalent” viscously damped system to the same initial conditions.

 2.77. Referring to the system of Example 2.7.1; a spring–mass system with sliding friction 
described by equation (2.97) with stiffness k = 1.5 * 104 N>m, driving harmonically 
a 10-kg mass by a force of 90 N at 25 Hz, calculate how large the magnitude of the 
driving force must be to sustain motion if the steel is lubricated. How large must this 
magnitude be if the lubrication is removed?

 2.78. Calculate the phase shift between the driving force and the response for the system of 
Problem 2.77 using the equivalent viscous-damping approximation.

 2.79. Derive the equation of vibration for the system of Figure P2.79 assuming that a viscous 
dashpot of damping constant c is connected in parallel to the spring. Calculate the en-
ergy loss and determine the magnitude and phase relationships for the forced response 
of the equivalent viscous system.
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m F0 cos �t

k

c
Coulomb
friction

x(t)

Figure P2.79  

 2.80. A system of unknown damping mechanism is driven harmonically at 10 Hz with an 
adjustable magnitude. The magnitude is changed, and the energy lost per cycle and 
amplitudes are measured for five different magnitudes. The measured quantities are

ΔE(J) 0.25 0.45 0.8 1.16 3.0

X(M) 0.01 0.02 0.04 0.08 0.15

Is the damping viscous or Coulomb?

 2.81. Calculate the equivalent loss factor for a system with Coulomb damping.

 2.82. A spring–mass system (m = 10 kg, k = 4 * 103 N>m) vibrates horizontally on a surface 
with coefficient of friction μ = 0.15. When excited harmonically at 5 Hz, the steady-state 
displacement of the mass is 5 cm. Calculate the amplitude of the harmonic force applied.

 2.83. Calculate the displacement for a system with air damping using the equivalent viscous-
damping method.

 2.84. Calculate the semimajor and semiminor axis of the ellipse of equation (2.119). Then 
calculate the area of the ellipse. Use c = 10 kg>s, ω = 2 rad>s, and X = 0.01 m.

 2.85. The area of a force deflection curve of Figure 2.29 is measured to be 2.5 N # m, and 
the maximum deflection is measured to be 8 mm. From the “slope” of the ellipse, the 
stiffness is estimated to be 5 * 104 N>m. Calculate the hysteretic damping coefficient. 
What is the equivalent viscous damping if the system is driven at 10 Hz?

 2.86. The area of the hysteresis loop of a hysterically damped system is measured to be 
5 N # m and the maximum deflection is measured to be 1 cm. Calculate the equiva-
lent viscous-damping coefficient for a 20-Hz driving force. Plot ceq,versus ω for 
2π …  ω … 100π rad>s.

 2.87. Calculate the nonconservative energy of a system subject to both viscous and hyster-
etic damping.

 2.88. Derive a formula for equivalent viscous damping for the damping force of the form, 
Fd = c(x

#
)n, where n is an integer.

 2.89. Using the equivalent viscous-damping formulation, determine an expression for the 
steady-state amplitude under harmonic excitation for a system with both Coulomb and 
viscous damping present.

Section 2.8 (Problems 2.90 through 2.96)

 *2.90. Numerically integrate and plot the response of an underdamped system determined 
by m = 100 kg, k = 20,000 N>m, and c = 200 kg>s, subject to the initial conditions of 
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x0 = 0.01 m and 0 = 0.1 m>s, and the applied force F(t) = 150 cos 5t. Then plot the 
exact response as computed by equation (2.33). Compare the plot of the exact solution 
to the numerical simulation.

 *2.91. Numerically integrate and plot the response of an underdamped system determined by 
m = 150 kg and k = 4000 N>m, subject to the initial conditions of x0 = 0.01 m and 
v0 =  0.1 m>s, and the applied force F(t) = 15 cos 10t, for various values of the damp-
ing coefficient. Use this “program” to determine a value of damping that causes the 
transient term to die out within 3 seconds. Try to find the smallest such value of damp-
ing remembering that added damping is usually expensive.

 *2.92. Compute the total response of a spring–mass system with values k = 1000 N>m, 
m = 10 kg, subject to a harmonic force of magnitude F0 = 100 N and frequency 
of 8.162 rad>s, and initial conditions given by x0 = 0.01 m and 0 = 0.01 m>s, by 
numerically integrating rather than using analytical expressions, as was done in 
Problem 2.7. Plot the response.

 *2.93. A foot pedal for a musical instrument is modeled by the sketch in Figure P2.93. With 
k = 2000 N>m, c = 25 kg>s, m = 25 kg, and F(t) = 50 cos 2πt N, numerically simulate 
the response of the system assuming the system starts from rest. Use the small-angle 
approximation.

F(t)

k

0.05 m 0.05 m 0.05 m

c

m

Figure P2.93  

 *2.94. Numerically integrate and plot the response of an underdamped system determined 
by m = 100 kg, k = 2000 N>m, and c = 200 kg>s, subject to the applied force F(t) =  
150 cos 10t for the following sets of initial conditions:
(a) x0 = 0.0 m and 0 = 0.1 m>s
(b) x0 = 0.01 m and 0 = 0.0 m>s
(c) x0 = 0.05 m and 0 = 0.0 m>s
(d) x0 = 0.0 m and 0 = 0.5 m>s
Plot these responses on the same graph and note the effects of the initial conditions on 
the transient part of the response.

 *2.95. A DVD drive is mounted on a chassis and is modeled as a single-degree-of-freedom 
spring, mass, and damper. During normal operation, the drive (having a mass of 0.4 kg) 
is subject to a harmonic force of 1 N at 10 rad>s. Because of material considerations 
and static deflection, the stiffness is fixed at 500 N>m and the natural damping in the 
system is 10 kg>s. The DVD player starts and stops during its normal operation provid-
ing initial conditions to the module of x0 = 0.001 m and 0 = 0.5 m>s. The DVD drive 
must not have an amplitude of vibration larger then 0.008 m even during the transient 
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stage. First, compute the response by numerical simulation to see if the constraint is 
satisfied. If the constraint is not satisfied, find the smallest value of damping that will 
keep the deflection less than 0.008 m.

 2.96. Use a plotting routine to examine the base motion problem (see Figure 2.13) by plotting 
the particular solution (for an undamped system) for the three cases k = 1500 N>m,  
k = 2500 N>m, and k = 700 N>m. Also note the values of the three frequency ratios 
and the corresponding amplitude of vibration of each case compared to the input. Use 
the following values: ωb = 4.4 rad>s, m = 100 kg, and Y = 0.05 m.

Section 2.9 (Problems 2.97 through 2.102)

 *2.97. Compute the response of the system in Figure P2.93 for the case that the damping is 
linear viscous, the spring is a nonlinear soft spring of the form

k(x) = kx - k1x
3

and the system is subject to a harmonic excitation of 300 N at a frequency of approxi-
mately one third the natural frequency (ω = ωn>3) and initial conditions of x0 = 0.01 m 
and 0 = 0.1 m>s. The system has a mass of 100 kg, a damping coefficient of 170 kg>s, 
and a linear stiffness coefficient of 2000 N>m. The value of k1 is taken to be 10,000 N>m3. 
Compute the solution and compare it to the linear solution (k1 = 0). Which system has 
the largest magnitude?

 *2.98. Compute the response of the system in Figure P2.97 for the case that the damping is 
linear viscous, the spring is a nonlinear hard spring of the form

k(x) = kx + k1x
3

and the system is subject to a harmonic excitation of 300 N at a frequency equal to the 
natural frequency (ω = ωn) and initial conditions of x0 = 0.01 m and 0 = 0.1 m>s. The 
system has a mass of 100 kg, a damping coefficient of 170 kg>s, and a linear stiffness coef-
ficient of 2000 N>m. The value of k1 is taken to be 10,000 N>m3. Compute the solution 
and compare it to the linear solution (k1 = 0). Which system has the largest magnitude?

x (t)

m F (t)

k

c

Figure P2.97  

 *2.99. Compute the response of the system in Figure P2.97 for the case that the damping is 
linear viscous, the spring is a nonlinear soft spring of the form

k(x) = kx - k1x
3

and the system is subject to a harmonic excitation of 300 N at a frequency equal to the 
natural frequency (ω = ωn) and initial conditions of x0 = 0.01 m and 0 = 0.1 m>s. 
The system has a mass of 100 kg, a damping coefficient of 15 kg>s, and a linear stiffness 
coefficient of 2000 N>m. The value of k1 is taken to be 100 N>m3. Compute the solu-
tion and compare it to the hard spring solution (k(x) = kx + k1x

3).
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 *2.100. Compute the response of the system in Figure P2.97 for the case that the damping is 
linear viscous, the spring is a nonlinear soft spring of the form

k(x) = kx - k1x
3

and the system is subject to a harmonic excitation of 300 N at a frequency equal to the 
natural frequency (ω = ωn) and initial conditions of x0 = 0.01 m and 0 = 0.1 m>s. 
The system has a mass of 100 kg, a damping coefficient of 15 kg>s, and a linear stiffness 
coefficient of 2000 N>m. The value of k1 is taken to be 1000 N>m3. Compute the solu-
tion and compare it to the quadratic soft spring (k(x) = kx + k1x

2).

 *2.101. Compare the forced response of a system with velocity-squared damping with equa-
tion of motion given by

mx
$

+ α sgn(x
#
)x

# 2
+ kx = F0 cos ωt

using numerical simulation of the nonlinear equation to that of the response of the lin-
ear system obtained using equivalent viscous damping as defined by equation (2.131)

ceq =
8

3π
 αωX

Use as initial conditions, x0 = 0.01 m and 0 = 0.1 m>s with a mass of 10 kg, stiffness 
of 25 N>m, applied force of 150 cos (ωnt), and drag coefficient of α = 250.

 *2.102. Compare the forced response of a system with structural damping (see Table 2.2) using 
numerical simulation of the nonlinear equation to that of the response of the linear 
system obtained using equivalent viscous damping as defined in Table 2.2. Use as initial 
conditions, x0 = 0.01 m and 0 = 0.1 m>s with a mass of 10 kg, stiffness of 25 N>m, ap-
plied force of 150 cos (ωnt), and solid damping coefficient of b = 25.

MATLAB® ENGINEERING VIBRATION TOOLBOX

If you did not use the Engineering Vibration Toolbox for Chapter 1, refer to that 
section for information regarding using MATLAB files or refer to Appendix G.

The files for Chapter 2, entitled VTB2_1, VTB2_2, and so on, can be found 
in folder VTB2. The files in VTB2 can be used to help solve the preceding home-
work problems and to help gain information about the nature of the response of 
single-degree-of-freedom systems to harmonic inputs. The following problems are 
intended to help you gain some experience with the concepts in this chapter.

TOOLBOX PROBLEMS

 TB2.1. Using file VTB2_1, reproduce Figure 2.2.

 TB2.2. Carefully investigate the response of an undamped system near resonance by try-
ing several values of ω near ωn for the values of Figure 2.2. Do you get the beats of 
Figure 2.3?
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 TB2.3. Using file VTB2_3, reproduce Figure 2.9. Also plot Xk>f0 versus r for the values 
given in Example 2.2.3 and plot the associated time response, xp(t), for a value of 
r = 0.5 using VTB2_2. Do these plots again for ζ = 0.01 and ζ = 0.1 and comment 
on how the time response changes as the damping ratio, ζ, changes by an order of 
magnitude.

 TB2.4. Using file VTB2_5 for rotating unbalance, make a plot of x versus r for the helicop-
ter of Example 2.4.2.

 TB2.5. Using file VTB2_6 for damping mechanisms, compare the time response of a system 
(with physical parameters of m = 10, k = 100, α = 0.05, X = 1) with air damping 
as given by equation (2.129) with initial conditions x0 = 1 and 0 = 0 to that of an 
equivalent viscously damped system using equation (2.131) for an input of 10 sin 3t.
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This chapter starts out by considering the response 

to systems subject to a shock loading or impulse. 

an example of such a load occurs during landing 

an airplane. The aircraft landing gear, pictured at 

the top, provides stiffness and damping designed 

(see Chapter 5) to mitigate the effect of the shock 

on the aircraft. The input to the structure is not 

completely periodic, as examined in Chapter 2, 

but has random shock and other components, as 

discussed in this chapter.

another source of vibration that is not 

at a single frequency (as in Chapter 2) is the 

human heart. The heart vibrates at a variety of 

different rates depending on the level of activity 

and emotional state of the person. Some hearts 

need regulating by using a device such as the 

pacemaker, pictured at the bottom. These are 

run by batteries, which require replacement 

every seven to ten years, involving major surgery. 

Vibration researchers have recently developed 

energy harvesting devices that transduce the 

heart-induced, chest-cavity vibrations into 

electrical energy. This energy is then used to 

recharge the pacemaker battery. Fitting such a 

device inside the pacemaker required a basic 

understanding of vibration and, in particular 

models, of the vibration response of a structure 

(the harvester in this case) to inputs that have 

energy at many different frequencies, as 

discussed in this chapter.

General Forced 
Response3
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In Chapter 2 the forced response of a single-degree-of-freedom system was con-
sidered for the special case of a harmonic driving force. Harmonic excitation refers 
to an applied force that is sinusoidal of a single frequency. In this chapter, the 
 response of a system to a variety of different types of forces is considered, as well 
as a general formulation for calculating the forced response for any type of applied 
force. If the system considered is linear, the principle of superposition can be used 
to calculate the response to various combinations of forces based on the individual 
response to a specific force.

Superposition refers to the fact that for a linear equation of motion, say 
x
$

+ ωn
2x = 0, if x1 and x2 are both solutions of the equation, then x = a1x1 + a2x2 

is also a solution where a1 and a2 are any constants. This concept also implies that if 
x1 is a particular solution to x

$
+ ωn

2x = f1 and x2 is a solution to x
$

+ ωn
2x = f2, then 

x1 + x2 is a solution of x
$

+ ωn
2x = f1 + f2. Thus this method of superposition can be 

used to construct the solution to a complicated forcing function by solving a series 
of simpler problems. Superposition was used to solve the base-excitation problem of 
Section 2.3. The principle of superposition in linear systems is a very powerful tech-
nique and is used extensively.

A variety of forces are applied to mechanical systems that result in vibra-
tion. Earthquake forces are sometimes modeled as sums of decaying periodic 
or harmonic forces. High winds can be a source of impulsive or step loadings to 
structures. Rough roads provide a variety of forcing conditions to automobiles. 
The ocean waves and wind provide forces to ships at sea. Various manufacturing 
 processes produce applied forces that are random, periodic, nonperiodic, or tran-
sient in nature. Air and relative motion provide forces to the wing of an aircraft that 
can cause it to oscillate. All of these forces can cause vibration.

Periodic forces are those that repeat in time. An example is an applied force 
consisting of the sum of two harmonic forces at different frequencies. A nonperi-
odic force is one that does not repeat itself in time. A step function is an example 
of a force that is a nonperiodic excitation. A transient force is one that reduces to 
zero after a finite, usually small, time. An impulse or a shock are examples of tran-
sient excitations. All of the aforementioned classes of excitation are deterministic 
(i.e., they are known precisely as a function of time). On the other hand, a random 
excitation is one that is unpredictable in time and must be described in terms of 
probability and statistics. This chapter introduces a sample of these various classes 
of force excitations and how to calculate and analyze the resulting motion when 
 applied to a single-degree-of-freedom spring–mass–damper system.

3.1 IMPULSE RESPONSE FUNCTION

A very common source of vibration is the sudden application of a short-duration 
force called an impulse. An impulse excitation is a force that is applied for a very 
short, or infinitesimal, length of time and represents one example of a shock loading. 
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An impulse is a nonperiodic force. The response of a system to an impulse is identical 
to the free response of the system to certain initial conditions, as shown in this  section. 
In many useful situations the applied force F(t) is impulsive in nature (i.e., acts with 
large magnitude for a very short period of time).

First, consider a mathematical model of an impulse excitation. A graphical 
time history of a model of the impulse is given in Figure 3.1. This is a rectangular 
pulse of very large magnitude and very small width (duration).

F
2�

0 t

F(t)

�

��� ���

Figure 3.1  The time history of an 
impulse force used to model impulsive 
loading consisting of a large magnitude 
applied over a short time interval.

The rule of describing the force in Figure 3.1 is stated symbolically as

 F(t) = d 0 t … τ - ε
 Fn

2ε
 τ - ε 6 t 6 τ + ε

0 t Ú τ + ε

 (3.1)

where ε is a small positive number. This simple rule, F(t), can be integrated to 
 define the impulse. The impulse of the force F(t) is defined by the integral, denoted 
by I(ε), by

I(ε) = L
τ+ε

τ-ε
F(t)  dt

which provides a measure of the strength of the forcing function, F(t). Since the 
rule, F(t), is zero outside the time interval from τ - ε to τ + ε, the limits of integra-
tion on I(ε) can be extended to yield

 I(ε) = L
∞

-∞
F(t) dt (3.2)

which has the units of N # s.
In this case, the integral of equation (3.2) is evaluated by calculating the area 

under the curve using equation (3.1), which becomes

 I(ε) = L
∞

-∞
F(t)dt =

Fn

2ε
 2ε = Fn (3.3)
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independent of the value of ε as long as ε ∙ 0. In the limit as ε S 0 (but ε ∙ 0), 
the integral takes the value I(ε) = Fn. This is used to define the impulse function as 
the function F(t) with the two properties

 F(t - τ) = 0         t ∙ τ (3.4)

and

 L
∞

-∞
F(t - τ) dt = Fn (3.5)

If the magnitude of Fn is unity, this becomes the definition of the unit impulse func-

tion, denoted by δ(t), also called the Dirac delta function (Boyce and DiPrima, 2009).
The solution for response of the single-degree-of-freedom system (see 

Window 3.1)

mx
$
(t) + cx

#
(t) + kx(t) = Fn(t),     x(0) = 0,     x

#
(0) = 0

to an impulsive load for the system initially at rest is calculated by recalling from 
physics that an impulse imparts a change in momentum to a body. For the sake 

Window 3.1
Review of the Free Response of the Single-Degree-of-Freedom System  

of Chapter 1

x(t)

F(t)m

k

c

mx � cx � kx � F(t)
...

x(0) � x0
.
x(0) � vo

x � 2��nx � �2
nx � f(t)

...

 This system has free response [i.e., f(t) � 0] in the underdamped case  
(i.e., 0 � � � 1) given by

Here �n �    k�m,   � � c�(2m�n), and 0 � � � 1 must hold for the preceding

solution to be valid [from equations (1.36) to (1.38)].

where

x(t) �                                               e���nt sin (�dt � �)
(�0 � ��nx0)2 � (x0�d)2

�n    1��2

�d � �n    1��2              and          � � tan�1

�0 � ��nx0

x0�d
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of simplicity, take τ = 0 in the definition of an impulse. Consider the mass to be 
at rest  just prior to the application of an impulse force. This instant of time is de-
noted by 0-. Likewise the instant of time just after t = 0 is denoted by 0+. The 
initial conditions are both zero, so that x(0-) = x

#
(0-) = 0, since the system is 

initially at rest. However, the velocity just after the impulse is x
#
(0+), denoted here 

as 0. Thus the change in momentum at impact is mx
#
(0+) - mx

#
(0-) = mv0, so 

that Fn = F∆t = mv0 - 0 = mv0, while the initial displacement remains at zero. 
By this physical line of thought, an  impulse applied to a single-degree-of-freedom 
spring–mass–damper system is the same as applying the initial conditions of zero 
 displacement and an initial velocity of 0 = FΔt>m.

Referring to Window 3.1, the response of an underdamped single-degree-of-
freedom system (0 6 ζ 6 1) with zero initial displacement (x0 = 0) is just

x(t) =
0

ωd

e-ζωnt sin ωdt

Substitution of v0 = Fn>m (Fn = F∆t, with units of N s) into this last expression yields

 x(t) =
Fne-ζωnt

mωd

 sin ωdt (3.6)

as predicted by equations (1.36) and (1.38), repeated in Window 3.1. It is convenient 
to write this solution in the form

 x(t) = Fnh(t) (3.7)

where h(t) is defined by

 h(t) =
1

mωd

 e-ζωntsin ωdt (3.8)

Note that the function h(t) is the response to a unit impulse applied at time t = 0. If 
applied at time t = τ, τ ∙ 0, this can also be written as (replace t in the foregoing 
with t - τ)

 h(t - τ) =
1

mωd

 e-ζωn(t -τ)sin ωd(t - τ)  t 7 τ (3.9)

and zero for the interval 0 6 t 6 τ. The functions h(t) and h(t - τ) are each called 
the impulse response function of the system.

While the impulse is a mathematical abstraction of an infinite force applied 
over an infinitesimal time, in applications it presents an excellent model of a large 
force applied over a short period of time. The impulse response is physically inter-
preted as the response to an initial velocity with no initial displacement (hence no 
phase shift for τ = 0). The impulse response function, combined with the principle 
of superposition, is also useful for calculating the response of a system to a general 
applied force excitation as discussed in Section 3.2.
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A common occurrence that causes an impulse excitation is an impact. In vibra-
tion testing, a mechanical device under test is often given an impact, and the response 
is measured to determine the system’s vibration properties. The impact is often cre-
ated by hitting the test specimen with a hammer containing a device for measuring the 
force of the impact. Use of the impulse response for vibration testing is also discussed 
in Chapter 7. In practice, a force is considered to be an impulse if its duration (Δt) is 
very short compared with the period, T = 2π>ωn, associated with the structure’s un-
damped natural frequency. In typical vibration tests, Δt is on the order of 10- 3 s.

Example 3.1.1

Consider a spring–mass–damper system with m = 100 kg, c = 20 kg>s, and k =

2000 N>m with an impulse force applied to it of 1000 N for 0.01 s. Compute the 
resulting response.

Solution  A 1000 N force acting over 0.01 s provides (area under the curve) a value 
of Fn = F∆t = 1000 · 0.01 = 10  N # s. Using the values given, the equation of motion is

100x
$
(t) + 20x

#
(t) + 2000x(t) = 10δ(t)

Thus the natural frequency, damping ratio, and damped natural frequency are

 ωn = B 2000

100
= 4.427 rad>s, ζ =  

20

21100 · 2000
 = 0.022,

 ωd = 4.47231 - 0.0222
= 4.471 rad>s

Using equation (3.6), the response becomes

x(t) =
Fne-ζωnt

mωd

 sin ωdt = 0.022e-0.1t sin (4.471t)

n

Example 3.1.2

Suppose a 1-kg bird flies into the 3-kg security camera of Example 2.1.3, repeated in 
Figure 3.2. If the bird is flying at 72 kmph, compute the maximum deflection the impact 
causes based on the design given in Example 2.1.3. Does the maximum deflection vio-
late the design constraint? Ignore damping.

Solution  From the design solution of Example 2.1.3, the stiffness of the camera’s 
mounting bracket is (I = bh3>12):

k =
3Ebh3

12l3
=

(7.1 * 1010 N>m2)(0.02 m)(0.02 m)3

4(0.55 m)
3

= 1.707 * 104 N>m
The mass of the camera is mc = 3 kg, so the natural frequency is 75.43 rad>s. 
Combining equations (3.7) and (3.8) for ζ = 0, the response is

x(t) =
F∆t

mcωn

 sin ωnt =
mbv

mcωn

 sin ωnt
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where mb  is the linear momentum of the bird, which imparts the impact force F. The 
impulse is thus

mbv = 1 kg · 72 
 km

 hour
 · 

1000 m

 km
 · 

 hour

3600 s
= 20 kg · m>s

This has maximum amplitude of

X = ` F∆t

mcωn

` = ` mbv

mcωn

` = ` 20 kg · m>s
3 kg · 75.43 rad>s ` = 0.088 m

Thus, the design constraint of holding the vibration of the camera within 0.01 m required 
in Example 2.1.3 is violated under a bird strike.

n

Example 3.1.3

In vibration testing, an instrumented hammer is often used to hit a device to excite it and 
to measure the impact force simultaneously. If the device being tested is a single-degree-
of-freedom system, plot the response given that m = 1 kg, c = 0.5 kg>s, k = 4 N>m, and 
Fn = 0.2 N # s. It is often difficult to provide a single impact with a hammer. Sometimes a 
“double hit” occurs, so the exciting force may have the form

F(t) = 0.2δ(t) + 0.1δ(t - τ)

Plot the response of the same system with a double hit and compare it with the 
 response to a single impact. Assume that the initial conditions are zero.

Solution  The solution to the single unit impact and time t = 0 is given by equations (3.7) 

and (3.8) with ω n = 14 = 2 rad>s and ζ = c>(2mωn) = 0.125. Thus, with Fn = 0.2δ(t)

x1(t) =
0.2

(1) a231 - (0.125)2b  e-(0.125)(2)t sin 231 - (0.125)2t

 = 0.1008e-0.25t sin(1.984t)m

Wind

Camera

Mounting
bracket

l

x(t)

x(t)

m F�(t)

F�(t)k � 
3EI

l3

k � 
3EI

l3

mx(t) � kx(t) � F�(t)
..

Figure 3.2  A vibration model of a security camera and mount.
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Figure 3.3  (a) The response of a single-degree-of-freedom system to a single impact (solid line) and a 
double impact for τ = 0.5 s (dashed line). Plot (b) indicates the force-versus time curve for the applied 
double impact. Note the larger amplitude of the double hit.
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which is plotted in Figure 3.3(a). Similarly, the response to 0.1δ(t - τ) is calculated 
from equations (3.7) and (3.9) as

x2(t) = 0.0504e-0.25(t -τ) sin 1.984(t - τ)m t 7 τ

and x2(t) = 0 for 0 6 t 6 τ = 0.5. The force input f(t) is indicated in Figure 3.3(b). 
It is important to note that no contribution from x2 occurs until time t = τ. Using the 
principle of superposition for linear systems, the response to the “double impact” will 
be the sum of the preceding two impulse responses:

x(t) = x1(t) + x2(t)

 = c 0.1008e-0.25t sin (1.984t)  0 6 t 6 τ
0.1008e-0.25t sin (1.984t) + 0.0504e-0.25 (t -τ) sin 1.984(t - τ)  t 7 τ

This is plotted in Figure 3.3(a) for the value τ = 0.5 s.
Note that the obvious difference between the two responses is that the “double-

hit” response has a “spike” at τ = t = 0.5, causing a larger amplitude. The time, τ, 
represents the time delay between the two hits.

n

The following example illustrates the calculation of the response due to both 
an applied impulse and initial conditions, forming the total response of the system. 
The example also introduces the concept of using a Heaviside step function to rep-
resent the response.

Example 3.1.4

Consider the system (mass normalized)

x
$
(t) + 2x

#
(t) + 4x(t) = δ(t) - δ(t - 4)

and compute and plot the response with initial conditions x0 = 1 mm and 0 = -1 mm>s.
Solution  By inspection, the natural frequency is ω n = 2rad>s. Examining the veloc-
ity coefficient yields

2 = 2ζωn or ζ = 0.5

Thus, the system is underdamped and the response given in Window 3.1 applies. 
Computing the damped natural frequency yields

ωd = ωn31 - ζ2
= 2C1 - a1

2
b2

= 23

First, compute the response for the time interval 0 … t … 4 s. In this interval, only the 
first impulse is active. The corresponding impulse solution is, by equation (3.6),

xI(t) =
Fn

mωd

 e-ζωnt sin ωdt =
123

 e-t sin 23t,  0 … t 6 4
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The total solution for the first time interval is then equal to the sum of the homoge-
neous and impulse solutions. The homogeneous solution is

xh(t) = e-t(A sin ωdt + B cos ωdt),  0 … t 6 4

where A and B are the constants of integration to be determined by the initial 
conditions and the subscript h denotes the solution due to the initial conditions. 
Differentiating the displacement yields the velocity:

 x
#
h(t) = -e-t(A sin23t + Bcos23t)

 + e-t(23A cos13t - 23B sin 23t)

Setting t = 0 in these last two expressions and using the initial conditions yields the 
following two equations:

 xh(0) = 1 = B

 x
#
h(0) = -1 = -B + 23A

Solving for A and B yields A = 0 and B = 1, so that xh(t) = e-t cos 23t. Next, com-
pute the response due to the impulse at t = 0, which is equivalent to solving the initial 
value problem for xI(0) = 0 and x

#
I(0) = 1. Following the same procedure to compute 

the constants of integration for the impulse yields

B = 1 and A =
123

  so that xI(t) =
e-t

23
  sin 23t

Adding the homogenous response and the impulse response yields

x1(t) = e-t acos23t +
123

 sin23tb ,  0 … t 6 4

Next, compute the response of the system to the second impulse, which starts at t = 4s. 
Using equation (3.9) with τ = 4s, the response to the second impulse is

x2(t) =
Fn

mωd

 e-ζωn(t-τ) sin ωd(t - τ) = -
123

 e-t+ 4  sin23(t - 4),  t 7 4

The Heaviside step function defined by

Φ(t - τ) = e0, t 6 τ
1, t Ú τ

f
is perfect for writing functions that “turn on” after some time has evolved. Heaviside 
functions are also denoted by H(t -  τ). Using superposition, the total solution is 
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x = x1 + x2, and the Heaviside function is used to indicate that x2 “starts” after  
τ = 4. The solution can be written as

x(t) = e-t acos23t +
123

 sin23tb - c  e-(t - 4)

23
 sin23(t - 4) dΦ(t - 4) mm

This is plotted in Figure 3.4. Note the sharp change in the response as the second 
impact is applied. This is in contrast to the double hit in the previous example. In the 
previous example, the second impulse occurs in the same “direction” as the current 
response. However, in this example, the second impact occurs out of phase with the 
response of the first impact and causes an abrupt change in direction.

n

3.2 RESPONSE TO AN ARBITRARY INPUT

The response of a single-degree-of-freedom system to an arbitrary, general excita-
tion is examined in this section. The response of a single-degree-of-freedom system 
to an arbitrary force of varying magnitude can be calculated from the concept of 
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Figure 3.4  A plot of displacement versus time for a double impact, with the second impact applied 
at t = 4s.
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the impulse response defined in Section 3.1. The procedure is to divide the excit-
ing force up into impulses of infinitesimal area, calculate the responses to these 
individual impulses, and add the individual responses to calculate the total response 
using the concept of superposition. This is best shown in Figure 3.5, which illustrates 
an arbitrary applied force F(t) divided into n time intervals of length Δt so that each 
time increment is defined by Δt = t>n. At each time interval ti, the solution can be 
calculated by considering the response to be due to an impulse Δt in duration and of 
force magnitude F(t) [i.e., an impulse of magnitude F(ti)Δt].

The part of the response due to the impulse acting during the time interval 
between ti and ti+1 is then given by equation (3.7) as the increment

 ∆x(ti) = F(ti)h(t - ti)∆t (3.10)

so that the total response after n intervals is the sum

 x(tn) = a
n

i = 1

 F(ti)h(t - ti)∆t (3.11)

This again uses the fact that the equation of motion is linear, so that the principle of 
superposition applies. Forming the sequence of partial sums and finding the limit as 
Δt S 0 (n S ∞) yields

 x(t) = L
 t

 0

F(τ)h(t - τ)dτ (3.12)

from the first fundamental theorem of integral calculus. The integral in equation (3.12) 
is called the convolution integral. A convolution integral is simply the integral of 
the product of two functions, one of which is shifted by the variable of integration. 
Convolution is used again in Section 3.4 as a useful technique in using transforms. 
Additional properties of the convolution integral are given in Window 3.2.

For an underdamped single-degree-of-freedom system, the impulse response 
function h(t - τ) is given by equation (3.9). Substitution of the impulse response 
function of equation (3.9) into equation (3.12) then yields the result that the re-
sponse of an underdamped system to an arbitrary input F(t) of the form

mx
$
(t) + cx

#
(t) + kx(t) = F(t), x0 = 0, v0 = 0

F(t4)

F(t)

t1
t2 t4

t3 ti t
t

�t � t/n

Figure 3.5  An arbitrary excitation 
force F(t) split up into n impulse 
forces.
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is given by

  x(t) =
1

mωd

 e-ζωnt

L
t

0

[F(τ)eζωnτ sin ωd(t - τ)]dτ 

  =
1

mωd

 L
t

0

F(t - τ)e-ζωnτ sin ωdτdτ  (3.13)

as long as the initial conditions are zero. The integral in equation (3.13) is a convo-
lution integral where one of the functions is the impulse response function—hence 
the shift in the integral. A convolution integral used to compute a system response 
is called a Duhamel integral, after the French mathematician J. M. C. Duhamel 
(1797–1872). The Duhamel integral can be used to calculate the response to an 
arbitrary input as long as it satisfies certain mathematical conditions. The following 
example illustrates the procedure.

Example 3.2.1

Consider an excitation force of the form given in Figure 3.6. The force is zero until time t0, 
when it jumps to a constant level, F0. This is called the step function, and when used to 
excite a single-degree-of-freedom system, it might model some machine operation or an 
automobile running over a surface that changes level (such as a curb). The step function 

Let α = t - τ, so that dα = -dτ for fixed t. Since τ ranges from 0 to t, α ranges 
from t to 0. Substitution of this change of variables into the definition

x(t) = L
t

0

F(τ)h(t - τ)dτ

yields

x(t) = - L
0

t

F(t - α)h(α)dα = L
t

0

F(t - α)h(α)dα

Thus,

L
t

0

F(τ)h(t - τ)dτ = L
t

0

F(t - τ)h(τ)dτ

Window 3.2
Useful Properties of the Convolution Integral
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of unit magnitude is called the Heaviside step function as defined in Example 3.1.4. 
Calculate the solution of

 mx
$

+ cx
#

+ kx = F(t) = e0, t0 7 t 7 0

F0, t Ú t0

f  (3.14)

with x0 = 0 = 0 and F(t) as described in Figure 3.6. Here it is assumed that the values 
of m, c, and k are such that the system is underdamped (0 6 ζ 6 1).

Solution  Applying the convolution integral given by equation (3.13) directly yields

 x(t) =
1

mωd

 e-ζωnt£ L t0

0

(0)eζωnτ sin ωd(t - τ)dτ + L
t

t0

F0e
ζωnτ sin ωd(t - τ)dτ §

 =
F0

mωd

 e-ζωnt

L
t

t0

eζωn
τ
sin ωd(t - τ)dτ

Using a table of integrals to evaluate this expression yields

 x(t) =
F0

k
 -

F0

k31-ζ2
 e-ζωn(t - t0)cos[ωd(t - t0) - θ] t Ú t0 (3.15)

where

 θ = tan -1 
ζ31 - ζ2

 (3.16)

Note that if t0 = 0, equation (3.15) becomes just

 x(t) =
F0

k
 -

F0

k31 - ζ2
 e-ζωntcos(ω dt - θ) (3.17)

and if there is no damping (ζ = 0), this expression simplifies further to

 x(t) =
F0

k
 (1 - cos ωnt) (3.18)

F(t)

t0

F0

t Figure 3.6  Step function of 
magnitude F0 applied at time t = t0.
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Examining the damped response given in equation (3.17), it is obvious that for large 
time the second term of the response dies out and the steady state is just

 xss(t) =
F0

k
 (3.19)

In fact, the underdamped step response given by equations (3.15) and (3.17) consists 
of the constant function F0>k minus a decaying oscillation, as illustrated in Figure 3.7.

Often in the design of vibrating systems subject to a step input, the time it takes 
for the response to reach the largest value, called the time to peak and denoted tp in 
Figure 3.7, is used as a measure of the quality of the response. Other quantities used 
to measure the character of the step response are the overshoot, denoted by O.S. in 
Figure 3.7, which is the largest value of the response “over” the steady-state value, and 
the settling time, denoted by ts in Figure 3.7. The settling time is the time it takes for 
the response to get and stay within a certain percentage of the steady-state response. 
For the case of t0 = 0, tp and ts are given by tp = π>ωd and ts = 3.5>ζωn. The peak 
time is exact (see Problem 3.25), and the settling time is an approximation of when the 
response stays within 3% of the steady-state value.

n

Example 3.2.2

Another common excitation in vibration is a constant force that is applied for a short 
period of time and then removed. A rough model of such a force is given in Figure 3.8. 
Calculate the response of an underdamped system to this excitation.

Solution  This pulse-like loading can be written as a combination of step functions 
calculated in Example 3.2.1, as illustrated in Figure 3.8. The response of a single- 
degree-of-freedom system to F(t) = F1(t) + F2(t) is just the sum of the response 
to F1(t) and the response of F2(t), because the system is linear. First, consider the 
response of an underdamped system to F1(t). This response is just that calculated in 
Example 3.2.1 for t0 = 0 and given by equation (3.17). Next, consider the response of 

0.06
x(t)

tp ts

t

0.04

0.02

0
0 2 4 6 8 10 12 14

O.S.

k

F0

Figure 3.7  The response of an underdamped system to the step 
excitation of Figure 3.6 for ζ = 0.1 and ωn = 3.16 rad>s (with F0 = 30 N, 
k = 1000 N>m, t0 = 0).
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the system to F2(t). This is just the response given by equation (3.15) with F0 replaced 
by -F0 and t0 replaced by t1. Hence, subtracting equation (3.15) from equation (3.17) 
yields the result that the response to the pulse of Figure 3.8 is

 x(t) =
F0e

-ζωnt

k21 - ζ2
 {eζωnt1 cos [ωd(t - t  1) - θ] - cos(ωdt - θ)},  t 7 t1

where θ is as defined in equation (3.16). A plot of this response is given in Figure 3.9 
for different pulse widths t1. Note that the response is much different for t1 7 π>ωn 
and has a maximum magnitude of about five times the maximum magnitude of the time 
response for t1 6 π>ωn. Also, note that the steady-state response (i.e., the response for 
large time) is zero in this case.

n

0
0

F(t)

F0

t1

t

�

0

F1(t)

F0

t
t1

�

0

F2(t)

�F0

Figure 3.8  Square-pulse excitation of magnitude F0 lasting for t1 seconds can be written 
as the sum of a step function starting at zero of magnitude F0 and a step function starting 
at t1 of magnitude -F0 [i.e., F(t) = F1(t) + F2(t)].
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Figure 3.9  Response of an underdamped system to a pulse input of width t1. The 
dashed line is for t1 = 0.1 6 π>ωn and the solid line is for t1 = 1.5 7 π>ωn. Both 
plots are for the case F0 = 30 N, k = 1000 N>m, ζ = 0.1, and ωn = 3.16 rad>s.
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Example 3.2.3

A load of dirt of mass md is dropped on the floor of a truck bed. The truck bed is  modeled 
as a spring–mass–damper system (of values k, m, and c, respectively). The load is  modeled 
as a force F(t) = mdg applied to the spring–mass–damper system, as illustrated in 
Figure 3.10. This allows a crude analysis of the response of the truck’s suspension when 
the truck is being loaded. Calculate the vibration response of the truck bed, and compare 
the maximum deflection with the static load on the truck bed.

m
m

d

k c

x(t)

F � m
d 

g

x(t)

Vibration modelTruck being filled with dirt

g � 9.8 m/s2

(a) (b)

Figure 3.10  A model of a truck being filled with a load of dirt of weight mdg and a vibration model 
that considers the mass of the dirt as an applied constant force.

Solution  In this case, the input force is just a constant [i.e., F(t) = mdg], so that the 
equation of vibration becomes

mx
$

+ cx
#

+ kx = emd g t 7 0

0 t … 0

From equation (3.17) of Example 3.2.1, the response (let F0 = mdg) is just

x(t) =
mdg

k
 £ 1 -

131 - ζ2
 e-ζωntcos(ωdt - θ) §

To obtain a rough idea about the nature of this expression, its undamped value is

x(t) =
md g

k
 (1 - cos ωnt)

which has a maximum amplitude (when t is such that cos ωnt = -1) of

xmax = 2 
md g

k

This is twice the static displacement (i.e., twice the distance the truck would be 
 deflected if the dirt were placed gently and slowly onto it). Thus, if the truck were 
 designed with springs based only on the static load, with no margins of safety, the 



Sec. 3.2    Response to an Arbitrary Input 233

springs in the truck would potentially break, or permanently deform, when subjected 
to the same mass applied dynamically (i.e., dropped) to the truck. Hence, it is impor-
tant to consider the vibration (dynamic) response in designing structures that could be 
loaded dynamically.

n

It should be noted that the response of a single-degree-of-freedom  system 
to  an arbitrary input can be calculated numerically, even if the integral in 
 equation  (3.12) cannot be evaluated in closed form as done in the  preceding 
 examples. Such general numerical procedures, based roughly on equation (3.10), 
are discussed in Section 3.8, in which the numerical solutions discussed in 
Section  2.8 are applied. Numerical integration is often used to solve vibration 
problems with arbitrary forcing functions.

The response calculations for a general external disturbance (input) force 
do not include the response that might exist because of nonzero initial conditions. 
The total response for an impulse disturbance with nonzero initial conditions is 
given in Example 3.1.4. The total response to an arbitrary input force as well as 
nonzero initial conditions for an undamped system is given using the convolution 
integral by

x(t) = x0 cos ωnt +
v0

ωn

 sin ωnt + L
t

0

h(t - τ)F(τ) dτ

Note that the effect of the applied force on the homogeneous response is zero be-
cause the value of the convolution form of the particular solution and its derivative 
(velocity) are both zero at time t = 0. On the other hand, if the particular solution 
xp(t) or its derivative do not vanish at t = 0, the form of the total response is

x(t) = A cos ωnt + B sin ωnt + xp(t)

Here the constants A and B must be determined by the initial conditions and will be 
affected by the value of xp and its derivative at t = 0. In this last case, the constants 
of integration A and B become

A = x0 - xp(0) and B =

v0 - x
#
p(0)

ωn

A similar result holds for damped systems.
The analytical calculations made with the convolution integral are not always 

easy to evaluate, and in many cases must be evaluated numerically. Laplace trans-
form methods are often useful in convolution-type evaluations but, in practice, 
solutions are often found through numerical integration and simulation. While 
numerical simulation is used in practice, the concept of convolution is essential to 
understanding signal processing and for understanding the results of numerical 
simulations.
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Example 3.2.4

Solve x
$
(t) + 16x(t) = cos 2t for the response to arbitrary initial conditions x0 and 0 

using the convolution integral. Next, compare this to the result obtained by solving this 
problem using the method of undetermined coefficients explained in Section 2.1 and 
given in equation (2.11).

Solution  From the equation of motion, m = 1, ωn = 4, ω = 2, and F0 = f0 = 1, 
where the units are assumed to be consistent. Using the convolution expression, equa-
tion (3.12), the particular solution has the form

xp(t) = L
t

0

h(t - τ)F(τ)dτ

The impulse response function, h(t -  τ), for an undamped system is found from equa-
tion (3.8) with ζ = 0. With the values given above for mass and frequency, the impulse 
response function is

h(t - τ) =
1

4
  sin (4t - 4τ)

Thus the convolution expression for the particular solution is

xp(t) =
1

4
 L

t

0

 sin (4t - 4τ) cos (2τ)dτ

Integrating (using a symbolic code or repeated use of trig identities) yields

xp(t) =
1

4
 a  cos (4t - 2τ)

4
 +  

 cos (4t - 6τ)

12
b

0

t

=
1

12
 ( cos 2t - cos 4t)

The total solution is of the form

x(t) = A sin 4t + B cos 4t +
1

12
 ( cos 2t - cos 4t)

Using the initial conditions to evaluate the constants of integration A and B yields

 x(0) = x0 = A sin (0) + B cos (0) +
1

12
 ( cos (0) - cos (0)),

 x
#
(0) = v0 = 4A cos (0) + 4x0 sin (0) -

2

12
  sin (0) +

4

12
  sin (0)

Solving this set of equations for A and B yields

A =
0

4
 and B = x0

The total solution is then

x(t) =
v0

4
 sin 4t + (x0 -

1

12
 ) cos 4t +

1

12
 cos 2t
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This is in total agreement with the solution given in equation (2.11) with m = 1, ωn = 4, 
ω = 2, F0 = f0 = 1, and ωn

2
- ω2

= 12.
The purpose of this is example is to show that two different methods yield the 

same answer, as they should. The method of undetermined coefficients is a much 
simpler calculation to make, but only works for harmonic forcing functions. The con-
volution  approach is more complicated, but can be used for any forcing function and 
is thus a more general approach.

n

3.3 RESPONSE TO AN ARBITRARY PERIODIC INPUT

The specific case of periodic inputs is considered in this section. The response to 
periodic inputs can be calculated by the methods of Section 3.2. However, periodic 
disturbances that occur quite often merit special consideration. In Chapter 2, the 
response to a harmonic input is considered. The term harmonic input refers to a 
sinusoidal driving function at a single frequency. Here, the response to any periodic 
input is considered. A periodic function is any function that repeats itself in time 
[i.e., any function for which there exists a fixed time, T, called the period, such that 
f(t) = f(t + T) for all values of t]. A simple example is a forcing function that is the 
sum of two sinusoids of different frequency with a rational frequency ratio. An ex-
ample of a general periodic forcing function, F(t), of period T is given in Figure 3.11. 
Note from the figure that the periodic force does not look periodic at all if exam-
ined in an interval less than the period T. However, the forcing function does repeat 
itself every T seconds.

According to the theory developed by Fourier, any periodic function F(t), 
with period T, may be represented by an infinite series of the form

 F(t) =
a0

2
+ a

∞

n = 1

(an cos nωTt + bn sin nωTt) (3.20)

t

T

F(t)

Figure 3.11  An example of 
a general periodic function of 
period T.
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where ωT = 2π>T and where the coefficients a0, an, and bn for a given periodic 
function F(t) are calculated by the formulas

 a0 =
2

T
 L

T

0

F(t)dt  (3.21)

 an =
2

T
 L

T

0

F(t)cos nωT t dt n = 1, 2, c (3.22)

 bn =
2

T
 L

T

0

F(t)sin nωT t dt n = 1, 2, c (3.23)

Note that the first coefficient a0 is twice the average of the function F(t) over one 
cycle. The coefficients a0, an, and bn, are called Fourier coefficients. The series of 
equation (3.20) is the Fourier series. A more complete discussion of Fourier  series 
can be found in most introductory differential equation texts (e.g., Boyce and 
DiPrima, 2009).

The Fourier series is useful and relatively straightforward to work with 
 because of a special property of the trigonometric functions used in the series. This 
special property, called orthogonality, can be stated as follows:

 L
T

0

sin nωT t sin mωT t  dt = e0 m ∙ n

T>2 m = n
 (3.24)

 L
T

0

cos nωT t  cos mωT t dt = e0 m ∙ n

T>2 m = n
 (3.25)

and

 L
T

0

cos nωT t sin mωT t dt = 0 (3.26)

The m and n here are integers. The truth of these three orthogonality conditions 
follows from direct integration. The orthogonality property (i.e., the integral of the 
product of two functions is zero) is used repeatedly in vibration analysis. In particu-
lar, orthogonality is used extensively in Chapters 4, 6, 7, and 8. Orthogonality is also 
used in statics and dynamics (i.e., the unit vectors are orthogonal).

In Fourier analysis, the orthogonality of the sine and cosine functions on the 
interval 0 6 t 6 T is used to derive the formulas given in equations (3.21), (3.22), 
and (3.23). These coefficient values are derived as follows. The Fourier coefficients 
an are determined by multiplying equation (3.20) by cos mωTt and integrating over 
the period T. Similarly, the coefficients bn are determined by multiplying by sin mωTt 
and integrating. The summation on the right side of equation (3.20) vanishes except 
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for one term because of the orthogonality properties of the trigonometric function. 
Using the orthogonality conditions given previously determines that all terms of the 
integrated product 1T

0 F(t) sin mωT t dt will be zero except for the term containing bm. 
This yields equation (3.23). Likewise, all the terms in the series 1T

0 F(t) cos mωT t dt 
are zero, except for the term containing am. This yields equation (3.22). Furthermore, 
this procedure can be repeated for each of the values of n in the summation in the 
Fourier series. The procedure for calculating the Fourier coefficient of a simple force 
is illustrated in the following example.

Example 3.3.1

A triangular wave of period T is illustrated in Figure 3.12 and is described by

F(t) = µ4

T
 t - 1 0 … t …

T

2

1 -
4

T
 at -

T

2
b T

2
 … t … T

Determine the Fourier coefficients for this function.

F(t)

1

T

�1

T
4

T
2

3T
4

Figure 3.12  Plot of a triangular 
wave of period T.

Solution  Straightforward integration of equation (3.21) yields

a0 =
2

T
 L

T>2
0

a 4

T
 t - 1b  dt +

2

T
 L

T

T>2 c 1 -  
4

T
 at -  

T

2
b d  dt = 0

which is also the average value of the triangular wave over one period. Similarly, in-
tegration of equation (3.23) yields the result that bn = 0 for every n. Equation (3.22) 
yields

 an =
2

T
 L

T>2
0

a 4

T
 t - 1b  cos nωTt dt +

2

T
 L

T

T>2 c 1 -  
4

T
 at -  

T

2
b d  cos nωTt dt

 = d 0 n even

 
-8

π2n2
n odd

Thus the Fourier representation of this function becomes

F(t) = -
8

π2
c cos 

2π
T

 t +
1

9
 cos 

6π
T

 t +
1

25
 cos 

10π
T

 t c d
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which has frequency 2π>T. It is instructive to plot F(t) by adding one term at a time 
to make clear how many terms of the infinite series are needed to obtain a reasonable 
representation of F(t) as plotted in Figure 3.12. (Run VTB3_3 to observe this conver-
gence.) This is done in Figure 3.13, which is a plot of F(t) for one, two, and four terms 
of the Fourier series. Computer codes for computing the series and plotting the results 
are given in Section 3.8 and VTB3_3. Toolbox file VTB3_3 can be used to obtain the 
coefficients of an arbitrary signal and for plotting the results. Substitution of the values 
an and bn into VTB3_5 will visually verify the result.

n

Note that when a Fourier series is used to approximate a periodic function 
with discontinuities, an overshoot (or ringing) of the Fourier series occurs at the 
discontinuity. This overshoot is called Gibbs phenomenon.

Since a general periodic force can be represented as a sum of sines and co-
sines, and since the system under consideration is linear, the response of a single-
degree-of-freedom system is calculated by computing the response to the individual 
terms of the Fourier series and adding the results. This is similar to the procedure 
used to solve the base-excitation problem of equation (2.63), where the input to a 
single-degree-of-freedom system consisted of the sum of a single sine term and a 
single cosine term. This is how superposition and Fourier series are used together 
to compute the solution for any periodic input. Thus, the particular solution x(t) of

 mx
$
(t) + cx

#
(t) + kx(t) = F(t) (3.27)

where F(t) is periodic, can be written as

 xp(t) = x1(t) + a
∞

n = 1

[xcn(t) + xsn(t)] (3.28)

0 2

1

0.5

�0.5

�1

4

Time, t

F
(t

)

6 8 10

Figure 3.13  Plots of F(t) for one (long dashed line), two (short dashed line), and 
four (solid line) terms of the Fourier series indicate how close each series gets to the 
plot of Figure 3.12.
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Here the particular solution x1(t) satisfies the equation

 mx
$

1(t) + cx
#
1(t) + kx1(t) =

a0

2
 (3.29)

the particular solution xcn(t) satisfies the equation

 mx
$

cn(t) + cx
#
cn(t) + kxcn(t) = an cos nωTt (3.30)

for all values of n, and the particular solution xsn(t) satisfies the equation

 mx
$

sn(t) + cx
#
sn(t) + kxsn(t) = bn sin nωTt (3.31)

for all values of n. The solutions to equations (3.30) and (3.31) are calculated 
in Section 2.2, and the solution to equation (3.29) is calculated in Section 3.2. If 
the system is subject to nonzero initial conditions, this must also be taken into 
consideration.

The particular solution to equation (3.29) is that of the step response calcu-
lated in equation (3.17) with F0 = a0>2. This yields

 x1(t) =
a0

2k
 (3.32)

The particular solution of equation (3.30) is calculated in equation (2.36) to be

 xcn(t) =
an>m

[[ωn
2

- (nωT)2]2
+ (2ζωnnωT)2]1>2 cos(nωTt - θn) (3.33)

where

θn = tan-1 
2ζωnnωT

ωn
2

- (nωT)2

Similarly, the particular solution of equation (3.31) is calculated to be

 xsn(t) =
bn>m

[[ωn
2

- (nωT)2]2
+ (2ζωnnωT)2]1>2 sin(nωTt - θn) (3.34)

The total particular solution of equation (3.27) is then given by the sum of equa-
tions (3.32), (3.33), and (3.34) as indicated by equation (3.28). The total solution 
x(t) is the sum of the particular solution xp(t) calculated previously and the homo-
geneous solution obtained in Section 1.3. For the underdamped case (0 6 ζ 6 1), 
this becomes

 x(t) = Ae-ζωnt sin (ωdt + ϕ) +
a0

2k
+ a

∞

n = 1

[xcn(t) + xsn(t)] (3.35)

where A and ϕ are determined by the initial conditions. As in the case of a simple 
harmonic input as described in equation (2.37), the constants A and ϕ describing the 
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transient response will be different than those calculated for the free-response case 
given in equation (1.38). This is because part of the transient term of equation (3.35) 
is the result of initial conditions and part is due to the excitation force F(t).

Example 3.3.2

Consider the base-excitation problem of Section 2.4 (see Window 3.3), and calculate 
the total response of the system to initial conditions x0 = 0.01 m and 0 = 3.0 m>s. 
Assume that ωb = 3 rad>s, m = 1 kg, c = 10 kg>s, k = 1000 N>m, and Y = 0.05 m.

Window 3.3
Review of the Base-Excitation Problem of Section 2.4

x(t)

k c

y(t)�Y sin �bt

m

Base

The base-excitation problem is to solve the expression

x � 2��nx � �2
n

x � 2��n�bY cos �bt � �2
n

Y sin �bt

for the motion of a mass, x(t), excited by a harmonic displacement of
frequency �b and amplitude Y through its spring–damper connections. This
has the particular solution indicated by the second term on the right-hand 
side of equation (3.37).

...

Solution  The equation of motion is given by equation (2.63), which has a periodic 
input of

 F(t) = cYωb cos ωbt + kY sin ωbt (3.36)

Comparing coefficients with the Fourier expansion of equation (3.20) yields a0 = 0, 
an = bn = 0, for all n 7 1, and

a1  = cYωb = (10 kg>s)(0.05 m)(3 rad>s) = 1.5 N

b1 = kY = (1000 N>m)(0.05 m) = 50 N

The solution for xc1(t) from equation (3.30) is given by equations (2.65) and (2.66), and 
the solution for xs1(t) from equation (3.31) is given by equations (2.66) and (2.67). The 
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summation of solutions indicated in equation (3.28) is then given by equation (2.68), 
and the total solution becomes

x(t) = Ae-ζωnt sin (ωdt + ϕ) + ωnY£ ωn
2

+ (2ζωb)2

(ωn
2

- ωb
2)2

+ (2ζωnωb)2
§ 1>2

 cos (ωbt - θ1 - θ2) (3.37)

where A and ϕ are to be determined by the initial conditions, and θ1 and θ2 
are as defined by equations (2.66) and (2.69). Since ζ = c>(21km) = 0.158 and 
ωn = 1k>m = 31.62 rad>s, these phase angles become

θ1 = tan -1a2(0.158)(31.62)(3)

(31.62)2
- (3)2

b = 0.03 rad

θ2 = tan-1 a 31.62

(2)(0.158)(3)
b = 1.541 rad

and the magnitude becomes

 ωnY£ ωn
2

+ (2ζωb)21ωn
2

+ ωb
2 22

+ (2ζωnωb)2
§ 1>2

= (31.62)(0.05)• (31.62)2
+ [2(0.158)(3)]23(31.62)2

- (3)242
+ [2(0.158)(3)(31.62)]2

¶1>2

 = 0.05 m

The solution given in equation (3.37) takes the form

 x(t) = Ae-5t sin (31.22t + ϕ) + 0.05 cos (3t - 1.571) (3.38)

where ωd = ωn21 - ζ2
= 31.225 rad>s. At t = 0, this becomes

x(0) = A sin (ϕ) + 0.05 cos (-1.571)

or

 0.01 m = A sin ϕ + (0.05)(-0.00204) (3.39)

Differentiating x(t) yields

x
#
(t) = Ae-5t  cos(31.225t + ϕ)(31.225) - 5Ae-5t  sin(31.225t + ϕ) - 0.15 sin (3t - 1.571)

At t = 0, this becomes

 3 = (31.225) A cos (ϕ) - 5A sin (ϕ) - 0.15 sin (-1.571) (3.40)

Equations (3.39) and (3.40) represent two equations in the two unknown constants of 
integration, A and ϕ. Solving these yields A = -0.0096 m and ϕ = 0.1083 rad, so that 
the total solution is

x(t) = 0.0096e-5t sin (31.225t + 0.1083) + 0.05 cos (3t - 1.571)
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This is plotted in Figure 3.14. Note that the transient term is not noticeable after 1 s. A 
comparison with a numerical solution of the same problem is given in Example 3.8.3 
of Section 3.8.

n

The computation of the response to complicated inputs becomes tedious 
when using the analytical approach. With the advent of computational software, 
practicing engineers are more likely to use a numerical approach to compute the 
solution. While numerical approaches are approximations, they do allow quick 
calculation of the response to systems with complicated inputs consisting of step 
functions and long periodic disturbances. Numerical approaches are discussed in 
Section 3.9.

3.4 TRANSFORM METHODS

The Laplace transform was introduced briefly in Section 2.3 as an alternative 
method of solving for the forced harmonic response of a single-degree-of-freedom 
system. The Laplace transform technique is even more useful for calculating the 
responses of systems to a variety of force excitations, both periodic and nonperiodic. 
The usefulness of the Laplace transform technique of solving differential equa-
tions and, in particular, solving for the forced response lies in the availability of 
tabulated Laplace transform pairs. Using tabulated Laplace transform pairs reduces 
the solution of forced vibration problems to algebraic manipulations and table 
“lookup.” In addition, the Laplace transform approach provides certain theoretical 
advantages and leads to a formulation that is very useful for experimental vibration 
measurements.

The definition of a Laplace transform of the function of time f(t) is

 L[f(t)] = F(s) = L
∞

0

f(t)e-stdt (3.41)

0 1 2 3 4
�0.10

�0.05

0.00

0.05

0.10

Time t (s)

Displacement
 x(t) (mm)

Figure 3.14  The total time response of a 
spring–mass–damper system under base 
excitation as calculated in Example 3.3.1.
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for an integrable function f(t) such that f(t) = 0 for t 6 0. The variable s is com-
plex valued. The Laplace transform changes the domain of the function from the 
positive real-number line (t) to the complex-number plane (s). The integration in 
the Laplace transform changes differentiation into multiplication, as the following 
example illustrates.

Example 3.4.1

Calculate the Laplace transform of the derivative f
#
(t).

Solution  

L3f# (t)4 = L
∞

0

f
#
 (t)e-stdt = L

∞

0

e-st 
d3f (t)4

dt
 dt

Integration by parts yields

L3f# (t)4 = e-stf (t) `
0

∞

+ sL
∞

0

e-stf (t) dt

Recognizing that the integral in the last term of the preceding equation is the defini-
tion of F(s) yields

L3f# (t)4 = sF (s) - f (0)

where F(s) denotes the Laplace transform of f(t). Repeating this procedure on f
$
(t) 

yields

L3 f
$
(t)4 = s2F(s) - sf(0) - f

#
(0).

n

Example 3.4.2

Calculate the Laplace transform of the unit step function defined by the right-hand 
side of equation (3.41) and denoted by Φ(t) for the case t0 = 0.

Solution  

L3Φ(t)4 = L
∞

0

e-stdt = -
e-st

s
 `

0

∞

= -
e-∞

s
+

e-0

s
=

1

s

n

The procedure for solving for the forced response of a mechanical system is first 
to take the Laplace transform of the equation of motion. Next, the transformed 
expression is algebraically solved for X(s), the Laplace transform of the response. 
The inverse transform of this expression is found by using a table of Laplace trans-
forms to yield the desired time history of the response x(t). This is illustrated in the 
following example. A sample table of Laplace transform pairs is given in Table 3.1.
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TABLE 3.1  CoMMon lAPlACE tRAnSFoRMS FoR ZERo InItIAl ConDItIonSa

F(s) f(t)

 1. 1 δ(0) unit impulse
 2. 1>s 1, unit step Φ(t)

 3. 
1

s + a
e- at

 4. 
1

(s + a)(s + b)

1

b - a
 (e-at

- e-bt)

 5. 
ωn

s2
+ ωn

2

sin ωnt

 6. 
s

s2
+ ωn

2
cos ωnt

 7.  
1

s(s2
+ ωn

2)

1

ωn
2
 (1 - cos ωnt)

 8. 
1

s2
+ 2ζωns + ωn

2

1

ωd

 e-ζωnt sin ωdt, ζ 6 1, ωd = ωn31 - ζ2

 9. 
ωn

2

s(s2
+ 2ζωns + ωn

2)
1 -

ωn

ωd

 e-ζωnt sin (ωdt + ϕ), ϕ = cos-1ζ , ζ 6 1

10.  e- as δ(t -  a)

11.  F(s -  a) eatf(t) Ú  0

12.  e- asF(s) f(t -  a)Φ(t -  a)

aA more complete table appears in Appendix B. Here the Heaviside step function or unit 
step function is denoted by Φ. Other notations for this function include μ and H.

Example 3.4.3

Calculate the forced response of an undamped spring–mass system to a unit step func-
tion. Assume that both initial conditions are zero.

Solution  The equation of motion is

mx
$
(t) + kx(t) = Φ(t)

Taking the Laplace transform of this equation yields

(ms2
+ k)X(s) =

1

s

Solving algebraically for X(s) yields

X(s) =
1

s(ms2
+ k)

=
1>m

s(s2
+ ωn

2)
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Examining the definition of the Laplace transform, note that the coefficient 1>m 
passes through the transform. The time function corresponding to the value of X(s) in 
the preceding equation can be found as entry 7 in Table 3.1. This implies that

x(t) =
1>m
ωn

2
 (1 - cos ωnt) =

1

k
 (1 - cos ωnt)

which, of course, agrees with the solution given by equation (3.18) with F0 = 1.
n

Example 3.4.4

Calculate the response of an underdamped spring–mass system to a unit impulse. 
Assume zero initial conditions.

Solution  The equation of motion is

mx
$

+ cx
#

+ kx = δ(t)

Taking the Laplace transform of both sides of this expression using the results of 
Example 3.4.1 and entry 1 in Table 3.1 yields1ms2

+ cs + k2X(s) = 1

Solving for X(s) yields

X(s) =
1>m

s2
+ 2ζωns + ωn

2

Assuming that ζ 6 1 and consulting entry 8 of Table 3.1 yields

x(t) =
1>m

ωn31 - ζ2
 e-ζωnt sin 1ωn31 - ζ2t2 =

1

mωd

 e-ζωnt sin ωdt

in agreement with equation (3.6).
n

Example 3.4.5

Compute the solution of the spring–mass–damper system subject to an impulse at time 
t = π s defined by the following equation of motion:

x
$
(t) + 2x

#
(t) + 2x(t) = δ(t - π), x0 = v0 = 0

Solution  From the coefficients

ωn = 12 rad>s, ζ =
2

212
 =

112
  and ωd = 1231 - (1/12)2

= 1 rad>s
Taking the Laplace transform of the equation of motion yields

(s2
+ 2s + 2)X(s) = e-πs
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Solving algebraically for X(s) yields

X(s) =
e-πs

s2
+ 2s + 2

= (e-πs)a 1

s2
+ 2s + 2

b
The inverse Laplace transform of the last term is (from entry 8 in Table 3.1)

L-1 a 1

s2
+ 2s + 1

b = e-t sin t

From entry 12 of Table 3.1, the inverse Laplace transform of X(s) then becomes

x(t) = e-(t -π) sin (t - π)Φ(t - π) = e0, t 6 π
e-(t-π) sin (t - π), t Ú π

n

It should be noted that the Laplace transform may be used for problems with 
untabulated pairs by inverting the integration indicated in equation (3.41). The in-
version integral is

 x(t) =
1

2πj
 L

∞

-∞
X(s)estds (3.42)

where j = 1-1. The inverse Laplace transform is discussed in greater detail in 
Appendix B.

An often-used tool in Laplace transform analysis is the idea of convolution, 
introduced in Section 3.2. In fact, the convolution integral is often defined first in 
terms of the Laplace transform. Consider the response written as the convolution 
integral as given in equation (3.12), and take the Laplace transform assuming zero 
initial conditions. This yields

 X(s) = F(s)H(s) (3.43)

called Borel’s theorem. Here F(s) is the Laplace transform of the driving force, f(t), 
and H(s) is the Laplace transform of the impulse response function h(t). Taking the 
transform of h(t) defined by equation (3.8) and using entry 8 of Table 3.1 yields

 H(s) =
1

s2
+ 2ζωns + ωn

2
 (3.44)

which is the transfer function of a single-degree-of-freedom oscillator as defined in 
Section 2.3, equation (2.59).

A related transform is the Fourier transform, which arises from considering 
the Fourier series of a nonperiodic function. The Fourier transform of a function 
x(t) is denoted by X(ω) and is defined by

 X(ω) =
1

2π
 L

∞

-∞
x(t)e-jωtdt (3.45)
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which transforms the variable x(t) from a function of time into a function of fre-
quency ω. The inversion of this transform is performed by the integral

 x(t) = L
∞

-∞
X(ω)ejωtdω (3.46)

The Fourier transform integral defined by equation (3.45) arises from the Fourier 
series representation of a function described by equation (3.20) by writing the se-
ries in complex form and allowing the period to go to infinity. [See Newland (1993), 
page 39, for details.]

Note that the definitions of the Fourier transform and the Laplace transform 
are similar. In fact, the form of the Fourier transform pairs given in equations (3.45) 
and (3.46) can be obtained by substituting s = jω into the Laplace transform pair 
given by equations (3.41) and (3.42). Although this does not constitute a rigorous 
definition, it does provide a connection between the two types of transforms.

Fourier transforms are not used as frequently for solving vibration problems 
as are Laplace transforms. However, the Fourier transform is used extensively in 
discussing random vibration problems and in the measurement of vibration param-
eters. Appendix B discusses additional details of transforms. A rigorous description 
of the use of various transforms, their properties, and their applications can be 
found in Churchill (1972).

3.5 RESPONSE TO RANDOM INPUTS

So far, all the driving forces considered have been deterministic functions of time. That 
is, given a value of the time t, the value of F(t) is precisely known. Here the response 
of a system subject to a random force input F(t) is investigated. Disturbances are often 
characterized as random if the value of F(t) for a given value of t is known only statisti-
cally. That is, a random signal has no obvious pattern. For random signals it is not pos-
sible to focus on the details of the signal, as it is with a pure deterministic signal. Hence 
random signals are classified and manipulated in terms of their statistical properties.

Randomness in vibration analysis can be thought of as the result of a series of 
experiments, all performed in an identical fashion under identical circumstances, each 
of which produces a different response. One record or time history is not enough to 
describe such a vibration; rather, a statistical description of all possible responses is 
required. In this case, a vibration response x(t) should not be thought of as a single 
signal, but rather as a collection, or ensemble, of possible time histories resulting from 
the same conditions (i.e., same system, same controlled environment, same length of 
time). A single element of such an ensemble is called a sample function (or response).

Consider a random signal x(t), or sample, as pictured in Figure 3.15(d). The 
first distinction to be made about a random time history is whether or not the sig-
nal is stationary. A random signal is stationary if its statistical properties (usually 
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its average or mean square) do not change with time. The average of the random 
signal x(t) is defined and denoted by

 x∙ = lim
T S ∞

 
1

T
 L

T

0

x(t)dt (3.47)

as introduced in Section 1.2, equation (1.20), for deterministic signals. Here, it is 
convenient to consider signals with a zero average or mean 3 i.e., x∙(t) = 04. This is 
not too restrictive an assumption, since if x∙(t) ∙ 0, a new variable x= = x - x∙  can 
be defined. The new variable x′ now has zero mean.

The mean-square value of the random variable x(t) is denoted by x2 and is 
defined by

 x2
= lim

T S ∞
 
1

T
 L

T

0

x2(t) dt (3.48)
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Figure 3.15  (a) A simple sine function; (b) its autocorrelation; (c) its power spectral density.  
(d) A random signal; (e) its autocorrelation; (f) its power spectral density.
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as introduced in Section 1.2, equation (1.21), for deterministic signals. In the case of 
random signals, this is also called the variance and provides a measure of the magnitude 
of the fluctuations in the signal x(t). A related quantity, called the root-mean-square 

(rms) value, is just the square root of the variance:

 xrms = 3x2 (3.49)

This definition can be applied to the value of a single response over its time history 
or to an ensemble value at a fixed time.

Another measure of interest in random variables is how fast the value of the 
variable changes. This addresses the issue of how long it takes to measure enough 
samples of the variable before a meaningful statistical value can be calculated. 
Many measured vibration signals are random and, as such, an indication of how 
quickly a variable changes is very useful. The autocorrelation function, denoted by 
Rxx(τ) and defined by

 Rxx(τ) = lim
T S ∞

 
1

T
 L

T

0

x(t)x(t + τ)dt (3.50)

provides a measure of how fast the signal x(t) is changing. The value τ is the time 
difference between the values at which the signal x(t) is sampled. The prefix auto re-
fers to the fact that the term x(t)x(t +  τ) is the product of values of the same sample 
at two different times. The autocorrelation is a function of the time difference τ 
only in the special case of stationary random signals. Figure 3.15(e) illustrates the 
autocorrelation of a random signal, and Figure 3.15(b) illustrates that of a sine 
function. The Fourier transform of the autocorrelation function defines the power 

spectral density (PSD). Denoting the PSD by Sxx(ω) and repeating the definition of 
equation (3.45) results in

 Sxx(ω) =
1

2π
 L

∞

-∞
Rxx(ω)e-jωτdτ (3.51)

Note that this integral of Rxx(τ) changes the real number τ into a frequency-domain 
value ω. Figure 3.15(c) illustrates the PSD of a pure sine signal, and Figure 3.15(f) 
illustrates the PSD of a random signal. The autocorrelation and power spectral den-
sity, defined by equations (3.50) and (3.51), respectively, can be used to examine 
the response of a spring–mass system to a random excitation.

Recall from Section 3.2 that the response x(t) of a spring–mass–damper sys-
tem to an arbitrary forcing function F(t) can be represented by using the impulse 
response function h(t -  τ) given by equation (3.9) for underdamped systems. The 
Fourier transform of the function h(t -  τ) can be used to relate the PSD of the ran-
dom input of an underdamped system to the PSD of the system’s response. First note 
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from equation (3.8), Example 3.4.4, and entry 8 of Table 3.1 that the Laplace trans-
form of h(t) for a single-degree-of-freedom system is

  L[h(t)] = L c 1

mωd

 e-ζωnt sin ωdt d =
1

mωd

 L3e-ζωnt sin ωdt4  (3.52)

  =
1

ms2
+ cs + k

= H(s)  

where H(s) is the system transfer function as defined by equation (2.59). In this 
case, the Fourier transform of h(t) can be obtained from the Laplace transform by 
setting s = jω in equation (3.52). This yields simply

 H(jω) =
1

k - ω2m + cωj
 (3.53)

which, upon comparison with equations (2.60) and (2.52), is also the frequency 
response function for the single-degree-of-freedom oscillator. Let X(ω) denote 
the Fourier transform of the impulse response function, h(t); then, from equations 
(3.45) and (3.53)

 X(ω) =
1

2π
 L

∞

-∞
h(t)e-jωnt dt = H(ω) (3.54)

where the j is dropped from the argument of H for convenience. Thus the fre-
quency response function of Section 2.3 can be related to the Fourier transform 
of the impulse response function. This becomes extremely significant in vibration 
measurement as discussed in Chapter 7.

Next, recall the formulation of the solution of a vibration problem using the 
impulse response function. From equation (3.12), the response x(t) to a driving 
force F(t) is simply

 x(t) = L
t

0

F(τ)h(t - τ)dτ (3.55)

Note that since h(t -  τ) = 0 for t 6 T, the upper limit can be extended to plus 
infinity. Since F(t) = 0 for t 6 0, the lower limit can be extended to minus infinity. 
Thus, expression (3.55) can be rewritten as

 x(t) = L
∞

-∞
F(τ)h(t - τ)dτ (3.56)

Next, the variable of integration τ can be changed to θ by using τ = t -  θ, and hence 
dτ = -dθ. Using this change of variables, the previous integral can be written

 x(t) = - L
-∞

∞
F(t - θ)h(θ)d(θ) = L

∞

-∞
F(t - θ)h(θ)dθ (3.57)
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which provides an alternative form of the solution of a forced vibration problem in 
terms of the impulse response function.

Finally, consider the PSD of the response x(t) given by equation (3.51) as

 Sxx(ω) =
1

2π
 L

∞

-∞
Rxx(τ)e-jωτdτ (3.58)

Upon substitution of the definition of Rxx(τ) from equation (3.50), this becomes

 Sxx(ω) =
1

2π
 L

∞

-∞
c lim

T S ∞
 
1

T
 L

T

0

x(σ)x(σ + τ)dσ d e-jωτdτ (3.59)

The expressions for x(t) in the integral are evaluated next using equation (3.57), 
which results in

Sxx(ω) =

1

2π
 L

∞

-∞
c lim

T S ∞
 
1

T
 L

T

0

c L ∞

-∞
F(σ - θ)h(θ)dθL

∞

-∞
F(σ - θ + τ)h (θ) dθ ddσ de-jωτdτ

(3.60)

=
1

2π
 L

∞

-∞
lim

T S ∞
 
1

T
 L

T

0

cF(tn)F(tn + τ)L
∞

-∞
h(θ)e-jωθdθL

∞

-∞
h(θ)ejωθdθ ddσe-jωτdτ

(3.61)

where e(tn - tn)jω
= 1 has been inserted inside the inner integrals and a subsequent 

change of variables (tn = σ - θ) has been performed on the argument of F, which is 
subsequently moved outside the integral. The two integrals inside the brackets in equa-
tion (3.61) are H(ω) and its complex conjugate H(-ω), according to equation (3.54). 
Recognizing the frequency response functions H(ω) and H(-ω) in equation (3.61), this 
expression can be rewritten as

Sxx(ω) = 0H(ω) 0 2 c  1

2π
 L

∞

-∞
Rff (τ)e-jωτdτ d

or simply

 Sxx(ω) = 0H(ω) 0 2 Sff (ω) (3.62)

Here Rff denotes the autocorrelation function for F(t) and Sff denotes the PSD of 
the forcing function F(t). The notation ∙H(ω) ∙ 2 indicates the square of the magni-
tude of the complex frequency response function. A more rigorous derivation of 
the result can be found in Newland (1993). It is more important to study the result 
[i.e., equation (3.62)] than the derivations at this level.
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Equation (3.62) represents an important connection between the power 
spectral density of the driving force, the dynamics of the structure, and the power 
 spectral density of the response. In the deterministic case, a solution was obtained 
relating the harmonic force applied to the system and the resulting response 
(Chapter 2). In the case where the input is a random excitation, the statement 
equivalent to a solution is equation (3.62), which indicates how fast the response 
x(t) changes in relation to how fast the (random) driving force is changing. In the 
deterministic case of a sinusoidal driving force, the solution allowed the conclusion 
that the response was also sinusoidal with a new magnitude and phase, but of the 
same frequency as the driving force. In a way, equation (3.62) makes the equiva-
lent statement for a random excitation (see Window 3.4). It states that when the 
excitation is a stationary random process, the response will be a stationary random 
process and the response changes as rapidly as the driving force, but with a modified 
amplitude. In both the deterministic case and the random case, the amplitude of the 
response is related to the frequency response function of the structure.

Example 3.5.1

Consider the single-degree-of-freedom system of Window 3.1 subject to a random 
(white noise) force input F(t). Calculate the power spectral density of the response x(t) 
given that the PSD of the applied force is the constant value S0.

Solution  The equation of motion is

mx
$

+ cx
#

+ kx = F(t)

From equation (2.59) or equation (3.53), the frequency response function is

H(ω) =
1

k - mω2
+ cωj

Thus, 0  H(ω) 0 2 = ` 1

k - mω2
+ cωj

` 2 =
11k - mω22 + cωj

# 11k - mω22 - cωj

 =
11k - mω222

+ c2ω2

From equation (3.62), the PSD of the response becomes

 Sxx = 0H(ω) 0 2Sff =
S01k - mω222

+ c2ω2

This states that if a single-degree-of-freedom system is excited by a stationary random 
force (of constant mean and rms value) that has a constant power spectral density 
of value S0, the response of the system will also be random with nonconstant (i.e., 
frequency-dependent) PSD of Sxx(ω) = S0> 31k - mω222

+ c2ω24 .
n
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Another useful quantity in discussing the response of a system to random 
vibration is the expected value. The expected value (or more appropriately, the en-

semble average) of x(t) is denoted by E[x] and defined by

 E[x] = lim
T S ∞ L

T

0

 
x(t)

T
 dt (3.63)

which, from equation (3.47), is also the mean value, x∙. The expected value is also 
related to the probability that x(t) lies in a given interval through the probability 

density function p(x). An example of p(x) is the familiar Gaussian distribution func-
tion (bell-shaped curve). In terms of the probability density function, the expected 
value is defined by

 E[x] = L
∞

-∞
xp(x)dx (3.64)

The average of the product of the two functions x(t) and x(t + τ) describes how the 
function x(t) changes with time and, for a stationary random process, is the autocor-
relation function

 E3x(t)x(t + τ)4 = lim
T S ∞

 
1

T
 L

T

0

x(t)x(t + τ)dt = Rxx(τ) (3.65)

upon comparison with equation (3.50). From equation (3.48), the mean-square 
value becomes

 x2
= Rxx(0) = E3x24  (3.66)

The mean-square value can, in turn, be related to the power spectral density func-
tion by inverting equation (3.51) using the Fourier transform pair of equations (3.45) 
and (3.46). This yields

 Rxx(τ)τ= 0 = L
∞

-∞
Sxx(ω)dω = E3x24  (3.67)

Equation (3.62) relates the PSD of the response x(t) to the PSD of the driving force 
F(t) and the frequency response function. Combining equations (3.62) and (3.67) yields

 E3x24 = L
∞

-∞
0H(ω) 0 2Sff (ω) dω (3.68)

This expression relates the mean-square value of the response to the PSD of the (ran-
dom) driving force and the dynamics of the system. Equations (3.68) and (3.62) form 
the basis for random vibration analysis for stationary random driving forces. These ex-
pressions represent the equivalent of using the impulse response function and frequency 
response functions to describe deterministic vibration excitations (see Window 3.4).
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Window 3.4
Comparison between Calculations for the Response of a  

Spring–Mass–Damper System and Deterministic and Random Excitations

m

c
x(t)

f(t)

k

Transfer function: G(s) 
1

ms2 cs k

1

ms2  cs  k

1
m d

1

k m 2 c j
Frequency response function: G( j  ) H(  ) 

Impulse response function: h(t) 

The Laplace transform of the impulse response function is

e nt sin dt

 G(s)

X(s)  G(s)F(s)

x(t) 

2
Sxx(  ) |H( )| Sff(  )

L[h(t)]

and the Fourier transform of the impulse response function is just the
frequency response function H(  ).  These quantities relate the input and
response by

For deterministic f(t): For random f(t):

     h(t )f( )d

t

0

E[x2] |H(  ) |
2

Sff(  )d

�

To use equation (3.68), the integral involving ∙H(ω) ∙ 2 must be evaluated. In 
many useful cases, Sff (ω) is constant. Hence, values of 1 0H(ω) 0 2 have been tabulated 
(see Newland, 1993). For example

 L
∞

-∞
` B0

A0 + jωA1

` 2dω =
πB0

2

A0 A1

 (3.69)

and

 L
∞

-∞
` B0 + jωB1

A0 + jωA1 - ω2A2

` 2dω =

π1A0 B1
2

+ A2 B0
22

A0 A1 A2

 (3.70)

Such integrals, along with equation (3.68), allow computation of the expected value, 
as the following example illustrates.
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Example 3.5.2

Calculate the mean-square value of the response of the system described in Example 
3.5.1 with equation of motion mx

$
+ cx

#
+ kx = F(t), where the PSD of the applied 

force is the constant value S0.

Solution  Since the PSD of the forcing function is the constant S0, equation (3.68) 
becomes

E3x24 = S0L
∞

-∞
` 1

k - mωn
2

+ jcω
` 2dω

Comparison with equation (3.70) yields B0 = 1, B1 = 0, A0 = k, A1 = c, and A2 = m. 
Thus,

E3x24 = S0 
πm

kcm
=

πS0

kc

Hence, if a spring–mass–damper system is excited by a random force described by a 
constant PSD, S0, it will have a random response, x(t), with mean-square value πS0>kc.

n

Two basic relationships used in analyzing spring–mass–damper systems ex-
cited by random inputs are illustrated in this section. The output or response of a 
randomly excited system is also random and, unlike deterministic systems, cannot 
be exactly predicted. Hence, the response is related to the driving force through the 
statistical quantities of power spectral density and mean-square  values. See Window 
3.4 for a comparison of response calculations for deterministic and  random inputs. 
In deterministic vibrations, the concern in design is usually to compute the magni-
tude and phase of the response to a known deterministic forcing function. This sec-
tion addressed the same problem when the forcing function has a random nature. 
Given a statistical property of the forcing function, say the average magnitude, then 
the best we can do is to compute the average value of the magnitude of the response.

3.6 SHOCK SPECTRUM

Many disturbances are abrupt or sudden in nature. The impulse is an example of a 
force applied suddenly. Such a sudden application of a force or other form of dis-
turbance resulting in a transient response is referred to as a shock. Because of the 
common occurrence of shock inputs, a special characterization of the response to a 
shock has developed as a standard design and analysis tool. This characterization is 
called the response spectrum and consists of a plot of the maximum absolute value 
of the system’s time response versus the natural frequency of the system.

The impulse response discussed in Section 3.1 provides a mechanism for 
studying the response of a system to a shock input. Recall that the impulse response 
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function, h(t), was derived from considering a force input, δ(t), of large magnitude 
and short duration and can be used to calculate the response of a system to any 
input. The impulse response function forms the basis for calculating the response 
spectrum introduced here.

Recall from equation (3.12) that the response of a system to an arbitrary input 
F(t) can be written as

 x(t) = L
t

0

F(τ)h(t - τ)dτ (3.71)

where h(t – τ) is the impulse response function for the system. For an underdamped 
system, h(t – τ) is given by equation (3.9):

 h(t - τ) =
1

mωd

 e-ζωn(t -  τ) sin ωd(t - τ)    t 7 τ (3.72)

which becomes

 h(t - τ) =
1

mωn

  sin ωn(t - τ) (3.73)

in the undamped case. The response spectrum is defined to be a plot of the peak 
or maximum value of the response versus frequency. For an undamped system, 
equations (3.71) and (3.73) can be combined to yield the maximum value of the 
displacement response as

 x(t)max =
1

mωn

 ` L t

0

F(τ) sin [ωn(t - τ)]dτ `
max

 (3.74)

Calculating a response spectrum then involves substitution of the appropriate F(t) 
into equation (3.74) and plotting x(t)max versus the undamped natural frequency. 
This is usually done numerically on a computer; however, the following example 
illustrates the procedure by hand calculation.

Example 3.6.1

Calculate the response spectrum for the forcing function given in Figure 3.16 applied 
to the linear spring–mass system. The abruptness of the response is characterized by 
the time t1.

F0

t1
t Figure 3.16  A step disturbance 

with rise time of t1 seconds.
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Solution  As in Example 3.2.2, the forcing function F(t) sketched in Figure 3.16 can 
be written as the sum of two other simple functions. In this case, the input is the sum of

F1(t) =
t

t1

 F0

and

F2(t) = c 0 0 6 t 6 t1

-
t - t1

t1

 F0 t Ú t1

Following the steps taken in Example 3.2.2, the response is calculated by evaluating 
the response to F1(t) and separately to F2(t). Linearity is then used to obtain the total 
response to F(t) = F1(t) + F2(t). The response to F1(t), denoted by x1(t), calculated 
using equations (3.71) and (3.73), becomes

 x1(t) =
ωn

k
 L

t

0

 
F0τ
t1

 sin ωn(t - τ) dτ =
F0

k
 a t

t1

 -
sin ωnt

ωnt1

b  (3.75)

Similarly, the response to F2(t), denoted by x2(t), becomes

x2(t) = L
t

0

F2(τ) 
1

mωn

  sin ωn(t - τ)dτ =
-F0

mωn

 L
t

t1

 
τ - t1

t1

  sin ωn(t - τ)dτ

which becomes

 x2(t) = -  
F0

k
 c t - t1

t1

 -  
 sin ωn(t - t1)

ωnt1

d  (3.76)

so that the total response becomes the sum x(t) = x1(t) + x2(t):

 x(t) = d F0

k
 a t

t1

 -  
 sin ωnt

ωnt1

 b t 6 t1

F0

kωnt1

 [ωnt1 - sin ωnt + sin ωn(t - t1)] t Ú t1

 (3.77)

Alternately, the Heaviside step function may be used to write this solution as

 x(t) =
F0

k
 a t

t1

 -
 sin ωnt

ωnt1

b -
F0

k
 a t - t1

t1

 -
 sin ωn(t - t1)

ωnt1

bΦ(t - t1) (3.78)

Equation (3.77) is the response of an undamped system to the excitation of Figure 3.16. 
To find the maximum response, the derivative of equation (3.77) is set equal to zero 
and solved for the time tp at which the maximum occurs. This time tp is then substituted 
into the response x(tp) given by equation (3.77) to yield the maximum response x(tp). 
Differentiating equation (3.77) for t 7 t1 yields x

#
(tp) = 0 or

 - cos ωntp + cos ωn(tp - t1) = 0 (3.79)
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1 �  cos �nt1

sin �nt1

�ntp

2(1 � cos �nt1)

Figure 3.17  A graphical representation of 
equations (3.80) and (3.81).

Using simple trigonometry formulas and solving for ωntp yields

 tan ωntp =
1 - cos ωnt1

 sin ωnt1

       or      ωntp =  tan-1 a1 - cos ωnt1

 sin ωnt1

b  (3.80)

where tp denotes the time to the first peak [i.e., the time for which the maximum value 
of equation (3.77) occurs]. Expression (3.80) corresponds to a right triangle of sides 
(1 - cos ωnt1), and sin ωnt1, and hypotenuse

 2sin2ωnt1 + (1 - cos ωnt1)
2

= 22(1 - cos ωnt1) (3.81)

This relationship is illustrated in Figure 3.17. Hence, sin ωntp can be calculated from

 sin ωntp = -A1

2
 (1 - cos ωnt1) (3.82)

and

 cos ωntp =
-sin ωnt122(1 - cos ωnt1)

 (3.83)

Substitution of this expression into solution (3.77) evaluated at tp yields, after some 
manipulation [here x(tp) = xmax],

 
x maxk

F0

= 1 +  
1

ωnt1

 22(1 - cos ωnt1) (3.84)

where the left side represents the dimensionless maximum displacement. It is custom-
ary to plot the response spectrum (dimensionless) versus the dimensionless frequency

 
t1

T
=

ωnt1

2π
 (3.85)

where T is the structure’s natural period. This provides a scale related to the characteris-
tic time, t1, of the input. Figure 3.18 is a plot of the response spectrum for the ramp input 
force of Figure 3.16. Note that each point on the plot corresponds to a different rise time, 
t1, of the excitation. The vertical scale is an indication of the relationship between the 
structure and the rise time of the excitation.
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The response is plotted using equation (3.77) along with the maximum magni-
tude as given by equation (3.84) and the ramp input function in Figure 3.19. Note from 
these plots that the amplitude of the response is magnified, or larger than the level of 
the input force. If t1 is chosen to be near a period (the minimum in Figure 3.18), then 
the response is lower than this value and the maximum response will be equal to the 
input level. The effects of the various parameters form the topic of shock isolation 
(Section 5.2, which can be read now) and are examined numerically in Section 3.9.

n

0 1

2.0

1.0
2 3 4

max(     )xk
F0

t1
T

Figure 3.18  Response spectrum for the input force of Figure 3.16. The 
vertical axis is the dimensionless maximum response, and the horizontal axis 
is the dimensionless frequency (or delay time).
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Figure 3.19  A plot of the time response (solid line) of an undamped system to the 
input given in Figure 3.16. Also shown are the maximum magnitude (long dashed 
line) and the input function (short dashed line) for the parameters k = 10 N>m, 
m = 10 kg, F0 = 1 N, and t1 = 1 s.
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3.7 MEASUREMENT VIA TRANSFER FUNCTIONS

The forced response of a vibrating system is very useful in measuring the physical 
parameters of a system. As indicated in Section 1.6, the measurement of a system’s 
damping coefficient can only be made dynamically. In some systems the damping is 
large enough that the vibration does not last long enough for a free decay measure-
ment to be taken. This section examines the use of the forced response, transfer 
functions, and random vibration analysis introduced in previous sections to measure 
the mass, damping, and stiffness of a system.

The use of transfer functions to measure the properties of structures comes 
from electrical engineering. In circuit applications, a function generator is used to 
apply a sinusoidal voltage signal to a circuit. The output is measured for a range of 
input frequencies. The ratio of the Laplace transform of the two signals then yields 
the transfer function of the test circuit. A similar experiment may be performed on 
mechanical structures. A signal generator is used to drive a force-generating device 
(called a shaker) that drives the structure sinusoidally through a range of  frequencies 
at a known amplitude and phase. Both the response (either  acceleration, velocity, 
or displacement) and the input force are measured using  various transducers. The 
transform of the input and output signal is calculated and the frequency response 
function for the system is determined. The  physical  parameters are then derived 
from the magnitude and phase of the frequency response function. The details of 
the measurement procedures are discussed in Chapter 7. The methods of extracting 
physical parameters from the frequency  response function are introduced here.

Several different transfer functions are used in vibration measurement, de-
pending on whether displacement, velocity, or acceleration is measured. The various 
transfer functions are illustrated in Table 3.2. The table indicates, for example, that 
the accelerance transfer function and corresponding frequency response function are 
obtained from dividing the transform of the acceleration response by the transform of 
the driving force.

TABLE 3.2  tRAnSFER FunCtIonS uSED In VIbRAtIon  

MEASuREMEnt

Response Transfer Inverse Transfer

Measurement Function Function

Acceleration Accelerance Apparent mass
Velocity Mobility Impedance
Displacement Receptance Dynamic stiffness

The three transfer functions given in Table 3.2 are related to each other by simple 
multiplications of the transform variable s, since this corresponds to differentiation. 
Thus, with the receptance transfer function (also called the compliance or admittance) 
denoted by

 
X(s)

F(s)
= H(s) =

1

ms2
+ cs + k

 (3.86)
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the mobility transfer function becomes

 
s X(s)

F(s)
= sH(s) =

s

ms2
+ cs + k

 (3.87)

because sX(s) is the transform of the velocity. Similarly, s2X(s) is the transform of 
the acceleration, and the accelerance transfer function (inertance) becomes

 
s2X(s)

F(s)
= s2H(s) =

s2

ms2
+ cs + k

 (3.88)

Each of these also defines the corresponding frequency response function by sub-
stituting s = jω.

Consider calculating the magnitude of the complex compliance H(jω) from 
equation (2.53) or (3.86). As expected from equation (2.70), this yields

 0H(jω) 0 =
12(k - mω2)2

+ (cω)2
 (3.89)

Note that the largest value of this magnitude occurs near k -  mω2
= 0, or when the 

driving frequency is equal to the undamped natural frequency, ω = ωn = 2k>m. 
Recall from Section 2.2 that this also corresponds to a phase shift of 90°. This 
argument is used in testing to determine the natural frequency of vibration of a 
test particle from a measured magnitude plot of the system transfer function. This 
is illustrated in Figure 3.20. The exact value of the peak frequency is derived in 
Example 2.2.5.

In principle, each of the physical parameters in the transfer function can 
be determined from the experimental plot of the frequency response function’s 
magnitude. The natural frequency, ωn, is determined from the position of the 

�
1

c�

1
k

Mag H( j�)

� � �n   1 � 2�2  � �n �   k/m

0.01 0.1
0

5

1 10log (�)

Figure 3.20  A magnitude plot for a 
spring–mass–damper system for the 
compliance transfer function indicating 
the determination of the natural 
frequency and stiffness.
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peak. The damping constant c is approximated from the value of the frequency 
and a measurement of the magnitude ∙H(jω) ∙  at ω = 2k>m, since, from 
 equation (3.89)

 `H ajA k

m
b ` =

12(cωn)2
=

1

cωn

 (3.90)

This formulation for measuring the damping coefficient provides an alternative 
to the logarithmic decrement technique presented in Section 1.6. Next, the stiff-
ness can be determined from the zero frequency point. For ω = 0, equation (3.87) 
yields

 0H(0) 0 =
12k2

=
1

k
 (3.91)

Since ωn = 2k>m, knowledge of ωn and k yields the value for m. In this way, m, c, 

k, ωn, and ζ can all be determined from measurements of ∙H(jω) ∙ . More practical 
methods are discussed in Chapter 7. Of course, m and k can usually be measured by 
static experiments as well, for comparison.

The preceding analysis all depends on the experimentally determined func-
tion ∙H(jω) ∙ . Most experiments contain several sources of noise, so that a clean 
plot of ∙H(jω) ∙  is hard to get. The common approach is to repeat the experiment 
several times and essentially average the data (i.e., use ensemble averages). In 
practice, matched sets of input force time histories, f(t), and response time histories, 
x(t), are averaged to produce Rxx(t) and Rff(t) using equation (3.48). The Fourier 
transform of these averages is then taken using equation (3.51) to get the PSD 
 functions Sxx(ω) and Sff(ω). Equation (3.62) is then used to calculate ∙H(jω) ∙  from 
the PSD values of the measured input and response. This procedure works for aver-
aging noisy data as well as for the case of using a random excitation (zero mean) as 
the driving force. The transforms and computations required to calculate ∙H(jω) ∙  
are usually made digitally in a dedicated computer used for vibration testing. This is 
discussed in Chapter 7 in more detail.

3.8 STABILITY

The concept of stability was introduced in Section 1.8 in the context of free vibra-
tion. Here the definitions of stability for free vibration are extended to include the 
forced-response case. Recall from equation (1.86) that the  free response is stable if 
it stays within a finite bound for all time (see Window 3.5). This concept of a well-
behaved response can also be applied to the forced motion of a vibrating system. In 
fact, in a sense, the inverted pendulum of Example 1.8.1 is an analysis of a forced 
response if gravity is considered to be the driving force.
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The stability of the forced response of a system can be defined by considering 
the nature of the applied force or input. The system

 mx
$

+ cx
#

+ kx = F(t) (3.92)

is defined to be bounded-input, bounded-output stable (or simply BIBO stable) 
if, for any bounded input, F(t), the output, or response x(t), is bounded for any 
arbitrary set of initial conditions. Systems that are BIBO stable are manageable at 
resonance and do not “blow up.”

Note that the undamped version of equation (3.92) is not BIBO stable. To 
see this, note that if F(t) is chosen to be F(t) = sin[(k>m)1/2t] for the case c = 0, the 
response x(t) is clearly not bounded as indicated in Figure 2.5. Also recall that the 
magnitude of the forced response of an undamped system is F0/[ωn

2
- ω2], which 

approaches infinity as ω approaches ωn (see Window 3.6). However, the input force 
F(t) is bounded since

 0F(t) 0 = ` sinaA k

m
tb ` … 1 (3.93)

for all time. Thus, there is some bounded force for which the response is not 
bounded and the definition of BIBO stable is violated. This situation corresponds 
to resonance. Clearly, an undamped system is poorly behaved at resonance.

Next, consider the damped case (c 7 0). Immediately, the preceding example 
of resonance is no longer unbounded. The forced-response magnitude curves given 
in Figure 2.8 illustrate that the response is always bounded for any bounded peri-
odic driving force. To see that the response of an underdamped system is bounded 

A solution x(t) is stable if there exists some finite number M such that0 x(t) 0 6 M

for all t 7 0. If this bound cannot be satisfied, the response x(t) is said to be 
unstable.

If a response x(t) is stable and x(t) approaches zero as t gets large, the so-
lution x(t) is said to be asymptotically stable. An undamped spring–mass system 
is stable as long as m and k are positive and the value of M is just the amplitude 
A [i.e., M = A, where x(t) = A sin (ωn + ϕ)]. A damped system is asymptoti-
cally stable if m, c, and k are all positive [i.e., x(t) = Ae-ζωnt sin(ωdt + ϕ) goes 
to zero as t increases].

Window 3.5
Review of Stability of the Free Response from Section 1.8
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for any bounded input, recall that the solution for an arbitrary driving force is given 
in terms of the impulse response in equation (3.12) to be

 x(t) = L
t

0

f(τ)h(t - τ)dτ (3.94)

where f(t) = F(t)>m. Taking the absolute value of both sides of this expression yields

 0 x(t) 0 = ` L t

0

f(τ)h(t - τ)dτ ` … L
t

0

|f(τ)h(t - τ)| dτ (3.95)

where the inequality results from the definition of integrals as a limit of summa-
tions. Noting that 0 hf 0 … 0 h 0 0 f 0  yields

 0 x(t) 0 … L
t

0

0 f(τ) 0 0 h(t - τ) 0 dτ … ML
t

0

0 h(t - τ) 0 dτ (3.96)

where f(t) [and hence F(t)] is assumed to be bounded by M [i.e., ∙ f(t) ∙ 6 M]. 
Note that the choice of the constant M is arbitrary and is always chosen as a 

Window 3.6
Review of the Response  

of a Single-Degree-of-Freedom System to Harmonic Excitation

The undamped system

mx
$

+ kx = F0 cos ωt   x(0) = x0,     x
#
(0) = v0

has the solution

 x(t) =
v0

ωn

  sin ωnt + ax0 -  
f0

ωn
2

- ω2
 b  cos ωnt +  

f0

ωn
2

- ω2
  cos ωt (2.11)

where f0 = F0>m, and ωn = 2k>m, and x0 and 0 are initial conditions. The 
underdamped system

mx
$

+ cx
#

+ kx = F0 cos ωt

has the steady-state solution

 x(t) =
f02(ωn

2
- ω2)2

+ (2ζωnω)2
  cos aωt -  tan -1 

2ζωnω

ωn
2

- ω2
 b  (2.36)

where the damping ratio ζ satisfies 0 6 ζ 6 1.
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matter of convenience. Next consider evaluating the integral on the right of in-
equality (3.96) for the underdamped case. The impulse response for an under-
damped system is given by equation (3.9). Substitution of equation (3.9) into 
(3.96) yields

  0 x(t) 0 … ML
t

0

 
1

mωd

 0 e-ζωn(t -τ) 0 0  sin ωd(t - τ) 0 dτ (3.97)

  …
M

mωd

 e-ζωnt

L
t

0

eζωnτdτ =
M

mζωnωd

 (1 - e-ζωnt) … M

since ∙ sin ωd(t – τ) ∙ … 1 for all t 7 0, mζωnωd 7 1 and 1 - e-ζωnt
6 1. Thus0 x(t) 0 … M

Hence as long as the input force is bounded (say, by M) the preceding calculation 
 illustrates that the response x(t) of an underdamped system is also bounded, and 
the system is BIBO stable.

The results of Section 2.1 clearly indicate that the response of an un-
damped system is well behaved, or bounded, as long as the harmonic input is 
not at or near the natural frequency (see Window 3.6). In fact, the response 
given by equation (2.11) illustrates that the maximum magnitude will be less 
than some constant as long as ω ∙ ωn. To see this, take the absolute value of 
equation (2.11), which yields

 0 x(t) 0 … ` v0

ωn

` + ` x0 -  
f0

ωn
2

- ω2
` + ` f0

ωn
2

- ω2
` 6 M (3.98)

where M is finite since each term is finite as long as ω ∙ ωn. Here 0 and x0 are 
the initial velocity and displacement, respectively. Thus the undamped forced 
 response is sometimes well behaved and sometimes not. Such systems are said to be 
Lagrange stable. Specifically, a system is defined to be Lagrange stable, or bounded, 
with respect to a given input if the response is bounded for any set of initial condi-
tions. Undamped systems are Lagrange stable with respect to many inputs. This 
definition is useful when F(t) is known completely or known to fall into a specific 
class of functions. Both the damped and undamped solutions given in Window 3.6 
are Lagrange stable for ωn ∙ ω.

In general, if the homogeneous solution is asymptotically stable, the forced 
response will be BIBO stable. If the homogeneous response is stable (marginally 
stable), the forced response will only be Lagrange stable. The forced response of an 
unstable homogeneous system can still be BIBO stable, as illustrated in the follow-
ing example.
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Example 3.8.1

Consider the inverted pendulum of Example 1.8.1, illustrated in Figure 3.21, and discuss 
its stability properties.

k

�

m

mg
l

Figure 3.21  The spring-supported 
inverted pendulum of Example 3.8.1.

Solution  Summing the moments about the pivot point yields

aM0 = ml2θ
$
(t) = [-kl sin θ(t)][l cos θ(t)] + mg[l sin θ(t)]

Considering the small-angle approximation of the inverted pendulum equation results 
in the equation of motion

ml2θ
$
(t) + kl2θ(t) = mglθ(t)

If mglθ is considered to be an applied force, the homogeneous solution is stable since 
m, l, and k are all positive. Writing the equation of motion as a homogeneous equation 
yields

ml2θ
$
(t) + [kl2

- mgl ]θ(t) = 0

The forced response, however, is not bounded unless kl 7 mg and was shown in 
Example 1.8.1 to be divergent (unbounded) in this case. Hence the forced response of 
this system is Lagrange stable for F(t) = mglθ if kl 7 mg, and unbounded (unstable) 
if kl 6 mg.

n

Example 3.8.2

Consider again the inverted pendulum of Example 3.8.1. Design an applied force F(t) 
such that the response is bounded for kl 6 mg.

Solution  The problem is to find F(t) such that θ satisfying

ml2θ
$
(t) + (kl2

- mgl)θ(t) = F(t)

is bounded. As a starting point, assume that F(t) has the form

F(t) = -aθ(t) - bθ
$
(t)
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where a and b are to be determined by the design for stability. This form is attractive 
because it changes the inhomogeneous problem into a homogeneous problem. The 
equation of motion then becomes

ml2θ
$
(t) + (kl2

- mgl)θ(t) = -aθ(t) - bθ
$
(t)

This can be written as a homogenous equation:

ml2θ
$
(t) + bθ

#
+ (kl2

- mgl + a)θ = 0

From Section 1.8, it is known that if each of the coefficients is positive, the response is 
asymptotically stable, which is certainly bounded. Hence, choose b 7 0 and a such that

kl2
- mgl + a 7 0

and the forced response will be bounded.
n

An applied force can also cause a stable (or asymptotically stable) system response 
to become unstable. To see this, consider the system

 x
$
(t) + x

#
(t) + 4x(t) = f(t) (3.99)

where f(t) = ax(t) + bx
#
(t). If a is chosen to be 2 and b = 2, the equation of motion 

becomes

 x
$
(t) - x

#
(t) + 2x(t) = 0 (3.100)

which has a solution that grows exponentially and illustrates flutter instability. At 
first glance, this seems to violate the earlier statement that asymptotically stable 
homogeneous systems are BIBO stable. This example, however, does not violate 
the definition because the input f(t) is not bounded. The applied force is a function 
of the displacement and velocity, which grow without bound.

3.9 NUMERICAL SIMULATION OF THE RESPONSE

Numerical simulation, as introduced in Section 1.9 for the free response and 
Section 2.8 for the response to harmonic inputs, can be used to compute and plot 
the  response to any arbitrary forcing function. Numerical simulation has become 
the preferred method for computing the response, as it requires a minimum amount 
of analysis and can be applied to any type of input force, including experimental 
data (such as time histories of earthquakes). Numerical solutions may also be used 
to check analytical work, and analytical work should be used to check numerical 
 results as often as possible. This section presents some common codes for simulating 
and plotting the response of systems to a general force.

In the previous sections, great effort was put forth to derive analytical expres-
sions for the response of various single-degree-of-freedom systems driven by a 
variety of forces. These analytical expressions are extremely useful for design and 
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for understanding some of the physical phenomena. Plots of the time response were 
constructed to realize the nature and features of the response. Rather than plotting 
the analytical function describing the response, the time response may also be com-
puted numerically using an Euler or Runge–Kutta integration and computational 
software packages as introduced in Sections 1.8 and 2.8. While numerical solutions 
such as these are not exact, they do allow nonlinear terms to be considered, as well 
as the solution of systems with complicated forcing terms that do not have analyti-
cal solutions.

In order to solve for the force response to an arbitrary input numerically, 
equation (2.133) needs to be modified slightly to incorporate an arbitrary applied 
force. It is possible to generate an approximate numerical solution of

 mx
$
(t) + cx

#
(t) + kx(t) = F(t) (3.101)

subject to any initial conditions for any arbitrary force F(t). For most codes, equa-
tion (3.101) must be cast into the first-order, or state-space, form by renaming x as 
x1 and writing

 x
#
1(t) = x2(t)

 x
#
2(t) = -2ζωnx2(t) - ωn

2x1(t) + f(t) (3.102)

where x2 denotes the velocity x
#
(t) and x1 denotes the position x(t) as before and  

f(t) = F(t)>m. This is subject to the initial conditions x1(0) = x0 and x2(0) = 0. 
Given ωn, ζ, f0, x0, 0, and either the analytical or numerical form of F(t), the  solution 
of equation (3.101) can be determined numerically. The matrix form of equation 
(3.102) becomes

 x
#
(t) = Ax(t) + f(t) (3.103)

where x and A are the state vector and state matrix as defined previously in equa-
tion (1.96) and repeated here:

x = Jx1

x2
d ,  and  A = J 0 1

-ωn
2

-2ζωn
d

The vector f is the applied force and takes the form

 f(t) = J 0

f(t) d  (3.104)

The Euler form of equation (3.103) is

 x(ti+ 1) = x(ti) + Ax(ti)∆t + f(ti)∆t (3.105)

In this case, where f(t) is an arbitrary force, either f(ti) is f evaluated at each time 
instant, if the analytical form of f is known, or it is a discrete time history of data 
points, if f is known numerically or experimentally. This expression can also be 
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adapted to the Runge–Kutta formulation, and most of the codes mentioned in 
Appendix G have built-in commands for a Runge–Kutta solution.

The numerical integration to determine the response of a system is an approxi-
mation, whereas the plotting of the analytical solution is exact. So the question arises, 
“Why bother to integrate numerically to find the solution?” The answer lies in the 
fact that many practical problems do not have exact analytical solutions, such as the 
treatment of nonlinear terms, as was illustrated in Section 1.10. This section discusses 
the solution of the forced response using numerical integration in an environment 
where the exact solution is available for comparison. The examples in this section 
introduce numerical integration to compute forced responses and to compare them 
with the exact solution.

The following examples illustrate the use of various programs to compute and 
plot the solution. Note that VTB1_3 and VTB1_4 allow the use of data points as a 
forcing function.

Example 3.9.1

Solve for the response of the system in Example 3.2.1, using the parameters given in 
Figure 3.7 numerically. Recall the equation of motion is

mx
$

+ cx
#

+ kx = F(t) = e0, t0 7 t 7 0

F0, t Ú t0

[Use the values ζ = 0.1 and ωn = 3.16 rad>s (with F0 = 30 N, k = 1000 N>m, t0 = 0).] 
Compare the numerical solution with the analytical solution given in Example 3.2.1.

Solution  The analytical solution given in equation (3.15) with the parameter values 
given in Figure 3.7 becomes

 x(t) = (0.03 - 0.03e-0.316(t - t0)cos[3.144(t - t0) - 0.101])Φ(t - t0) (3.106)

where Φ denotes the Heaviside step function used to indicate that x(t) is zero until t 
reaches t0. The state equations for the equation of motion are written as

 c x# 1
x
#
2
d = C 0 1

-  
k

m
 -  

c

m

S  c x1

x2
d + C 0

F0

m
 Φ(t - t0)

S  (3.107)

The result of plotting the analytical solution of equation (3.106) and numerically integrat-
ing and plotting equation (3.107) is given in Figure 3.22. Note that this is virtually identi-
cal to the plot of Figure 3.7, which is the analytical solution. The codes for producing the 
numerical solution follow.

In Mathcad, the code for solving equation (3.107) is

F0 : = 30      k : = 1000      ωn : = 3.16      ζ : = 0.1      t0 : = 0

θ : = atan c  ζ

1 - ζ2
 d       F0

k
= 0.03      

F0

k # 21 - ζ2
= 0.03015      ζ # ωn = 0.316
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ωd : = ωn # 21 - ζ2      ωd = 3.14416      θ = 0.101       m : = a k

ωn2
b

xa(t) : = C £  F0

k
 -

F0

k # 21 - ζ2
 # e-ζ #ωn #(t - t0). cos[ωd # (t - t0) - θ] § S # Φ(t - t0)

X : = J0

0
d     D (t, X) : = C X1

-2 # ζ # ωn # X1 - ωn2 # X0 +
F0

m
 # Φ(t - t0)

S
Z : = rkfixed (X, 0, 12, 2000, D)

t : = Z60 7      x : = xa(t)
>
     xn : = Z 61 7

The MATLAB code for computing the solution and plotting equation (3.107) is

clear all

%% Analytical solution

F0=30; k=1000; wn=3.16; zeta=0.1; t0=0;

theta=atan(zeta/(1-zeta^2));

wd=wn*sqrt(1-zeta^2);

t=0:0.01:12;

Heaviside=stepfun(t,t0); % define Heaviside step 

function for 0 6 t 6 12
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Figure 3.22  A plot of the numerical solution of the system of Examples 3.2.1 and 3.9.1.
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xt=(F0/k-F0/(k*sqrt(1-zeta^2)) * exp(-zeta*wn*(t - t0)). 

*cos(wd*(t-t0)-theta)).*Heaviside;

plot(t,xt);’Hold on’

%% Numerical Solution

xo=[0; 0];

ts=[0 12];

[t, x]=ode45('f',ts,xo);

plot(t,x(:,1),'r'); hold off

%--------------------------------------------

function v=f(t,x)

Fo=30; k=1000; wn=3.16; zeta=0.1; to=0; m=k/wn^2;

v=[x(2); x(2).*-2*zeta*wn + x(1).*-wn^2 + Fo/m*stepfun(t, to)];

The Mathematica code for computing the solution and plotting equation (3.107) is

In[1]:= 6 6PlotLegends'

In[2]:= F0 = 30;

k = 1000;

ωn = 3.16;
ζ = 0.1;
t0 = 0;

θ = ArcTan [21 - ζ2, ζ];

m = 
k

ωn2
 ;

ωd = ωn * 21 - ζ2;

In[10]:= xanal[t_]

= °F0
k
 - 

F0

k*21 - ζ2
 *Exp[-ζ*ωn*(t - t0)]*Cos[ωd*(t - t0)-θ]¢ 

* UnitStep[t - t0];

In[11]:= xnumer=NDSolve [{x"[t] + 2 * ζ * ωn * x'[t] + ωn2 * x[t]

== 
F0

m
 * UnitStep[t - t0], x[0] == 0, x'[0] == 0}, x[t], 

{t, 0, 12}];

Plot[{Evaluate[x[t] /. xnumer], xanal[t]}, {t, 0, 12},

PlotStyle  S   {RGBColor[1, 0, 0], RGBColor[0, 1, 0]},

PlotLegend  S   {"Numerical", "Analytical"},

LegendSize  S   {1, .3}, LegendPosition S {1, 0}]

n
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Next, consider computing the response to systems where the force is applied 
for only a specified amount of time. Such problems are difficult to solve analytically 
because they require the use of a change of variables in the convolution integral. 
Alternately, a number of analytical responses must be calculated, as indicated in 
Example 3.2.2. In the next example, numerical integration is used to solve for the 
response to these types of forcing functions.

Example 3.9.2

Numerically compute the solution to Example 3.2.2 using the data given in Figure 3.9 
(F0 = 30 N, k = 1000 N>m, ζ = 0.1, and ωn = 3.16 rad>s). Plot the result for the two 
pulse times given in the figure (i.e., for t1 = 0.5 and for t1 = 1.5 s).

Solution  First, write the equation of motion using a Heaviside step function to rep-
resent the driving force. The equation of motion written with Heaviside functions to 
describe the applied force is

 mx
$
(t) + cx

#
(t) + kx(t) = F0[1 - Φ(t - t1)] (3.108)

This can be solved numerically directly in this form using Mathematica or by putting 
equation (3.108) into state-space form and solving via Runge–Kutta in Mathcad or 
MATLAB. The response for two different values of t1 is given in Figure 3.23. The 
codes follow.

0 2 4 6 8

�0.05

0.05

t

x

x2- -

Figure 3.23  The response of a spring–mass–damper system to a square input of 
pulse duration t1 = 0.1 s (dashed line) and t1 = 1.5 s (solid line), with k = 1000 N>m, 
m = 100.14 kg, ζ = 0.1, and F0 = 30 N.
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The Mathcad code for solving for the response is

t1 := 15   k := 1000   ωn := 3.16   F0 := 30

ζ := 0.1   m: =
k

ωn2
   m = 100.144

X: = J0
0
d   f(t) := F0 - F0 # Φ(t - t1)   f2(t) := F0 - F0 Φ(t - 0.1)

Y := X

D(t, X) := C X1

-ωn2 # X0 - 2ζ # ωn # X1 +
f(t)

m

S   D2(t, Y) := C Y1

-ωn2 # Y0 - 2ζ # ωn # Y1 +
f(t)

m

S
Z := rkfixed (X, 0, 8, 2000, D)   Z2 :=rkfixed (Y, 0, 8, 2000, D2)

t := Z607   x := Z617   x2 := Z2617

The MATLAB code for solving for the response is

clear all

xo=[O; 0];

ts=[O 8];

[t, x]=ode45('f', ts, xo);

plot(t,x(:,1),'--'); hold on

[t, x]=ode45('f1', ts, xo);

plot(t,x(:,1)); hold off

%---------------------------------------------

function v=f(t, x)

Fo=30; k=1000; wn=3.16; zeta=0.1; to=0.1; m=k/wn^2;

v=[x(2); x(2).*-2*zeta*wn + x(1).*-wn^2 + Fo/m*(1-stepfun(t, to))];

%---------------------------------------------

function v=f1(t,x)

Fo=30; k=1000; wn=3.16; zeta=0.1; to=1.5; m=k/wn^2;

v=[x(2); x(2).*-2*zeta*wn + x(1).*-wn^2 + Fo/m*(1-stepfun(t,to))];

The Mathematica code for solving for the response is

In[1]:= 6 6PlotLegends'

In[2]:= F0 = 30;

k = 1000;

ωn = 3.16;
ζ = 0.1;
t1 = 1.5;
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t2 = 0.1;

m = 
k

ωn2
;

In[9]:= xpointone =

NDSolve [{x1''[t] + 2 * ζ * ωn * x1'[t] + ωn2 * x1[t] == 
F0

m

* (1 - UnitStep[t - t1]), x1[0] == 0, x1’[0] == 0}, x[t],

{t, 0, 8}]

xonepointfive =

NDSolve [{x2''[t] + 2 * ζ * ωn * x2'[t] + ωn2 * x1[t] == 
F0

m

* (1 - UnitStep[t - t2]), x2[0] == 0, x2'[0] == 0}, x2[t],

{t, 0, 8}];

Plot[{Evaluate[x1[t] /. xpointone], Evaluate[x2[t] /.

xonepointfive]}, {t, 0, 8},

PlotStyle S {RGBColor[1, 0, 0], RGBColor[0, 1, 0]},

PlotRange  S   {-.06, .06},

PlotLegend  S   {"t1=1.5", "t2=0.1"}, LegendSize S {1, .3},

LegendPosition  S   {1, 0}];

n

Example 3.9.3

Consider the base-excitation problem of Example 3.3.2 and compute the response 
numerically. Compare the result to the analytical solution computed in Example 3.3.2 
by plotting both the analytical solution and the numerical solution on the same graph.

Solution  The equation of motion to be solved in this example is

 x
$
(t) + 10x

#
(t) + 1000x(t) = 1.5 cos 3t + 50 sin 3t (3.109)

From Example 3.3.2, the analytical solution is

x(t) = 0.09341e-5t sin (31.225t + 0.1074) + 0.05 cos (3t - 1.571)

The equation of motion can be solved numerically in the form given by equation 
(3.109) directly in Mathematica or by putting equation (3.109) into state-space form 
and solving via Runge–Kutta in Mathcad or MATLAB. The plots of both the numeri-
cal solution and analytical solution are given in Figure 3.24.

The code for solving this system numerically and for plotting the analytical solu-
tion in Mathcad follows:

x0 := 0.01   v0 := 3   ωb := 3   m := 1   c := 10   t0 := 0

k := 1000   ωn := Ckm   ζ := 
c

2 # 1k # m
   ωn=31.623   Y := 0.05

ωd := ωn 21 - ζ2   ωd = 31.22499   θ := 1.53

A := 0.09341   ϕ := -0.1074
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xa(t) := A # e-ζ
# ωn # t sin(ωd # t - ϕ) + 0.05 # cos(3 # t - θ)   X := Jx0

v0
d

D(t, X) := £             X1

-2 # ζ # ωn # X1 - ωn2 # X0 +  
c

m
 # Y # ωb # cos(ωb # t) +  

k

m
 # Y # sin(ωb # t)

§
Z := rkfixed (X, 0, 6, 2000, D)

x :xa(t)
>
   t := Z607   xn := Z617

The MATLAB code for solving for the response is

clear all

%% Analytical solution

t=0:0.01:5;

xt=0.09341*exp(-5*t).*sin(31.225*t+0.1074)+0.05*cos(3*t-1.571);

plot(t, xt,'--');’hold on’

%% Numerical Solution

xo=[0.01; 3];

ts=[0 5];

[t, x]=ode45('f', ts, xo);plot(t, x(:,1)); hold off

%---------------------------------------------

function v=f(t, x)

m=1; c=10; k=1000; wb=3; wn=sqrt(k/m); zeta=c/2*sqrt(m*k);

wd=wn*sqrt(1-zeta^2); Y=0.05;

v=[x(2); x(2).*-2*zeta*wn + x(1).*-wn^2 + c/m*Y*wb*cos(wb*t) +...

k/m*Y*sin(wb*t)];

�0.1
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Figure 3.24  The numerical solution (solid line) and analytical solution (dashed 
line) for the system of Example 3.3.2 indicating almost perfect agreement.
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The Mathematica code for solving for the response is

In[1]:= 6 6PlotLegends'

In[2]:= xanal[t_]= .09341 * Exp[-5 * t] * Sin[31.225 * t + .1074]

+ .05 * Cos[3 * t - 1. 571];

xnum = NDSolve[{x''[t] + 10 * x'[t] + 1000 * x[t] == 1.5 *

Cos[3 * t] + 50 * Sin[3 * t], x[0] == .01, x’[0] == 3},

x[t], {t, 0, 4.5}];

Plot [{Evaluate [x[t] /. xnum], xanal[t]}, {t, 0, 4.5},

PlotStyle  S   {RGBColor[1, 0, 0], RGBColor[O, 1, 0]},

PlotLegend  S   {“Numerical”, “Analytical”},

LegendPosition  S   {1, 0}, LegendSize S {1, .5}];

n

Example 3.9.4

Consider the problem of Example 3.6.1 and compute the response numerically. 
Compare the result to the analytical solution computed in Example 3.6.1 by plotting 
both the analytical solution and the numerical solution on the same graph.

Solution  The equation of motion to be solved in this example is

 10x
$
(t) + 10x(t) =

t

t1

 - a t - t1

t1

bΦ(t - t1) (3.110)

where Φ is the Heaviside step function used to “turn on” the second term in the forc-
ing function at t 7 t1. The parameter t1 is used to control how steep the disturbance is. 
See Figure 3.16 for a plot of the driving force. The analytical solution is given in equa-
tion (3.78) to be

 x(t) =
F0

k
 a t

t1

 -  
 sin ωnt

ωnt1

b -  
F0

k
 a t - t1

t1

 -  
 sin ωn(t - t1)

ωnt1

bΦ(t - t1) (3.111)

Again, the equation of motion can be solved numerically in the form given by equation 
(3.110) directly in Mathematica or by putting equation (3.110) into state-space form 
and solving Runge–Kutta in Mathcad or MATLAB. The plots of both the numerical 
solution and analytical solution are given in Figure 3.25.

The Mathcad code for this solution follows:

x0 := 0   v0 := 0   m := 10   t1 := 1

k := 10   ωn := Ckm   ωn = 1   F0 := 1

tp := 
1

ωn
 # atan a1 - cos (ωn # t1)

sin (ωn # t1)
b   ωn # tp = 0.5   tp = 0.5

xm(t) := 
F0

k
# c1 +  

1

ωn # t1
 # 32 # (1 - cos (ωn # t1)) d
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xa(t) := 
F0

k
# a t
t1

-
sin (ωn # t)

ωn # t1
b -

F0

k
 c t - t1

t1
-
sin[ωn # (t - t1)]

ωn # t1
dΦ(t - t1)

f(t) := 
t

t1
#  F0

 m
-
t - t1

t1
# F0

m
# Φ(t - t1)   X := c0

0
d

D(t, X) := J X1
-(ωn2 # X0) + f(t)

d   xm(0) = 0.196

Z := rkfixed (X, 0, 15, 2000, D)

t := Z607   x := xa(t)
>
   xn := Z617   F := f(t)

>
   Xmax := xm(t)

>

The MATLAB code for solving for the response is

clear all

%% analytical solution

t=0:0.01:15;

m=10; k=10; Fo=1; t1=1;

wn=sqrt(k/m);

Heaviside=stepfun(t, t1);% define Heaviside Step function for 06t615

0.05

0.15

0.1

0.2

0 5 10 15

x

xn

t

Figure 3.25  The numerical solution (solid line) and analytical solution (dashed line) 
for the system of Example 3.6.1 indicating almost perfect agreement.
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for i=1:max(length(t)),

xt(i)=Fo/k*(t(i)/t1 - sin(wn*t(i))/wn/tl) - Fo/k*((t(i)-t1)/t1 –

sin(wn*(t(i)-t1))/wn*t1)*Heaviside(i);

end

plot(t,xt,'- -'); hold on

%% Numerical Solution

xo=[0; 0];

ts=[0 15];

[t, x]=ode45('f', ts, xo);

plot(t, x(:,1)); hold off

%--------------------------------------------

function v=f(t, x)

m=10; k=10; wn=sqrt(k/m); Fo=1; t1=1;

v=[x(2); x(1).*-wn^2 + t/t1*Fo/m-(t-t1)/tl*Fo/m*stepfun(t, t1)];

The Mathematica code for solving for the response is

In[1]:= 6 6PlotLegends'

In[2]:= x0 = 0;

v0 = 0;

m = 10;

k = 10;

ωn = Ckm;
t1 = 1;

F0 = 1;

tp = 0.5;

In[10]:= xanal[t_] = 
F0

k
 * a t

t1
-
Sin[ωn*t]

ωn*t1
b -

F0

k
 * at - t1

t1
-
Sin[ωn*(t - t1)]

ωn*t1
b

* UnitStep[t - t1];

xnum = NDSolve[{10 * x''[t] + 10 * x[t] == 
t

t1
 - at - t1

t1
b

* UnitStep[t - t1], x[0] == x0, x'[0] == v0}, x[t],

{t, 0, 15}];

Plot[{Evaluate[x[t] /. xnum], xanal[t]}, {t, 0, 15},

PlotStyle  S   {RGBColor[1, 0, 0], RBColor[0, 1, 0]},

PlotLegend  S   {"Numerical", "Analytical"},

LegendPosition  S   {1, 0}, LegendSize S {1, 0.5}];

n
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Using numerical integration, the response of a system to a variety of different 
forcing functions may be computed relatively easily. Furthermore, once the solu-
tion is programmed, it is a trivial matter to change parameters and solve the system 
again. By visualizing the response through simple plots, one can gain the ability to 
design and understand the system’s dynamic behavior.

3.10 NONLINEAR RESPONSE PROPERTIES

The use of numerical integration as introduced in the previous section allows us to con-
sider the effects of various nonlinear terms in the equation of motion. As noted in the 
free-response case discussed in Section 1.10 and the response to a harmonic load dis-
cussed in Section 2.9, the introduction of nonlinear terms results in an inability to find 
exact solutions, so we must rely on numerical integration and qualitative analysis to un-
derstand the response. Several important differences between linear and nonlinear sys-
tems are outlined in Section 2.9. In particular, when working with nonlinear systems, it 
is important to remember that a nonlinear system has more than one equilibrium point 
and each may be either stable or unstable. Furthermore, we cannot use the idea of su-
perposition, used in all of the previous sections of this chapter, in a nonlinear system.

Many of the nonlinear phenomena are very complex and require analysis 
skills beyond the scope of a first course in vibration. However, some initial un-
derstanding of nonlinear effects in vibration analysis can be observed by using the 
numerical solutions covered in the previous section. In this section, several simula-
tions of the response of nonlinear systems are numerically computed and compared 
to their linear counterparts.

Recall from Section 2.9 that if the equations of motion are nonlinear, the gen-
eral single-degree-of-freedom system may be written as

 x
$
(t) + f(x(t), x

#
(t)) = F(t) (3.112)

where the function f can take on any form, linear or nonlinear, and the forcing term 
F(t) can be almost anything (periodic or not), each term of which has been divided 
by the mass. Formulating this last expression into the state space, or first-order, 
equation (3.112) takes on the form

 x
#
1(t) = x2(t)  

 x
#
2(t) = -f(x1, x2) + F(t) (3.113)

This state-space form of the equation is used for numerical simulation in several of 
the codes. By defining the state vector, x = [x1(t) x2(t)]T, used in equation (3.113) 
and the nonlinear vector function F as

 F(x) = J x2 (t)

-f(x1, x2)
d  (2.140)
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equations (3.113) may now be written in the first-order vector form

 x
#

= F(x) + f(t) (3.114)

Equation (3.114) is the forced version of equation (1.115). Here f(t) is simply

 f(t) = c 0

F(t)
d  (3.115)

Then the Euler integration method for the equations of motion in the first-order 
form becomes

 x(ti + 1) = x(ti) + F(x(ti))∆t + f(ti)∆t (3.116)

This expression forms a basic approach to integrating numerically to compute the 
forced response of a nonlinear system and is the nonlinear, general forced-response 
version of equations (1.98) and (2.134). This is basically identical to equation 
(2.143) except for the interpretation of the force f.

Nonlinear systems are difficult to analyze numerically as well as analytically. 
For this reason, the results of a numerical simulation must be examined carefully. 
In fact, use of a more sophisticated integration method, such as Runge–Kutta, is 
recommended for nonlinear systems. In addition, checks on the numerical results 
using qualitative behavior should also be performed whenever possible.

In the following examples, consider the single-degree-of-freedom system il-
lustrated in Figure 3.26, with a nonlinear spring element subject to a general driving 
force. A series of examples are presented using numerical simulation to examine 
the behavior of nonlinear systems and to compare them to the corresponding linear 
systems.

c

k
x(t)

F(t)m Figure 3.26  A spring–mass–damper system with 
potentially nonlinear elements and general applied 
force.

Example 3.10.1

Compute the response of the system in Figure 3.26 for the case that the damping is 
linear viscous, the spring is a nonlinear “hardening” spring of the form

 k(x) = kx + k1x
3 (3.117)

and the system is subject to an applied excitation of the form

 F(t) = 1500[Φ(t - t1) - Φ(t - t2)]N (3.118)

and initial conditions of x0 = 0.01 m and 0 = 1 m>s. Here Φ denotes the Heaviside 
step function and the times t1 = 1.5 s and t2 = 5 s. This driving function is plotted in 
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Figure 3.27. The system has a mass of 100 kg, a damping coefficient of 20 kg>s, and 
a linear stiffness coefficient of 2000 N>m. The value of k1 is taken to be 300 N>m3. 
Compute the solution and compare it to the linear solution (k1 = 0).

Solution  Summing forces in the horizontal direction, the equation of motion becomes

mx
$
(t) + cx

#
(t) + kx(t) + k1x

3(t) = 1500[Φ(t - t1) - Φ(t - t2)]

Dividing by the mass yields

x
$
(t) + 2ζωnx

#
(t) + ωn

2x(t) + αx3(t) = 15[Φ(t - t1) - Φ(t - t2)]

Next write this equation in state-space form to get

x
#
1(t) = x2(t)

x
#
2(t) = -2ζωnx2(t) - ωn

2x1(t) - αx1
3(t) + 15[Φ(t - t1) - Φ(t - t2)]

This last set of equations can be used in MATLAB or Mathcad to integrate numeri-
cally for the time response. Mathematica uses the second-order equation directly. 
Figure 3.28 illustrates the response to both the linear and nonlinear system. The solid 
line is the response of the nonlinear system while the dashed line is the response of the 
linear system. The difference between linear and nonlinear systems is that, in this case, 
the nonlinear spring has smaller response amplitude than the linear system does. This 
is useful in design as it illustrates that the use of a hardening spring reduces the ampli-
tude of vibration to a shock type of input.

One possibility for designing a nonlinear isolation spring is to use the numerical 
codes listed later in this example to vary parameters (damping, mass, and stiffness) 
until a desired response is obtained.

It is important to remember, however, that if designing with a nonlinear ele-
ment, new equilibriums are introduced that may be unstable. Hence care must be 
taken to assure that additional difficulties are not introduced when using a nonlinear 
spring to reduce the response. The following codes can be used to generate and plot 
the solution just given.

10

20

0 1 2 3 4 5 6

t

F(t)

Figure 3.27  The pulse input function defined by equation (3.118).
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In Mathcad, the code is

x0 := 0.01   v0 := 1   m :=100   k := 2000   c := 20

α := 3   F0 := 1500   t1 := 1.5   t2 := 5

ωn := Ckm   ζ := 
c

22k # m
   f0 := 

F0

m
   ζ = 0.022

X := cx0
v0
d   Y := X   f(t) := f0 # Φ(t - t1) - f0 # Φ(t - t2)

D(t, X) := J X1
-2 # ζ # ωn # X1 - ωn2 # X0 + [-α # (X0)

3
+  f(t)]

d
L(t, Y) := J Y1

-2 # ζ # ωn # Y1 - ωn2 # Y0) + f(t)
d

Z := rkfixed (X, 0, 10, 2000, D)   W := rkfixed (Y, 0, 10, 2000, L)

t := Z607  xs := Z617  xL:=W617

The MATLAB code is

clear all

xo=[0.01; 1];

ts=[0 8];

[t,x]=ode45('f',ts,xo);

plot(t, x(:,1)); hold on   % The response of nonlinear system

[t,x]=ode45('f1',ts,xo);

plot(t,x(:,1),'——'); hold off   % The response of linear system
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Figure 3.28  The response of the system of Figure 3.26 to the input force given in 
Figure 3.27. The solid line is the response of the nonlinear system while the dashed 
line is the response of the linear system.
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%---------------------------------------------

function v=f(t,x)

m=100; k=2000; c=20; wn=sqrt(k/m); zeta=c/2/sqrt(m*k); Fo=1500;

alpha=3; t1=1.5; t2=5;

v=[x(2); x(2).*-2*zeta*wn + x(1).*-wn^2 - x(1)^3.*alpha+...

Fo/m*(stepfun(t,t1)-stepfun(t,t2))];

%---------------------------------------------

function v=f1(t,x)

m=100; k=2000; c=20; wn=sqrt(k/m); zeta=c/2/sqrt(m*k); Fo=1500;

alpha=0; t1=1.5; t2=5;

v=[x(2); x(2).*-2*zeta*wn + x(1).*-wn^2 - x(1)^3.*alpha+...

Fo/m*(stepfun(t,t1)-stepfun(t,t2))];

The Mathematica code is

In[1]:= 6 6PlotLegends'

In[2]:= x0 = .01;

v0 = 1;

m = 100;

k = 2000;

k1 = 300;

c = 20;

ωn = Ckm;
α = 

k1

m
;

t1 = 1.5;

t2 = 5;

F0 = 1500;

f0 = 
F0

m
;

ζ = 
c

2*1k*m;
In[21]:= x1in = NDSolve [{x1''[t] + 2 * ζ * ωn * x1'[t] + ωn2

* x1[t] == 15 * (UnitStep[t - t1] - UnitStep[t - t2]),

x1[0] == x0, x1'[0] == v0}, x1[t], {t, 0, 8}];

xnon1 =

NDSolve [{xn1''[t] + 2 * ζ * ωn * xn1'[t] + ωn2 * xn1[t]
+ α * (xn1[t])^3 == 15 * (UnitStep[t - t1]
- UnitStep[t - t2]), xn1[0] == x0, xn1'[0] == v0}, xn1[t],

{t, 0, 8}, Method   S    “ExplicitRungeKutta”];

Plot[{Evaluate[x1[t] /. x1in], Evaluate[xn1[t] /. xnon1]},

{t, 0, 8}, PlotRange   S    {-2, 2},
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PlotStyle  S   {RGBColor[1, 0, 0], RGBColor[0, 1, 0]},

PlotLegend  S   {"Linear", "NonLinear"},

LegendPosition  S   {1, 0}, LegendSize S {1, .5}]

n

Example 3.10.2

Compare the forced response of a system with velocity-squared damping, as defined in 
equation (2.129) using numerical simulation of the nonlinear equation, to that of the 
response of the linear system obtained using equivalent viscous damping, as defined by 
equation (2.131), where the input force is given by

F(t) = 150[Φ(t - t1) - Φ(t - t2)]m

and initial conditions are x0 = 0 and 0 = 1 m>s. Here Φ denotes the Heaviside step 
function and the times t1 = 0.5 s and t2 = 2 s.

Solution  This is essentially the same as Example 2.9.2 except that the driving force is 
a pulse here rather than harmonic as in Section 2.9. Velocity-squared damping with a 
linear spring and pulsed input is described by

mx
$

+ α sgn(x
#
)x

# 2
+ kx = 150[Φ(t - t1) - Φ(t - t2)]

The equivalent viscous-damping coefficient is calculated in equation (2.131) to be

ceq =
8

3π
 αωX

This value assumes that the motion is harmonic, which is somewhat violated here. The 
value of the magnitude, X, can be approximated for near resonance conditions. The 
value is computed in Example 2.9.2 to be

X = B 3πmf0

8αω2

Combining these last two expressions yields an equivalent viscous-damping value of

ceq = B 8mα f0

3π

Using this value as the damping coefficient results in a linear system that approximates 
equation (2.131). Figure 3.29 illustrates the linear and nonlinear response for the values 
m = 10 kg, k = 200 N>m, and α = 5. Note that the linear response underestimates the 
actual response maximum by about 10%. For large times, the response of the linear sys-
tem dies out much sooner than that of the nonlinear system, indicating a large error.
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Figure 3.29  The response of a nonlinear system (solid line) and a linear system 
(dashed line) formed by using the concept of equivalent viscous damping.

The computer codes for generating the solutions and plotting Figure 3.29 are 
given next.

The Mathcad code is

x0 := 0   v0 := 1   m := 10   k := 200   α := 5   F0 := 150

ωn := Ckm   f0 := 
F0

m

t1 := 0.5   t2 := 2   ceq := C8 # α # m

3 # π
# f0

X := cx0
v0
d  Y := X  ζ := 

ceq

21k # m
  f(t) := f0 # Φ(t - t1) - f0 # Φ(t - t2)

D(t, X) := £ X1

-ωn2 # X0 -
α
m

# (X1)2 #  
X10X1 0 + f(t)

§
L(t, Y) := J Y11 -2 # ζ # ωn # Y1 - ωn2 # Y02 + f(t)

d
Z := rkfixed (X, 0, 20, 2000, D) W :=rkfixed (Y, 0, 20, 2000, L)

t := Z607  x := Z617  xL:=W617
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The MATLAB code is

clear all

xo=[0; 1];

ts=[0 8];

[t,t]=ode45('f',ts,xo);

plot(t,x(:,1)); hold on  % The response of nonlinear system

[t,x]=ode45('f1',ts,xo);

plot(t,x(:,1),'--'); hold off  % The response of linear system

%---------------------------------------------

function v=f(t,x)

m=10; k=200; wn=sqrt(k/m); Fo=150; alpha=5; t1=0.5; t2=2;

v=[x(2); x(1).*-wn^2 + x(2)^2.*-alpha/m.*sign(x(2))+...

Fo/m*(stepfun(t, t1)-stepfun(t,t2))];

%---------------------------------------------

function v=f1(t,x)

m=10; k=200; wn=sqrt(k/m); Fo=150; alpha=5; t1=0.5; t2=2;

ceq=sqrt(8*alpha*m/3/pi*Fo/m); zeta=ceq/2/sqrt(m*k);

v=[x(2); x(2).*-2*zeta*wn + x(1).*-wn^2+...

Fo/m*(stepfun(t,t1)-stepfun(t,t2))];

The Mathematica code is

In[1]:=6 6PlotLegends'

In[2]:= x0 = 0; v0 = 1; m = 10; k = 200; α =5; F0 = 150; f0 = 
F0

m
;

ωn = Ckm; t1 = 0.5; t2 = 2;
ceq = C8*α*m3*π

*f0;

ζ = 
ceq

2 * 1k * m
 ;

In[6]:= xnonlin = NDSolve[{x''[t] + 
α
m
 * Sign[x'[t]]

 * (x'[t])^2 + wn^2 * x[t] == f0 * (UnitStep[t - t1]  

 - UnitStep[t - t2]), x[0] == 0, x’[0] == 1},

 x[t], {t, 0, 20}];
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In[7]:= xlin = NDSolve[{x''[t] + 2 * ζ * ωn * x'[t] + ωn^2 
 * x[t] == f0 * (UnitStep[t - t1] - UnitStep[t - t2]),  

 x[0] == 0, x'[0] == 1}, x[t], {t, 0, 20}];

In[8]:= Plot[{x[t]/.xnonlin, x[t]/.xlin},{t, 0, 8},

 PlotStyle  S   {GrayLevel [0], Dashing[{.03}]}]

n

PROBLEMS

Those problems marked with an asterisk are intended to be solved using computational 
software.

Section 3.1 (Problems 3.1 through 3.17)

 3.1. Calculate the solution to

1000x
$
(t) + 200x

#
(t) + 2000x(t) = 100δ(t), x0 = 0, v0 = 0

 3.2. Consider a spring–mass–damper system with m = 1 kg, c = 2 kg>s, and k = 2000 N>m  
with an impulse force applied to it of 10,000 N for 0.01 s. Compute the resulting 
response.

 3.3. Calculate the solution to

 x
$

+ 2x
#

+ 2x = δ(t - π)

 x(0) = 1     x
#
(0) = 0

and plot the response.

 3.4. Calculate the solution to

 x
$

+ 2x
#

+ 3x =  sin t + δ(t - π)

 x(0) = 0  x
#
(0) = 1

and plot the response.

 3.5. Calculate the response of a critically damped system to a unit impulse.

 3.6. Calculate the response of an overdamped system to a unit impulse.

 3.7. Derive equation (3.6) from equations (1.36) and (1.38).

 3.8. Consider a simple model of an airplane wing given in Figure P3.8. The wing is ap-
proximated as vibrating back and forth in its plane and is massless compared to 
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the missile carriage system (of mass m). The modulus and the moment of inertia 
of the wing are approximated by E and I, respectively, and l is the length of the 
wing. The wing is modeled as a simple cantilever for the purpose of estimating the 
vibration resulting from the release of the missile, which is approximated by the 
impulse function F δ(t). Calculate the response and plot your results for the case of 
an aluminum wing 2-m long with m = 1000 kg, ζ = 0.01, and I = 0.5 m4. Model F 
as 1000 N lasting for 10–2s.

 3.9. A cam in a large machine can be modeled as applying a 10,000 N-force over an inter-
val of 0.005 s. This can strike a valve that is modeled as having the physical parameters 
m = 10 kg, c = 18 N s>m, and stiffness k = 9000 N>m. The cam strikes the valve 
once every 1 s. Calculate the vibration response, x(t), of the valve once it has been im-
pacted by the cam. The valve is considered to be closed if the distance between its rest 
position and its actual position is less than 0.0001 m. Is the valve closed the very next 
time it is hit by the cam?

 3.10. The vibration of a package dropped from a height of h meters can be approximated 
by considering Figure P3.10 and modeling the point of contact as an impulse applied 
to the system at the time of contact. Calculate the vibration of the mass m after the 
 system falls and hits the ground. Assume that the system is underdamped.

c
I

E

m

Simplified beam model

(c)

Jet with missiles

(a)

Top view with
wing modeled
as cantilevered

(b)

Vibration model

(d)

k � k

m

x(t)
x(t)

F�(t)

F�(t)

3EI

l 3

l

Carriage

Missile

Figure P3.8  Modeling of wing vibration resulting from the release of a missile. 
Figure (a) is the system of interest; (b) is the simplification of the detail of interest; 
(c) is a crude model of the wing: a cantilevered beam section (recall Figure 1.26); 
and (d) is the vibration model used to calculate the response neglecting the mass 
of the wing.
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 3.11. Calculate the response of

3x
$
(t) + 12x

#
(t) + 12x(t) = 3δ(t)

for zero initial conditions. The units are in Newtons. Plot the response.

 3.12. Compute the response of the system

3x
$
(t) + 12x

#
(t) + 12x(t) = 3δ(t)

subject to the initial conditions x(0) = 0.01 m and (0) = 0. The units are in Newtons. 
Plot the response.

 3.13. Calculate the response of the system

3x
$
(t) + 6x

#
(t) + 12x(t) = 3δ(t) - δ(t - 1)

subject to the initial conditions x(0) = 0.01 m and (0) = 1 m>s. The units are in Newtons. 
Plot the response.

 3.14. A chassis dynamometer is used to study the unsprung mass of an automobile as illus-
trated in Figure P3.14, and discussed in Example 1.4.1. Compute the maximum magni-
tude of the center of the wheel due to an impulse of 5000 N applied over 0.01 seconds in 
the x direction. Assume the wheel mass is m = 15 kg, the spring stiffness is k = 500,000 

x(t)

(t)
r

m, J

c
k

Figure P3.14  A simple model of an 
automobile suspension system mounted on 
a chassis dynamometer. The rotation of the 
car’s wheel>tire assembly (of radius r) is 
given by θ(t) and is vertical deflection by x(t).

c

m

k

x(t)

Figure P3.10  The vibration model of a package 
being dropped onto the ground.
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N>m, the shock absorber provides a damping ratio of ζ = 0.3, and the rotational  inertia 
is J = 2.323 kg m2. Assume that the dynamometer is controlled such that x = rθ. 
Compute and plot the response of the wheel system to an impulse of 5000 N over 0.01 s. 
Compare the undamped maximum amplitude to that of the maximum amplitude of the 
damped system (use r = 0.457 m).

 3.15. Consider the effect of damping on the bird strike problem of Example 3.1.2. Recall 
from the example that the bird strike causes the camera to vibrate out of limits. Adding 
damping will cause the magnitude of the response to decrease but may not keep the 
camera from vibrating past the 0.01 m limit. If the damping in the aluminum is mod-
eled as ζ = 0.05, approximately how much time will pass before the camera vibration 
reduces to the required limit? (Hint: Plot the time response and note the value for time 
after which the oscillations remain below 0.01 m.)

 3.16. Consider the jet engine and mount indicated in Figure P3.16 and model it as a mass on 
the end of a beam, as done in Figure 1.26. The mass of the engine is usually fixed. Find 
an expression for the value of the transverse mount stiffness, k, as a function of the 
relative speed of the bird, , the bird mass, the mass of the engine, and the maximum 
displacement that the engine is allowed to vibrate.

Wing, ground

Engine, m

Mount, k

x(t)F�(t)

Figure P3.16  A model of a jet engine in 
transverse vibration due to a bird strike.

 3.17. A machine part is regularly subject to a force of 350 N lasting 0.01 seconds, as part of a 
manufacturing process. Design a damper (i.e., choose a value of the damping constant, 
c, such that the part does not deflect more that 0.01 m), given that the part has a mass 
of 100 kg and a stiffness of 1250 N>m.

Section 3.2 (Problems 3.18 through 3.29)

 3.18. Calculate the analytical response of an overdamped single-degree-of-freedom system 
to an arbitrary nonperiodic excitation.

 3.19. Calculate the response of an underdamped system to the excitation given in Figure P3.19 
where the pulse ends at π s.

0

f(t)

t

F
0

� 2�

Figure P3.19  Plot of a pulse input of 
the form f(t) = F0 sin t.
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 3.20. Speed bumps are used to force drivers to slow down. Figure P3.20 is a model of a car 
going over a speed bump. Using the data from Example 2.4.2 and an undamped model 
of the suspension system (i.e., k = 4 *  105 N>m, m = 1007 kg), find an expression for 
the maximum relative deflection of the car’s mass versus the velocity of the car. Model 
the bump as a half sine of length 40 cm and height 20 cm. Note that this is a moving-
base problem.

x(t)

k

m

Velocity v

Speed bump

40 cm

y(t) � Y sin �bt

Y � 20 cm

Figure P3.20  Model of a car driving 
over a speed bump.

 3.21. Calculate and plot the response of an undamped system to a step function with a finite 
rise time of t1 for the case m = 1 kg, k = 1 N>m, t1 = 4 s, and F0 = 20 N. This function 
is described by

F(t) = c F0t

t1

 0 … t … t1

F0     t 7 t1

 3.22. A wave consisting of the wake from a passing boat impacts a seawall. It is desired to 
calculate the resulting vibration. Figure P3.22 illustrates the situation and suggests a 
model. The force in Figure P3.22 can be expressed as

F(t) = c F0 a1 -  
t

t0

b 0 … t … t0

0     t 7 t0

Calculate the response of the seawall–dike system to such a load.
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 3.23. Determine the response of an undamped system to a ramp input of the form F(t) = F0t,  
where F0 is a constant. Plot the response for three periods for the case m = 1 kg,  
k = 100 N>m, and F0 = 50 N.

 3.24. A machine resting on an elastic support can be modeled as a single-degree-of-freedom, 
spring–mass system arranged in the vertical direction. The ground is subject to a motion 
y(t) of the form illustrated in Figure P3.24. The machine has a mass of 5000 kg, and the 
support has stiffness 1.5 * 103 N>m. Calculate the resulting vibration of the machine.

ModelPhysical setting Input model

Concrete
seawall

Water

Wake

k

F

F

m
l

m

k �
 EA

F(t)

t
0

Dike

Figure P3.22  A wave hitting a seawall modeled as a nonperiodic force exciting an 
undamped single-degree-of-freedom, spring–mass system.

0.2

0.5

0.6

y(t) (mm)

t (s) Figure P3.24  Triangular pulse 
input function.

 3.25. Consider the step response described in Figure 3.7 and Example 3.2.1. Calculate the 
analytical value of tp by noting that it occurs at the first peak, or critical point, of the 
curve.

 3.26. Calculate the value of the overshoot (O.S.), for the system of Example 3.2.1. Note from 
the example that the overshoot is defined as occurring at the peak time defined by 
tp = π/ωd and is the difference between the value of the response at tp and the steady-
state response at tp.

 3.27. It is desired to design a system so that its step response has a settling time of 3 s and a 
time to peak of 1 s. Calculate the appropriate natural frequency and damping ratio to 
use in the design.

 3.28. Plot the response of a spring–mass–damper system to a square input of magnitude 
F0 = 30 N, illustrated in Figure 3.8 of Example 3.2.1, for the case that the pulse width is 
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the natural period of the system (i.e., t1 = π ωn). Recall that k = 1000 N>m, ζ = 0.1, 
and ωn = 3.16 rad>s.

 3.29. Consider the spring–mass system described by

mx
$
(t) + kx(t) = F0 sin ωt,  x0 = 0.01 m and v0 = 0

Compute the response of this system for the values of m = 100 kg, k = 2500 N>m, 
ω = 10 rad>s, and F0 = 10 N, using the convolution integral approach outlined in 
Example 3.2.4. Check your answer using the results of equation (2.25).

Section 3.3 (Problems 3.30 through 3.38)

 3.30. Derive equations (3.24), (3.25), and (3.26) and hence verify the equations for the 
Fourier coefficient given by equations (3.21), (3.22), and (3.23).

 3.31. Calculate bn from Example 3.3.1 for the triangular force given by

F(t) = d 4

T
 t - 1 0 … t …  

T

2

1 -  
4

T
 at -  

T

2
b  

T

2
 … t … T

and show that bn = 0, n = 1,2,…,∞ . Also verify the expression an by completing the 
integration indicated. (Hint: Change the variable of integration from t to x = 2πnt>T.)

 3.32. Determine the Fourier series for the rectangular wave illustrated in Figure P3.32.

1

� 3�

f(t)

t

�1

2�

Figure P3.32  A rectangular 
periodic signal.

 3.33. Determine the Fourier series representation of the sawtooth curve illustrated in 
Figure P3.33.

f(t)

2�

1

t
4� 6� 8�

Figure P3.33  A sawtooth periodic signal.
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 3.34. Calculate and plot the response of the base-excitation problem with base motion speci-
fied by the velocity

y
#
(t) = 3e-t>2Φ(t) m>s

where Φ(t) is the unit step function and m = 10 kg, ζ = 0.01, and k = 1000 N>m. 
Assume that the initial conditions are both zero.

 3.35. Calculate and plot the total response of the spring–mass–damper system with m = 100 kg,  
ζ = 0.1, and k = 1000 N>m to the signal defined by

F(t) = d 4

T
 t - 1 0 … t …  

T

2

1 -  
4

T
 at -  

T

2
b  

T

2
 … t … T

with maximum force of 1 N. Assume that the initial conditions are zero, and let T = 2π s.

 3.36. Calculate the total response of the system of Example 3.3.2 for the case of a base motion 
driving frequency of ωb = 3.162 rad>s with amplitude Y = 0.05 m subject to initial con-
ditions x0 = 0.01 m and 0 = 3.0 m>s. The system is defined by m = 1 kg, c = 10 kg>s, 
and k = 1000 N>m.

 *3.37. Validate your solution to the square wave Problem 3.32 by calculating an and bn using 
VTB3_3 in the Vibration Toolbox. Print the function and its Fourier series approxima-
tion for 5, 20, then 100 terms. The Toolbox makes this easy. The purpose is to illustrate 
the Gibbs effect in approximation by Fourier series.

 *3.38. Validate your solution to the sawtooth wave of Problem 3.33 by calculating an and 
bn using VTB3_3 in the Vibration Toolbox. Print the function and its Fourier series 
 approximation for 5, 20, and 100 terms. The Toolbox makes this easy. The purpose is to 
illustrate the Gibbs effect in approximation by Fourier series.

Section 3.4 (Problems 3.39 through 3.43)

 3.39. Calculate the response of

mx
$

+ cx
#

+ kx = F0Φ(t)

where ϕ(t) is the unit step function for the case with x0 = 0 = 0. Use the Laplace 
transform method and assume that the system is underdamped.

 3.40. Using the Laplace transform method, calculate the response of the system

mx
$
(t) + cx

#
(t) + kx(t) = δ(t),   x0 = 0,  v0 = 0

for the overdamped case (ζ 7 1). Plot the response for m = 1 kg, k = 100 N>m, and 
ζ = 1.5.

 3.41. Calculate the response of the underdamped system given by

mx
$

+ cx
#

+ kx = F0e
-at

using the Laplace transform method. Assume a 7 0 and the initial conditions are both 
zero.
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 3.42. Solve the following system for the response x(t) using Laplace transforms:

100x
$
(t) + 2000x(t) = 50δ(t)

where the units are in Newtons and the initial conditions are both zero.

 3.43. Use the Laplace transform approach to solve for the response of the spring–mass sys-
tem with equation of motion and initial conditions given by

x
$
(t) + x(t) =  sin 2t,   x0 = 0,  v0 = 1

Assume the units are consistent. (Hint: See the example in Appendix B.)

Section 3.5 (Problems 3.44 through 3.48)

 3.44. Calculate the mean-square response of a system to an input force of constant PSD, S0, 
and frequency response function H(ω) = 10>(3 + 2jω).

 3.45. Consider the base-excitation problem of Section 2.4 as applied to an automobile model 
of Example 2.4.2 and illustrated in Figure 2.17. Recall that the model is a spring–mass–
damper system with values m = 1007 kg, c = 2000 kg>s, k = 40,000 N>m. In this 
problem let the road have a random stationary cross section producing a PSD of S0. 
Calculate the PSD of the response and the mean-square value of the response.

 3.46. To obtain a feel for the correlation functions, compute autocorrelation Rxx(τ) for the 
deterministic signal A sin ωnt.

 3.47. The autocorrelation of a signal is given by

Rxx(τ) = 10 +  
4

3 + 2τ + 4τ2

Compute the mean-square value of the signal.

 3.48. Verify that the average x - x∙  is zero by using the definition given in equation (3.47) to 
compute the average.

Section 3.6 (Problems 3.49 through 3.50)

 3.49. A power line pole with a transformer is modeled by

mx
$

+ kx = -y
$

where x and y are as indicated in Figure P3.49. Assuming the initial conditions are zero, 
calculate the response of the relative displacement (x – y) if the pole is subject to an 
earthquake-based excitation of

y
$
(t) = c Aa1 -  

t

t0

b 0 … t … 2t0

0 t 7 2t0
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 3.50. Calculate the response spectrum of an undamped system to the forcing function

F(t) = c F0 sin  
πt

t1

 0 … t … t1

0 t 7 t1

assuming the initial conditions are zero.

Section 3.7 (Problems 3.51 through 3.58)

 3.51. Using complex algebra, derive equation (3.89) from (3.86) with s = jω.

 3.52. Using the plot in Figure P3.52, estimate the system’s parameters m, c, and k, as well as 
the natural frequency.

m � Effective mass

k � Effective stiffness

x(t)

y(t) Figure P3.49  A vibration model of 
a power-line pole with a transformer 
mounted on it.

�
1

c�

1
k

Mag H( j�)

� � �n   1 � 2�2  � �n �   k/m

0.01 0.1
0

5

1 10log (�)

Figure P3.52  The magnitude plot of a spring–mass–damper system.
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 3.53. From a compliance transfer function of a spring–mass–damper system the stiffness 
is determined to have a value of 0.5 N>m, a natural frequency of 0.25 rad>s, and a 
damping coefficient of 0.087 kg>s. Plot the inertance transfer function’s magnitude and 
phase for this system.

 3.54. From a compliance transfer function of a spring–mass–damper system the stiffness is 
determined to have a value of 0.5 N>m, a natural frequency of 0.25 rad>s, and a damp-
ing coefficient of 0.087 kg>s. Plot the mobility transfer function’s magnitude and phase 
for the system.

 3.55. Calculate the compliance transfer function for a system described by

a 
d4x(t)

dt4
 + b 

d3x(t)

dt3
 + c 

d2x(t)

dt2
 +  

dx(t)

dt
 + ex(t) = f(t)

where f(t) is the input force and x(t) is a displacement.

 3.56. Calculate the frequency response function for the compliance for the system defined by

a 
d4x(t)

dt4
 + b 

d3x(t)

dt3
 + c 

d2x(t)

dt2
 +  

dx(t)

dt
 + ex(t) = f(t).

 *3.57. Plot the magnitude of the frequency response function for the system of Problem 3.56 
for

a = 1,    b = 4,    c = 11,    d = 16, and    e = 8.

 3.58. An experimental (compliance) magnitude plot is illustrated in Fig. P3.58. Determine 
ω, ζ, c, m, and k. Assume that the units correspond to m>N along the vertical axis.

0.16

Mag H(j�)

0.14

0.12

0.10

0.08

0.06

0.04

0.02

0.00
0.1 1 log (�) 10

Figure P3.58  An experimentally determined compliance magnitude plot.
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Section 3.8 (Problems 3.59 through 3.64)

 3.59. Show that a critically damped system is bounded-input, bounded-output stable.

 3.60. Show that an overdamped system is bounded-input, bounded-output stable.

 3.61. Is the solution of 2x
$

+ 18x = 4 cos 2t +  cos t Lagrange stable?

 3.62. Calculate the response of the system described by

x
$
(t) + x

#
(t) + 4x(t) = ax(t) + bx

#
(t)

for x0 = 0,v0 = 1 for the case that a = 4 and b = 0. Is the response bounded?

 3.63. A crude model of an aircraft wing can be modeled as

100x
$
(t) + 25x

#
(t) + 2000x(t) = ax

#
(t)

Here the factor a is determined by the aerodynamics of the wing and is proportional to 
the air speed. At what value of the parameter a will the system start to flutter?

 3.64. Consider the inverted pendulum of Figure P3.64 and compute the value of the stiffness 
k that will keep the linear system stable. Assume that the pendulum rod is massless.

l
2

k

m

k

m

kl
2

2 sin 
mg

fp

�

+

O
O

(a) (b)

�

Figure P3.64  An 
inverted pendulum.

Section 3.9 (Problems 3.65 through 3.72)

 *3.65. Numerically integrate and plot the response of an underdamped system determined by 
m = 100 kg, k = 1000 N>m, and c = 20 kg>s, subject to the initial conditions of x0 = 0  
and 0 = 0, and the applied force F(t) = 30Φ(t -1). Then plot the exact response as 
computed by equation (3.17). Compare the plot of the exact solution to the numerical 
simulation.

 *3.66. Numerically integrate and plot the response of an underdamped system determined by 
m = 150 kg and k = 4000 N>m subject to the initial conditions of x0 = 0.01 m and 

0 = 0.1 m>s, and the applied force F(t) = Φ(t) = 15 (t -1), for various values of the 
damping coefficient. Use this “program” to determine a value of damping that causes 
the transient term to die out within 3 seconds. Try to find the smallest such value of 
damping remembering that added damping is usually expensive.

 *3.67. Calculate the total response of the base isolation problem given in Example 3.3.2, with 
the parameters ωb = 3 rad>s, m = 1 kg, c = 10 kg>s, k = 1000 N>m, and Y = 0.05 m, 
subject to initial conditions x0 = 0.01 m and 0 = 3.0 m>s, by numerically integrating 
rather than using analytical expressions. Plot the response, reproduce Figure 3.14, and 
compare the results to see that they are the same.
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 *3.68. Numerically simulate the response of the system of a single-degree-of-freedom spring–
mass system subject to the motion y(t) given in Figure P3.68 and plot the response. The 
mass is 5000 kg and the stiffness is 1.5 *  103 N>m.

0.2

0.5

0.6

y(t) (mm)

t (s) Figure P3.68  The base 
motion for Problem 3.68.

 *3.69. Numerically simulate the response of an undamped system to a step function with a 
finite rise time of t1 for the case m = 1 kg, k = 1 N>m, t1 = 4 s, and F0 = 20 N. This 
function is described by

F(t) = c F0t

t1

 0 … t … t1

F0     t 7 t1

plot the response.

 *3.70. Numerically simulate the response of the system of Problem 3.22 for a 2-meter concrete 
wall with cross section 0.03 m2 and mass modeled as lumped at the end of 1000 kg. Use 
F0 = 100 N, and plot the response for the case t0 = 0.25 s.

 *3.71. Numerically simulate the response of an undamped system to a ramp input of the form 
F(t) = F0 t, where F0 is a constant. Plot the response for three periods for the case 
m = 1 kg, k = 100 N>m, and F0 = 50 N.

 *3.72. Compute and plot the response of the following system using numerical integration:

10x
$
(t) + 20x

#
(t) + 1500x(t) = 20 sin 25t + 10 sin 15t + 20 sin 2t

with initial conditions of x0 = 0.01 m and 0 = 1.0 m>s.
Section 3.10 (Problems 3.73 through 3.79)

 *3.73. Compute the response of the system in Figure 3.26 for the case that the damping is 
linear viscous, the spring is a nonlinear soft spring of the form

k(x) = kx - k1x
3

the system is subject to an excitation of the form (t1 = 1.5 and t2 = 1.6)

F(t) = 1500[Φ(t - t1) - Φ(t - t2)] N

and initial conditions of x0 = 0.01 m and 0 = 1.0 m>s. The system has a mass of 
100 kg, a damping coefficient of 30 kg>s, and a linear stiffness coefficient of 2000 N>m. 
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The value of k1 is taken to be 300 N>m3. Compute the solution and compare it to the 
linear solution (k1 = 0). Which system has the largest magnitude? Compare your solu-
tion to that of Example 3.10.1.

 *3.74. Compute the response of a spring–mass system for the case that the damping is linear 
viscous, the spring is a nonlinear soft spring of the form

k(x) = kx - k1x
3

the system is subject to an excitation of the form (t1 = 1.5 and t2 = 1.6)

F(t) = 1500[Φ(t - t1) - Φ(t - t2)] N

and initial conditions of x0 = 0.01 m and 0 = 1.0 m>s. The system has a mass of 
100 kg, a damping coefficient of 30 kg>s, and a linear stiffness coefficient of 2000 N>m. 
The value of k1 is taken to be 300 N>m3. Compute the solution and compare it to the 
linear solution (k1 = 0). How different are the linear and nonlinear responses? Repeat 
this for t2 = 2. What can you say regarding the effect of the time length of the pulse?

 *3.75. Compute the response of a spring–mass–damper system for the case that the damping 
is linear viscous, the spring stiffness is of the form

k(x) = kx - k1x
2

the system is subject to an excitation of the form (t1 = 1.5 and t2 = 2.5)

F(t) = 1500[Φ(t - t1) - Φ(t - t2)] N

and initial conditions of x0 = 0.01 m and 0 = 1 m>s. The system has a mass of 100 kg, 
a damping coefficient of 30 kg>s, and a linear stiffness coefficient of 2000 N>m. The 
value of k1 is taken to be 450 N>m3. Which system has the largest magnitude?

 *3.76. Compute the response of a spring–mass–damper system for the case that the damping 
is linear viscous, the spring stiffness is of the form

k(x) = kx + k1x
2

the system is subject to an excitation of the form (t1 = 1.5 and t2 = 2.5)

F(t) = 1500[Φ(t - t1) - Φ(t - t2)] N

and initial conditions of x0 = 0.01 m and 0 = 1 m>s. The system has a mass of 100 kg, 
a damping coefficient of 30 kg>s, and a linear stiffness coefficient of 2000 N>m. The 
value of k1 is taken to be 450 N>m3. Which system has the largest magnitude?

 *3.77. Compute the response of a spring–mass–damper system for the case that the damping 
is linear viscous, the spring stiffness is of the form

k(x) = kx - k1x
2

the system is subject to an excitation of the form (t1 = 1.5 and t2 = 2.5)

F(t) = 150[Φ(t - t1) - Φ(t - t2)] N

and initial conditions of x0 = 0.01 m and 0 = 1 m>s. The system has a mass of 100 kg, 
a damping coefficient of 30 kg>s, and a linear stiffness coefficient of 2000 N>m. The 
value of k1 is taken to be 5500 N>m3. Which system has the largest transient magni-
tude? Which has the largest magnitude in steady state?
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 *3.78. Compare the forced response of a system with velocity-squared damping, as defined in 
equation (2.129) using numerical simulation of the nonlinear equation, to that of the 
response of the linear system obtained using equivalent viscous damping, as defined 
by equation (2.131). Use the initial conditions x0 = 0.01 m and 0 = 0.1 m>s with a 
mass of 10 kg, stiffness of 25 N>m, applied force of the form (t1 = 1.5 and t2 = 2.5)

F(t) = 15[Φ(t - t1) - Φ(t - t2)] N

and drag coefficient of α = 25.

 *3.79. Compare the forced response of a system with structural damping (see Table 2.2) using 
numerical simulation of the nonlinear equation to that of the response of the linear 
system obtained using equivalent viscous damping as defined in Table 2.2. Use the ini-
tial conditions x0 = 0.01 m and 0 = 0.1 m>s with a mass of 10 kg, stiffness of 25 N>m, 
applied force of the form (t1 = 1.5 and t2 = 2.5)

F(t) = 15[Φ(t - t1) - Φ(t - t2)] N

and solid damping coefficient of b = 8. Does the equivalent viscous-damping linear-
ization overestimate the response or underestimate it?

MATLAB ENGINEERING VIBRATION TOOLBOX

You may use the files contained in the Engineering Vibration Toolbox, first dis-
cussed at the end of Chapter 1 (immediately following the problems) and discussed 
in Appendix G, to help solve many of the preceding problems. The files contained 
in folder VTB3 may be used to help understand the nature of the general forced 
response of a single-degree-of-freedom system as discussed in this chapter and the 
dependence of this response on various parameters. VTB1_3 and VTB1_4 must be 
used if an arbitrary forcing function is applied (one other than a simple function 
call). The following problems are suggested to help build some intuition regarding 
the material on general forced response and to become familiar with the various 
formulas.

TOOLBOX PROBLEMS

 TB3.1. Use file VTB3_1 to solve for the response of a system with a 10-kg mass, damping 
c = 2.1 kg>s, and stiffness k = 2100 N>m, subject to an impulse at time t = 0 of 
magnitude 10 N. Next, vary the value of c, first increasing it, then decreasing it, and 
note the effect in the responses.

 TB3.2. Use file VTB3_2 to reproduce the plot of Figure 3.7. Then see what happens to the 
response as the damping coefficient is varied by trying an overdamped and critically 
damped value of ζ and examining the resulting response.
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 TB3.3. If you are confident with MATLAB, try using the plot command to plot (say, for T = 6)

-
8

π2
 cos 

2π
T

 t,          -
8

π2
 acos 

2π
T

 t +  
1

9
 cos 

6π
T

 tb
  then

-
8

π2
 acos 

2π
T

 t +  
1

9
 cos 

6π
T

 t +  
1

25
 cos 

10π
T

 tb
  and so on, until you are satisfied that the Fourier series computed in Example 3.3.1 

converges to the function plotted in Figure 3.13. If you are not familiar enough with 
MATLAB to try this on your own, run VTB3_3, which is a demo that does this for you.

 TB3.4. Using VTB3_3, rework Problem 3.32 for first 5, then 10, and finally 50 terms.

 TB3.5. Using file VTB3_4, examine the effect of varying the system’s natural frequency on 
the response spectrum for the force given in Figure 3.16. Pick the frequencies f =

10 Hz, 100 Hz, and 1000 Hz and compare the various response spectrum plots.
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This chapter introduces the analysis 

needed to understand the vibration 

of systems with more than one degree 

of freedom. The number of degrees of 

freedom of a system is determined by the 

number of moving parts and the number 

of directions in which each part can 

move. more than one degree of freedom 

means more than one natural frequency, 

greatly increasing the opportunity for 

resonance to occur. This chapter also 

introduces the important concept of 

a mode shape, and the highly used 

method of modal analysis for studying the 

response of multiple-degree-of-freedom 

(mDOF) systems. most structures are 

modeled as mDOF systems. The all-terrain 

vehicle suspension shown in the photo 

at the top forms an example of a system 

that can be modeled as two or more 

degrees of freedom. Designers need to 

be able to predict the vibration response 

in order to improve the ride and ensure 

durability. The blades of a jet engine 

pictured at the bottom also require 

mDOF analysis but with a much larger 

number of degrees of freedom. airplanes, 

satellites, automobiles, and so on, all 

provide examples of vibrating systems 

well modeled by the mDOF analysis 

introduced in this chapter.

multiple-Degree- 
of-Freedom Systems4
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In the preceding chapters, a single coordinate and single second-order differen-
tial equation sufficed to describe the vibratory motion of the mechanical device 
under consideration. However, many mechanical devices and structures cannot 
be modeled successfully by single-degree-of-freedom models. For example, the 
base-excitation problem of Section 2.4 requires a coordinate for the base as well 
as the main mass if the base motion is not prescribed, as assumed in Section 2.4. 
If the base motion is not prescribed and if the base has significant mass, then the 
coordinate, y, will also satisfy a second-order differential equation, and the system 
becomes a two-degree-of-freedom model. Machines with many moving parts have 
many degrees of freedom.

In this chapter, a two-degree-of-freedom example is first used to introduce 
the special phenomena associated with multiple-degree-of-freedom systems. These 
phenomena are then extended to systems with an arbitrary but finite number of 
degrees of freedom. To keep a record of each coordinate of the system, vectors are 
introduced and used along with matrices. This is done both for the ease of notation 
and to enable vibration theory to take advantage of the disciplines of matrix theory, 
linear algebra, and computational codes.

4.1 TWO-DEGREE-OF-FREEDOM MODEL (UNDAMPED)

This section introduces two-degree-of-freedom systems and how to solve for the 
response of each degree of freedom. The approach presented here is detailed 
because the goal is to provide background for solving systems with any number 
of degrees of freedom. In practice, computer methods are most commonly used 
to solve for the response of complex systems. This was not the case when most 
vibration texts were written. Hence, the approach here is a bit different than the 
approach found in the more traditional and older texts on vibration; the focus 
here is in setting up vibration problems in terms of matrices and vectors used in 
computer codes for solving practical problems.

In moving from single-degree-of-freedom systems to two or more degrees of 
 freedom, two important physical phenomena result. The first important difference is 
that a two-degree-of-freedom system will have two natural frequencies. The second 
 important phenomenon is that of a mode shape, which is not present in single-degree-
of-freedom systems. A mode shape is a vector that describes the relative motion be-
tween the two masses or between two degrees of freedom. These important concepts 
of multiple natural frequencies and mode shapes are intimately tied to the mathemat-
ical concepts of eigenvalues and eigenvectors of computational matrix theory. This 
establishes the need to cast the vibration problem in terms of vectors and matrices.

Consider the two-mass system of Figure 4.1(a). This undamped system is 
similar to the system of Figure 2.13 except that the base motion is not prescribed 
in this case and the base now has mass. Figure 4.1(b) illustrates a single-mass 
system capable of moving in two directions and hence provides an example of a 
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two-degree-of-freedom system as well. Figure 4.1(c) illustrates a single rigid mass 
that is capable of moving in translation as well as rotation about its axis. In each of 
these three cases, more than one coordinate is required to describe the vibration of 
the system. Each of the three parts of Figure 4.1 constitutes a two-degree-of-freedom 
system. A physical example of each system might be (a) a two-story building, (b) the 
vibration of a drill press, or (c) the rocking motion of an automobile or aircraft.

A free-body diagram illustrating the spring forces acting on each mass in 
Figure 4.1(a) is illustrated in Figure 4.2. The force of gravity is excluded following 
the reasoning used in Figure 1.14 (i.e., the static deflection balances the gravita-
tional force and no friction is present). Summing forces on each mass in the hori-
zontal direction yields

  m1x
$

1 = -k1x1 + k2(x2 - x1) (4.1)
 m2x

$
2 = -k2(x2 - x1)

Rearranging these two equations yields

 m1x
$

1 + (k1 + k2)x1 - k2x2 = 0 
 (4.2)

m2x
$

2 - k2x1 + k2x2 = 0 

Equations (4.2) consist of two coupled second-order ordinary differential equations, 
with constant coefficients, each of which requires two initial conditions to solve. 
Hence these two coupled equations are subject to the four initial conditions:

 x1(0) = x10 x
#
1(0) = x

#
10 x2(0) = x20 x

#
2(0) = x

#
20 (4.3)

m1
k1

x1 x2

m2
k2

m

k1

x2

x1

x

(c)(b)(a)

J

m

k,k�

�k2

Figure 4.1  (a) A simple two-degree-of-freedom model consisting of two masses 
connected in series by two springs. (b) A single mass with two degrees of freedom 
(i.e., the mass moves along both the x1 and x2 directions). (c) A single mass with 
one translational degree of freedom and one rotational degree of freedom.

m1k1x1

k2(x2 � x1)

k2(x2 � x1)

x1

m2

x2

Figure 4.2  Free-body diagrams of 
each mass in the system of Figure 4.1(a), 
indicating the restoring force provided 
by the springs.
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where the constants x
#
10, x

#
20 and x10, x20 represent the initial velocities and displace-

ments of each of the two masses. These initial conditions are assumed to be known 
or given and provide the four constants of integration needed to solve the two 
second-order differential equations for the free response of each mass.

There are several approaches available to solve equations (4.2) given (4.3) 
and the values of m1, m2, k1, and k2 for the responses x1(t) and x2(t). First, note that 
neither equation can be solved by itself because each equation contains both x1 and 
x2 (i.e., the equations are coupled). Physically, this states that the motion of x1 affects 
the motion of x2, and vice versa. A convenient method of solving this system is to 
use vectors and matrices. The vector approach to solving this simple two-degree-
of- freedom problem is also readily extendable to systems with an arbitrary finite 
number of degrees of freedom and is compatible with computer codes. Vectors and 
matrices were introduced in Section 1.9 in order to enter a single-degree-of-freedom 
vibration problem into a numerical equation solver such as MATLAB. Vectors and 
matrices are reviewed here briefly and more details can be found in Appendix C. 
Here vectors and matrices are used to compute a solution of equation (4.1).

Define the vector x(t) to be the column vector consisting of the two responses 
of interest:

 x(t) = Jx1(t)

x2(t)
R  (4.4)

This is called a displacement or response vector and is a 2 * 1 array of functions. 
Differentiation of a vector is defined here by differentiating each element so that

 x
#
(t) = Jx

#
1(t)

x
#
2(t)

R and x
$
(t) = Jx

$
1(t)

x
$

2(t)
R  (4.5)

are the velocity and the acceleration vectors, respectively. A square matrix is a square 
array of numbers, which could be made, for instance, by combining two 2 * 1 col-
umn vectors to produce a 2 * 2 matrix. An example of a 2 * 2 matrix is given by

 M = Jm1 0

0 m2

R  (4.6)

Note here that italic capital letters are used to denote matrices and bold lowercase 
letters are used to denote vectors.

Vectors and matrices can be multiplied together in a variety of ways. In vibra-
tion analysis the method most useful to define the product of a matrix times a vector 
is to define the result to be a vector with elements consisting of the dot product of 
the vector with each “row” of the matrix (i.e., by treating the row as a vector). The 
dot product of a vector is defined by

 xTx = [x1 x2]Jx1

x2

R = x1
2

+ x2
2 (4.7)
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which is a scalar. The symbol xT denotes the transpose of the vector and changes 
a column vector into a row vector. Equation (4.7) is also called the inner product 
or scalar product of the vector x with itself. A scalar, a, times a vector, x, is simply 
defined as ax = [ax1 ax2]

T (i.e., a vector of the same dimension with each ele-
ment multiplied by the scalar). (Recall that a scalar is any real or complex number.) 
These rules for manipulating vectors should be familiar from introductory mechan-
ics (i.e., statics and dynamics) texts.

The following example illustrates the rules for multiplying a matrix times a 
vector.

Example 4.1.1

Consider the product of the matrix M of equation (4.6) and the acceleration vector x
$
 of 

equation (4.5). This product becomes

 Mx
$

= Jm1 0

0 m2

R Jx
$

1

x
$

2

R = Jm1x
$

1 + 0x
$

2

0x
$

1 + m2x
$

2

R = Jm1x
$

1

m2x
$

2

R  (4.8)

where the first element of the product is defined to be the dot product of the row vector 
[m1 0] with the column vector x

$
, and the second element is the dot product of the row 

vector [0 m2] with x
$
. Note that the product of a matrix and a vector is a vector.

n

Example 4.1.2

Consider the 2 * 2 matrix K defined by

 K = Jk1 + k2 - k2

-k2 k2

R  (4.9)

and calculate the product Kx.

Solution  Again, the product is formed by considering the first element to be the in-
ner product of the row vector [k1 + k2 -k2] and the column vector x. The second 
element of the product vector Kx is formed from the inner product of the row vector 
[-k2 k2] and the vector x. This yields

 Kx = Jk1 + k2 - k2

-k2 k2

R Jx1

x2

R = J(k1 + k2)x1 - k2x2

-k2x1 + k2x2

R  (4.10)

n

Two vectors of the same size are said to be equal if and only if each element 
of one vector is equal to the corresponding element in the other vector. With this in 
mind, consider the vector equation

 Mx
$

+ Kx = 0 (4.11)



308 Multiple-Degree-of-Freedom Systems     Chap. 4

where 0 denotes the column vector of zeros:

0 = J0

0
R

Substitution of the value for M from equation (4.6) and the value for K from 
equation (4.9) into equation (4.11) yieldsJm1 0

0 m2

R Jx
$

1

x
$

2

R + Jk1 + k2 - k2

-k2 k2

R Jx1

x2

R = J0

0
R

These products can be carried out as indicated in Example 4.1.1 and equation (4.10) 
to yield Jm1x

$
1

m2x
$

2

R + J(k1 + k2)x1 - k2x2

- k2x1 + k2x2

R = J0

0
R

Adding the two vectors on the left side of the equation, element by element, 
yields

 Jm1x
$

1 + (k1 + k2)x1 - k2x2

m2x
$

2 - k2x1 + k2x2

R = J0

0
R  (4.12)

Equating the corresponding elements of the two vectors in equation (4.12) yields

 m1x
$

1 + (k1 + k2)x1 - k2x2 = 0  (4.13)

m2x
$

2 - k2x1 + k2x2 = 0 

which are identical to equations (4.2). Hence the system of equations (4.2) can be writ-
ten as the vector equation given in (4.11), where the coefficient matrices are defined 
by the matrices of equations (4.6) and (4.9). The matrix M defined by equation (4.6) is 
called the mass matrix, and the matrix K defined by equation (4.9) is called the stiffness 

matrix. The preceding calculation and comparison provide an extremely important 
connection between vibration analysis and matrix analysis. This simple connection al-
lows computers to be used to solve large and complicated vibration problems quickly 
(discussed in Section 4.10). It also forms the foundation for the rest of this chapter 
(as well as the rest of the book).

The mass and stiffness matrices, M and K, described previously have the 
special property of being symmetric. A symmetric matrix is a matrix that is equal 
to its transpose. The transpose of a matrix, denoted by AT, is formed from inter-
changing the rows and columns of a matrix. The first row of AT is the first col-
umn of A and so on. The mass matrix M is also called the inertia matrix, and the 
force vector Mx

$
 corresponds to the inertial forces in the system of Figure 4.1(a). 

Similarly, the force Kx represents the elastic restoring forces of the system de-
scribed in Figure 4.1(a).
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Example 4.1.3

Consider the matrix A defined by

A = Ja b

c d
R

where a, b, c, and d are real numbers. Calculate values of these constants such that the 
matrix A is symmetric.

Solution  For A to be symmetric, A = AT or

A = Ja b

c d
R = Ja c

b d
R = AT

Comparing the elements of A and AT yields that c = b must hold if the matrix A is to 
be symmetric. Note that the elements in the c and b position of the matrix K given in 
equation (4.9) are equal so that K = KT.

n

It is useful to note that if x is a column vector

x = Jx1

x2

R
then xT is a row vector (i.e., xT

= [x1 x2]). This makes it convenient to write 
a column vector in one line. For example, the vector x can also be written as 
x = [x1 x2]

T , a column vector. The act of forming a transpose also undoes it-
self, so that (AT)T

= A.
The initial conditions can also be written in terms of vectors as

 x0 = Jx1(0)

x2(0)
R  x

#
0 = Jx

#
1(0)

x
#
2(0)

R  (4.14)

Here x0 denotes the initial displacement vector and x
#
0 denotes the initial velocity 

vector. Equation (4.12) can now be solved by following the procedures used for 
solving single-degree-of-freedom systems and incorporating a few results from 
matrix theory.

Recall from Section 1.2 that the single-degree-of-freedom version of equation 
(4.11) was solved by assuming a harmonic solution and calculating values for the 
constants in the assumed form. The same approach is used here. Following the argu-
ment used in equations (1.13) to (1.19), a solution is assumed of the form

 x(t) = uejωt (4.15)

Here u is a nonzero vector of constants to be determined, ω is a constant to be deter-
mined, and j = 1-1. Recall that the scalar e jωt represents harmonic motion since 
ejωt

= cos ωt + j sin ωt. The vector u cannot be zero; otherwise no motion results.
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Substitution of this assumed form of the solution into the vector equation of 
motion yields

 (-ω2M + K)uejωt
= 0 (4.16)

where the common factor uejωt has been factored to the right side. Note that the 
scalar ejωt ∙ 0 for any value of t and hence equation (4.16) yields the fact that ω 
and u must satisfy the vector equation

 (-Mω2
+ K)u = 0, u ∙ 0 (4.17)

Note that this represents two algebraic equations in the three unknown scalars: ω, 
u1, and u2 where u = [u1 u2]

T.
For this homogeneous set of algebraic equations to have a nonzero solution 

for the vector u, the inverse of the coefficient matrix (–Mω2
+ K) must not exist. 

To see that this is the case, suppose that the inverse of (–Mω2
+ K) does exist. 

Then multiplying both sides of equation (4.17) by (–Mω2
+ K)-1 yields u = 0, 

a trivial solution, as it implies no motion. Hence the solution of equation (4.11) 
depends in some way on the matrix inverse. Matrix inverses are reviewed in the 
following example.

Example 4.1.4

Consider the 2 * 2 matrix A defined by

A = Ja b

c d
R

and calculate its inverse.

Solution  The inverse of a square matrix A is a matrix of the same dimension, denoted 
by A-1, such that

AA-1
= A-1A = I

where I is the identity matrix. In this case I has the form

I = J1 0

0 1
R

The inverse matrix for a general 2 * 2 matrix is

 A-1
=

1

det A
 J d -b

-c a
R  (4.18)

provided that det A ∙ 0, where det A denotes the determinant of the matrix A. The 
determinant of the matrix A has the value

 det A = ad - bc
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To see that equation (4.18) is in fact the inverse, note that

 A-1A =
1

ad - bc
 J d -b

-c a
R Ja b

c d
R

 =
1

ad - bc
 Jad - bc bd - bd

ac - ac ad - bc
R = J1 0

0 1
R

It is important to realize that the matrix A has an inverse if and only if det A ∙ 0. 
Thus, requiring det A =  0 forces A not to have an inverse. Matrices that do not have 
an inverse are called singular matrices. Note that if the matrix A is symmetric, c = b 
and A–1 is also symmetric.

n

Applying the condition of singularity to the coefficient matrix of equation 
(4.17) yields the result that for a nonzero solution u to exist,

 det(-ω2M + K) = 0 (4.19)

which yields one algebraic equation in one unknown (ω2). Substituting the values of 
the matrices M and K into this expression yields

 detJ-ω2m1 + k1 + k2 -k2

-k2 -ω2m2 + k2

R = 0 (4.20)

Using the definition of the determinant yields that the unknown quantity ω2 must 
satisfy

 m1m2ω
4

- (m1k2 + m2k1 + m2k2)ω
2

+ k1k2 = 0 (4.21)

This expression is called the characteristic equation for the system and is used to de-
termine the constants ω in the assumed form of the solution given by equation (4.15) 
once the values of the physical parameters m1, m2, k1, and k2 are known.

Example 4.1.5

Calculate the solutions for ω of the characteristic equation given by equation (4.21) for the 
case that the physical parameters have the values m1 = 9 kg, m2 = 1 kg, k1 = 24 N>m, 
and k2 = 3 N>m.

Solution  For these values the characteristic equation (4.21) becomes

ω4
- 6ω2

+ 8 = (ω2
- 2)(ω2

- 4) = 0

so that ω1
2

= 2 and ω2
2

= 4. There are two roots and each corresponds to two values of 
the constant ω in the assumed form of the solution:

ω1 = {12 rad>s,  ω2 = {2 rad>s
n
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Note that in the statement of equation (4.17) ω2 appears, not ω. However, in 
proceeding to the solution in time, the frequency of oscillation will become ω and 
the plus and minus signs on ω are absorbed in changing the exponential into a trigo-
nometric function, as described in the following pages.

Once the value of ω in equation (4.15) is established, the value of the constant 
vector u can be found by solving equation (4.17) for u given each value of ω2. That 
is, for each value of ω2 (i.e., ω1

2 and ω2
2) there is a vector u satisfying equation (4.17). 

For ω1
2, the vector u1 satisfies

 (-ω1
2 M + K)u1 = 0 (4.22)

and for ω2
2, the vector u2 satisfies

 (-ω2
2 M + K)u2 = 0 (4.23)

These two expressions can be solved for the direction of the vectors u1 and u2, but 
not for the magnitude. To see that this is true, note that if u1 satisfies equation (4.22), 
so does the vector au1, where a is any nonzero number. Hence the vectors satisfying 
(4.22) and (4.23) are of arbitrary magnitude. The following example illustrates one 
way to compute u1 and u2 for the values of Example 4.1.5.

Example 4.1.6

Calculate the vectors u1 and u2 of equations (4.22) and (4.23) for the values of ω, K, 
and M of Example 4.1.5.

Solution  Let u1 = [u11 u21]
T. Then equation (4.22) with ω2

= ω1
2

= 2 becomesJ27 - 9(2) -3

-3 3 - (2)
R Ju11

u21

R = J0

0
R

Performing the indicated product and enforcing the equality yields the two equations

9u11 - 3u21 = 0  and  -3u11 + u21 = 0

Note that these two equations are dependent and yield the same solution; that is,

u11

u21

=
1

3
  or  u11 =

1

3
 u21

Only the ratio of the elements is determined here [i.e., only the direction of the vector 
is determined by equation (4.17), not its magnitude]. As mentioned previously, this 
happens because if u satisfies equation (4.17), then so does au, where a is any nonzero 
number.
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A numerical value for each element of the vector u may be obtained by arbitrarily 
assigning one of the elements. For example, let u21 = 1; then the value of u1 is

u1 = C 1

3

1

S
This procedure is repeated using ω2

2
= 4 to yield that the elements of u2 must satisfy

-9u12 - 3u22 = 0  or  u12 = -
1

3
 u22

Choosing u22 = 1 yields

u2 = C -
1

3

1

S
which is the vector satisfying equation (4.23). There are several other ways of fixing 
the magnitude of a vector besides the one illustrated here. Some other methods are 
presented in Example 4.2.3 and equation (4.44). A more systematic method called nor-
malizing will be used with larger problems and is presented in the next section.

n

The solution of equation (4.11) subject to initial conditions x0 and x
#
0 can be con-

structed in terms of the numbers {ω1, {ω2 and the vectors u1 and u2. This is similar 
to the construction of the solution of the single-degree-of-freedom case discussed in 
Section 1.2. Since the equations to be solved are linear, the sum of any two solutions 
is also a solution. From the preceding calculation, there are four solutions in the form 
of equation (4.15) made up of the four values of ω and the two vectors:

 x(t) = u1e
-jω1t, u1e

+jω1t, u2e
-jω2t, and u2e

+jω2t (4.24)

Thus a general solution is the linear combination of these:

 x(t) = (aejω1t + be-jω1t)u1 + (cejω2t + de-jω2t)u2 (4.25)

where a, b, c, and d are arbitrary constants of integration to be determined by the 
initial conditions.

Applying Euler formulas for the sine function to equation (4.25) yields an 
alternative form of the solution (provided neither ωi is zero):

 x(t) = A1 sin (ω1t + ϕ1)u1 + A2 sin (ω2t + ϕ2)u2 (4.26)
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where the constants of integration are now in the form of two amplitudes, A1 and 
A2, and two phase shifts, ϕ1 and ϕ2. Recall that this is the same procedure used 
in equations (1.17), (1.18), and (1.19). These constants can be calculated from the 
initial conditions x0 and x

#
0. Equation (4.26) is the two-degree-of-freedom analog of 

equation (1.19) for a single-degree-of-freedom case.
The form of equation (4.26) gives physical meaning to the solution. It states 

that each mass in general oscillates at two frequencies: ω1 and ω2. These are 
called the natural frequencies of the system. Furthermore, suppose that the initial 
conditions are chosen such that A2 = 0. With such initial conditions, each mass 
oscillates at only one frequency, ω1, and the relative positions of the masses at 
any given instant of time are determined by the elements of the vector u1. Hence 
u1 is called the first mode shape of the system. Similarly, if the initial conditions 
are chosen such that A1 is zero, both coordinates oscillate at frequency ω2, with 
relative positions given by the vector u2, called the second mode shape. The 
mode shapes and natural frequencies are clarified further in the following exer-
cises and sections. Mode shapes have become a standard in vibration engineering 
and are used extensively in vibration analysis. The concepts of natural frequen-
cies and mode shapes are extremely important and form one of the major ideas 
used in vibration studies.

In the derivation of equation (4.26) it is assumed that neither of the values of 
ω is zero. One or the other may have the value zero in some applications, but then 
the solution takes on another form. The value of u, however, cannot be zero. A 
frequency can be zero, but a mode shape cannot be zero. The zero frequency case 
corresponds to rigid body motion and is the topic of Problem 4.12. The concept of 
rigid body motion is detailed in Section 4.4.

Note that the positive and negative sign on ω resulting from the solution of 
equation (4.19) is used in going from equation (4.25) to equation (4.26) when invok-
ing the Euler formula for trig functions. Thus in equation (4.26) ω is only a positive 
number. Equation (4.26) also provides the interpretation of ω as a frequency of vibra-
tion, which is now necessarily a positive number. This is similar to the explanation 
provided in the single-degree-of-freedom case following equation (1.19). 

Example 4.1.7

Calculate the solution of the system of Example 4.1.5 for the initial conditions x1(0) =

1 mm, x2(0) = 0, and x
#
1(0) = x

#
2(0) = 0. 

Solution  To solve this, equation (4.26) is written as

  Jx1(t)

x2(t)
R = [u1 u2]JA1 sin (ω1t + ϕ1)

A2 sin (ω2t + ϕ2)
d  

  = C 1

3
 A1 sin (12t + ϕ1) -

1

3
 A2 sin (2t + ϕ2)

A1 sin (12t + ϕ1) + A2 sin (2t + ϕ2)

S  (4.27)
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At t = 0 this yields

 J1

0
R = C 1

3
 A1 sin ϕ1 -

1

3
 A2 sin ϕ2

A1 sin ϕ1 + A2 sin ϕ2

S  (4.28)

Differentiating equation (4.27) and evaluating the resulting expression at t = 0 yields

 Jx
#
1(0)

x
#
2(0)

R = J0

0
R = C 12

3
 A1 cos ϕ1 -

2

3
 A2 cos ϕ212 A1 cos ϕ1 + 2 A2 cos ϕ2

S  (4.29)

Equations (4.28) and (4.29) represent four equations in the four unknown constants of 
integrations A1, A2, ϕ1, and ϕ2. Writing out these four equations yields

  3 = A1 sin ϕ1 - A2 sin ϕ2  (4.30)

  0 = A1 sin ϕ1 + A2 sin ϕ2  (4.31)

  0 = 12A1 cos ϕ1 - 2A2 cos ϕ2 (4.32)

  0 = 12A1 cos ϕ1 + 2A2 cos ϕ2 (4.33)

Adding equations (4.32) and (4.33) yields that

212A1 cos ϕ1 = 0

so that ϕ1 = π>2. Since ϕ1 = π>2, equation (4.33) reduces to

2A2 cos ϕ2 = 0

so that ϕ2 = π>2. Substitution of the values of ϕ1 and ϕ2 into equations (4.30) and 
(4.31) yields

3 = A1 - A2 and 0 = A1 + A2

which has solutions A1 = 3>2 mm, A2 = -3>2 mm. Thus

 x1(t) = 0.5 sin a12t +
π

2
b + 0.5 sin a2t +

π

2
b = 0.5(cos 12t + cos 2t) mm

 (4.34)

 x2(t) =
3

2
 sin a12t +

π

2
b -

3

2
 sin a2t +

π

2
b = 1.5(cos 12t - cos 2t) mm  

These are plotted in Figure 4.3. More efficient ways to calculate the solutions are pre-
sented in later sections. The numerical aspects of calculating a solution are discussed 
in Section 4.10.
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Figure 4.3  Plots of the responses of x1(t) on the top and x2(t) on the bottom for  
Example 4.1.7.
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Note that in this case, the response of each mass contains both frequencies of 
the system. That is, the responses for both x1(t) and x2(t) are combinations of signals 
containing the two frequencies ω1 and ω2 (i.e., the sum of two harmonic signals). Note 
from the development of equation (4.34) that the mode shapes determine the relative 
magnitude of these two harmonic signals.

n

In the previous example, the arbitrary choice of the magnitude of the mode-
shape vectors u1 and u2 made in Example 4.1.6 does not affect the solution because 
these vectors are multiplied by the constants of integration A1 and A2, respectively. 
The initial conditions then scale the magnitude of these vectors, so that the solution 
given in equation (4.34) will be the same for any choice of fixing the vector magni-
tude made in Example 4.1.6.

Frequencies It is interesting and important to note that the two natural frequen-
cies ω1 and ω2 of the two-degree-of-freedom system are not equal to either of the 
natural frequencies of the two single-degree-of-freedom systems constructed from 
the same components. To see this, note that in Example 4.1.5, 1k1>m1 = 1.63, 
which is not equal to ω1 or ω2 (i.e., ω1 = 12, ω2 = 2). Similarly, 1k2>m2 = 1.732, 
which does not coincide with either frequency of the two-degree-of-freedom system 
composed of the same springs and masses, each attached to ground.

Beats The beat phenomenon introduced in Example 2.1.2 for the forced response of a 
single-degree-of-freedom system can also exist in the free response of a two- (or more) 
degree-of-freedom system. If the mass and stiffness of the system of Figure 4.1(a) are 
such that the two frequencies are close to each other, then solutions derived in Example 
4.1.7 will produce beats. In fact, a close examination of the plots of the response in 
Figure 4.3 shows that the response x2(t) is close to the shape of the beat illustrated in 
Figure 2.4. This happens because the two frequencies of Example 4.1.7 are reasonably 
close to each other (1.414 and 2). As the two natural frequencies become closer, the 
beat phenomenon will become more evident (see Problem 4.17). Thus, beats in vibrat-
ing systems can occur in two separate circumstances: first, in a forced-response case as 
the result of a driving frequency being close to a natural frequency (Example 2.1.2) and, 
second, as the result of two natural frequencies being close together in a free-response 
situation (Problem 4.18).

Calculations The method used to compute the natural frequencies and mode 
shapes presented in this section is not the most efficient way to solve vibration 
problems. Nor is the approach presented here the most illuminating of the physi-
cal nature of vibration of two-degree-of-freedom systems. The calculation method 
presented in Examples 4.1.5 and 4.1.6 are instructive, but tedious. The approach 
of these examples also ignores the key issues of orthogonality of mode shapes and 
decoupling of the equations of motion, which are key concepts in understanding 
vibration analysis, design, and measurement. These issues are discussed in the fol-
lowing section, which connects the problem of computing natural frequencies and 
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mode shapes to the symmetric eigenvalue and eigenvector calculations of math-
ematics. Once the natural frequency and mode-shape formulation is connected to 
the algebraic eigenvalue–eigenvector problem, then mathematical software pack-
ages can be used to compute the mode shapes and natural frequencies without go-
ing through the tedious computations of the preceding examples. This connection 
to the algebraic eigenvalue problem is also a key in understanding the topics of 
vibration testing discussed in Chapter 7. 

4.2 EIGENVALUES AND NATURAL FREQUENCIES

The method of solution indicated in Section 4.1 can be extended and formalized to 
take advantage of the symmetric algebraic eigenvalue problem. This allows the power 
of mathematics to be used in solving vibration problems, allows the use of mathemati-
cal software packages, and sets the background needed for analyzing systems with an 
arbitrary number of degrees of freedom. In addition, the important concepts of mode 
shapes and natural frequencies can be generalized by connecting the undamped-
vibration problem to the mathematics of the algebraic eigenvalue problem.

There are many ways to connect the solution of the vibration problem with 
that of the algebraic eigenvalue problem. The most productive approach is to cast 
the vibration problem as a symmetric eigenvalue problem because of the special 
properties associated with symmetry. Note that the physical nature of both the 
mass and stiffness matrices is that they are usually symmetric. Hence preserving 
this symmetry is also a natural approach to solving the vibration problem. Since M 
is symmetric and positive definite, it may be factored into two terms:

M = LLT

where L is a special matrix with zeros in every position above the diagonal (called 
a lower triangular matrix). A matrix M is positive definite if the scalar formed from 
the product

xTMx 7 0

for every nonzero choice of the vector x. The factorization L is called the Cholesky 
decomposition and is examined, along with the notion of positive definite, in more 
detail in Appendix C and Section 4.9. In the special case that M happens to be 
diagonal, as in the examples considered so far, the Cholesky decomposition just 
becomes the notion of a matrix square root, and the notion of positive definite just 
means that the diagonal elements of M are all positive, nonzero numbers.

In solving a single-degree-of-freedom system it was useful to divide the equation 
of motion by the mass. Hence, consider resolving the system of two equations described 
in matrix form by equation (4.19) by making a coordinate transformation that is equiva-
lent to dividing the equations of motion by the mass in the system. To that end, consider 
the matrix square root defined to be the matrix M1>2 such that M1>2M1>2

= M, the mass 
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matrix. For the simple example of the mass matrix given in equation (4.6), the mass 
matrix is diagonal and the matrix square root becomes simply

 L = M1>2
= J1m1 0

0 1m2

R  (4.35)

This factors M into M = M1>2M1>2 (or into M = LLT) in the common case of a 
diagonal mass matrix. If M is not diagonal, the notion of a square root is dropped 
in favor of using the Cholesky decomposition L, which is discussed in Section 4.9 
under dynamically coupled systems. The use of the Cholesky decomposition L is 
preferred because it is a single command in most codes, and hence more convenient 
for numerical computation.

The inverse (Example 4.1.4) of the diagonal matrix M1>2, denoted by M- 1>2, 
becomes simply

 L-1
= M-1>2

= D 11m1

0

0
11m2

T  (4.36)

The matrix of equation (4.36) provides a means of changing coordinate systems 
to one in which the vibration problem is represented by a single symmetric matrix. 
This allows the vibration problem to be cast as the symmetric eigenvalue problem 
described in Window 4.1. The symmetric eigenvalue problem has distinct advan-
tages both computationally and analytically, as will be illustrated next. The ana-
lytical advantage of this change of coordinates is similar to the advantage gained 
in solving the inclined plane problem in statics by writing the coordinate system 
along the incline rather than along the horizontal.

To accomplish this transformation, or change of coordinates, let the vector x 
in equation (4.11) be replaced with

 x(t) = M1>2q(t) (4.37)

and multiply the resulting equation by M- 1>2. This yields

 M-1>2MM-1>2q$(t) + M-1>2KM-1>2q(t) = 0 (4.38)

Since M- 1>2MM- 1>2
= I, the identity matrix, expression (4.38) reduces to

 Iq
$
(t) + K

∙
q(t) = 0 (4.39)

The matrix K
∙

= M-1>2KM-1>2, like the matrix K, is a symmetric matrix. The matrix 
K
∙

 is called the mass-normalized stiffness and is analogous to the single-degree-of-
freedom constant, k>m. 
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Example 4.2.1

Show that K
∙

 is a symmetric matrix if K and M are symmetric. Note that if M is sym-
metric so is M–1 and M-1>2. This is trivial in the cases used here where M is diagonal, 
but this is also true for fully populated symmetric matrices. Also show the matrix is 
symmetric using the Cholesky factors of M.

Solution  To show that a matrix is symmetric, use the rule that for any two square 
matrices of the same size (AB)T

= BTAT. Applying this rule twice yields

K
∙T

= (M-1>2KM-1>2)T
= (KM-1>2)TM-1>2

= M-1>2KTM-1>2
= M-1>2KM-1>2

= K
∙

Thus K
∙

= K
∙T and is a symmetric matrix.

n

Equation (4.39) is solved, as before, by assuming a solution of the form 
q(t) = vejωt where v ∙ 0 is a vector of constants. Substitution of this form into 
equation (4.39) yields

 K
∙

v = ω2v (4.40)

The algebraic eigenvalue problem is the problem of computing the scalar λ 
and the nonzero vector v satisfying

Av = λv

Here, A is an n * n real valued, symmetric matrix, the vector v is n * 1, and 
there will be n values of the scalar λ, called the eigenvalues, and n values of the 
corresponding vector v, one for each value of λ. The vectors v are called the 
eigenvectors of the matrix A.

The eigenvalues of A are all real numbers.

The eigenvectors of A are real valued.

The eigenvalues of A are positive numbers if and only if A is positive 
definite.

The eigenvectors of A can be chosen to be orthogonal, even for repeated 
eigenvalues.

Symmetry also implies that the set of eigenvectors are linearly independent and 
can be used like a Fourier series to expand any vector into a sum of eigenvectors. 
This forms the basis of modal expansions used in both analysis and experiments 
(Chapter 7). In addition, the numerical algorithms used to compute the eigenval-
ues and eigenvectors of A are faster and more efficient for symmetric matrices.

Window 4.1
Properties of the Symmetric Eigenvalue Problem
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upon dividing by the nonzero scalar ejωt. Here it is important to note that the con-
stant vector v cannot be zero if motion is to result. Next let λ = ω2 in equation 
(4.40). This yields

 K
∙

v = λv (4.41)

where v ∙ 0. This is precisely the statement of the algebraic eigenvalue problem. 
The scalar λ satisfying equation (4.41) for nonzero vectors v is called the eigenvalue 
and v is called the (corresponding) eigenvector. Since the matrix K

∙
 is symmetric, 

this is called the symmetric eigenvalue problem. The eigenvector v generalizes the 
concept of a mode shape u used in Section 4.1.

If the system being modeled has n degrees of freedom, each free to move with 
a single displacement labeled xi(t), the matrices M, K, and hence K

∙
 will be n * n, 

and the vectors x(t), q(t), and v will be n * 1 in dimension. Each subscript i denotes 
a single degree of freedom where i ranges from 1 to n, and the vector x(t) denotes the 
collection of the n degrees of freedom. It is also convenient to label the frequencies ω 
and eigenvectors v with subscripts i, so that ωi and vi denote the ith natural frequency 
and corresponding ith eigenvector, respectively. In this section, only n = 2 is consid-
ered, but the notation is useful and valid for any number of degrees of freedom.

Equation (4.41) connects the problem of calculating the free vibration re-
sponse of a conservative system with the mathematics of symmetric eigenvalue 
problems. This allows the developments of mathematics to be applied directly to 
 vibration. The theoretical advantage of this relationship is significant and is used 
here. These properties are summarized in Window 4.1 and reviewed in Appendix C. 
The computational advantage, which is substantial, is discussed in Section 4.9.

Example 4.2.2

Calculate the matrix K
∙

 for

M = J9 0

0 1
R ,  K = J 27 - 3

-3 3
R

as given in Example 4.1.5.

Solution  Matrix products are defined here for matrices of the same size by extending 
the idea of a matrix times a vector outlined in Example 4.1.1. The result is a third ma-
trix of the same size. The first column of the matrix product AB is the product of the 
matrix A with the first column of B considered as a vector, and so on. To illustrate this, 
consider the product KM- 1>2, where M- 1>2 is defined by equation (4.36).

 KM-1>2
= J 27 -3

-3 3
R C 1

3
0

0 1

S = D (27)a1

3
b + (-3)(0) (27)(0) + (-3)(1)

(-3)a1

3
b + 3(0) (-3)(1) + (3)(1)

T
 = J 9 -3

-1 3
R
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Multiplying this by M- 1>2 yields

 M-1>2KM-1>2
= C 1

3
0

0 1

S J 9 -3

-1 3
R

 = C a1

3
b  (9) + (0)(-1) a1

3
b(-3) + (0)(3)

(0)(9) + (1)(-1) (0)(-3) + (1)(3)

S = J 3 -1

-1 3
R

Note that (M- 1>2KM- 1>2)T
= M- 1>2KM- 1>2, so that K

∙
 is symmetric.

It is tempting to relate equation (4.11) to the algebraic eigenvalue problem by 
simply multiplying equation (4.17) by M-1 to get λu = M-1 Ku. However, as the fol-
lowing computation indicates, this does not yield a symmetric eigenvalue problem. 
Computing the product yields

M-1K = C 1

9
0

0 1

S J 27 -3

-3 3
R = C 3 -

1

3

-3 3

S ∙ C 3 -3

-
1

3
3

S = KM-1

so that this matrix product is not symmetric. The use of M-1K also becomes computa-
tionally more expensive, as discussed in Section 4.9.

n

Alternately, the Cholesky factorization may be used as described in Window 4.2.
The symmetric eigenvalue problem has several advantages. A summary of prop-

erties of the symmetric eigenvalue problem is given in Window 4. 1. For example, it can 
readily be shown that the solutions of equation (4.41) are real numbers. Furthermore, it 
can be shown that the eigenvectors satisfying equation (4.41) are orthogonal and never 
zero just like the unit vectors ( in, jn , kn, en1, en2, en3) used in the vector analysis of forces 
(regardless of whether or not the eigenvalues are repeated). Two vectors v1 and v2 are 
defined to be orthogonal if their dot product is zero, that is, if

 v1
Tv2 = 0 (4.42)

(Ortho comes from a Greek word meaning straight.) The eigenvectors satisfying (4.41) 
are of arbitrary length just like the vectors u1 and u2 of Section 4.1. Following the anal-
ogy of unit vectors from statics (introductory mechanics), the eigenvectors can be nor-
malized so that their length is 1. The norm of a vector is denoted by 7x 7  and defined by

 7x 7 = 2xTx = can
i = 1

(xi
2) d 1>2 (4.43)

A set of vectors that satisfies both (4.42) and 7x 7 = 1 are called orthonormal. The 
unit vectors from a Cartesian coordinate system form an orthonormal set of vectors 
(recall that in # in = 1, in # jn = 0, etc.). A summary of vector inner products is given in 
Appendix C. 
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To normalize the vector u1 = [1>3 1]T, or any vector for that matter, an 
unknown scalar α is sought such that the scaled vector αu1 has unit norm, that is, 
such that

(αu1)
T(αu1) = 1

Writing this expression for u1 = [1>3 1]T  yields

α2(1>9 + 1) = 1

or α = 3>110. Thus the new vector αu1 = [1>110 3>110]T is the normalized 
version of the vector u1. Remember that the eigenvalue problem determines only 
the direction of the eigenvector, leaving its magnitude arbitrary. The process of 
normalization is just a systematic way to scale each eigenvector or mode shape. In 
general, any vector x can be normalized simply by calculating

 
12xTx

 x (4.44)

Equation (4.44) can be used to normalize any nonzero real vector of any length. 
Note again that since x here is an eigenvector, it cannot be zero so that dividing by 
the scalar xTx is always possible.

Window 4.2
Symmetric Eigenvalue Problem by Cholesky Factorization

The Cholesky factorization of the mass matrix is M = LLT for any symmetric M, 
even if it is not necessarily diagonal. Consider the substitution x(t) = (LT)–1z(t) 
into equation (4.11) and multiply by L–1. This yields

L-1(LLT)(LT)-1z
$
(t) + L-1K(LT)-1z(t) = 0

The action of taking the transpose and taking the inverse are interchangeable. 
This, combined with the rule that (AB)T

= BTAT, yields that the first coeffi-
cient is the identity matrix:

L-1(LLT)(LT)-1
= (L-1L)(LT)(LT)-1

= (I)(I) = I

The coefficient of z is symmetric and used as an alternate definition of the mass-
normalized stiffness matrix. To see that it is symmetric, calculate its transpose:

K
∙T

= [L-1K(LT)-1]T
= [(LT)-1]T(L-1K)T

= L-1KT(L-1)T
= K

∙

since K = KT. Combining all three equations and substitution of z = eλt 
yields the symmetric eigenvalue problem K

∙
v = λv. Using L rather the M1>2 

to form the mass-normalized stiffness matrix has numerical advantages which 
come into play for larger problems.
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The normalizing of the eigenvectors to remove the arbitrary choice of one ele-
ment in the vector is the systematic method mentioned at the end of Example 4.1.6. 
Normalizing is an alternative to choosing one element of the vector to have the value 1, 
as was done in Example 4.1.6.

The following example illustrates the eigenvalue problem, the process of nor-
malizing vectors, and the concept of orthogonal vectors.

Example 4.2.3

Solve the eigenvalue problem for the two-degree-of-freedom system of Example 4.2.2 
where

K
∙

= J 3 -1

-1 3
R

Normalize the eigenvectors, check if they are orthogonal, and compare them to the 
mode shapes of Example 4.1.6.

Solution  The eigenvalue problem is to calculate the eigenvalues λ and eigenvectors v 
that satisfy equation (4.41). Rewriting equation (4.41) yields

(K
∙

- λI)v = 0

or

 J3 - λ -1

-1 3 - λ
Rv = 0 (4.45)

where v must be nonzero. Hence the matrix coefficient must be singular and therefore 
its determinant must be zero.

detJ3 - λ -1

-1 3 - λ
R = λ2

- 6λ + 8 = 0

This last expression is the characteristic equation and has the two roots

λ1 = 2 and λ1 = 4

which are the eigenvalues of the matrix K
∙

. Note that these are also the squares of the 
natural frequencies, ωi

2, as calculated in Example 4.1.5.
The eigenvector associated with λ1 is calculated from equation (4.41) with 

λ =  λ1 = 2 and v1 = [v11 v21]
T: 

(K
∙

- λ1I)v1 = 0 = J3 - 2 -1

-1 3 - 2
R Jv11

v21

R = J0

0
R

This results in the two dependent scalar equations

v11 - v21 = 0  and  -v11 + v21 = 0

Hence 11 = 21, which defines the direction of the vector v1.



Sec. 4.2    Eigenvalues and natural Frequencies 325

To fix a value for the elements of v1, the normalization condition of equation 
(4.44) is used to force v1 to have a magnitude of 1. This results in (setting 11 = 21)

1 = 7v1 7 = 2v21
2

+ v21
2

= 12v21

Solving for 21 yields

v21 =
112

so that the normalized vector v1 becomes

v1 =
112

 J1

1
R

Similarly, substitution of λ2 = 4 into (4.41), solving for the elements of v2, and normal-
izing the result yields

v2 =
112

 J 1

-1
R

Now note that the product v1
Tv2 yields

v1
Tv2 =

112
 

112
 [1 1] J 1

-1
R =

1

2
 (1 - 1) = 0

so that the set of vectors v1 and v2 are orthogonal as well as normal. Hence the two vec-
tors v1 and v2 form an orthonormal set as described in Window 4.3.

Next, consider the mode-shape vectors computed in Example 4.1.6 directly from 
equations (4.22) and (4.23): u1 = [1>3 1]T and u2 = [-1>3 1]T. The following cal-
culation shows that these vectors are not orthogonal:

u1
Tu2 = J1

3
1R C -

1

3

1

S = -
1

9
+ 1 =

8

9
∙ 0

Next, normalize u1 and u2 using equation (4.44) to get

un 1 =
12u1

Tu1

 u1 =
1

A1

9
+ 1

 C 1

3

1

S = J0.31623

0.94868
R

where the “hat” is used to denote a unit vector, a notation that is usually dropped in 
favor of renaming the normalized version u1 as well. Following a similar calculation, the 
normalized version of u2 becomes u2 = [-0.31623 0.948681]T. Note that the normal-
ized versions of u1 and u2 are not orthogonal either. Only the eigenvectors computed 
from the symmetric matrix K

∙
 are orthogonal. However, the vectors ui computed in 
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Example 4.1.6 can be normalized and made orthogonal with respect to the mass matrix 
M, as discussed later. The mode shapes ui and eigenvectors vi are related by the square 
root of the mass matrix as discussed next.

n

The previous example showed how to calculate the eigenvalues and eigen-
vectors of the symmetric eigenvalue problem related to the vibration problem. In 
comparing this to the mode shape and natural frequency calculation made earlier, 
the eigenvalues are exactly the squares of the natural frequencies. However, there 
is some difference between the mode shapes of Example 4.1.6 and the eigenvec-
tors of the previous example. This difference is captured by the fact that the mode 
shapes as calculated in Example 4.1.6 are not orthogonal, but the eigenvectors are 
orthogonal. The property of orthogonality is extremely important in developing 
modal analysis (Section 4.3) because it allows the equations of motion to uncouple, 
reducing the analysis to that of solving several single-degree-of-freedom systems 
defined by scalar equations.

The eigenvectors and the mode shapes are related through equation (4.37) by

u1 = M-1>2v1 and v1 = M1>2u1

To see this, note that

M1>2u1 = J3 0

0 1
R  C 1

3

1

S = J1

1
R = v1

using the values from the examples. Thus the mode shapes and eigenvectors are 
related by a simple matrix transformation, M1>2. The important point to remember 
from this series of examples is that the eigenvalues are the squares of the natural 
frequencies and that the mode shapes are related to the eigenvectors by a factor of 
the mass matrix.

As indicated in Example 4.2.3, the eigenvectors of a symmetric matrix are 
orthogonal and can always be calculated to be normal. Such vectors are called 
orthonormal, as summarized in Window 4.3. This fact can be used to decouple the 
equations of motion of any order undamped system by making a new matrix P out 
of the normalized eigenvectors, such that each vector forms a column. Thus the 
matrix P is defined by

 p = [v1 v2 v3 cvn] (4.46)

where n is the number of degrees of freedom in the system (n =  2 for the examples 
of this section). Note the matrix P has the unique property that PTP = I, which fol-
lows directly from considering the matrix product definition that the ijth element 
of PTP is the product of the ith row of PT with the jth column of P. Matrices that 
satisfy the equation PTP = I are called orthogonal matrices.
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Example 4.2.4

Write out the matrix P for the system of Example 4.2.3 and calculate PTP.

Solution  Using the values for the orthonormal vectors v1 and v2 from Example 4.2.3 
yields

P = [v1 v2] =
112
 J1 1

1 -1
R

so that PTP becomes

 PTP = a 112
ba 112

b J1 1

1 -1
R J1 1

1 -1
R

 =
1

2
J1 + 1 1 - 1

1 - 1 1 + 1
R = J1 0

0 1
R = I

n

Another interesting and useful matrix calculation is to consider the product of 
the three matrices PTK

∙
P. It can be shown (see Appendix C) that this product results 

Two vectors x1 and x2 are normal if

x1
Tx1 = 1 and x2

Tx2 = 1

and orthogonal if x1
Tx2 = 0. If x1 and x2 are normal and orthogonal, they are 

said to be orthonormal. This is abbreviated

xi
Txj = δij i = 1, 2, j = 1, 2

where δij is the Kronecker delta, defined by

δij = e0 if i ∙ j

1 if i = j
f

If a set of n vectors 5x6n

i = 1 is orthonormal, it is denoted by

xi
Txj = δij  i, j = 1, 2, . . . n

Be careful not to confuse δij, the Kronecker delta used here, with δ = ln[x(t)>
x(t + T)], the logarithmic decrement of Section 1.6, or with δ(t – tj), the Dirac 
delta or impulse function of Section 3.1, or with the static deflection δs of 
Section 5.2.

Window 4.3
Summary of Orthonormal Vectors
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in a diagonal matrix. Furthermore, the diagonal entries are the eigenvalues of the ma-
trix K

∙
 and the squares of the system’s natural frequencies. This is denoted by

 Λ = diag(λi) = PT K
∙

P (4.47)

and is called the spectral matrix of K
∙

. The following example illustrates this calculation.

Example 4.2.5

Calculate the matrix PT K
∙

P for the two-degree-of-freedom system of Example 4.2.2.

 PT K
∙

P =
112

 J1 1

1 -1
R J 3 -1

-1 3
R  

112
 J1 1

1 -1
R

 =
1

2
 J1 1

1 -1
R J2 4

2 -4
R

 =
1

2
 c 4 0

0 8
d = c 2 0

0 4
d = Λ

Note that the diagonal elements of the spectral matrix Λ are the natural frequen-
cies ω1 and ω2 squared. That is, from Example 4.2.3, ω1

2
= 2 and ω2

2
= 4, so that 

Λ = diag(ω1
2     ω2

2) = diag(2 4). 
n

Examining the solution of Example 4.2.5 and comparing it to the natural fre-
quencies of Example 4.1.3 suggests that in general

 Λ = diag(λi) = diag(ωi
2) (4.48)

This expression connects the eigenvalues with the natural frequencies (i.e., λi = ωi
2). 

The following example illustrates the matrix methods for vibration analysis presented 
in this section and provides a summary.

Example 4.2.6

Consider the system of Figure 4.4. Write the dynamic equations in matrix form, calcu-
late K

∙
, its eigenvalues and eigenvectors, and hence determine the natural frequencies 

of the system (use m1 = 1 kg, m2 = 4 kg, k1 = k3 = 10 N>m, and k2 = 2 N>m). Also 
calculate the matrices P and Λ, and show that equation (4.47) is satisfied and that 
PTP = I. 

k1

x1

k2 k3

x2

m2m1

Figure 4.4  A two-degree-of-
freedom model of a structure 
fixed at both ends.
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Solution  Using free-body diagrams of each of the two masses yields the following 
equations of motion:

m1x
$

1 + (k1 + k2)x1 - k2x2 = 0

 m2x
$

2 - k2x1 + (k2 + k3)x2 = 0 (4.49)

In matrix form this becomes

 Jm1 0

0 m2

Rx
$
(t) + Jk1 + k2 -k2

-k2 k2 + k3

Rx(t) = 0 (4.50)

Using the numerical values for the physical parameters mi and ki yields that

M = J1 0

0 4
R  K = J 12 -2

-2 12
R

The matrix M- 1>2 becomes

M-1>2
= C1 0

0
1

2

S
so that

K
∙

= M-1>2(KM-1>2) = C1 0

0
1

2

S J 12 -1

-2 6
R = J 12 -1

-1 3
R

Note that K
∙

 is symmetric (i.e., K
∙T

= K
∙

), as expected. The eigenvalues of K
∙

 are calcu-
lated from

det(K
∙

- λI) = detJ12 - λ -1

-1 3 - λ
R = λ2

- 15λ + 35 = 0

This quadratic equation has the solution

λ =
15

2
{

1

2
 185

so that

λ1 = 2.8902  λ2 = 12.1098

Thus ω1 = 1λ1 = 1.7 and ω2 = 1λ2 = 3.48 rad>s. 
The eigenvectors are calculated from (for λ1)J12 - 2.8902 -1

-1 3 - 2.8902
R Jv11

v21

R = J0

0
R
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so that the vector v1 = [v11 21]T satisfies

9.1098v11 = v21

Normalizing the vector v1 yields

1 = 7v1 7 = 2v11
2

+ v21
2

= 2v11
2

+ (9.1098)2 
v11

2

so that

v11 =
121 + (9.1098)2

= 0.1091

and

v21 = 9.1098v11 = 0.9940

Thus the normalized eigenvector v1 = [0.1091 0.9940]T.
Similarly, the vector v2 corresponding to the eigenvalue λ2 in normalized form 

becomes v2 = [–0.9940 0.1091]T. Note that v1
Tv2 = 0 and 2v1

Tv1 = 1. The matrix of 
eigenvectors P becomes

P = [v1 v2] = J0.1091 -0.9940

0.9940 0.1091
R

Thus the matrix Λ becomes

Λ = PT K
∙

P = J 0.1091 0.9940

-0.9940 0.1091
R J 12 -1

-1 3
R J0.1091 -0.9940

0.9940 0.1091
R = J2.8402 0

0 12.1098
R

This shows that the matrix P transforms the mass-normalized stiffness matrix into a 
diagonal matrix of the squares of the natural frequencies. Furthermore,

PTP = J 0.1091 0.9940

-0.9940 0.1091
R J0.1091 -0.9940

0.9940 0.1091
R = J1 0

0 1
R = I

as it should.
n

The computations made in the previous example can all be performed easily 
in most programmable calculators as well as in the mathematics software packages 
used in Sections 1.9, 2.8, and 3.9, in the Toolbox, and as illustrated in Section 4.9. It 
is good to work a few of the calculations for frequencies and eigenvectors by hand. 
However, larger problems require the accuracy of using a code.

An alternative approach to normalizing mode shapes is often used. This 
method is based on equation (4.17). Each vector ui corresponding to each 
natural frequency ωi is normalized with respect to the mass matrix M by scaling 
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the  mode-shape vector, which satisfies equation (4.17) such that the vector 
wi = αiui satisfies

 (αiui)
TM(αiui) = 1 (4.51)

or

αi
2ui

T Mui = wi
TMwi = 1

This yields the special choice of αi = 1>2ui
TMui. 

The vector wi is said to be mass normalized. Multiplying equation (4.17) by 
the scalar αi yields (for i = 1 and 2)

 -ωi
2Mwi + Kwi = 0 (4.52)

Multiplying this by wi
T yields the two scalar relations (for i = 1 and 2)

 ωi
2

= wi
TKwi  i = 1, 2 (4.53)

where the mass normalization wi
TMwi = 1 of equation (4.51) was used to evaluate 

the left side.
Next, consider the vector vi = M1>2ui, where vi is normalized so that vi

Tvi = 1. 
Then by substitution

 vi
Tvi = (M1>2ui)

T M1>2ui

 = ui
T M1>2 M1>2ui

 = ui
T Mui = 1

so that the vector ui is mass normalized. In this last argument, the property of the 
transpose is used [i.e., (M1>2u)T

=  uT(M1>2)T] and the fact that M1>2 is symmetric, 
so that (M1>2)T

= M1>2.
As vibration problems become more complex, more degrees of freedom are 

needed to model the system’s behavior. Thus the mass and stiffness matrices in-
troduced in Section 4.1 become large and the analysis becomes more complicated, 
even though the basic principle of eigenvalues>frequencies and eigenvectors>mode 
shapes remains the same. Increased understanding of the vibration problem can be 
obtained by borrowing from the theory of matrices and computational linear alge-
bra. There are three different methods of casting the undamped-vibration problem 
in terms of the matrix theory. They are

(i) ω2Mu = Ku  (ii) ω2u = M-1Ku  (iii) ω2v = M-1>2KM-1>2v
Each of these methods results in identical natural frequencies and mode shapes to 
within numerical precision. Each of these three eigenvalue problems is related by a 
simple matrix transformation. The following summarizes their differences.

 (i) The Generalized Symmetric Eigenvalue Problem This is the simplest method to 
compute by hand. However, when using a code, u must be further normalized 
with respect to the mass matrix to obtain an orthonormal set. In addition, the 
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matrix transformation from (i) to (iii) must be used to prove that the resulting 
ωi are real and to prove the existence of orthogonal mode shapes. This is the 
second most expensive computational algorithm, requiring 7n3 floating-point 
operations per second (flops) where n is the number of degrees of freedom.

 (ii) The Asymmetric Eigenvalue Problem When using a code, u must be further 
normalized with respect to the mass matrix to obtain an orthonormal set. This 
is the most expensive computational algorithm, requiring 15n3 flops.

 (iii) The Symmetric Eigenvalue Problem Because symmetry is preserved, this, 
or its Cholesky equivalent, is the best method to use for larger systems or 
when using a code. The resulting eigenvectors vi form an orthonormal set. 
Algorithms require only n3 flops, including transforming to the symmetric 
form and transforming the result to physical mode shapes (computed by a 
simple matrix multiplication).

The question remains: Which approach should be used? The symmetric form 
(iii) is used here because computational algorithms produce orthonormal eigen-
vectors without additional calculation and because the algorithm for (iii) is less 
computationally intensive. In addition, the analytical properties of the symmetric 
eigenvalue problem can be used directly. For two-degree-of-freedom systems, com-
putation should be done by hand, and the most straightforward hand calculation 
is to proceed with the generalized eigenvalue problem λMu = Ku, as analyzed in 
Section 4.1. For problems with more than two degrees of freedom, a code should be 
used to avoid numerical mistakes and ensure accuracy. In these practical cases, the 
most efficient approach is to use the symmetric eigenvalue problem (iii) presented 
in this section.

The symmetric eigenvalue problem for the mass-normalized stiffness matrix (K
∙

) 
provides the transformation (P) that diagonalizes K

∙
 and uncouples the equations of 

motion. This process of transforming K
∙

 into a diagonal form is called modal analysis 
and forms the topic of the next section.

4.3 MODAL ANALYSIS

The matrix of eigenvectors P calculated in Section 4.2 can be used to decouple the 
equations of vibration into two separate equations. The two separate equations 
are then second-order-single-degree-of-freedom equations that can be solved and 
analyzed using the methods of Chapters 1 through 3. The matrices P and M- 1>2 can 
be used again to transform the solution back to the original coordinate system. The 
matrices P and M- 1>2 can also be called transformations, which is appropriate in this 
case because they are used to transform the vibration problem between different 
coordinate systems. This procedure is called modal analysis, because the transfor-
mation S = M- 1>2P, often called the modal matrix, is related to the mode shapes of 
the vibrating system.
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Consider the matrix form of the equation of vibration

 Mx
$
(t) + Kx(t) = 0 (4.54)

subject to the initial conditions

x(0) = x0  x
#
(0) = x

#
0

Here x0 = [x1(0) x2(0)]T is the vector of initial displacements, and 
x
#
0 = [x

#
1(0) x

#
2(0)]T is the vector of initial velocities. As outlined in Section 4.2, 

substitution of x = M - 1>2q(t) into equation (4.54) and multiplying from the left 
by M - 1>2 yields

 Iq
$
(t) + K

∙
q(t) = 0 (4.55)

where x
$

= M-1>2q$, since the matrix M is constant, and where K
∙

= M-1>2KM-1>2, 
as before. The transformation M- 1>2 simply transforms the problem from the co-
ordinate system defined by x = [x1(t) x2(t)]T to a new coordinate system, q =  
[q1(t) q2(t)]T, defined by

 q(t) = M1>2x(t) (4.56)

Next, define a second coordinate system r(t) = [r1(t) r2(t)]T by

 q(t) = Pr(t) (4.57)

where P is the matrix composed of the orthonormal eigenvectors of K
∙

 as defined in 
equation (4.46). Substitution of the vector q = Pr(t) into equation (4.55) and multi-
plying from the left by the matrix PT yields

 PT Pr
$
(t) + PT K

∙
Pr(t) = 0 (4.58)

Using the result PTP = I and equation (4.47), this can be reduced to

 I r
$
(t) + Λr(t) = 0 (4.59)

Equation (4.59) can be written out by performing the indicated matrix calculations as

 J1 0

0 1
R Jr

$
1(t)

r
$
2(t)

R + Jω1
2 0

0 ω2
2 R Jr1(t)

r2(t)
R = J0

0
R   (4.60)

 Jr
$
1(t) + ω1

2r1(t)

r
$
2(t) + ω2

2r2(t)
R = J0

0
R   (4.61)

The equality of the two vectors in this last expression implies the two decoupled 
equations

 r
$

1(t) + ω1
2r1(t) = 0 (4.62)

and

 r
$

2(t) + ω2
2r2(t) = 0 (4.63)
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These two equations are subject to initial conditions which must also be transformed 
into the new coordinate system r(t) from the original coordinate system x(t). Following 
the preceding two transformations applied to the initial displacement yields

 r0 = Jr10

r20

R = PTq(0) = PTM1>2x0 (4.64)

where q(t) = Pr(t) was multiplied by PT to get r(t) = PTq(t), since PTP = I. 
Likewise the initial velocity in the decoupled coordinate system, r(t), becomes

 r
#
0 = Jr

#
10

r
#
20

R = PTq
#
(0) = PT M1>2x# 0 (4.65)

Equations (4.62) and (4.63) are called the modal equations, and the coordinate 
system r(t) = [r1(t) r2(t)]T is called the modal coordinate system. Equations (4.62) 
and (4.63) are said to be decoupled because each depends only on a single coor-
dinate. Hence each equation can be solved independently by using the method of 
Sections 1.1 and 1.2 (see Window 4.4). Denoting the initial conditions individually 
by r10, r

#
10, r20, and r

#
20 and using equation (1.10), the solution of each of the modal 

equations (4.62) and (4.63) is simply

 r1(t) =
2ω1

2r 10
2

+ r
#

10
2

ω1
 sin aω1t + tan-1 

ω1r10

r
#
10

 b  (4.66)

 r2(t) =
2ω2

2r 20
2

+ r
#

20
2

ω2
 sin aω2t + tan-1 

ω2r20

r
#
20

 b  (4.67)

provided ω1 and ω2 are nonzero.

Window 4.4
Review of the Solution to a Single-Degree-of-Freedom Undamped System 

from Section 1.1 and Window 1.2

The solution to mx
$

+ kx = 0 or x
$

+ ωn
2x = 0 subject to x(0) = x0 and 

x
#
(0) = v0 is

 x(t) = Cx0
2

+
v0

2

ωn
2
 sin aωnt + tan-1 

ωnx0

v0
b  (1.10)

where ωn = 1k>m ∙ 0. 
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Once the modal solutions (4.66) and (4.67) are known, the transformations M1>2 
and P can be used on the vector r(t) = [r1(t) r2(t)]T to recover the solution x(t) 
in the physical coordinates x1(t) and x2(t). To obtain the vector x from the vector r, 
substitute equations (4.56) into q(t) = Pr(t) to get

 x(t) = M-1>2q(t) = M-1>2Pr(t) (4.68)

The matrix product M- 1>2P is again a matrix, which is denoted by

 S = M-1>2P (4.69)

and is the same size as M and P (2 * 2). The matrix S is called the matrix of mode 

shapes, each column of which is a mode-shape vector. This procedure, referred to 
as modal analysis, provides a means of calculating the solution to a two-degree-of-
freedom vibration problem by performing a number of matrix calculations. The use-
fulness of this approach is that these matrix computations can easily be automated in 
a computer code (even on some calculators). In addition, the modal-analysis proce-
dure is easily extended to systems with an arbitrary number of degrees of freedom, 
as developed in the next section. Figure 4.5 illustrates the coordinate transformation 
used in modal analysis. The following summarizes the procedure of modal analysis 
using the matrix transformation S. This is followed by an example that re-solves 
Example 4.1.6 using modal methods.

Figure 4.5 summarizes how computing the matrix of mode shapes S transforms the 
vibration problem from a coupled set of equations of motion into a set of single-degree-
of-freedom problems. Effectively, the matrix S transforms multiple-degree-of- freedom 
problems that are complicated to solve into single-degree-of-freedom problems that are 
easy to solve (from Chapter 1). Furthermore, the single-degree-of-freedom problems 

k1

x1

m1

�2
2

r2

1

�2
1

r1

1

k2

x2

m2

Physical coordinates
(coupled)

Modal coordinates
(uncoupled)

where

r � S�1x
x � Sr

S � M�1/2P

Figure 4.5  Schematic illustration of decoupling equations of motion using modal 
analysis and the matrix of mode shapes S.
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obtained by the modal transformation S all have unit mass and each has a stiffness cor-
responding to one of the system’s natural frequencies squared. Not only is the modal 
description given on the right side of Figure 4.5 easy to solve, but it forms the basis of 
most vibration tests, called modal testing, as discussed in Chapter 7. The idea of modal 
analysis is one of the foundations of vibration analysis (the others being the concepts 
of natural frequency and resonance), and as such the properties of the matrix S are 
extremely important.

Taking the transpose of equation (4.69) yields

 ST
= (M1>2P)T

= PTM-1>2 (4.70)

since (AB)T
= BTAT (see Appendix C). In addition, the inverse of a matrix prod-

uct is given by (AB)-1
= B-1A-1 (see Appendix C), so that

 S-1
= (M1>2P)-1

= P-1M1>2 (4.71)

However, the matrix P has as its inverse PT since PTP = I. Thus equation (4.71) 
yields that the inverse of the matrix of mode shapes is

 S-1
= PTM1>2 (4.72)

These matrix results are useful for solving equation (4.54) by modal analysis.
The modal analysis of equation (4.54) starts with the substitution of x(t) =

Sr(t) into equation (4.54). Multiplying the result by ST yields

 STMS r
$
(t) + STKSr(t) = 0 (4.73)

Expanding the matrix S in equation (4.73) into its factors as given by equation 
(4.69) yields

 PTM-1>2MM-1>2Pr
$
(t) + PTM-1>2KM-1>2Pr(t) = 0 (4.74)

or

 PTPr
$
(t) + PT K

∙
Pr(t) = 0 (4.75)

Using the properties of the matrix P, this becomes

 r
$
(t) + Λr(t) = 0 (4.76)

which represents the two decoupled equations (4.62) and (4.63). Recall that these 
are called the modal equations, r(t) is called the modal coordinate system, and the 
diagonal matrix Λ contains the squares of the natural frequencies.

The initial conditions for r(t) are calculated by solving for r(t) in equation (4.68). 
Multiplying equation (4.68) by S-1 yields r(t) = S-1x(t), which becomes, after using 
equation (4.72),

 r(t) = PTM1>2x(t) = S-1x(t) (4.77)

The initial conditions on r(t) are thus

 r(0) = PTM1>2x0 and r
#
(0) = PTM1>2x# 0 (4.78)
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as derived in equations (4.64) and (4.65). With the initial conditions transformed 
into modal coordinates by equations (4.78), the modal equations given by equation 
(4.76) yield the solution vector in modal coordinates r(t). In order to obtain the so-
lution in the original physical coordinate system, x(t), the transformation S is again 
used. Multiplying r(t) = S-1x(t) by S to get

 x(t) = Sr(t) = M-1>2Pr(t) (4.79)

yields the solution in physical coordinates. Equation (4.79) effectively takes the 
solution from the right side of Figure 4.5 back to the left side. The basic idea 
is that the matrix S-1 takes the problem from the physical coordinates, where 
the equations of motion are coupled and hard to solve, to modal coordinates, 
where the equations are uncoupled and easy to solve. Then the modal matrix S 
takes the solution back to the physical coordinates corresponding to the original 
problem. These steps are summarized in Window 4.5 and illustrated in the fol-
lowing examples.

 1. Calculate M- 1>2.

 2. Calculate K
∙

= M-1>2KM-1>2, the mass-normalized stiffness matrix.

 3. Calculate the symmetric eigenvalue problem for K
∙

 to get ωi
2 and vi.

 4. Normalize vi and form the matrix P =  [v1 v2].

 5. Calculate S = M- 1>2P and S-1
= PTM1>2.

 6. Calculate the modal initial conditions: r(0) = S-1x0, r
#
(0) = S-1x

#
0. 

 7. Substitute the components of r(0) and r
#
(0) into equations (4.66) and 

(4.67) to get the solution in modal coordinate r(t).

 8. Multiply r(t) by S to get the solution x(t) = Sr(t).

Note that S is the matrix of mode shapes and P is the matrix of eigenvectors.

Window 4.5
Steps in Solving Equation (4.54) by Modal Analysis

Example 4.3.1

Calculate the solution of the two-degree-of-freedom system given by

M = J9 0

0 1
R K = J 27 -3

-3 3
R x(0) = J1

0
R x

#
(0) = 0

using modal analysis. Compare the result to that obtained in Example 4.1.6 for the 
same system and initial conditions.



338 Multiple-Degree-of-Freedom Systems     Chap. 4

Solution  From Examples 4.1.5, 4.2.2, 4.2.4, and 4.2.5 the following have been calculated

 M-1>2
= C 1

3
0

0 1

S  K
∙

= J 3 -1

-1 3
R

 P =
112

 J1 1

1 -1
R  Λ = diag (2, 4)

which provides the information required in the first three steps of Window 4.5. The 
next step is to calculate the matrix S and its inverse.

 S = M-1>2P =
112

 C 1

3
0

0 1

S  J1 1

1 -1
R =

112
 C 1

3

1

3

1 -1

S
 S-1

= PT M1>2
=

112
 J1 1

1 -1
R  J3 0

0 1
R =

112
 J3 1

3 -1
R

The reader should verify that SS-1
= I, as a check. In addition, note that STMS = I. 

The modal initial conditions are calculated from equations (4.78):

 r(0) = S-1x0 =
112

 J3 1

3 -1
R J1

0
R = D 312

312

T
 r
#
(0) = S-1x

#
0 = S-10 = 0

so that r1(0) = r2(0) = 3>12 and r
#
1(0) = r

#
2(0) = 0. Equations (4.66) and (4.67) yield 

that the modal solutions are

 r1(t) =
312

 sin a12t +
π

2
b =

312
 cos 12t

 r2(t) =
312

 sin a2t +
π

2
b =

312
 cos 2t

The solution in the physical coordinate system x(t) is calculated from

x(t) = Sr(t) =
112

 C 1

3

1

3

1 -1

S  D 312
 cos 12t

312
 cos 2t

T = J(0.5)(cos 12t + cos 2t)

(1.5)(cos 12t - cos 2t)
R

This is, of course, identical to the solution obtained in Example 4.1.7 and plotted in 
Figure 4.3.

n
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Example 4.3.2

Calculate the response of the systemJ1 0

0 4
Rx

$
(t) + J 12 -2

-2 12
Rx(t) = 0

of Example 4.2.6, illustrated in Figure 4.4, to the initial displacement x(0) = [1 1]T 
and x

#
(0) = 0 using modal analysis.

Solution  Again following the steps illustrated in Window 4.5, the matrices M- 1>2 and 
K
∙

 become

M-1>2
= C1 0

0
1

2

S K
∙

= J 12 -1

-1 3
R

Solving the symmetric eigenvalue problem for K
∙

 (this time using a computer and com-
mercial code as outlined in Section 4.9) yields

P = J -0.1091 -0.9940

-0.9940 0.1091
R Λ = diag (2.8902, 12.1098)

Here the arithmetic is held to eight decimal places, but only four are shown. The ma-
trices S and S-1 become

S = J -0.1091 -0.4970

-0.9940 0.0546
R S -1

= J -0.1091 -0.9940

-1.9881 0.2182
R

As a check, note that

PT K
∙

P = J2.8902 0

0 12.1098
R PTP = I

The modal initial conditions become

 r(0) = S-1x0 = J -0.1091 -0.9940

-0.9881 0.2182
R  J1

1
R = J -2.0972

-0.7758
R

 r
#
(0) = S-1x0 = 0

Using these values of r1(0), r2(0), r
#
1(0), and r

#
2(0) in equations (4.66) and (4.67) yields 

the modal solutions

r1(t) = -2.0972 cos (1.7001t)

r2(t) = -0.7758 cos (3.4799t)

Using the transformation x = Sr(t) yields that the solution in physical coordinates is

x(t) = J0.2288 cos (1.7001t) + 0.7712 cos (3.4799t)

1.0424 cos (1.7001t) - 0.0424 cos (3.4799t)
R
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Note that x(t) satisfies the initial conditions, as it should. A plot of the responses is given 
in Figure 4.6.

1.5

0.0

x
2
(t)

�1.5
40 2 8 106

t

1.5

0.0

x
1
(t)

�1.5
40 2 8 106

t

Figure 4.6  Plot of the solutions given in Example 4.3.2.

The plot of x2(t) in the figure illustrates that the mass m2 is not much affected 
by the second frequency. This is because the particular initial condition does not cause 
the first mass to be excited very much in the second mode, i.e., at ω2 = 3.4799 rad>s 
[note the coefficient of cos (3.4799t) in the equation for x2(t)]. However, the plot of x1(t) 
clearly indicates the presence of both frequencies, because the initial condition strongly 
excites both modes (i.e., both frequencies) in this coordinate. The effects of changing 
the initial conditions on the response can be examined by using the program VTB4_2 in 
the Engineering Vibration Toolbox to solve Problem TB4.3 at the end of the chapter. 
Changing initial conditions is also discussed in Section 4.9.

n

This section introduces the computations of modal analysis for a two-degree-
of-freedom system. This entire approach is easily extended to any number of degrees 
of freedom, as discussed in the following section. Furthermore, the process of modal 
analysis is easily performed using any of the modern mathematical software pack-
ages, as discussed in Section 4.9, or as indicated in the Toolbox associated with this 
text. This section forms the foundation for the rest of this chapter and is applied to 
damped systems (in Section 4.5) and forced systems (in Section 4.6). The idea of 
modal analysis is used again in studying distributed systems (Chapter 6) and vibration 
testing (Chapter 7). All of this material depends on understanding the modal matrix 
S, how to compute it, and the physical interpretation of S given in Figure 4.5. 

4.4 MORE THAN TWO DEGREES OF FREEDOM

Many structures, machines, and mechanical devices require numerous coordinates 
to describe their vibrational motion. For instance, an automobile suspension was 
modeled in earlier chapters as a single degree of freedom. However, a car has 
four wheels; hence a more accurate model is to use four degrees of freedom or 
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coordinates. Since an automobile can roll, pitch, and yaw, it may be appropriate to 
use even more coordinates to describe the motion. Systems with any finite number 
of degrees of freedom can be analyzed by using the modal analysis procedure out-
lined in Window 4.5.

For each mass in the system and>or for each degree of freedom, there cor-
responds a coordinate, xi(t), describing its motion in one dimension; this gives rise 
to an n * 1 vector x(t), with n * n mass matrix M and stiffness matrix K satisfying

 Mx
$
(t) + Kx(t) = 0 (4.80)

The form of equation (4.80) also holds if each mass is allowed to rotate or move in 
the y, z, or pitch and yaw directions. In this situation, the vector x could reflect up to 
six coordinates for each mass, and the mass and stiffness matrices would be modi-
fied to reflect the additional inertia and stiffness quantities. Figure 4.7 illustrates the 
possibilities of coordinates for a simple element. However, for the sake of simplicity 
of explanation, the initial discussion is confined to mass elements that are free to 
move in only one direction.

As a generic example, consider the n masses connected by n springs in Figure 4.8. 
Summing the forces on each of the n masses yields n equations of the form

 mix
$

i + ki(xi - xi- 1) - ki+ 1(xi + 1 - xi) = 0 i = 1, 2 c, n (4.81)

where mi denotes the ith mass and ki the ith spring coefficient. In matrix form these 
equations take the form of equation (4.80) where

 M = diag(m1, m2, c, mn) (4.82)

x1

x2

�
3 

� x6

x
3

�
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� x5

�
1 

� x4

Figure 4.7  A single mass element illustrating 
all the possible degrees of freedom. The six 
degrees of freedom of the rigid body consist 
of three rotational and three translational 
motions. If the predominant forward motion 
of the body is in the x2 direction, such as in an 
airplane, then θ2 is called roll, θ3 is called yaw, 
and θ1 is called pitch.
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xn�1
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Figure 4.8  An example of an n-degree-of-freedom system.
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and

 K = Ek1 + k2 -k2 0 0 . . . 0

-k2 k2 + k3 -k3 f
0 -k3 k3 + k4

f kn - 1 + kn -kn

0 . . . -kn kn

U  (4.83)

The n * 1 vector x(t) becomes

 x(t) = D x1(t)

x2(t)

f
xn(t)

T  (4.84)

The notation of Window 4.5 can be directly used to solve n-degree-of-freedom 
problems. Each of the steps is exactly the same; however, the matrix computa-
tions are all n * n and the resulting modal equation becomes the n decoupled 
equations

 r
$

1(t) + ω1
2r1(t) = 0 

 r
$

2(t) + ω2
2r2(t) = 0 

 f 
(4.85)

 r
$

n(t) + ωn
2rn(t) = 0 

There are now n natural frequencies, ωi, which correspond to the eigenvalues of the 
n * n matrix M- 1>2KM- 1>2.

The n eigenvalues are determined from the characteristic equation given by

 det (λI - K
∙) = 0 (4.86)

which gives rise to an nth-order polynomial in λ. The determinant of an n * n ma-
trix A is given by

 det A = a
n

s = 1

aps ∙Aps ∙   (4.87)

for any fixed value of p between 1 and n. Here aps is the element of the matrix A at 
the intersection of the pth row and sth column, and ∙Aps ∙  is the determinant of the 
submatrix formed from A by striking out the pth row and sth column, multiplied by 
(-1)p{ s. The following example illustrates the use of equation (4.87).
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Example 4.4.1

Expand equation (4.87) for p =  1 to calculate the following determinant:

 det A = det C1 3 -2

0 1 1

2 5 3

S
 = 1[(1)(3) - (1)(5)] - 3[(0)(3) - (2)(1)] - 2[(0)(5) - (1)(2)] = 8

n

Once the ωi
2 are determined from equation (4.86), the normalized eigenvectors 

are obtained following the methods suggested in Example 4.2.3. The key differences 
between using the modal approach described by Window 4.5 for multiple-degree-
of-freedom systems and for a two-degree-of-freedom system is in the computation 
of the characteristic equation, its solution to get ωi

2, and solving for the normalized 
eigenvectors. With the exception of calculating the matrix P and Λ, the rest of the 
procedure is simple matrix multiplication. The following example illustrates the pro-
cedure for a three-degree-of-freedom system.

Example 4.4.2

Calculate the solution of the n-degree-of-freedom system of Figure 4.8 for n = 3 by 
modal analysis. Use the values m1 = m2 = m3 = 4 kg and k1 = k2 = k3 = 4 N>m, and 
the initial condition x1(0) = 1 m with all other initial displacements and velocities zero.

Solution  The mass and stiffness matrices for n =  3 for the values given become

M = 4I  K = C 8 -4 0

-4 8 -4

0 -4 4

S
Following the steps suggested in Window 4.5 yields

 1. M-1>2
=

1

2
 I 

 2. K
∙

= M-1>2KM-1>2
=

1

4
 C 8 -4 0

-4 8 -4

0 -4 4

S = C 2 -1 0

-1 2 -1

0 -1 1

S  

 3.  det(λI - K
∙) = det ° Cλ - 2 1 0

1 λ - 2 1

0 1 λ - 1

S ¢  

 = (λ - 2) det aJλ - 2 1

1 λ - 1
R b  

       - (1) det aJ1 1

0 λ - 1
R b + (0) det aJ1 λ - 2

0 1
R b  
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 = (λ - 2)[(λ - 2)(λ - 1) - 1] - 1[(λ - 1) - 0]  

 = (λ - 1)(λ - 2)2
- (λ - 2) - λ + 1  

 = λ3
- 5λ2

+ 6λ - 1 = 0  

The roots of this cubic equation are

λ1 = 0.1981  λ2 = 1.5550  λ3 = 3.2470 

Thus the system’s natural frequencies are

ω1 = 0.4450  ω2 = 1.2470  ω3 = 1.8019 

To calculate the first eigenvector, substitute λ1 = 0.1981 into (K
∙

- λI)v1 = 0 
and solve for the vector v1 = [ 11 12 13]T. This yieldsC2 - 0.1981 -1 0

-1 2 - 0.1981 -1

0 -1 1 - 0.1981

S Cv11

v21

v31

S = C0

0

0

S  

 Multiplying out this last expression yields three equations, only two of which are 
independent:

(1.8019)v11 - v21 = 0  

-v11 + (1.8019)v21 - v31 = 0  

-v21 + (0.8019)v31 = 0  

Solving the first and third equations yields

v11 = 0.4450v31 and v21 = 0.8019v31 

The second equation is dependent and does not yield any new information. 
Substituting these values into the vector v1 yields

v1 = v31C0.4450

0.8019

1

S  

 4. Normalizing the vector yields

v1
Tv1 = v31

2 3(0.4450)2
+ (0.8019)2

+ 124 = 1 

Solving for 31 and substituting back into the expression for v1 yields the normal-
ized version of the eigenvector v1 as

v1 = C0.3280

0.5910

0.7370

S  

Similarly, v2 and v3 can be calculated and normalized to be

v2 = C -0.7370

-0.3280

0.5910

S  v3 = C -0.5910

0.7370

-0.3280

S  
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The matrix P is then

P = C0.3280 -0.7370 -0.5910

0.5910 -0.3280 0.7370

0.7370 0.5910 -0.3280

S  

(The reader should verify that PTP = I and PT K
∙

P = Λ.)

 5. The matrix S = M-1>2P =
1

2
 IP or

S = C0.1640 -0.3685 -0.2955

0.2955 -0.1640 0.3685

0.3685 0.2955 -0.1640

S  

and

S-1
= PTM1>2

= 2PTI = C 0.6560 1.1820 1.4740

-1.4740 -0.6560 1.1820

-1.1820 1.4740 -0.6560

S  

(Again the reader should verify that S-1S = I.)

 6. The initial conditions in modal coordinates become

r
#
(0) = S-1x

#
0 = S-10 = 0 

and

r(0) = S-1x0 = C 0.6560 1.1820 1.4740

-1.4740 -0.6560 1.1820

-1.1820 1.4740 -0.6560

S  C1

0

0

S = C 0.6560

-1.4740

-1.1820

S  

 7. The modal solutions of equation (4.85) are each of the form given by equation (4.67) 
and can now be determined as

 r1(t) = (0.6560) sin a0.4450t +
π

2
b = 0.6560 cos (0.4450t)  

 r2(t) = (-1.4740) sin a1.247t +
π

2
b = -1.4740 cos (1.2470t)  

 r3(t) = (-1.1820) sin a1.8019t +
π

2
b = -1.1820 cos(1.8019t) 

 8. The solution in physical coordinates is next calculated from

 x = Sr(t) = C0.1640 -0.3685 -0.2955

0.2955 -0.1640 0.3685

0.3685 0.2955 -0.1640

S  C 0.6560 cos (0.4450t)

-1.4740 cos (1.2470t)

-1.1820 cos (1.8019t)

S  
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x2(t)

x3(t)

S = C0.1075 cos (0.4450t) + 0.5443 cos (1.2470t) + 0.3492 cos (1.8019t)

0.1938 cos (0.4450t) + 0.2417 cos (1.2470t) - 0.4355 cos (1.8019t)

0.2417 cos (0.4450t) - 0.4355 cos (1.2470t) + 0.1935 cos (1.8019t)

S  

The calculations in this example are a bit tedious. Fortunately, they are easily made using 
software as done in Section 4.9 and in the Engineering Vibration Toolbox. In fact, com-
puting the frequencies, the matrix of eigenvectors P, and subsequently the mode-shape 
matrix S starting with the determinant is not the recommended way to proceed. Rather, 
the symmetric algebraic eigenvalue problem should be solved directly, and this is best 
done using the software methods covered in Section 4.9. The solution in this example is 
plotted and compared to a numerical simulation in Section 4.10.

n

Mode Summation Method

Another approach to modal analysis is to use the mode summation or expansion 

method. This procedure is based on a fact from linear algebra—that the eigenvec-
tors of a real symmetric matrix form a complete set (see Window 4.1; i.e., that any 
n-dimensional vector can be represented as a linear combination of the eigenvec-
tors of an n * n symmetric matrix). Recall the symmetric statement of the vibra-
tion problem:

 I q
$
(t) + K

∙
q(t) = 0 (4.88)

Let vi denote the n eigenvectors of the matrix K
∙

, and let λi ∙ 0 denote the cor-
responding eigenvalues. According to the argument preceding equation (4.41), a 
solution of (4.88) is

 qi(t) = vi e
{1λi jt (4.89)

since λi = ωi
2. This represents two solutions that can be added together following 

the argument used for equation (1.18) to yield

 qi(t) = (ai e
-1λi jt + bie

1λi jt)vi (4.90)

or, using Euler’s formula,

 qi(t) = disin (ωi t + ϕi)vi (4.91)

where di and ϕi are constants to be determined by initial conditions. Since the set 
of vectors vi, i =  1, 2, c, n are eigenvectors of a symmetric matrix, a linear com-
bination can be used to represent any n * 1 vector, and in particular, the solution 
vector q(t). Hence

 q(t) = a
n

i = 1

di sin (ωit + ϕi)vi (4.92)
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The constants di and ϕi can be evaluated from the initial conditions

 q(0) = a
n

i = 1

di sin ϕivi (4.93)

and

 q
#
(0) = a

n

i = 1

ωidi cos ϕivi (4.94)

Multiplying equation (4.93) by vj
T and using the orthogonality (see Window 4.3) of 

the vector vi (i.e., vj
Tvi = 0 for all values of the summation index i =  1, 2, c, n 

except for i = j) yields

 vj
Tq(0) = dj sin ϕj (4.95)

for each value of j =  1, 2, c, n. Similarly, multiplying equation (4.94) by vj
T yields

 vj
Tq

#
(0) = ωjdj cos ϕj (4.96)

for each j =  1, 2, c, n. Combining equations (4.95) and (4.96) and renaming the 
index yields

 ϕi = tan-1 
ωivi

Tq(0)

vi
Tq

#
(0)
  i = 1, 2, cn (4.97)

and (if ϕi ∙ 0)

 di =
vi

Tq(0)

sin ϕi

  i = 1, 2, cn (4.98)

Equations (4.92), (4.97), and (4.98) represent the solution in modal summation 
form. Equation (4.92) is sometimes called the expansion theorem and is equivalent 
to writing a function as a Fourier series. The constants di are sometimes referred to 
as expansion coefficients.

Note as an immediate consequence of equation (4.97) that if the system has zero 
initial velocity, q

#
= 0, each coordinate has a phase shift of 90°. The initial conditions 

in the coordinate system q(t) can also be chosen such that di =  0 for all i =  2, c, n. 
In this case the summation in equation (4.92) reduces to the single term

 q(t) = d1 sin (ω1t + ϕ1)v1 (4.99)

This states that each coordinate qi(t) oscillates with the same frequency and phase. 
To obtain the solution in physical coordinates, recall that x = M- 1>2q so that

 x(t) = d1 sin (ω1t + ϕ1)M-1>2v1 (4.100)
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The product of a matrix and a vector is another vector. Defining u1 = M- 1>2v1, 
equation (4.100) becomes

 x(t) = d1 sin (ω1t + ϕ1)u1 (4.101)

This states that if the system is given a set of initial conditions such that d2 =  
d3 = c = dn = 0, then (4.101) is that total solution and each mass oscillates at 
the first natural frequency (ω1). Furthermore, the vector u1 specifies the relative 
magnitudes of oscillation of each mass with respect to the rest position. Hence u1 
is called the first mode shape. Note that the first mode shape is related to the first 
eigenvector of K

∙
 by

 u1 = M-1>2v1 (4.102)

This argument can be repeated for each of the indices i so that u2 = M- 1>2v2, 
u3 = M- 1>2v3, etc., which become the second, third, etc., mode shapes. The series 
solution

 x(t) = a
n

i = 1

di sin (ωit + ϕi)ui (4.103)

illustrates how each mode shape contributes to forming the total response of the 
system.

The constants of integration di represent a scaling of how each mode par-
ticipates in the total response. The larger di is, the more the ith mode affects the 
response. Hence the di are called modal participation factors.

The initial condition required to excite a system into a single mode can be 
determined from equation (4.98). Because of the mutual orthogonality of the eigen-
vectors, if q(0) is chosen to be one of the eigenvectors, vj, then each di is zero except 
for the index i = j. Hence to excite the structure in, say, the second mode, choose 
q(0) = v2 and q

#
(0) = 0. Then the solution for equation (4.92) becomes

 q(t) = d2 sin aω2t +
π

2
bv2 (4.104)

and each coordinate of q oscillates with frequency ω2. To transform q(0) = v2 into 
physical coordinates, note that x = M- 1>2q, so that x(0) = M- 1>2q(0) = M- 1>2
v2 = u2. Hence exciting the system by imposing an initial displacement equal to the 
second mode shape results in each mass oscillating at the second natural frequency. 
The modal summation method is illustrated in the next example.

Example 4.4.3

Consider a simple model of the horizontal vibration of a four-story building as illus-
trated in Figure 4.9, subject to a wind that gives the building an initial displacement of 
x(0) = [0.001 0.010 0.020 0.025]T and zero initial velocity.
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Figure 4.9  (a) A simple model of the horizontal vibration of a four-story building. 
Here each floor is modeled as a lumped mass, and the walls are modeled as 
providing horizontal stiffness. (b) The restoring forces acting on each mass (floor).

Solution  In modeling buildings, it is known that most of the mass is in the floor of 
each section and that the walls can be treated as massless columns providing lateral 
stiffness. From Figure 4.9 the equations of motion of each floor are

m1x
$

1 + (k1 + k2)x1 - k2x2 = 0 

m2x
$

2 - k2x1 + (k2 + k3)x2 - k3x3 = 0 

m3x
$

3 - k3x2 + (k3 + k4)x3 - k4x4 = 0 

m4x
$

4 - k4x3 + k4x4 = 0 

In matrix form, these four equations can be written asDm1 0 0 0

0 m2 0 0

0 0 m3 0

0 0 0 m4

T  x
$

+ Dk1 + k2 -k2 0 0

-k2 k2 + k3 -k3 0

0 -k3 k3 + k4 -k4

0 0 -k4 k4

T  x = 0

Some reasonable values for a building are m1 = m2 = m3 = m4 = 4000 kg and  
k1 =  k2 = k3 = k4 = 5000 N>m. In this case, the numerical values of M and K become

M = 4000I  K = D 10,000 -5000 0 0

-5000 10,000 -5000 0

0 -5000 10,000 -5000

0 0 -5000 5000

T
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To simplify the calculations, each matrix is divided by 1000. Since the equation of motion 
is homogeneous, this corresponds to dividing both sides of the matrix equation by 1000 
so that the equality is preserved. The initial conditions are

x(0) = D0.001

0.010

0.020

0.025

T  x
#

= D0

0

0

0

T
The matrices M- 1>2 and K

∙
 become

M-1>2
=

1

2
 I  K

∙
= D  2.5 -1.25 0 0

-1.25  2.5 -1.25 0

0 -1.25  2.5 -1.25

0 0 -1.25   1.25

T
The matrix M1>2 and the initial condition on q(t) become

M1>2
= 2I  q(0) = M1>2x(0) = D0.002

0.020

0.040

0.050

T  q
#
(0) = M1>20 = 0

Using an eigenvalue solver (see Section 4.9 for details or use the files discussed at the 
end of this chapter and contained in the Toolbox), the eigenvalue problem for K

∙
 yields

λ1 = 0.1508  λ2 = 1.2500  λ3 = 2.9341  λ4 = 4.4151

v1 = D0.2280

0.4285

0.5774

0.6565

T  v2 = D   0.5774

  0.5774

  0.0

-0.5774

T  v3 = D 0.6565

-0.2280

-0.5774

0.4285

T  v4 = D -0.4285

0.6565

-0.5774

0.2280

T
Converting this into natural frequencies and mode shapes (ωi = 1λi and ui = M- 1>2vi) 
yields ω1 = 0.3883, ω2 = 1.1180, ω3 = 1.7129, ω4 = 2.1012, and

u1 = D0.1140

0.2143

0.2887

0.3283

T  u2 = D   0.2887

  0.2887

  0.0

-0.2887

T  u3 = D 0.3283

-0.1140

-0.2887

0.2143

T  u4 = D -0.2143

0.3283

-0.2887

0.1140

T
Since q

#
(0) = 0, equation (4.96) yields that each of the phase shifts is ϕi = π>2 and 

equation (4.98) becomes

di =
vi

Tq(0)

sin (π>2)
= vi

Tq(0)



Sec. 4.4    More than two Degrees of Freedom 351

Substituting vi
T and q(0) into the expansion above yields the following values for the 

modal participation factors:

d1 = 0.065  d2 = -0.016  d3 = -4.9 * 10-3  d4 = 5.8 * 10-4

The solution given by equation (4.103) then becomes (in meters)

 x(t) = D0.007

0.014

0.019

0.021

T  cos (0.3883t) + D -4.67 * 10-3

-4.67 * 10-3

0

4.67 * 10-3

T  cos (1.1180t)

 + D -1.61 * 10-3

5.60 * 10-4

1.42 * 10-3

-1.05 * 10-3

T  cos (1.7129t) + D -1.24 * 10-4

1.91 * 10-4

-1.68 * 10-4

6.62 * 10-5

T  cos (2.101t)

The mode shapes u1, u2, u3, and u4 are plotted in Figure 4.10. Note that the modal par-
ticipation factor d4 is much smaller than the others. Thus oscillation at 2.102 rad>s will 
not be too evident. The response of x3 will be dominated almost completely by the first 
natural frequency.
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Figure 4.10  Plot of the four mode shapes 
associated with the solution for the system 
of Figure 4.9 (not to scale).

n

Nodes of a Mode

A node of a mode shape is simply the coordinate of a zero entry in the mode shape. 
For instance, the second mode shape in Example 4.4.3 has a zero value in the loca-
tion of coordinate x3(t). Thus the third coordinate is a node of the second mode. This 
means that if the system is excited by an initial condition to vibrate only at the sec-
ond natural frequency, the third coordinate will not move! Thus a node has a place 
of no motion for certain initial conditions. If a sensor were to be placed on the third 
mass, it would not be able to measure any vibration at the second natural frequency, 
because that mass does not have a response at ω2. Nodes also make excellent mount-
ing points for machines. Note the word node is also used in finite elements to mean 
something different (see Chapter 8).
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Rigid-Body Modes

It often happens that a vibrating system is also translating, or rotating, away 
from its equilibrium position in one coordinate while the other coordinates are 
vibrating about their equilibrium point. Such systems are said to be unrestrained 
and technically violate the stability conditions given in Section 1.8. An example 
is a train (see Problem 4.13), where the coupling between each car may be mod-
eled as a spring, the cars themselves as lumped masses. As the train rolls down 
a track it is moving with rigid-body, unrestrained motion while the cars vibrate 
relative to each other. Figure 4.11 is an example of an unrestrained, two-degree-
of-freedom system.

x1

m1 m2 m1

m1g

m2

N1 N2

m2g

k

x2

k(x2 � x1)

Figure 4.11  An unrestrained, two-degree-of-freedom system illustrating both rigid-
body translation and vibration.

The existence of the unrestrained degree of freedom in the equations of mo-
tion changes the analysis slightly. First, the motion consists of a translation plus a 
vibration. Second, the stiffness matrix becomes singular and the eigenvalue problem 
results in a value of zero for one of the natural frequencies. The zero frequency 
renders equation (4.66) incorrect and requires the modal participation factors given 
by equations (4.95) and (4.96) to be altered. The following example illustrates how 
to compute the response for a system with unrestrained motion and how to correct 
these equations for a zero natural frequency.

Example 4.4.4

Compute the solution of the unrestrained system given in Figure 4.11 using both the 
eigenvector method and modal analysis. Let m1 = 1, m2 = 4, k =  4, x0 = [1 0]T, 
and v0 = 0. Assume that the units are consistent.

Solution  Summing forces in the horizontal direction on each of the free-body dia-
grams given in Figure 4.11 yields

 m1x
$

1 = k(x2 - x1)

 m2x
$

2 = -k(x2 - x1)
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Bringing all the forces to the left side and writing in matrix form yieldsJ1 0

0 4
R  Jx

$
1

x
$

2

R + 4 J 1 -1

-1 1
R  Jx1

x2

R = J0

0
R

Note that the determinant of the stiffness matrix K is zero, indicating that it is singular 
and hence has a zero eigenvalue (see Appendix C). Following the steps of Window 4.5 
and substituting the values for M and K yields the following:

 1. M-1>2
= J1 0

0  12
R  

 2. K
∙

= M - 1>2 KM - 1>2
= 4 J1 0

0  12
R  J 1 -1

-1 1
R  J1 0

0  12
R = J 4 -2

-2 1
R  

 3. Calculating the eigenvalue problem for 2 yields

det (K
∙

- λI) = det  aJ4 - λ -2

-2 1 - λ
R b = (λ2

- 5λ) = 0 

This has solutions λ1 = 0 and λ2 = 5, so that ω1 = 0 and ω2 = 15 =  
2.236  rad>s. Note the zero eigenvalue> frequency. However, the eigenvector 
for λ1 is not zero (eigenvectors are never zero) as the following calculation 
for the eigenvector for λ1 = 0 yieldsJ4 - 0 -2

-2 1 - 0
R  Jv11

v21

R = J0

0
R   or  4v11 - 2v21 = 0 

Thus 2 11 = 21, or v1 = [1 2]T. Repeating the procedure for λ2 yields v2 =

[2 -1]T.

 4. Normalizing both eigenvectors yields

v1 = J0.4472

0.8944
R  and v2 = J -0.8944

   0.4472
R  

Note that the eigenvector v1 associated with the eigenvalue λ1 = 0 is not zero. 
Combining these to form the matrix of eigenvectors yields

P = J0.4472 -0.8944

0.8944    0.4472
R  

As a check note that

PTP = I and PT K
∙

P = diag[0 5] 

 5. Calculating the matrix of mode shapes yields

 S = M-1>2P = J1 0

0  12
R  J0.4472 -0.8944

0.8944     0.4472
R = J0.4472 -0.8944

0.4472     0.2236
R  

 S-1
= PTM1>2

= J    0.4472 1.7889

-0.8944 0.8944
R  
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 6. Calculating the modal initial conditions yields

 r(0) = S-1x0 = J    0.4472 1.7889

-0.8944 0.8944
R  J1

0
R  

 = J    0.4472

-0.8944
R , r

#
(0) = S-1v0 = 0 

 7. Here is where the zero eigenvalue makes a difference as equations (4.66) and 
(4.67) only apply for the second natural frequency. The modal equation for the 
first mode becomes r

$
1 = 0, which has solution r1(t) = a + bt. Here a and b are 

the constants of integration to be determined from the modal initial conditions. 
Applying the modal initial conditions yields the two equations

 r1(0) = a = 0.4472 

 r
#
1(0) = b = 0.0  

Thus the first modal equation has solution

r1(t) = 0.4472 

a constant. The solution for the second mode follows directly from equations (4.66) 
and (4.67) as before and yields

r2(t) = -0.894 cos (15t) 

Thus the modal response vector is

r(t) = J 0.447

-0.894 cos (15t)
R  

 8. Transforming back into the physical coordinates yields the solution

 x(t) = Sr(t) = J0.4472 -0.8944

0.4472    0.2236
R  J 0.447

-0.894 cos (15t)
R  

 = J0.2 + 0.8 cos (15t)
0.2 - 0.2 cos (15t)

R  

Note that each of the two physical coordinates moves a constant distance 0.2 
units and then oscillates at the second natural frequency.

Next consider the effect of the zero frequency in using the mode summation 
method. In this case, equation (4.90) becomes

q1(t) = (a + bt)v1 

and equations (4.93) and (4.94) become

q(0) = (a + b0)v1 + a
n

i = 2

 di sin ϕivi and q
. #
(0) = bvi + a

n

i = 2

 ωidi cos ϕivi 

Following the same steps as before and using orthogonality yields

a = v1
Tq(0) and b = v1

Tq
#
(0) 
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which replace the modal constants of integration di and ϕi for the zero valued 
mode. Computing d2 and ϕ2 following equations (4.97) and (4.98), and combin-
ing the modes according to equation (4.103), again yields the solution

x(t) = au1 + d2 cos (15t)u2 = J0.2 + 0.8 cos (15t)
0.2 - 0.2 cos (15t)

R  

The solutions are plotted in Figure 4.12.

0

x2(t)

x1(t)

–1

1

2

t

4 6 8 10

Figure 4.12  Plots of the solution versus time (s) for Example 4.4.4 showing 
vibration superimposed over a rigid-body mode.

n

Note that in all the previous examples of more than two-degrees-of freedom, 
the stiffness matrix K is banded (i.e., the matrix has nonzero elements on the diago-
nal and one element above and below the diagonal, the other elements being zero). 
This is typical of structural models but is not necessarily the case for machine parts 
or other mechanical devices.

The concept of mode shapes presented in this section and illustrated in 
Example 4.4.3 is extremely important. The language of modes, mode shapes, and 
natural frequencies forms the basis for discussing vibration phenomena of com-
plex systems. The word mode generally refers to both the natural frequency and 
its corresponding mode shape. A mode shape is a mathematical description of a 
deflection. It forms a pattern that describes the shape of vibration if the system 
were to vibrate only at the corresponding natural frequency. It is neither tangible 
nor simple to observe; however, it provides a simple way to discuss and understand 
the vibration of complex objects. Its physical significance lies in the fact that every 
vibrational response of a system consists of some combinations of mode shapes. 
An entire industry has been formed around the concept of modes.
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4.5 SYSTEMS WITH VISCOUS DAMPING

Viscous energy dissipation can be introduced to the modal analysis solution suggested 
previously in two ways. Again, as in modeling single-degree-of-freedom systems, 
viscous damping is introduced more as a mathematical convenience rather than a 
physical truth. However, viscous damping provides an excellent model in many physi-
cal situations and represents a significant improvement over the undamped model. 
The simplest method of modeling damping is to use modal damping. Modal damping 
places an energy dissipation term of the form

 2ζiωir
#
i(t) (4.105)

in equations (4.85). Here r
#
i(t) denotes the velocity of the ith modal coordinate, ωi is 

the ith natural frequency, and ζi is the ith modal damping ratio. The modal damping 
ratios, ζi, are assigned by “experience” or measurement (see Chapter 7) to be some 
number between 0 and 1, or by making measurements of the response and estimat-
ing ζi. Usually, ζi is small unless the structure contains viscoelastic material or a hy-
draulic damper is present. Common values are 0 … ζ 6 0.05 (see Section 5.6). An 
automobile shock absorber, which uses fluid, may yield values as high as ζ = 0.5.

Once the modal damping ratios are assigned, equations (4.85) become

 r
$

i(t) + 2ζiωir
#
i(t) + ωi

2ri(t) = 0  i = 1, 2, c, n (4.106)

which have solutions of the form (0 6 ζi 6 1)

 ri(t) = Aie
-ζiωit sin (ωdit + ϕi)  i = 1, 2, c, n (4.107)

where Ai and ϕi are constants to be determined by the initial conditions and 

ωdi = ωi21 - ζi
2 as given in Window 4.6. Once this modal solution is established, 

Window 4.6
Review of a Damped Single-Degree-of-Freedom System

The solution of mx
$

+ cx
#

+ kx = 0, x(0) = x0, x
#
(0) = x

#
0, or x

$
+ 2ζωnx

#
+ ωn

2x = 0 
is (for the underdamped case 0 6 ζ 6 1)

x(t) = Ae-ζωnt sin  (ωdt + θ)

where ωn = 1k>m, ζ = c>(2m ωn), ωd = ωn21 - ζ2, and

A = c (x
#
0 + ζωnx0)

2
+ (x0ωd)2

ωd
2

d 1>2  θ = tan-1 
x0ωd

x
#
0 + ζωnx0

from equations (1.36), (1.37), and (1.38). 
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the modal analysis method of solution suggested in Window 4.5 is used to transform 
the response into the physical coordinate system.

The only difference is that equation (4.107) replaces step 7 where (ωi ∙ 0)

  Ai = c (r
#
i0 + ζiωiri0)

2
+ (ri0ωdi)

2

ωdi
2

d 1>2 (4.108)

  ϕi = tan-1 
ri0ωdi

r
#
i0 + ζiωiri0

 (4.109)

Here ri0 and r
#
i0 are the ith elements of r(0) and r

#
(0), respectively. Equations (4.108) 

and (4.109) are derived directly from equation (1.38) for a single-degree-of-freedom 
system of the same form as equation (4.107). These equations are correct only if each 
modal damping ratio is underdamped and no rigid-body modes are present. If a zero 
frequency exists, then the method of Example 4.4.4 must be used. The following ex-
ample illustrates the solution technique for a system with assumed modal damping.

Example 4.5.1

Consider again the system of Example 4.3.1, which has equation of motionJ9 0

1 0
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0, x(0) = J1

0
R , x

#
(t) = 0

and calculate the solution of the same system if modal damping of the form ζ1 = 0.05 
and ζ2 = 0.1 is assumed.

Solution  From Example 4.3.1, ω1 = 12 and ω2 = 2. Since ωdi = ωi21 - ζi
2 for un-

derdamped systems, then the damped natural frequencies become

ωd1 = 12[1 - (0.05)2]1/2
= 1.4124 and ωd2 = 2[1 - (0.1)2]1>2

= 1.9900.

The modal initial conditions calculated in Example 4.3.1 are r10 = r20 = 3>12 and 
r
#
10 = r

#
20 = 0. Substitution of these values into equations (4.108) and (4.109) yields

A1 = 2.1240  ϕ1 = 1.52 rad  (87.13°)

A2 = 2.1340  ϕ2 = 1.47 rad  (84.26°)

Note that compared to the constant Ai and ϕi in the magnitude and phase of the un-
damped system, only a small change occurs in the amplitude. The phase, however, changes 
3° and 6°, respectively, because of the damping. The solution is then of the form

x(t) = Sr(t) =
112

 C 1

3

1

3

1 -1

S  J2.1240e-0.0706t sin (1.4124t + 1.52)

2.1320e-0.2t sin (1.9900t + 1.47)
R

or

x(t) = J0.5006e-0.0706t sin (1.4124t + 1.52) + 0.5025e-0.2t sin (1.9900t + 1.47)

1.5019e-0.0706t sin (1.4124t + 1.52) - 1.5076e-0.2t sin (1.9900t + 1.47)
R
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A plot of x1(t) versus t and x2(t) versus t is given in Figure 4.13.
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Figure 4.13  Plot of the damped response of the system of Example 4.5.1.

n

The modal damping ratio approach is also easily applicable to the mode summation 
method of Section 4.4. In this case, equation (4.91) is replaced by the damped version

 qi(t) = die
-ζiωit sin (ωdit + ϕi)vi (4.110)

The initial displacement condition calculation becomes

 qi(0) = di sin (ϕi)vi (4.111)

so that equation (4.95) still holds. However, the velocity becomes

 q
#

i(t) = di [ωdie
-ζiωit cos (ωdit + ϕi) - ζiωie

-ζiωit sin (ωit + ϕi)]vi (4.112)

or at t = 0,

 q
#

i(0) = di (ωdi cos ϕi - ζiωi sin ϕi)vi (4.113)

Multiplying equations (4.111) and (4.113) by vi
T from the left and solving for the 

constants ϕi and di yields

  ϕi = tan-1 
ωdivi

Tq(0)

vi
Tq

#
(0) + ζiωivi

Tq(0)
 

(4.114)

  di =
vi

Tq(0)

sin ϕi

 

Again, the values of ζi are assigned based on experience or on measurement; then 
the calculations of Section 4.4 are used with the initial conditions given by equa-
tions (4.114). The solution given by equation (4.103) is replaced by

 x(t) = a
n

i = 1

die
-ζiωit sin  (ωdit + ϕi)ui (4.115)

which yields the damped response.



Sec. 4.5    Systems with Viscous Damping 359

Example 4.5.2

Recall Example 4.4.3, and the model of building vibration defined by the equation of 
motion

4000Ix
$

(t) + D 10,000 -5000 0 0

-5000 10,000 -5000 0

0 -5000 10,000 -5000

0 0 -5000 5000

Tx(t) = 0

subject to a wind that gives the building an initial displacement of x(0) =  
[0.001 0.010 0.020 0.025]T and zero initial velocity, and assume that the damping 
in the building is measured to be about ζ = 0.01 in each mode.

Solution  Each of the steps of the solution to Example 4.4.3 is the same until the 
initial conditions are calculated. From equation (4.114) with q

#
(0) = M1>2x# (0) = 0, 

for each i,

ϕi = tan-1 
ωdi

ζiωi

= tan-1 
21 - ζi

2

ζi

For ζi = 0.01, this becomes

ϕi = 89.42°  i = 1, 2, 3, 4  (or 1.56 rad)

Since 1>sin(89.42°) = 1.00005, the expansion coefficients di are taken to be vi
Tq(0), 

as calculated in Example 4.4.3 because of the small damping. The natural frequencies 
are ω1 = 0.3883, ω2 = 1.1180, ω3 = 1.7129, and ω4 = 2.1012 rad>s. With a damp-
ing ratio of 0.01 assigned to each mode, the damped natural frequencies become 
(ωdi = ωi21 - ζi

2) nearly the same to the third decimal place as the natural frequen-
cies. The value of the exponent in the exponential decay terms become

-ζ1ω1 = -0.004, -ζ2ω2 = -0.011, -ζ3ω3 = -0.017, and -ζ4ω4 = -0.021

The mode shapes are unchanged, so the solution becomes

 x(t) = D0.007

0.014

0.019

0.021

T e-0.004t cos (0.388t + 1.56) + D -4.67 * 10-3

-4.67 * 10-3

0

4.67 * 10-3

T e-0.011t cos (1.118t + 1.56)

 + D -1.61 * 10-3

5.60 * 10-4

1.42 * 10-3

-1.05 * 10-3

T e-0.017t cos (1.713t + 1.56) + D -1.24 * 10-4

1.91 * 10-4

-1.68 * 10-4

6.62 * 10-5

T  e-0.021t cos (2.101t + 1.56)

Each coordinate of x(t) is plotted in Figure 4.14. Note that each plot shows the effects of 
multiple frequencies and is lightly damped. Window 4.7 summarizes this use of modal 
damping in the mode summation method.
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�

�

�

Figure 4.14  A plot of the damped response of the system of Example 4.5.2, which is the 
building of Example 4.4.3 with damping of ζ = 0.01 in each mode. The plot was made in 
Mathcad so that x1(t) is denoted by x(t)0, x2(t) is x(t)1, etc.

n

Damping can also be modeled directly. For instance, consider the system of 
Figure 4.15. The equations of motion of this system can be found from summing 
the forces on each mass, as before. This yields the following equations of motion in 
matrix form:

 Jm1 0

0 m2

Rx
$

+ Jc1 + c2 -c2

-c2 c2

Rx
#

+ Jk1 + k2 -k2

-k2 k2

Rx = 0 (4.116)

where x = [x1(t) x2(t)]T. Equation (4.116) yields an example of a damping matrix C, 
defined by

 C = Jc1 + c2 -c2

-c2 c2

R  (4.117)

Here c1 and c2 refer to the damping coefficients indicated in Figure 4.15. The damp-
ing matrix C is symmetric and, in a general n-degree-of-freedom system, will be an 
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n * n matrix. Thus a damped n-degree-of-freedom system is modeled by equations 
of the form

 Mx
$

+ Cx
#

+ Kx = 0 (4.118)

The difficulty with modeling damping in this fashion is that modal analysis cannot 
in general be used to solve equation (4.118) unless CM-1K = KM-1C holds. This 
is true because the damping provides additional coupling between the equations 
of motion that cannot always be decoupled by the modal transformation S (see 
Caughey and O’Kelly, 1965). Other methods can be used to solve equation (4.118), 
as discussed in Sections 4.9 and 4.10.

k1

c1

x1

m1

k2

c2

x2

m2

Figure 4.15  A two-degree-of-freedom 
system with viscous damping.

Window 4.7
Modal Damping in the Mode Summation Method

First transform the undamped equations of motion into the q coordinate sys-
tem and calculate ωi and vi. Choose the modal damping ratios and write

q(t) = a
n

i = 1

di e
-ζiωit sin (ωdit + ϕi)vi

where M-1>2KM-1>2vi = ωi
2vi, ωdi = ωi21 - ζi

2, di =
vi

Tq(0)

sin ϕi

 

and

ϕi = tan-1 
ωdivi

Tq(0)

vi
Tq

#
(0) + ζiωivi

Tq(0)

Recall the initial conditions are found from

q(0) = M1>2x(0)  and  q
#
(0) = M1>2x# (0)

Once q(t) is computed, transform back to the physical coordinate system by

x(t) = M-1>2q(t)
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Modal analysis can be used directly to solve equation (4.118) if the damping ma-
trix C can be written as a linear combination of the mass and stiffness matrix, that is, if

 C = αM + βK (4.119)

where α and β are constants. This form of damping is called proportional damping. 
Substitution of equation (4.119) into equation (4.118) yields

 Mx
$
(t) + (αM + βK)x

#
(t) + Kx(t) = 0 (4.120)

Substitution of x(t) = M- 1>2q(t) and multiplying by M- 1>2 yields

 q
$
(t) + (αI + βK

∙
)q

#
(t) + K

∙
q(t) = 0 (4.121)

Continuing to follow the steps of Window 4.5, substituting q(t) = Pr(t) and premul-
tiplying by PT where P is the matrix of eigenvectors of K

∙
, yields

 r
$
(t) + (αI + βΛ)r

#
(t) + Λr(t) = 0 (4.122)

This corresponds to the n decoupled modal equations

 r
$
i(t) + 2ζiωir

#
i(t) + ωi

2ri(t) = 0 (4.123)

where 2ζiωi = α + βωi
2 or

 ζi =
α

2ωi

+
βωi

2
  i = 1, 2, c, n (4.124)

Here α and β can be chosen to produce some measured (or desired, in the design 
case) values of the modal damping ratio ζi. On the other hand, if α and β are known, 
equation (4.124) determines the value of the modal damping ratios ζi. The solution 
of equation (4.123) for the underdamped case (0 6 ζi 6 1) is

 ri(t) = Aie
-ζiωit sin (ωdit + ϕi) (4.125)

where Ai and ϕi are determined by applying the initial conditions on r(t). The solu-
tion in physical coordinates is then calculated from x(t) = Sr(t), where S = M- 1>2
P as before. The most general case of proportional damping is if CM-1K = KM-1C 
holds. Note that if equation (4.119) holds, then CM-1K = KM-1C is satisfied.

4.6 MODAL ANALYSIS OF THE FORCED RESPONSE

The forced response of a multiple-degree-of-freedom system can also be calculated 
by use of modal analysis. For example, consider the building system of Figure 4.9 
with a force F4(t) applied to the fourth floor. For example, this force could be the 
result of an out-of-balance rotating machine on the fourth floor. The equation of 
motion takes the form

 Mx
$

+ Cx
#

+ Kx = BF(t) (4.126)
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where F(t) = [0 0 0 F4(t)]T and the matrix B is given by

B = D0 0 0 0

0 0 0 0

0 0 0 0

0 0 0 1

T
On the other hand, if the different forces are applied at each degree of freedom, B 
and F(t) would take on the form

 B = D1 0 0 0

0 1 0 0

0 0 1 0

0 0 0 1

T ,  F(t) = DF1(t)

F2(t)

F3(t)

F4(t)

T  (4.127)

Alternately, if only a single force is applied at one coordinate, the matrix B may be 
collapsed to the vector b and the applied force reduces to the scalar F(t). For ex-
ample, the single force F4(t) applied to the fourth coordinate may also be written in 
equation (4.126) as bF4(t), where b = [0 0 0 1]T.

The approach of modal analysis again follows Window 4.5 and uses transfor-
mations to reduce equation (4.126) to a set of n decoupled modal equations, which 
in this case will be inhomogeneous. Then the methods of Chapter 3 can be applied 
to solve for the individual forced response in the modal coordinate system. The 
modal solution is then transformed back into the physical coordinate system.

To this end, assume that the damping matrix C is proportional of the form given 
by equation (4.119). Following the procedure in Window 4.5, let x(t) = M- 1>2q(t) in 
equation (4.126) and multiply by M- 1>2. This yields

 Iq
$
(t) + C

∙
q
#
(t) + K

∙
q(t) = M-1>2BF(t) (4.128)

where C
∙

= M-1>2CM-1>2. Next, calculate the eigenvalue problem for K
∙

. Let q(t) =  
Pr(t), where P is the matrix of eigenvectors of K

∙
 and multiply by PT. This yields

 r
$
(t) + diag [2ζiωi]r

#
(t) + Λr(t) = PTM-1>2BF(t) (4.129)

where the matrix diag[2ζi ωi] follows from equation (4.123). The vector PTM- 1>2
BF(t) has elements fi(t) that will be linear combinations of the forces Fi applied to 
each mass. Hence the decoupled modal equations take the form

 r
$

i(t) + 2ζiωir
#
i(t) + ωi

2ri(t) = fi(t) (4.130)

Referring to Section 3.2, this has the solution (reviewed in Window 4.8 for the un-
derdamped case)

 ri(t) = die
-ζiωit sin (ωdit + ϕi) +

1

ωdi

 e-ζiωitL
t

0

fi(τ)eζiωiτ sin ωdi(t - τ) dτ (4.131)
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Window 4.8
Forced Response of an Underdamped System from Section 3.2

The response of an underdamped system

mx
$
(t) + cx

#
(t) + kx(t) = F(t)

(with zero initial conditions) is given by (for 0 6 ζ 6 1)

x(t) =
1

mωd

 e-ζωnt

L
t

0

F(τ)eζωnτ sin ωd(t - τ) dτ

where ωn = 1k>m, ζ = c>(2mωn), and ωd = ωn21 - ζ2. With nonzero ini-
tial conditions this becomes

x(t) = Ae-ζωnt sin (ωdt + ϕ) +
1

ωd

 e-ζωnt

L
t

0

f(τ)eζωnτ sin ωd(t - τ) dτ

where f = F>m and A and ϕ are constants determined by the initial conditions.

where di and ϕi must be determined by the modal initial conditions and ωdi =  

ωi21 - ζi
2 as before. Note that fi may represent a sum of forces if more than one 

force is applied to the system. In addition, if a force is applied to only one mass of 
the system, this force becomes applied to each of the modal equations (4.131) by 
the transformation S, as illustrated in the following example.

Example 4.6.1

Consider the simple two-degree-of-freedom system with a harmonic force applied to 
one mass as indicated in Figure 4.16.

For this example, let m1 = 9 kg, m2 = 1 kg, k1 = 24 N>m, and k2 = 3 N>m. Also 
assume that the damping is proportional with α = 0 and β = 0.1, so that c1 =  2.4 N # s>m 
and c2 = 0.3 N # s>m. Calculate the steady-state response.

k1

c1

x1

m1

k2

c2

x2

m2

F2(t) � 3 cos 2t

Figure 4.16  A damped two-degree-
of-freedom system for Example 4.6.1.
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Solution  The equations of motion in matrix form becomeJ9 0

0 1
Rx

$
+ J 2.7 -0.3

-0.3 0.3
Rx

#
+ J 27 -3

-3 3
Rx = J0 0

0 1
R  J 0

F2(t)
R

The matrices M1>2 and M- 1>2 become

M1>2
= J3 0

0 1
R  M-1>2

= C 1

3
0

0 1

S
so that

C
∙

= M-1>2CM-1>2
= J 0.3 -0.1

-0.1 0.3
R and K

∙
= J 3 -1

-1 3
R

The eigenvalue problem for K
∙

 yields

λ1 = 2 λ2 = 4 P = 0.7071 J1 -1

1 1
R

Hence the natural frequencies of the system are ω1 = 12 and ω2 = 2; the matrices 
PT C

∙
P and PT K

∙
P become

PT C
∙

P = J0.2 0

0 0.4
R and PT K

∙
P = J2 0

0 4
R

The vector f(t) = PTM- 1>2BF(t) becomes

f(t) = J    0.2357 0.7071

-0.2357 0.7071
R  J 0

F2(t)
R = 0.7071 JF2(t)

F2(t)
R

Hence the decoupled modal equations become

r
$

1 + 0.2r
#
1 + 2r1 = 0.7071(3) cos 2t = 2.1213 cos 2t

r
$

2 + 0.4r
#
2 + 4r2 = 0.7071(3) cos 2t = 2.1213 cos 2t

Comparing the coefficient of r
#
i in each case to 2ζiωi yields

 ζ1 =
0.2

212
= 0.0707

 ζ2 =
0.4

2(2)
= 0.1000

Thus the damped natural frequencies become

 ωd1 = ω121 - ζ1
2

= 1.4106 ≈ 1.41

 ωd2 = ω221 - ζ2
2

= 1.9899 ≈ 1.99
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Note that while the force F2 is applied only to mass m2, it becomes applied to both 
coordinates when transformed to modal coordinates. The modal equations for r1 and 
r2 can be solved by equation (4.131), or in this case of a simple harmonic excitation, the 
particular solution is given directly by equation (2.36) as

 r1p(t) =
2.12132(2 - 4)2

+ [2(0.0707)12(2)]2
 cos a2t - tan-1 

2(0.0707)12(2)222
- 22

b
 = (1.040) cos (2t + 0.1974) = 1.040 cos (2t - 2.9449)

Note that the argument of the arctangent function is negative (222
- 22

6 0) so that 
the fourth quadrant angle must be used (see Window 2.4), yielding 2.9449 radians. The 
second mode particular solution is

 r2p(t) =
2.12132(4 - 4)2
+ (2(0.1)(2)(2))2

 cos a2t - tan-1 
2(0.1)(2)(2)

22
- 22

b
 = 2.6516 cos a2t -

π

2
b = 2.6516 sin 2t

Here rip is used to denote the particular solution of the ith modal equation. Note that 
r2(t) is excited at its resonance frequency but has high damping, so that the larger but 
finite amplitude for r2p(t) is not unexpected. If the transient response is ignored [it dies 
out per equation (2.30)], the preceding solution yields the steady-state response. The 
solution in the physical coordinate system is

xss(t) = M-1>2Pr(t) = J0.2357 -0.2357

0.7071 0.7071
R  J1.040 cos (2t - 2.9442)

2.6516 sin 2t
R

so that in the steady state

 x1(t) = 0.2451 cos (2t - 2.9442) - 0.6249 sin 2t

 x2(t) = 0.7354 cos (2t - 2.9442) + 8749 sin 2t

Note that even though there is a fair amount of damping in the resonant mode, the 
coordinates each have a large component vibrating near the resonant frequency.

n

Resonance

The concept of resonance in multiple-degree-of-freedom systems is similar to that 
introduced in Section 2.2 for single-degree-of-freedom systems. It is based on the 
idea that a harmonic driving force is exciting the system at its natural frequency, 
causing an unbounded oscillation in the undamped case and a response with a 
maximum amplitude in the damped case. However, in multiple-degree-of-freedom 
systems, there are n natural frequencies, and the concept of resonance is compli-
cated by the effects of mode shapes. Basically, if a force is applied orthogonally to 
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the mode of the exciting frequency, the system will not resonate at any frequency, 
a fact that can be used in design. The following example illustrates resonance in a 
two-degree-of-freedom system.

Example 4.6.2

Consider the following system and determine if the driving frequency will cause the 
system to experience resonance.J4 0

0 9
Rx

$
+ J 30 -5

-5 5
Rx(t) = J1

0
R  sin (2.757t)

If so, which mode experiences resonance? Does this cause both degrees of freedom to 
experience resonance?

Solution  First, compute the mass-normalized stiffness matrix and then the eigenvalue 
problem for this system

K
∙

= M-1>2KM-1>2
= J 1

2 0

0 1
3

R  J 30 -5

-5 5
R  J 1

2 0

0 1
3

R = J 7.5 -0.833

-0.833 0.556
R

Solving the eigenvalue problem for this matrix yields λ1 = 0.456956 and λ2 = 7.5986 so 
that ω1 = 0.676 rad>s and ω2 = 2.757 rad>s. Note that the second frequency is within 
round off to the driving frequency so that this is a resonant system. Next, compute the 
modal equations. From equation (4.129), the modal force vector is computed from

PTM-1>2b = J0.118 0.993

0.993 -0.118
R J 1

2 0

0 1
3

R J1

0
R = J0.059

0.497
R

Thus the modal equations are

 r
$

1(t) + (0.676)2r1(t) = sin (2.57t)

 r
$

2(t) + (2.57)2r2(t) = sin (2.57t)

Thus the second mode is clearly in resonance. Note however that once transformed 
back to physical coordinates, each mass will be affected by both modes. That is, both 
x1(t) and x2(t) are a linear combination of r1(t) and r2(t). Thus each mass will experience 
resonance. This is because the transformation back to physical coordinates couples the 
modal solutions.

n

Forced Response via Mode Summation

First, compute the particular solution of the forced response. Consider

 Mx
$
(t) + Kx(t) = F(t) (4.132)

Here F(t) is a general force input. Let xp denote the particular solution computed for 
a given force input. Next, consider the free response using mode summation. First 
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consider the transformation of coordinates x(t) = M-1>2q(t) substituted into equa-
tion (4.132), and then premultiplying (4.132) by M-1>2 yields

 q
$
(t) + K

∙
q(t) = M-1>2F(t) (4.133)

where K
∙

= M-1>2KM-1>2 as before. From equation (4.92) the homogeneous solu-
tion in mode summation form is

 qH(t) = a
n

i = 1

di sin (ωit + ϕi)vi (4.134)

where vi are the eigenvectors of the symmetric matrix K
∙

. Rewriting this last expres-
sion in orthogonal form (i.e., sine plus cosine instead of magnitude and phase) and 
adding in the particular solution yields the total solution:

 q(t) = a
n

i = 1

3bi sin ωit + ci cos ωit4vi + qp(t) (4.135)

 homogeneous particular

Now it remains to find an expression for qp and to evaluate the constants of inte-
gration bi and ci in terms of the given initial conditions. From the coordinate trans-
formation x(t) = M-1>2q(t), qp is related to xp by qp(t) = M1>2xp(t). Thus equation 
(4.135) becomes

 q(t) = a
n

i = 1

(bi sin ωit + ci cos ωit)vi + M1>2xp(t) (4.136)

The initial conditions can now be used to compute the constants of integration. 
Setting t = 0 in equation (4.136) yields

 q(0) = q0 = a
n

i = 1

(bi sin ωi0 + ci cos ωi 0)vi + M1>2xp(0) (4.137)

Premultiplying this last expression by vi
T yields

 vi
Tq0 = ci + vi

TM1>2xp(0) (4.138)

Likewise, differentiating equation (4.136), setting t = 0, and multiplying by vi
T yields

 vi
Tq

#
0 = ωibi + vi

TM1>2x# p(0) (4.139)

Solving equations (4.138) and (4.139) for the constants of integration yields

  ci = vi
Tq0 - vi

TM1>2xp(0)  (4.140)

  bi =
1

ωi

 (vi
Tq

#
0 - vi

TM1>2x# p(0)) 

5 "
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Substitution of these values into equation (4.136) yields the expression for q(t). 
Premultiplying by M-1>2 then yields the displacement in physical coordinates:

 x(t) = a
n

i = 1

(bi sin  ωit + ci cos ωit)ui + xp(t) (4.141)

where the constants are given by equation (4.140), ui are the mode shapes, ωi are 
the natural frequencies, and xp is the particular solution.

4.7 LAGRANGE’S EQUATIONS

Lagrange’s equation was introduced in Section 1.4 as a follow-on to the energy 
method of deriving equations of motion. Equations (1.62) and (1.63) along with 
Example 1.4.7 introduced the method for single-degree-of-freedom systems. Just 
as in the single-degree-of-freedom case, the Lagrange formulation can be used to 
model multiple-degree-of-freedom systems as an alternative to using Newton’s law 
(summing forces and moments) for those cases where the free-body diagram is not 
as obvious. Recall that the Lagrange formulation requires identification of the en-
ergy in the system, rather than the identification of forces and moments acting on the 
system, and requires the use of generalized coordinates. A brief working account of 
the Lagrange formulation is given here. A more precise and detailed account is given 
in Meirovitch (1995), for instance.

The procedure begins by assigning a generalized coordinate to each moving part. 
The standard rectangular coordinate system is an example of a generalized coordinate, 
but any length, angle, or other coordinate that uniquely defines the position of the part 
at any time forms a generalized coordinate. It is usually desirable to choose coordi-
nates that are independent. It is customary to designate each coordinate by the letter 
q with a subscript so that a set of n generalized coordinates is written as q1, q2, c, qn. 
Note that we have run out of symbols and that the qi used here are different than the qi 
used to denote mass-normalized coordinates in previous sections.

An example of generalized coordinates is illustrated in Figure 4.17. In the fig-
ure, the location of the two masses can be described by the set of four coordinates 

m1

m2

(x
2
, y

2
)

(x
1
, y

1
)

�
1

�
2

l1

l2

x

y

Figure 4.17  An example of generalized 
coordinates for a double pendulum 
illustrating an example of constraints.



370 Multiple-Degree-of-Freedom Systems     Chap. 4

x1, y1, x2, and y2 or the two coordinates θ1 and θ2. The coordinates θ1 and θ2 are 
taken to be generalized coordinates because they are independent. The Cartesian 
coordinates (x1, x2, y1, y2) are not independent and hence would not make a desir-
able choice of generalized coordinates. Note that

 x1
2

+ y1
2

= l1
2  and  (x2 - x1)

2
+ (y2 - y1)

2
= l2

2 (4.142)

express the dependence of the Cartesian coordinates on each other. The relation-
ships in equation (4.142) are called equations of constraint.

A new configuration of the double pendulum of Figure 4.17 can be obtained 
by changing the generalized coordinates q1 = θ1 and q2 = θ2 by an amount δq1 
and δq2, respectively. Here δqi are referred to as virtual displacements, which 
are defined to be infinitesimal displacements that do not violate constraints and 
such that there is no significant change in the system’s geometry. The virtual 

work, denoted by δW, is the work done in causing the virtual displacement. The 
principle of virtual work states that if a system at rest (or at equilibrium) under 
the action of a set of forces is given a virtual displacement, the virtual work done 
by the forces is zero. The generalized force (or moment) at the ith coordinate, 
denoted by Qi, is related to the work done in changing qi by the amount δqi and 
is defined to be

 Qi =
δW

δqi

 (4.143)

The quantity Qi will be a moment if qi is a rotational coordinate and a force if it is a 
translational coordinate.

The Lagrange formulation follows from variational principles and states that 
the equations of motion of a vibrating system can be derived from

 
d

dt
 a 0T

0q
#
i

b -
0T

0qi

+
0U

0qi

= Qi  i = 1, 2, c, n (4.144)

where q
#
i = 0qi>0t is the generalized velocity, T is the kinetic energy of the sys-

tem, U is the potential energy of the system, and Qi represents all the noncon-
servative forces corresponding to qi. Here 0 >0qi denotes the partial derivative 
with respect to the coordinate qi. For conservative systems, Qi = 0 and equation 
(4.144) becomes

 
d

dt
 a 0T

0q
#
i

b -
0T

0qi

+
0U

0qi

= 0  i = 1, 2, c, n (4.145)

Equations (4.144) and (4.145) represent one equation for each generalized coordi-
nate. These expressions allow the equations of motion of complicated systems to 
be derived without using free-body diagrams and summing forces and moments. 
The Lagrange equation can be rewritten in a slightly simplified form by defining the 
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Lagrangian, L, to be L = (T – U), the difference between the kinetic and potential 
energies. Then if 0U>q# i = 0, the Lagrange equation becomes [this is equation (1.63)] 

 
d

dt
 a0L

0q
#
i

b -
0L

0qi

= 0  i = 1, 2, c, n (4.146)

The following examples illustrate the procedure.

Example 4.7.1

Derive the equations of motion of the system of Figure 4.18 using the Lagrange equation.

k1

m

k2

J

r

x(t)

M(t)

�(t)

Frictionless surface
Frictionless shaft

Figure 4.18  A vibration model of a simple machine part. The quantity M(t) 
denotes an applied moment. The disk rotates without translation.

Solution  The motion of this system can be described by the two coordinates x and θ, 
so a good choice of generalized coordinates is q1(t) = x(t) and q2(t) = θ(t). The kinetic 
energy becomes

T =
1

2
 mq

#
1
2

+
1

2
 Jq

#
2
2

The potential energy becomes

U =
1

2
 k1q1

2
+

1

2
 k2(rq2 - q1)

2

Here Q1 = 0 and Q2 = M(t). Using equation (4.145) yields, for i = 1,

d

dt
 (mq

#
1 + 0) - 0 + k1q1 + k2(rq2 - q1)(-1) = 0

or

 mq
$

1 + (k1 + k2)q1 - k2rq2 = 0 (4.147)

Similarly, for i = 2, equation (4.144) yields

 Jq
$

2 + k2r
2q2 - k2rq1 = M(t) (4.148)
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Combining equations (4.147) and (4.148) into matrix form yields

 Jm 0

0 J
Rx

$
(t) + Jk1 + k2 -rk2

-rk2 r 2k2

R  x(t) = J 0

M(t)
R  (4.149)

Here the vector x(t) is

 x(t) = Jq1(t)

q2(t)
R = Jx(t)

θ(t)
R  

n

Example 4.7.2

A machine part consists of three levers connected by lightweight linkages. A vibration 
model of this part is given in Figure 4.19. Use the Lagrange method to obtain the equa-
tion of vibration. Take the angles to be the generalized coordinates. Linearize the result 
and put it in matrix form.

�1

k1

m1

�2

k2

m2

�3
m3

Figure 4.19  A vibration model of 
three coupled levers. The lengths of the 
levers are l, and the springs are attached 
at α units from the pivot points.

Solution  The kinetic energy is

T =
1

2
 m1l

2θ
#

1
2

+
1

2
 m2l

2θ
#

2
2

+
1

2
 m3l

2θ
#

3
2

The potential energy becomes

 U = m1gl(1 - cos θ1) + m2gl(1 - cos θ2) + m3gl(1 - cos θ3)

 +
1

2
 k1(αθ2 - αθ1)

2
+

1

2
 k2(αθ3 - αθ2)

2

Applying the Lagrange equation for i = 1 yields

m1l
2θ
$

1 + m1gl sin θ1 - αk1(αθ2 - αθ1) = 0

For i = 2, the Lagrange equation yields

m2l
2θ
$

2 + m2gl sin θ2 + αk1(αθ2 - αθ1) - αk2(αθ3 - αθ2) = 0

and for i = 3, the Lagrange equation becomes

m3l
2θ
$

3 + m3gl  sin θ3 + αk2(αθ3 - αθ2) = 0
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These three equations can be linearized by assuming θ is small so that sin θ∼θ. Note 
that this linearization occurs after the equations have been derived. In matrix form 
this becomes

 Cm1l
2 0 0

0 m2l
2 0

0 0 m3l
2

S  x
$
(t)

 + Cm1gl + α2k1 -α2k1 0

-α2k1 m2gl + α2(k1 + k2) -α2k2

0 -α2k2 m3gl + α2k2

S  x(t) = 0

where x(t) = [q1 q2 q3]T
= [θ1 θ2 θ3]T is the generalized set of coordinates.

n

Example 4.7.3

Consider the wing vibration model of Figure 4.20. Using the vertical motion of the point 
of attachment of the springs, x(t), and the rotation of this point, θ(t), determine the equa-
tions of motion using Lagrange’s method. Use the small-angle approximation (recall the 
pendulum of Example 1.4.6) and write the equations in matrix form. Note that G denotes 
the center of mass and e denotes the distance between the point of rotation and the cen-
ter of mass. Ignore the gravitational force.

k1

k2

x(t)

(b)(a)

e

G

�(t)

Figure 4.20  An airplane in flight (a) presents a number of different vibration 
models, one of which is given in part (b). In (b) a vibration model of a wing in flight 
is sketched which accounts for bending and torsional motion by modeling the wing 
as attached to ground (the aircraft body in this case) through a linear spring k1 and 
a torsional spring k2.

Solution  Let m denote the mass of the wing section and J denote the rotational iner-
tia about point G. The kinetic energy is

T =
1

2
 mx

#
G
2

+
1

2
 Jθ

#
2
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where xG is the displacement of the point G. This displacement is related to the coordi-
nate, x(t), of the point of attachment of the springs by

xG(t) = x(t) - e sin θ(t)

which is obtained by examining the geometry of Figure 4.20. Thus x
#
G(t) becomes

x
#
G(t) = x

#
(t) - e cos θ(t) 

dθ

dt
= x

#
(t) - eθ

#
 cos θ

The expression for kinetic energy in terms of the generalized coordinates q1 = x and 
q2 = θ then becomes

T =
1

2
 m[x

#
- eθ

#
 cos θ]2

+
1

2
 Jθ

#
2

The expression for potential energy is

U =
1

2
 k1x

2
+

1

2
 k2θ

2

which is already in terms of the generalized coordinates. The Lagrangian, L, becomes

L = T - U =
1

2
 m[x

#
- eθ

#
 cos θ]2

+
1

2
 Jθ

#
2

-
1

2
 k1x

2
-

1

2
 k2θ

2

Calculating the derivatives required by equation (4.146) for i = 1 yields

 
0L

0q
#
1

=
0L

0x
# = m[x

#
- eθ

#
 cos θ]

 
d

dt
 a0L

0x
# b = mx

$
- meθ

$
 cos θ + meθ

#
2 sin θ

 
0L

0q1

=
0L

0x
= -k1x

so that equation (4.146) becomes

mx
$

- meθ
$
 cos θ + emθ

#
2  sin  θ + k1x = 0

Assuming small motions so that the approximations cos θ S 1, and sin θ S θ hold, and 
assuming that the term θ

#
2θ is small enough to ignore, results in a linear equation in x(t) 

given by

mx
$

- meθ
$

+ k1x = 0
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Calculating the derivatives of the Lagrangian required by equation (4.146) for i = 2 
yields

 
0L

0q
#
2

=
0L

0θ
# = m[x

#
- eθ

#
 cos θ](-e cos θ) + Jθ

#
= -me cos θx

#
+ me2θ

#
 cos 2θ + Jθ

#

 
d

dt
 a 0L

0q
#
2

b =
d

dt
 a0L

0θ
# b

 = -me cos θx
$

+ mex
#
 sin θθ

#
+ me2θ

$
 cos 2θ - 2me2θ

#
2 sin θ cos θ + Jθ

$

 
0L

0q2

=
0L

0θ
= m[x

#
- eθ

#
 cos θ](eθ

#

 sin θ) - k2θ

 = mex
#
θ
#
 sin θ - me2θ

#
2 sin θ cos θ - k2θ

so that equation (4.146) becomes

Jθ
$

- me cos θx
$

+ me2 cos 2 θθ
$

- me2θ
#
2 sin θ cos θ + k2θ = 0

Again if the small-angle, small-motion approximation (i.e., sin θ S θ, cos θ S 1, 
θ
#
2θ S 0) is used, a linear equation in θ(t) results given by

(J + me2)θ
$

- mex
$

+ k2θ = 0

Combining the expression for i = 1 and i = 2 into one vector equation in the general-
ized vector x = [q1(t) q2(t)]T

= [x(t) θ(t)]T yieldsJ m -me

-me me2
+ J

R Jx
$
(t)

θ
$
(t)

R + Jk1 0

0 k2

R Jx(t)

θ(t)
R = J0

0
R

Note here that the two equations of motion are coupled, not through stiffness terms, as 
in Example 4.7.2, but rather through the inertia terms. Such systems are called dynami-

cally coupled, meaning that the terms that couple the equation in θ(t) to the equation 
in x(t) are in the mass matrix (i.e., meaning that the mass matrix is not diagonal). In all 
previous examples, the mass matrix is diagonal and the stiffness matrix is not diagonal. 
Such systems are called statically coupled. Dynamically coupled systems have nondiago-
nal mass matrices, and hence require the use of the Cholesky decomposition for factor-
ing the mass matrix (M = LTL) in the modal analysis steps of Window 4.5 (replacing 
M- 1>2 with L). This is discussed in Section 4.9. The programs in the Toolbox and the 
various codes given in Section 4.9 are capable of solving dynamically coupled systems as 
easily as those that have a diagonal mass matrix.

n

Example 4.7.3 not only illustrates a dynamically coupled system but also 
presents a system that is easier to approach using Lagrange’s method than by 
using a force balance to obtain the equation of motion. Several vibration texts 
have reported an incorrect set of equations of motion for the problem of the 
preceding example by using the sum of forces and moments rather than taking a 
Lagrangian approach.
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Damping

Viscous damping is a nonconservative force and may be modeled by defining the 
Rayleigh dissipation function. This function assumes that the damping forces are 
proportional to the velocities. The Rayleigh dissipation function then takes the form 
(recall Problem 1.79) 

 F =
1

2
 a

n

r = 1
a
n

s = 1

crsq
#

rq
#

s (4.150)

Here the damping coefficients crs = csr and n is again the number of generalized 
coordinates. With this form, the generalized forces for viscous damping can be de-
rived from

 Qj = -
0F

0q
#
j

, for each j = 1, 2, c, n (4.151)

Then to derive equations of motion with viscous damping, substitute equation (4.150) 
into (4.151) and (4.151) into equation (4.144). The following example illustrates the 
procedure.

Example 4.7.4

Consider again the system of Example 4.7.1 and assume that there is a viscous damper 
of coefficient c1, parallel to k1, and a damper of coefficient c2, parallel to k2. Derive the 
equations of motion for the system using Lagrange’s equations.

Solution  The dissipation function given by equation (4.150) becomes

F =
1

2
 [c1q

#
1
2

+ c2(rq
#
2 - q

#
1)

2]

Substitution into equation (4.151) yields the generalized forces

 Q1 = -
0F

0q
#
1

= -c1q
#
1 - c2(rq

#
2 - q

#
1)(-1) = -(c1 + c2)q

#
1 + c2rq

#
2

 Q2 = -
0F

0q
#
2

= -c2(rq
#
2 - q

#
1)(r) = -c2r

2q
#
2 + rc2q

#
1

Adding the moment as indicated in Example 4.7.1, the second generalized force becomes

Q2 = M(t) - c2r
2q

#
2 + rc2q

#
1

Next, using T and U as given in Example 4.7.1, recalculate the equations of motion us-
ing equation (4.144) to get, for i = 1:

 mq
$

1 + (k1 + k2)q1 - k2rq2 = Q1 = -(c1 + c2)q
#
1 + c2rq

#
2 or:

 mq
$

1 + (c1 + c2)q
#
1 - c2rq

#
2 + (k1 + k2)q1 - k2q2 = 0
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and for i = 2:

 Jq
$

2 + k2r
2q2 - k2rq1 = Q2 = M(t) - c2r

2q
#
2 + rc2q

#
1 or:

 Jq
$

2 + c2r
2q

#
2 - rc2q

#
1 + k2r

2q2 - k2rq1 = M(t)

Combining the expressions for i = 1 and i = 2 yields the matrix form of the equations 
of motion:Jm 0

0 J
R  x

$
(t) + Jc1 + c2 -rc2

-rc2 r 2c2

R  x
#
(t) + Jk1 + k2 -rk2

-rk2 r 2k2

R  x(t) = J 0

M(t)
R

n

4.8 EXAMPLES

Several examples of multiple-degree-of-freedom systems, their schematics, and 
equations of motion are presented in this section. The “art” in vibration analysis and 
design is often related to choosing an appropriate mathematical model to describe 
a given structure or machine. The following examples are intended to provide ad-
ditional “practice” in modeling and analysis.

Example 4.8.1

A drive shaft for a belt-driven machine such as a lathe is illustrated in Figure 4.21(a). 
The vibration model of this system is indicated in Figure 4.21(b), along with a free-body 
diagram of the machine. Write the equations of motion in matrix form and solve for 
the case J1 = J2 = J3 = 10 kg m2>rad, k1 = k2 = 103 N # m>rad, c =  2 N # m # s>rad  
for zero initial conditions, and where the applied moment M(t) is a unit impulse 
function.

Solution  In Figure 4.21(a) the bearings and shaft lubricant are modeled as lumped vis-
cous damping, and the shafts are modeled as torsional springs. The pulley and machine 
disks are modeled as rotational inertias. The motor is modeled simply as supplying a 
moment to the pulley. Figure 4.21(b) illustrates a free-body diagram for each of the 
three disks, where the damping is assumed to act in proportion to the relative motion 
of the masses and of the same value at each coordinate (other damping models may be 
more appropriate, but this choice yields an easy form to solve).

Examining the free-body diagram of Figure 4.21(b) and summing the moments 
on each of the disks yields

 J1θ
$

1 = k1(θ2 - θ1) + c(θ
#

2 - θ
#

1)

 J2θ
$

2 = k2(θ3 - θ2) + c(θ
#

3 - θ
#

2) - k1(θ2 - θ1) - c(θ
#

2 - θ
#

1)

 J3θ
$

3 = -k2(θ3 - θ2) - c(θ
#

3 - θ
#

2) + M(t)
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where θ1, θ2, and θ3 are the rotational coordinates as indicated in Figure 4.21. The unit 
for θ is radians. Rearranging these equations yields

 J1θ
$

1 + cθ
#

1 + k1θ1 - cθ
#

2 - k1θ2 = 0

 J2θ
$

2 + 2cθ
#

2 - cθ
#

1 - cθ
#

3 + (k1 + k2)θ2 - k1θ1 - k2θ3 = 0

 J3θ
$

3 + cθ
#

3 - cθ
#

2 - k2θ2 + k2θ3 = M(t)

In matrix form this becomesC J1 0 0

0 J2 0

0 0 J3

S�$ + C c -c 0

-c 2c -c

0 -c c

S�# + C k1 -k1 0

-k1 k1 + k2 -k2

0 -k2 k2

S� = C 0

0

M(t)

S

Bearings Bearings

Motor

Belt

Pulley

�3�2�1

M

J3

J2J1

k1 k2

�3�2�1

M

J3J2J1

k1(�2 � �1)

c(�2 � �1)

k1(�2 � �1)

c(�2 � �1)

k2(�3 � �2)

c(�3 � �2)
k2(�3 � �2)

c(�3 � �2)

(a)

(b)

• •

• •

• •

• •

Figure 4.21  (a) Schematic of the moving parts of a lathe. The bearings that 
support the rotating shaft are modeled as providing viscous damping while the 
shafts provide stiffness and the belt drive provides an applied torque. (b) Free-
body diagrams of the three inertias in the rotating system of part (a). The shafts 
are modeled as providing stiffness, or as rotational springs, and the bearings are 
modeled as rotational dampers.
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where �(t) = [θ1(t) θ2(t) θ3(t)]T. Using the values for the coefficients given previ-
ously, this becomesC10 0 0

0 10 0

0 0 10

S�$ + 2C 1 -1 0

-1 2 -1

0 -1 1

S�# + 103C 1 -1 0

-1 2 -1

0 -1 1

S� = C 0

0

δ(t)

S
Note that the damping matrix is proportional to the stiffness matrix so that modal 
analysis can be used to calculate the solution. Also note that

C
∙

= 0.2C 1 -1 0

-1 2 -1

0 -1 1

S  K
∙

= 102C 1 -1 0

-1 2 -1

0 -1 1

S  M-1>2F =
1110

 C 0

0

δ(t)

S
Following the steps of Example 4.6.1, the eigenvalue problem for K

∙
 yields

λ1 = 0 λ2 = 100 λ3 = 300

Note that one of the eigenvalues is zero, thus the matrix K
∙

 is singular. The physical 
meaning of this is interpreted in this example. The normalized eigenvectors of K

∙
 

yield

P = C0.5774 0.7071 0.4082

0.5774 0 -0.8165

0.5774 -0.7071 0.4082

S  PT
= C0.5774 0.5774 0.5774

0.7071 0 -0.7071

0.4082 -0.8165 0.4082

S
Further computation yields

 PT C
∙

P = diag[0 0.2 0.6]

 PT K
∙

P = diag[0 100 300]

 PTM-1>2F(t) = C 0.1826

-0.2236

0.1291

Sδ(t)

The decoupled modal equations are

 r
$

1(t) = 0.1826δ(t)

 r
$

2(t) + 0.2r
#
2(t) + 100r2(t) = -0.2236δ(t)

 r
$

3(t) + 0.6r
#
3(t) + 300r3(t) = 0.1291δ(t)

Obviously, ω1 = 0, ω2 = 10 rad>s, and ω3 = 17.3205 rad>s.
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Comparing coefficients of r
#
i with 2ζi ωi yields the three modal damping ratios

 ζ1 = 0

 ζ2 =
0.2

2(10)
= 0.01

 ζ3 =
0.6

2(17.3205)
= 0.01732

so that the second two modes are underdamped. Hence the two damped natural fre-
quencies become

 ωd2 = ω221 - ζ2
2

= 9.9995 rad>s
 ωd3 = ω321 - ζ3

2
= 17.3179 rad>s

As was the case in Example 4.6.1, while the moment is applied to only one physical 
location, it is applied to each of the three modal coordinates. The modal equations for 
r2 and r3 have solutions given by equation (3.6). The solution corresponding to the zero 
eigenvalue (ω1 = 0) can be calculated by direct integration or by using the Laplace 
transform method. Taking the Laplace transform yields

s2r(s) = 0.1826 or r(s) =
0.1826

s2

The inverse Laplace transform of this last expression yields (see Appendix B) 

r1(t) = (0.1826)t

Physically, this is interpreted as the unconstrained motion of the shaft (i.e., the shaft 
rotates or spins continuously through 360°). This is also called the rigid-body mode 
(see Example 4.6.2) or zero mode and results from K

∙
 being singular (i.e., from the zero 

eigenvalue). Such systems are also called semidefinite, as explained in Appendix C.
Following equation (3.6), the solution for r2(t) and r3(t) becomes

 r2(t) =
f2

ωd2
 e-ζ2ω2t sin ωd2t = -0.0224e-0.1t sin 9.9995t

 r3(t) =
f3

ωd3
 e-ζ3ω3t sin ωd3t = 0.0075e-0.2999t sin 17.3179t

The total solution in physical coordinates is then calculated from θ(t) = M- 1>2Pr(t) =  
(1>110)Pr(t) or

�(t) = C0.0333t - 0.0050e-0.1t sin (9.9995t) + 0.0010e-0.2999t sin (17.3179t)

0.0333t - 0.0019e-0.2999t sin (17.3179t)

0.0333t - 0.0053e-0.1t sin (9.9995t) + 0.0010e-0.2999t sin (17.3179t)

S
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The three solutions θ1(t), θ2(t), and θ3(t) are plotted in Figure 4.22. Figure 4.23 plots 
the three solutions without the rigid-body term. This represents the vibrations experi-
enced by each disk as it rotates.
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Figure 4.22  The response of each of the disks of Figure 4.21 to an impulse 
at θ3, illustrating the effects of a rigid-body rotation.
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Figure 4.23  The response of each of the disks of Figure 4.21 to an impulse 
at θ3 without the rigid-body mode, illustrating the vibration that occurs in 
each disk.
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Example 4.8.2

In Figure 2.17 a vehicle is modeled as a single-degree-of-freedom system. In this ex-
ample, a two-degree-of-freedom model is used for a vehicle that allows for bounce 
and pitch motion. This model can be determined from the schematic of Figure 4.24. 
Determine the equations of motion, solve them by modal analysis, and determine the 
response to the engine being shut off, which is modeled as an impulse moment applied 
to θ(t) of 103 Nm.

l1 l2

c2

k2

c1

k1

Good Humor

Pitch

Bounce

c.g.

Figure 4.24  A sketch of the side section 
of a vehicle used to suggest a vibration 
model for examining its angular (pitch) 
and up-and-down (bounce) motion. The 
center of gravity is denoted by c.g.

Solution  The sketch of the vehicle of Figure 4.24 can be simplified by modeling the 
entire mass of the system as concentrated at the center of gravity (c.g.). The tire-and-
wheel assembly is approximated as a simple spring–dashpot arrangement as illustrated in 
Figure 4.25. The rotation of the vehicle in the x–y plane is described by the angle θ(t), and 
the up-and-down motion is modeled by x(t). The angle θ(t) is taken to be positive in the 
clockwise direction, and the vertical displacement is taken as positive in the downward 
direction. Rigid translation in the y direction is ignored for the sake of concentrating on 
the vibration characteristics of the vehicle (e.g., Example 4.8.1 illustrates the concept of 
ignoring rigid-body motion).

Summing the forces in the x direction yields

 mx
$

= -c1(x
#

- l1θ
#
) - c2(x

#
+ l2θ

#
) - k1(x - l1θ) - k2(x + l2θ) (4.152)

x � l1�

x(t) 

x

y

x � l2�

k1 c1 k2

l1 l2

c2

�
c.g. Figure 4.25  The vehicle of Figure 4.24 

modeled as having all of its mass at its 
c.g. and two-degrees-of-freedom, 
consisting of the pitch, θ(t), about the 
c.g. and a translation x(t) of the c.g.
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since the spring k1 experiences a displacement x – l1θ and k2 experiences a displace-
ment x + l2θ. Similarly, the velocity experienced by the damper c1 is x

#
- l1θ

#
 and that 

of c2 is x
#

+ l2θ
#
. Taking moments about the center of gravity yields

 Jθ
$

= c1l1(x
#

- l1θ
#
) - c2l2(x

#
+ l2θ

#
) + k1l1(x - l1θ) - k2l2(x + l2θ) (4.153)

where J = mr2. Here r is the radius of gyration of the vehicle (recall Example 1.4.6). 
Equations (4.152) and (4.153) can be rewritten as

 mx
$

+ (c1 + c2)x
#

+ (l2c2 - l1c1)θ
#

+ (k1 + k2)x + (l2k2 - l1k1)θ = 0 

 mr 2θ
$

+ (c2l2 - c1l1)x
#

+ (l2
2c2 + l1

2c1)θ
#

+ (k2l2 - k1l1)x + (l1
2k1 + l2

2k2)θ = 0 (4.154)

In matrix form, these two coupled equations become

 mJ1 0

0 r 2Rx
$

+ J c1 + c2 l2c2 - l1c1

l2c2 - l1c1 l2
2c2 + l1

2c1

Rx
#

+ J k1 + k2 k2l2 - k1l1

k2l2 - k1l1 l1
2k1 + l2

2k2

Rx = 0 

(4.155)

where the vector x is defined by

x = Jx(t)

θ(t)
R

Reasonable values for a truck are

 r 2
= 0.64 m2 m = 4000 kg c1 = c2 = 2000 N # s>m

 k1 = k2 = 20,000 N>m l1 = 0.9 m l2 = 1.4 m

With these values, equation (4.155) becomes

 J4000 0

0 2560
Rx

$
+ J4000 1000

1000 5540
Rx

#
+ J40,000 10,000

10,000 55,400
Rx = J0

0
R  (4.156)

Note that C = (0.1)K, so that the damping is proportional. If a moment M(t) is ap-
plied to the angular coordinate θ(t) the equations of motion becomeJ4000 0

0 2560
Rx

$
+ J4000 1000

1000 5540
Rx

#
+ J40,000 10,000

10,000 55,400
Rx = J 0

δ(t)
R103

Following the usual procedures of modal analysis, calculation of M- 1>2 yields

M-1>2
= J0.0158 0

0 0.0198
R

Thus

C
∙

= J1.0000 0.3125

0.3125 2.1641
R  and   K

∙
= J10.000 3.1250

3.1250 21.6406
R
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Solving the eigenvalue problem for K
∙

 yields

P = J 0.9698 0.2439

-0.2439 0.9698
R  and   PT

= J0.9698 -0.2439

0.2439 0.9698
R

with eigenvalues λ1 = 9.2141 and λ2 = 22.4265, so that the natural frequencies are

ω1 = 3.0355 rad>s  and  ω2 = 4.7357 rad>s
Thus

PT K
∙

P = diag [9.2141 22.4265] and PTC
∙

P = diag [0.9214 2.2426]

Comparing the elements of PTC
∙

P to ω1 and ω2 yields the modal damping ratios

ζ1 =
0.9214

2(3.0355)
= 0.1518  and   ζ2 =

2.2426

2(4.7357)
= 0.2369

Using the formula from Window 4.8 for damped natural frequencies yields ωd1 =  
3.0003 rad>s and ωd2 = 4.6009 rad>s. The modal forces are calculated from

PTM-1>2J 0

δ(t)
R103

= J15.3 -4.8 δ

 3.9  19.2 
R J 0

δ(t)
R = J -4.8 δ(t)

19.2 δ(t)
R

The decoupled modal equations become

 r
$

1(t) + (0.9214)r
#
1(t) + (9.2141)r1(t) = -4.8δ(t)

 r
$

2(t) + (2.2436)r
#
2(t) + (22.4265)r2(t) = 19.2δ(t)

From equation (3.6) these have solutions

 r1(t) =
-4.8

mωd1

 e-ζ1ω1t sin ωd1t =
1

(1)(3.0003)
 e-(0.1518)(3.035)t sin (3.0003t)

 = -1.6066e-0.4607t sin (3.0003t)

 r2(t) =
19.2

4.6009
 e-(0.2369)(4.7357)t sin (4.6009t)

 = 4.1659e-1.1219t sin (4.6009t)

The solution in physical coordinates is obtained fromJx(t)

θ(t)
R = M-1>2Pr(t)

which yields

 x(t) = -2.41 * 10-2e-0.4607t sin (3.0003t) + 1.606 * 10-2e-1.1213t sin (4.6009t)

 θ(t) = 7.744 * 10-4e-0.4607t sin (3.0003t) + 7.915 * 10-2e-1.1213t sin (4.6009t)
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These coordinates are plotted in Figure 4.26.
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Figure 4.26  Plot of the bounce and pitch vibrations of the vehicle of Figure 4.24 as 
the result of the engine being shut off.

n

Example 4.8.3

The punch press of Figure 4.27 can be modeled for vibration analysis in the x direction 
as indicated by the three-degree-of-freedom system of Figure 4.28. Discuss the solution 
for the response due to an impact at m1 using modal analysis.

Solution  The mass and stiffness of the various components can be easily ap-
proximated using the static methods suggested in Chapter 1. However, it is very 
difficult to estimate values for the damping coefficients. Hence, an educated guess 
is made for the modal damping ratios. Such guesses are often made based on ex-
perience or from measurements such as the logarithmic decrement. In this case, 
the values of various masses and stiffness coefficients are [in mks units and f(t) =

1000δ(t)]

 m1 = 400 kg     m2 = 2000 kg    m3 = 8000 kg

 k1 = 300,000 N>m  k2 = 80,000 N>m  k3 = 800,000 N>m
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From free-body diagrams of each mass, the summing of forces in the x direction yields 
the three coupled equations

 m1x
$

1 = -k1(x1 - x2) + f(t)

 m2x
$

2 = k1(x1 - x2) - k2(x2 - x3)

 m3x
$

3 = -k3x3 + k2(x2 - x3)

Rewriting this set of coupled equations in matrix form yieldsCm1 0 0

0 m2 0

0 0 m3

Sx
$

+ C k1 -k1 0

-k1 k1 + k2 -k2

0 -k2 k2 + k3

Sx = C f(t)

0

0

S

Tool

Tool base

Isolation mounting pad

Platform

Rubber mounting

Floor

Foundation

x

y

z

Figure 4.27  A schematic of a punch-press 
machine.

c � ?

x1

k1 c � ?

m1 Tool-base mass

Mounting pad

x2

k2

m2 Platform mass

Rubber mounting

x3

k3

m3

Floor

c � ?

Figure 4.28  A vibration model of the punch 
press of Figure 4.27.
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where x = [x1(t) x2(t) x3(t)]T. Substituting the numerical values for mi and ki yields

(103) C0.4 0 0

0 2 0

0 0 8

S x
$

+ (104) C 30 -30 0

-30 38 -8

0 -8 88

Sx = C1000δ(t)

0

0

S
Following the modal analysis procedure for an undamped system yields

M1>2
= C20 0 0

0 44.7214 0

0 0 89.4427

S  M - 1/2
= C0.0500 0 0

0 0.0224 0

0 0 0.0112

S
and

K
∙

= C 750 -335.4102 0

-335.4102 190 -20

0 -20 110

S
Solving the eigenvalue problem for K

∙
 yields

P = C -0.4116 -0.1021 0.9056

-0.8848 -0.1935 -0.4239

-0.2185 0.9758 0.0106

S  PT
= C -0.4116 -0.8848 -0.2185

-0.1021 -0.1935 0.9758

0.9056 -0.4239 0.0106

S
and

 λ1 = 29.0223   ω1 = 5.3872

 λ2 = 113.9665  ω2 = 10.6755

 λ3 = 907.0112  ω3 = 30.1166

The modal force vector becomes

PTM-1>2C1000δ(t)

0

0

S = C -20.5805

-5.1026

45.2814

Sδ(t)

Hence, the undamped modal equations are

 r
$

1(t) + 29.0223 r1(t) = -20.5805δ(t)

 r
$

2(t) + 113.9665 r2(t) = -5.1026δ(t)

 r
$

3(t) + 907.0112 r3(t) = 45.2814δ(t)

To model the damping, note that each mode shape is dominated by one element. 
From examining the first column of the matrix P, the second element is larger than 
the other two elements. Hence if the system were vibrating only in the first mode, 
the motion of x2(t) would dominate. This element corresponds to the platform mass, 
which receives high damping from the rubber support. Hence it is given a large damp-
ing ratio of ζ1 =  0.1 (rubber provides a lot of damping). Similarly, the second mode 
is dominated by its third element, corresponding to the motion of x3(t). This is a 
predominantly metal part, so it is given a low damping ratio of ζ2 = 0.01. The third 
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mode shape is dominated by the first element, which corresponds to the mounting 
pad. Hence it is given a medium damping ratio of ζ3 = 0.05. Recalling that the veloc-
ity coefficient in modal coordinates has the form 2ζiωi, the damped modal coordi-
nates become 2ζ1ω1 = 2(0.1)(5.3872), 2ζ2ω2 = 2(0.01)(10.6755), and 2ζ3ω3 = 2(0.05)
(30.1166). Therefore, the damped modal equations become

 r
$

1(t) + 1.0774 r
#
1(t) + 29.0223 r1(t) = -20.5805δ(t)

 r
$

2(t) + 0.2135 r
#
2(t) + 113.9665 r2(t) = -5.1026δ(t)

 r
$

3(t) + 3.0117 r
#
3(t) + 907.0112 r3(t) = 45.2814δ(t)

These have solutions given by equation (3.6) as 

 r1(t) = -3.8395e-0.5387t sin (5.3602t)

 r2(t) = -0.4780e-0.1068t sin (10.6750t)

 r3(t) = 1.5054e-1.5058t sin (30.0789t)

Using the transformation x(t) = M- 1>2Pr(t) yields

x1(t) = 0.0790e-0.5387t sin (5.3602t) + 0.0024e-0.1068t sin (10.6750t) + 0.0682e-1.5058t sin (30.0789t)

x2(t) = 0.0760e-0.5387t sin (5.3602t) + 0.0021e-0.1068t sin (10.6750t) - 0.0143e-1.5058t sin (30.0789t)

x3(t) = 0.0094e-0.5387t sin (5.3602t) - 0.0052e-0.1068t sin (10.6750t) + 0.0002e-1.5058t sin (30.0789t)

These solutions are plotted in Figure 4.29.
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Figure 4.29  A numerical simulation of the vibration of the punch press of Figures 4.27 
and 4.28 as the result of the machine tool impacting the tool base.
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This example illustrates a method of assigning modal damping to an analytical 
model. This is a somewhat arbitrary procedure that falls in the category of an educated 
guess. A more sophisticated method is to measure the modal damping. This is dis-
cussed in Chapter 7. Note that the floor, x3(t), vibrates much longer than the machine 
parts do. This is something to consider in designing how and where the machine is 
mounted to the floor of a building.

n

4.9 COMPUTATIONAL EIGENVALUE PROBLEMS FOR VIBRATION

This section examines the various approaches to solving eigenvalue problems and 
how vibration problems may be solved using these eigenvalue problems. This is 
presented in the context of the three computer codes Mathematica, MATLAB, and 
Mathcad. The Engineering Vibration Toolbox also contains a variety of ways of 
calculating mode shapes, natural frequencies, and damping ratios based on M-files 
created in MATLAB. The books by Datta (1995), Golub and Van Loan (1996), and 
Meirovitch (1995) should be consulted for more detail. Additional detail can be 
found in Appendix C. Each of the matrix computations and manipulations made in 
the previous sections can be obtained easily by standard functions of most math-
ematical software packages. Hence the tedious solutions of modal analysis and the 
eigenvalue problem can be automated and used to solve systems with large num-
bers of degrees of freedom. Here we introduce the various eigenvalue problems 
and illustrate how to use various software packages to obtain the needed computa-
tion. We refer the reader to Appendix C and references there for details on how 
the algorithms actually work. 

Consider the undamped-vibration problem of equation (4.11) with n degrees 
of freedom, repeated here:

 Mx
$
(t) + Kx(t) = 0 (4.157)

Here the displacement vector x is n * 1, and the matrices M and K are n * n and 
symmetric. There are a number of different ways to relate equation (4.157) to the 
mathematics of eigenvalue problems and these are presented next along with exam-
ples and computer steps for solving them.

Dynamically Coupled Systems

The matrix M is positive definite (see Window 4.9) in most cases and up until 
Example 4.7.3 was considered to be diagonal, so that factoring M and taking its 
inverse amounted to scalar arithmetic on the diagonal entries. In Example 4.7.3, 
the mass matrix was not diagonal, in which case the system is called dynamically 
coupled, and more sophisticated means are needed to handle the inverse and 
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factoring of the matrix M used in vibration analysis. The method of factoring a 
positive definite matrix is called Cholesky decomposition, which finds a lower tri-
angular matrix L such that M = LLT. Cholesky decomposition can also be formed 
from two upper triangular matrices, say U, such that M = UTU. Some codes use 
upper triangular and others use lower triangular, but the results applied to vibra-
tion problems are the same. Both calculating the inverse and computing the factors 
are simple commands in most computational software programs (and calculators). 
The algorithms in these codes use the most sophisticated methods. However, one 
way to compute any function of a matrix is by decomposing the matrix using the 
eigenvalue problem.

Let M be a symmetric, positive definite matrix and let f be any function 
defined for positive numbers. Denote the eigenvalues of the matrix M (not the 
M, K system, just the matrix M) by μ and let R denote the matrix of normalized 
eigenvectors of M. Then

 f(M) = RE f(μ1) 0 c 0

0 f(μ2) c 0

f f f f
0 0 c f(μn)

URT (4.158)

In particular

 M-1
= RE1>μ1 0 c 0

0 1>μ2 c 0

f f f f
0 0 c 1>μn

URT 

Window 4.9
The Definition of Positive Definite

A symmetric matrix M (M = MT) is positive definite if, for every nonzero vec-
tor x, the scalar xTMx 7 0. In addition, M is positive definite if and only if all 
of the eigenvalues of M are positive numbers. The matrix A is said to be posi-
tive semidefinite if, for every nonzero vector x, the scalar xTAx Ú 0. A matrix 
is positive semidefinite if and only if all of the eigenvalues of the matrix A are 
greater than or equal to zero. In particular, A could have one or more zero 
eigenvalues, as in the case of rigid-body motion.
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and

 M-1>2
= RE1>1μ1 0 c 0

0 1>1μ2 c 0

f f f f

0 0 c 1>1μn

URT 

which provides one method of computing the matrices used in modal analysis. 
These decompositions can also be used to prove that the inverse and the square 
root of a symmetric matrix is symmetric. However, the codes use more numeri-
cally sophisticated techniques beyond the scope of this book. In fact, it is bet-
ter not to compute the inverse directly but to use a modified form of Gaussian 
elimination to compute the inverse (M\I in MATlAb, for instance). Computing 
the matrix square root is best not done in the dynamically coupled case, but 
rather the Cholesky factorization should be used. These are illustrated in the 
following example.

Example 4.9.1

Consider the nondiagonal mass matrix

M = C5 2 0

2 4 1

0 1 3

S
and compute the inverse and factors.

Solution  The matrix inverse is computed via the following commands:

In MATlAb  inv(M)

In Mathematica  Inverse[M]

In Mathcad  M-1  (typed M^-1)

The Cholesky factors of a matrix are computed via the following commands:

In MATlAb  Chol(M) or Chol(M,’lower’)
In Mathematica  CholeskyDecomposition[M]

In Mathcad  cholesky(M)

Using any one of these yields the inverse of the mass matrix:

M-1
= C 0.2558 -0.1395 0.0465

-0.1395 0.3488 -0.1163

0.0465 -0.1163 0.3721

S
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The factors of the mass matrix are

L = C2.23607 0 0

0.89443 1.78885 0

0 0.55902 1.63936

S  and LT
= C2.23607 0.89443 0

0 1.78885 0.55902

0 0 1.63936

S
such that M = LLT. Also note that L-1M(LT)-1

= I, the identity matrix. Note that 
MATlAb uses an upper triangular Cholesky decomposition. Thus the mass matrix is 
factored as M   =   chol(M)'*chol(M) and inv(chol(M)')*M*inv(chol(M))   =   I. So when 
using MATlAb, the following code has to be modified accordingly. Alternately use the 
command L   =   chol(M,'lower') which creates the lower triangular Cholesky factor.

n

In order to perform modal analysis on equation (4.157) for a dynamically 
coupled system, replace M- 1>2 with the matrix L using Window 4.5 in the following 
manner:

 2. Calculate the mass-normalized stiffness matrix by

 K
∙

= L-1K(LT)-1 (4.159)

and note that this is a symmetric matrix.

 5. Compute the matrix of mode shapes S from

 S = (LT)-1P and S-1
= PTLT (4.160)

Using Codes

Several examples are given next that illustrate how to use math software to com-
pute the eigenvalues and eigenvectors of a system and then to solve for frequen-
cies and mode shapes. Calculation of the algebraic eigenvalue problem formed 
the object of intensive study over a 30-year period, resulting in very sophisticated 
methods. Many of these studies were funded by government agencies and hence 
are in the public domain. As computer technology advanced, several high-level 
codes evolved to enable engineers to make eigenvalue calculations simply and 
accurately. Today almost every code and calculator contains eigensolvers. The 
Toolbox contains M-files for computing frequencies and mode shapes using 
MATlAb. The only small difficulty in using math software is that mathemati-
cians always number eigenvalues starting with the largest first and engineers like 
the frequencies to be numbered with the smallest value first. So in some codes 
you may want to sort the eigenvalues and eigenvectors accordingly. The following 
examples illustrate how to use Mathcad, MATlAb, and Mathematica to solve for 
natural frequencies and mode shapes. Please note that the developers of these 
codes often update their codes and syntax, so it is wise to check their websites for 
updates if you have troubles with syntax errors.
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Example 4.9.2

Compute the solution of Example 4.2.6 using math software.

Solution  First consider Mathcad. This program enters the elements of a matrix by 
selecting the appropriate size from the matrix pallet. Note that Mathcad starts count-
ing elements of vectors and matrices with 0 rather than 1. The following illustrates the 
remaining steps:

Enter the values of M and K:

M :=  J1 0

0 4
R K :=  J 12 -2

-2 12
R

Compute the root of M, then K tilde:

Ms :=  J1 0

0 2
R  Kt :=  Ms-1 # K # Ms-1 Kt = J 12 -1

-1 3
R

Compute the eingenvalues:

λ  :=  eingenvals(Kt)   λ = J12.109772
2.890228

R
Compute the eigenvectors and reorder with the lowest first and 

compute frequencies:

v2 :=  eigenvec(Kt,λ0) v1 :=  eigenvec(Kt,λ1) ω1 :=  1λ1 ω2 :=  1λ0

Display the results:

v1 = J0.109117
0.994029

R  v2 = J -0.994029

0.109117
R  ω1 = 1.7 ω2 = 3.48

Check to see the eigenvectors are orthonomal:0v1 0 = 1   0v2 0 = 1  v1 # v2 = 0

Form the matrix P:

P :=  augment (v1,v2) P = J0.1091 -0.994

0.994 0.1091
R PT = J 0.1090.994

-0.9940.109
R

Show that P is orthoganal and diagonalizes K tilde

PT # P = J1 0

0 1
R  PT # Kt # P = J2.8902 0

0 12.1098
R

Next consider using MATlAb. MATlAb enters matrices using spaces be-
tween elements of a row and semicolons to start a new row. like Mathcad, MATlAb 
produces the eigenvalues from highest to lowest, so care must be taken to mind the 
order of eigenvalues and eigenvectors. This is handled here by using the fliplr(V) 
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command, which is used to reorder the eigenvectors with the one corresponding to λ1 
first rather than λn, as produced from the eigensolver in the code.

% enter M and K, compute K tilde

M=[1 0;0 4];K=[12 -2;-2 12];

Mr=sqrtm(M);Kt=inv(Mr)*K*inv(Mr);

% solve eigenvalue problem puts eigenvectors in the

% matrix V, eigenvalues in the diagonal matrix D

[V,D]=eig(Kt);

%check and reorder eigenvalues, smallest first

eignvalues=V'*Kt*V

eignvalues =

2.8902  -0.0000

0     12.1098

V'*V % check to see that V1 is orthogonal

ans =

1.0000  0

0     1.0000

In Mathematica the code is as follows:

Input mass and stiffness matrices:

In[1]   : = M = a1 0

0 4
b; 

K = a12 -2

-2 12
b;

Calculate inverse square root of mass matrix then find K
∙

. 

In[3]: = Mnegsqrt = MatrixPower[M, -0.5];

Khat = Mnegsqrt.K.Mnegsqrt

MatrixForm[Mnegsqrt]

MatrixForm[Khat]

Out[5]//Matrix Form=a1 0

0 0.5
b

Out[6]//MatrixForm=a12 -1

-1 3
b

Calculate eingenvalues and eigenvectors. Note that Mathematica returns eigenvectors 
in rows, not columns as in Mathcad and MATlAb.

In[7]: = {�, v} = Eigensystem[Khat];

MatrixForm[�]

MatrixForm[v]
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Out[8]//MatrixForm=a12.1098
2.89023

b
Out[9]//MatrixForm=a0.994029 -0.109117

0.109117 0.994029
b

Arrange eigenvectors from least to greater and find natural frequencies. Mathematica 
usually returns eigenvectors normalized to 1.

In[10]: = v2 = v[[1, A11]]

v1 = v[[2, A11]]

�1 = 1�[[2]]

�2 = 1�[[1]]

Out[10]= {0.994029, -0.109117}

Out[11]= {0.109117, 0.994029}

Out[12]= 1.70007

Out[12]= 3.47991

In[14]: = v1.v1

v2.v2

Chop[v1.v2]

Out[14]= 1.

Out[15]= 1.

Out[16]= 0.

Since the eigenvectors are in rows in Mathematica, it is easiest to form PT first, then 
transpose to get P.

In[17]: = PT = {v1, v2}

P = Transpose[PT]

MatrixForm[PT]

MatrixForm[P]

Out[19]//MatrixForm=a0.109117 0.994029

0.994029 -0.109117
b

Out[20]//MatrixForm=a0.109117 0.994029

0.994029 -0.109117
b

Show that P is orthogonal and that P diagonalizes k̃ 

In[21]: = MatrixForm[Chop[PT.P]]

MatrixForm[Chop[PT.Khat.P]]
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Out[21]//MatrixForm=a1 0

0 1
b

Out[22]//MatrixForm=a2.89023 0

0 12.1098
b

Note that Mathematica produces eigenvalues for the highest to the lowest, so an alter-
native way to reorder them is to use the Reverse command. For example

{vals, vecs} = Eigensystem[Khat]

valsr = Reverse[vals]

vecsr = Reverse[vecs]

Transpose[vecsr]

P = Transpose[vecsr]

will reorder the eigenvalues and eigenvectors.
n

Example 4.9.3

Compute the coefficients for the modal equations for the damped, forced-response 
problem given in Example 4.6.1.

Solution  The solution in Mathcad is as follows:

Enter the matrices M, C, K and the force vector b

M :=  J9 0

0 1
R C :=  J 2.7 - 0.3

-0.3 0.3
R K :=  J 27 -3

-3 3
R b :=  J0

3
R

Note that the damping is proportional, so modal analysis may be used

C # M-1K - K # M-1 # C =  J -1.78 # 10-15 0

0 0
R effectively zero

L : = cholesky(M)

Kt :=  L-1 # K # (LT)-1  Kt = J 3 -1

-1 3
R

Ct : = L-1 # C # (LT)-1  Ct = J 0.3 -0.1

-0.1 0.3
R
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λ : = eigenvals (Kt) v1 : = eigenvec(Kt, λ1) v2 : = eigenvec(Kt, λ0)

P : = augment(v1, v2)  P = J0.707 -0.707

0.707 0.707
R 

PT # P = J1 0

0 1
R  PT # Ct # P = J0.2 0

0 0.4
R  PT # Kt # P = J2 0

0 4
R

Next compute the modal force amplitudes:

bt: = PT # L-1 # b  bt = J2.121
2.121

R
The solution in MATlAb is as follows:

% enter M, C, and K

M=[9 0;0 1];K=[27 -3;-3 3];C=K/10;b=[0;3];

%compute L and the mass normalized quantities

L=chol(M);Kt=inv(L)*K*inv(L');Ct=inv(L)*C*inv(L');

% Compute eigensolution, reorder eigenvectors

[V,D]=eig(Kt); P=V

P =

-0.7071  -0.7071

-0.7071  0.7071

P'*P

ans =

1.0000  0

0     1.0000

P'*Kt*P

ans =

2.0000  0

0     4.0000

P'*C*P

ans =

1.2000  1.2000

1.2000  1.8000

P'*Ct*P

ans =

0.2000  0

0     0.4000

bt=P'*inv(L)*b

bt =

-2.1213

 2.1213

Note that in MATlAb, the first eigenvector is the negative of that produced in 
Mathcad. This is not a problem as both are correct. In the MATlAb version, note that 
the mass-normalized input vector also has a sign change. When the modal equations are 
written out and transformed back to physical coordinates, these signs will recombine to 
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give the same solution as given in Mathcad. Remember that an eigenvector may always 
be multiplied by a scalar (in this case -1) without changing its direction, and the value 1 
does not change its magnitude.

The solution in Mathematica is as follows:

In[1]: = M ∙ a9 0

0 1
b ;

c ∙ a 2.7 ∙0.3

∙0.3 0.3
b;

K ∙ a 27 ∙3

∙3 3
b;

b ∙ a0
3
b;

Note that the damping is proportional, so modal analysis may be used.

In[5]: = MatrixForm[Chop[c.Inverse[M].K-K.Inverse[M].c]]

Out[5]//MatrixForm=a0 0

0 0
b

Calculation of K
&

 and C
&

In[6]: = L = CholeskyDecomposition[M];

Khat = Inverse[L].K.Inverse[Transpose[L]];

Chat = Inverse[L].c.Inverse[Transpose[L]];

MatrixForm[Khat]

MatrixForm[Chat]

Out[10]//MatrixForm=a 3 -1

-1 3
b

Out[11]//MatrixForm=a 0.3 -0.1

-0.1 0.3
b

Calculate eigenvalues and eigenvectors. Note that Mathematica returns 
eigenvectors in rows, not columns as in Mathcad and Matlab. For this particular 
system, the eigenvalues were found in the correct order and the eigenvectors must 
be normalized to 1.

In[11]: = {�,v}=Eigensystem[Khat];

MatrixForm[�]

MatrixForm[v]

v1 = Normalize[v[[1, All]]];

v2 = Normalize[v[[2, All]]];

N[MatrixForm][{ v1, v2}]
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Out[12]//MatrixForm=a2
4
b

Out[13]//MatrixForm=

ω2: = 2Re(λ1)
2

+ Im(λ1)
2

Out[16]//MatrixForm=a 0.707107 0.707107

-0.707107 0.707107
b

In[17]: = PT = {v1, v2};

P = Transpose[PT];

In[19]: = MatrixForm[Chop[PT.P]]

MatrixForm[Chop[PT.Khat.P]]

MatrixForm[Chop[PT.Chat.P]]

Out[19]//MatrixForm=a1 0

0 1
b

Out[20]//MatrixForm=a2 0

0 4
b

Out[21]//MatrixForm=a0.2 0

0 0.4
b

Compute modal force amplitudes.

ln[22]: = bt = PT.Inverse[L].b;

N[MatrixForm[bt]]

Out[23]//MatrixForm=a2.12132
2.12132

b
n

Various Eigenvalue Problems

There are several ways to relate the vibration problem to the eigenvalue problem. 
The simplest way is unfortunately the worst in terms of computational effort. This is 
to use the generalized eigenvalue problem, formed from equation (4.157) by substi-
tution of x = ejωtu, which results in

 Ku = λMu (4.161)
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Here λ = ω2, and the u are the mode shapes. This is the most direct approach but 
suffers from computational burden (four times as much as using the Cholesky ap-
proach for a two-degree-of-freedom example). The solution of equation (4.157) 
then becomes

 x(t) = a
n

i = 1

ci sin (ωit + ϕi)ui (4.162)

Here ci and ϕi are constants determined by initial conditions.
Next multiply equation (4.161) by the matrix M-1. Again, assuming a solution 

of the form x(t) = ejωtu yields

 -ω2u + M-1Ku = 0 (4.163)

or

 (M-1K)u = λu (4.164)

This is the standard algebraic eigenvalue problem. The matrix M-1K is neither sym-
metric nor banded. Again there are n eigenvalues λi, which are the squares of the 
natural frequencies ωi

2, and n eigenvectors ui. The solution of equation (4.157), x(t), 
is again in the form

 x(t) = a
n

i = 1

ci sin (ωit + ϕi)ui (4.165)

where ci and ϕi are constants to be determined by the initial conditions. Thus the 
eigenvectors ui are also the mode shapes. Since M-1K is not symmetric, the solution 
of the algebraic eigenvalue problem could yield complex values for the eigenval-
ues and eigenvectors. However, they are known to be real valued because of the 
generalized eigenvalue problem formulation, equation (4.161), which has the same 
eigenvalues and eigenvectors.

Next, consider the vibration problem (following Window 4.5) obtained by sub-
stitution of the coordinate transformation x(t) = (LT)-1q(t) into equation (4.161) 
and multiplying by L-1. This yields the form

 q
$
(t) + K

∙
q(t) = 0 (4.166)

where the matrix K
∙

 is symmetric but not necessarily sparse or banded unless M is 
diagonal. The solution of equation (4.166) is obtained by assuming a solution of the 
form q(t) = ejωtv where v is a nonzero vector of constants. Substituting this form 
into equation (4.166) yields

 -ω2v + K
∙

v = 0 (4.167)

or

 K
∙

v = λv (4.168)
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where again λ = ω2. This is the symmetric eigenvalue problem and again results in n 
eigenvalues λi, which are the squares of the natural frequencies ωi

2, and n eigenvec-
tors vi. The solution of equation (4.166) becomes

 q(t) = a
n

i = 1

ci sin (ωit + ϕi)vi (4.169)

where ci and ϕi are again constants of integration. The solution in the original coordi-
nate system x is obtained from this last expression by multiplying by the matrix (LT)-1:

 x(t) = (LT)-1 q(t) = a
n

i = 1

ci sin (ωit + ϕi)(LT)-1vi (4.170)

Hence the mode shapes are the vectors (LT)-1vi, where vi are the eigenvectors of the 
symmetric matrix K

∙
. Since the eigenvalue problem here is symmetric, it is known that 

the eigenvalues and eigenvectors are real valued, as are the mode shapes. In addition, 
the orthogonality of the vi allows easy computation of the modal initial conditions. 
The numerical advantage here is that the eigenvalue problem is symmetric, so more 
efficient numerical algorithms can be used to solve it. Computationally this is the most 
efficient method of the four possible formulations presented here.

Again consider the vibration problem defined in equation (4.161), which is

 x
$
(t) + M-1Kx(t) = 0 (4.171)

This equation can be transformed to a first-order vector differential equation by 
defining two new n * 1 vectors, y1(t) and y2(t), by

 y1(t) = x(t),  y2(t) = x
#
(t) (4.172)

Note that y1 is the vector of displacements and y2(t) is a vector of velocities. 
Differentiating these two vectors yields

  y
#
1(t) = x

#
(t) = y2(t)  (4.173)

  y
#
2(t) = x

$
(t) = -M-1Ky1(t) 

where the equation for y
#
2(t) has been expanded by solving equation (4.171) for x

$
(t). 

Equations (4.173) can be recognized as the first-order vector differential equation

 y
#
(t) = Ay(t) (4.174)

Here

 A = J 0 I

-M-1K 0
R  (4.175)

is called the state matrix. The 0 denotes an n * n matrix of zeros, I denotes the n * n 
identity matrix, and the state vector y(t) is defined by the 2n * 1 vector

 y(t) = Jy1(t)

y2(t)
R = Jx(t)

x
#
(t)

R  (4.176)
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The solution of equation (4.174) proceeds by assuming the exponential form y(t) =  
zeλt, where z is a nonzero vector of constants and λ is a scalar. Substitution into equa-
tion (4.174) yields λz = Az or

 Az = λz  z ∙ 0 (4.177)

This is again the standard algebraic eigenvalue problem. While the matrix A has 
many zero elements, it is now a 2n * 2n eigenvalue problem. It can be shown that 
the 2n eigenvalues λi again corresponds to the n natural frequencies ωi by the rela-
tion λi = ωij, where j = 1-1. The extra n eigenvalues are λi = -ωij, so that there 
are still only n natural frequencies, ωi. The 2n eigenvectors, z of the matrix A, how-
ever, are of the form

 zi = J ui

λiui

R  (4.178)

where ui are the mode shapes of the corresponding vibration problem. The matrix A 
(see Window 4.10) is not symmetric and the eigenvalues λi and eigenvectors zi would 
therefore be complex. In fact, the eigenvalues λi in this case are imaginary numbers 
of the form ωij.

Window 4.10
Various Uses of the Symbol A

Do not be confused by the matrix A. The symbol A is used to denote any matrix. 
Here, A is used to denote

 A = M-1K

 A = J 0 I

-M-1K -M-1C
R A = J 0 I

M-1K 0
R

to name a few. Which matrix A is being discussed should be clear from the 
context.

Damped Systems

For large-order systems, computing the eigenvalues using equation (4.177) becomes 
numerically more difficult because it is of order 2n rather than n. The main advan-
tage of the state-space form is in numerical simulations and in solving the damped 
multiple-degree-of-freedom vibration problem, which is discussed next. Now consider 
the damped vibration problem of the form

 Mx
$
(t) + Cx

#
(t) + Kx(t) = 0 (4.179)
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where C represents the viscous damping in the system (see Section 4.5) and is as-
sumed only to be symmetric and positive semidefinite. The state-matrix approach 
and related standard eigenvalue problem of equation (4.177) can also be used to 
describe the nonconservative vibration problem of equation (4.179). Multiplying 
equation (4.179) by the matrix M-1 yields

 x
$
(t) + M-1Cx

#
(t) + M-1Kx(t) = 0 (4.180)

Again it is useful to rewrite this expression in a first-order or state-space form by 
defining the two n * 1 vectors, y1(t) = x(t) and y2(t) = x

#
(t), as indicated in equa-

tion (4.172). Then equation (4.173) becomes

  y
#
1(t) = x

#
(t) = y2(t)  

  y
#
2(t) = x

$
(t) = -M-1Kx(t) - M-1Cx

#
(t) (4.181)

where the expression for x
$
(t) in equation (4.181) is taken from equation (4.180) for 

the damped system by moving the terms M-1Cx
#
(t) and M-1Kx(t) to the right of the 

equal sign. Renaming x(t) = y1(t) and x
#
(t) = y2(t) in equation (4.181) and using 

matrix notation yields

y
#
(t) = Jy

#
1(t)

y
#
1(t)

R = J 0y1(t) + Iy2(t)

-M - 1Ky1(t)-M - 1Cy2(t)
R = J 0 I

-M - 1K -M - 1C
R Jy1(t)

y2(t)
R = Ay(t)

 (4.182)

where the vector y(t) is defined as the state vector of equation (4.176), and the state 
matrix A for the damped case is defined as the partitioned form

 A = J 0 I

-M-1K -M-1C
R  (4.183)

The eigenvalue analysis for the system of equation (4.182) proceeds directly as for 
the undamped state-matrix system of equation (4.176).

A solution of equation (4.183) is again assumed of the form y(t) = zeλt and 
substituted into equation (4.183) to yield the eigenvalue problem of equation (4.177) 
(i.e., Az = λz). This again defines the standard eigenvalue problem of dimension 
2n * 2n. In this case, the solution again yields 2n values λi that may be complex 
valued. The 2n eigenvectors zi described in equation (4.178) may also be complex 
valued (if the corresponding λi is complex). This, in turn, causes the physical mode 
shape ui to be complex valued as well as the free-response vector x(t).

Fortunately, there is a rational physical interpretation of the complex eigenvalue, 
modes and the resulting solution determined by the state-space formulation of the ei-
genvalue problem given in equation (4.183). The physical time response x(t) is simply 
taken to be the real part of the first n coordinates of the vector y(t) computed from

 x(t) = a
2n

i = 1

ciuie
λit (4.184)
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The time response is discussed in more detail in Section 4.10 and was introduced in 
equation (4.115). The physical interpretation of the complex eigenvalues λi is taken 
directly from the complex numbers arising from the solution of an underdamped single-
degree-of-freedom system given in equations (1.33) and (1.34) of Section 1.3. In par-
ticular, the complex eigenvalues λi will appear in complex conjugate pairs in the form

  λi = -ζiωi - ωi21 - ζi
2j 

  λi+ 1 = -ζiωi + ωi21 - ζi
2j (4.185)

where j = 1-1, ωi is the undamped natural frequency of the ith mode and ζi is the 
modal damping ratio associated with the ith mode. The solution of the eigenvalue 
problem for the state matrix A of equation (4.183) produces a set of complex num-
bers of the form λi = αi + βij, where Re(λi) = αi and Im(λi) = βi. Comparing 
these expressions with equations (4.185) yields

 ωi = 2αi
2

+ βi
2

= 2Re(λi)
2

+ Im(λi)
2 (4.186)

 ζi =
-αi2αi
2

+ βi
2

=
-Re(λi)2Re(λi)

2
+ Im(λi)

2
 (4.187)

which provides a connection to the physical notions of natural frequency and damp-
ing ratios for the underdamped case. (See Inman, 2006, for the overdamped and 
critically damped cases.)

The complex-valued mode-shape vectors ui also appear in complex conjugate 
pairs and are referred to as complex modes. The physical interpretation of a com-
plex mode is as follows: each element describes the relative magnitude and phase of 
the motion of the degree of freedom associated with that element when the system 
is excited at that mode only. In the undamped real-mode case, the mode-shape 
vector is real (recall Section 4.1) and indicates the relative positions of each mass 
at any given instant of time at a single frequency. The difference between the real-
mode case and the complex-mode case is that if the mode is complex, the relative 
position of each mass can also be out of phase by the amount indicated by the com-
plex part of the mode shapes entry (recall that a complex number can be thought of 
as a magnitude and a phase rather than a real part and an imaginary part).

The state-space formulation of the eigenvalue problem for the matrix A given 
by equation (4.183) is related to the most general linear vibration problem. It also 
forms the most difficult computational eigenvalue problem of the five problems 
discussed previously. The following example illustrates how to compute the natural 
frequencies and damping ratios using the state-matrix approach.

Example 4.9.4

Consider the following system and compute the natural frequencies and damping 
ratios. Note that the system will not uncouple into modal equations and has complex 
modes. The system is given byJ2 0

0 1
Rx

$
(t) + J 1 -0.5

-0.5 0.5
Rx

#
(t) + J 3 -1

-1 1
Rx(t) = 0
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Solution  In each of the following codes, the M, C, and K matrices are entered, put 
into state-space form, and solved. The frequencies and damping ratios are then ex-
tracted using equations (4.186) and (4.187).

The solution in Mathcad is as follows:

M :=  J2 0

0 1
R  C :=  J 1 0.5

0.5 0.5
R  K :=  J 3 -1

-1 1
R

O :=  J0 0

0 0
R  I :=  J1 0

0 1
R

A : = augment(stack(O,-M-1K),stack(I,-M-1 C))

A = D 0  0  1  0

 0  0  0  1

-1.5  0.5 -0.5  0.25

 1 -1  0.5 -0.5

T λ :=  eigenvals(A) λ = D -0.417 + 1.345i

-0.417 - 1.345i

-0.083 + 0.705i

-0.083 - 0.705i

T
 ω1 :=  2Re(λ3)

2
+ Im(λ3)

2   ζ1 :=  
-Re(λ3)

ω1

 ω2 :=   2Re(λ1)
2

+ Im(λ1)
2   ζ2 :=  

-Re(λ1)

ω2

ω1 = 0.71   ω2 = 1.408

ζ1 = 0.117   ζ2 = 0.296

U : = eigenvecs(A)

U = D 0.193 + 0.341i  0.193 - 0.341i  0.37 + 0.042i  0.37 - 0.042i

-0.126 - 0.407i -0.126 + 0.407i  0.725  0.725

-0.539 + 0.118i -0.539 - 0.118i -0.061 + 0.257i -0.061 - 0.257i

 0.6  0.6 -0.06 + 0.512i -0.06 - 0.512i

T
The solution in MATlAb requires defining the real and imaginary parts (also 

see VTb4_3) and is as follows:

% enter data

n=2;M=[2 0;0 1];C=[1 -0.5;-0.5 0.5];K=[3 -1;-1 1];

% compute the state matrix

A=[zeros(n) eye(n); -M\K -M\C];

[V,D]=eig(A);% computes eigenvalues and eigenvectors

% compute the real and imaginary parts

ReD=(D+D')/2;ImD=(D'-D)*i/2;

W=(ReD^2+ImD^2).^.5, Zeta=-ReD/W

W =

1.4078     0     0     0

   0  1.4078     0     0

   0     0  0.7103     0

   0     0     0  0.7103
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Zeta =

0.2962     0        0        0

0     0.2962        0        0

0        0     0.1169        0

0        0        0     0.1169

The solution in Mathematica is as follows:

In[1]: = M ∙ a2 0

0 1
b; 

c ∙ a 1 ∙.5

∙.5 .5
b;

K ∙ a3 1

1 1
b;

o ∙ a0 0

0 0
b;

i = IdentityMatrix[2];

Formation of A matrix.

In[6]: =  A    =    ArrayFlatten[{o, i}, {-Inverse[M].K, -Inverse[M].c}}];

MatrixForm[A]

Out[7]//MatrixForm=

• 0 0 1 0

0 0 0 1

-
3

2

1

2
-0.5 0.25

1 -1 0.5 -0.5

µ
Solution of the eigenvalue problem.

In[8]: = {�, v} = Eigensystem[A];

MatrixForm[λ]

MatrixForm[v]

Out[9]//MatrixForm=§ -0.416934 + 1.34464i

-0.416934 - 1.34464i

-0.0830665 + 0.705454i

-0.0830665 - 0.705454i

¥
Out[10]//MatrixForm=§ 0.193156 +  0.341044i -0.126254 -  0.40718i -0.539116 +  0.117534i 0.600152 +  0.0i

0.193156 -  0.341044i -0.126254 +  0.40718i -0.539116 -  0.117534i 0.600152 +  0.0i

0.369554 +  0.0422688i 0.725456 +  0.i -0.0605163 +  0.257193i -0.060261 +  0.511776i

0.369554 -  0.0422688i 0.725454 +  0.i -0.0605163 -  0.257193i -0.060261 -  0.511776i

¥
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Calculation of natural frequencies and damping ratios.

In[11]: = �1 ∙ 2Re[�[[3]]]2 ∙ Im[�[3]]]2 

�2 ∙ 2Re[�[1]]]2 ∙ Im[�[1]]]2

�1 ∙
∙Re[�[[3]]]

�1
 

�2 ∙
∙Re[�[[1]]]

�2
 

Out[11]= 0.710328

Out[12]= 1.4078

Out[13]= 0.116941

Out[14]= 0.29616

n

4.10 NUMERICAL SIMULATION OF THE TIME RESPONSE

This section is a simple extension of Sections 1.9, 2.8, and 3.9, which examine 
the use of numerical integration to simulate and plot the response of a vibra-
tion problem. Simulation is a much easier way to obtain the system’s response 
when compared to computing the response by modal decomposition, which was 
stressed in the last nine sections. However, the modal approach is needed to per-
form design and to gain insight into the dynamics of the system. Important de-
sign criteria are often stated in terms of modal information, not directly available 
from the time response. In addition, the modal properties may be used to check 
numerical simulations. likewise, numerical solutions may also be used to check 
analytical work.

Consider the forced response of a damped linear system. The most general 
case can be written as

 Mx
$

+ Cx
#

+ Kx = BF(t)  x(0) = x0,  x
#
(0) = x

#
0 (4.188)

Following the development of equation (4.181), define y1(t) = x(t) and y2(t) = x
#
(t) 

so that y
#
1(t) = y2(t). Then multiplying equation (4.188) by M-1 yields the coupled 

first-order vector equations

  y
#
1(t) = y2(t)  

  y
#
2(t) = -M-1Ky1(t) - M-1Cy2(t) + M-1BF(t) (4.189)

with initial conditions y1(0) = x0 and y2(0) = x
#
0. Equation (4.189) can be written as 

the single first-order equation

 y
#
(t) = Ay(t) + f(t)  y(0) = y0 (4.190)
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where A is the state matrix given by equation (4.183):

A = J 0 I

-M-1K -M-1C
R

and

y(t) = Jy1(t)

y2(t)
R  f(t) = J 0

M-1BF(t)
R  y0 = Jy1(0)

y2(0)
R = Jx0

x0

R
Here y(t) is the (2n * 1) state vector, where the first n * 1 elements correspond 
to the displacement x(t) and where the second n * 1 elements correspond to the 
velocities x

#
(t). 

The Euler method of the numerical solution given in Section 3.9, equation 
(3.105) can be applied directly to the vector (state-space) formulation given in 
equation (4.190), repeated here: 

 y(ti + 1) = y(ti) + ∆tAy(ti) (4.191)

which defines the Euler formula for integrating the general vibration problem de-
scribed in equation (4.190) for the zero-force input case. This can be extended to 
the forced-response case by including the term fi = f(ti):

 yi + 1 = yi + ∆tAyi + fi (4.192)

where yi+ 1 denotes y(ti + 1), and so on, using y(0) as the initial value.
As before in Sections 1.9, 2.8, and 3.9, Runge–Kutta integration methods are 

used in most codes to produce a more accurate approximation to the solution. The 
following examples illustrate how to use MATlAb, Mathcad, and Mathematica to 
perform numerical integration to solve vibration problems.

Example 4.10.1

Consider the system given byJ4 0

0 9
R  Jx

$
1(t)

x
$

2(t)
R + J 30 -5

-5 5
R  Jx1(t)

x2(t)
R = J0.23500

2.97922
R  sin (2.756556t)

A quick computation shows that the driving frequency is also the natural frequency of 
the second mode. However, because of the force distribution vector b is proportional 
to the first mode shape, no resonance will occur. The system does not resonate because 
the force is distributed orthogonal to the second mode. The simulation will verify that 
this prediction is correct.

Solution  The problem is first put into state-space form and then solved numerically.

In Mathcad the code becomes

M :=  J4 0

0 9
R  K :=  J30 5

5 5
R  B :=  J0.23500

2.97922
R  ω:=  2.75655
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f :=  M-1 # B  M-1 # K = K = J 7.5 -1.25

-0.556   0.556
R  f = J0.059

0.331
R

X :=  D00
0

0

T A1 :=  D 0 0 1 0

0 0 0 1

-7.5 1.25 0 0

0.556 -0.556 0 0

T D(t, X) :=  A1 # X + D 0

0

f0 # sin(ω # t)

f1 # sin(ω # t)

T
Z : = rkfixed (X, 0, 20, 3000, D) t : = Z<0> x1 : = Z<1> x2 : = Z<2>

The MATlAb code to produce the solution is as follows:

clear all

xo=[0; 0; 0; 0];

ts=[0 20];

[t,x]=ode45('f',ts,xo);

plot(t,x(:,1),t,x(:,2),'--')

%-------------------------------------------

function v=f(t,x)

M=[4 0; 0 9];

K=[30 -5; -5 5];

B=[0.23500; 2.97922];

w=2.75655;

A1=[zeros(2) eye(2); -inv(M)*K zeros(2)];

f=inv(M)*B;

v=A1*x+[0;0; f]*sin(w*t);

0.25

0.2

0.15

0.1

0.05

�0.25

�0.2

�0.15

�0.1

�0.05
0 5 10 15 20

1

2

T (s)

R
e
sp

o
n

se
 (

m
)
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The Mathematica code to produce the solution is as follows:

In[1]: = <<PlotLegends'

In[2]: = m ∙ a4 0

0 9
b; 

k ∙ a 30 ∙5

∙5 5
b;

� = 2.756556;

f = a .23500 * Sin[ω * t]

2.97922 * Sin[ω * t]
b;

x = ax1[t]
x2[t]

b;
xdd = ax1''[t]

x2''[t]
b;

system = m.xdd + k.x;

In[9]: = num = NDSolve [{system[[1]] == f[[1]], x1'[0] == 0,

x1[0] == 0, system[[2]] == f[[2]], x2[0] == 0,

x2'[0] == 0}, {x1[t], x2[t]}, {t, 0, 20}];

Plot[{Evaluate[x1[t] /. num], Evaluate[x2[t] /. num]},  

 { t, 0, 20},

 PlotStyle S {RGBColor[1, 0, 0], RGBColor[0, 1, 0]},

 PlotLegend S {"x1[t]", "x2[t]"},

 LegendPosition S {1, 0}, LegendSize S {1, .3}]

n

Example 4.10.2

Compute and plot the time response of the system (newtons)J2 0

1 1
R Jx

$
1(t)

x
$

2(t)
R + J 3 -0.5

-0.5 0.5
R Jx

#
1(t)

x
#
2(t)

R + J 3 -1

-1 1
R Jx1(t)

x2(t)
R = J1

1
R  sin (ωt)

subject to the initial conditions

x0 = J 0

0.1
Rm,  v0 = J1

0
Rm/s

Solution  This amounts to formulating the system into the state-space equations given 
by (4.190) and running a Runge–Kutta routine. The solution in Mathcad is

M : = J2 0

0 1
R  C : = J 3 -0.5

-0.5 0.5
R  K : = J 3 -1

-1 1
R

O : = J0 0

0 0
R  I : = J1 0

0 1
R

B : =  J1
1
R  ω : = 2
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A : = augment(stack(O,-M-1 # K),stack(I,-M-1 C))   X  : = D 0

0.1

1

0

T 
f : = M-1 # B   f = J0.5

1
R 

D(t, X) : = A # X + D 00
f0
f1

T # sin (ω # t)

Z : = rkfixed (X, 0, 20, 3000, D) t : = Z<0> x1 : = Z<1> x2 : = Z<2>

1.5

1.0

0.5

5 10 15 20

�0.5

�1.0

x1

x2

The MATlAb code to produce the same plot is as follows:

clear all

xo=[0; 0.1; 1; 0];

ts=[0 20];

[t,x]=ode45('f',ts,xo);

plot(t,x(:,1),t,x(:,2),'--')

%------------------------------------------

function v=f(t,x)

M=[2 0; 0 1];

C=[3 -0.5; -0.5 0.5];

K=[3 -1; -1 1];

B=[1; 1];
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w=2;

A1=[zeros(2) eye(2); -inv(M)*K -inv(M)*C];

f=inv(M)*B;

v=A1*x+[0;0; f]*sin(w*t);

The Mathematica code for simulating and plotting the response is as follows:

In[1]: = <<PlotLegends'

In[2]: = m =  a2 0

0 1
b;

c = a 3 - .05

- .05 .05
b ;

k = a 3 -1

-1 1
b ;

ω= 2;

f = aSin[ω * t]

Sin[ω * t]
b ;

x = Jx1[t]

x2[t]
R ;

xd = Jx1 ' [t]

x2 ' [t]
R ;

xdd = Jx1 '' [t]

x2 '' [t]
R ;

system = m.xdd + c.xd + k.x;

In[11]: = num = NDSolve [{system[[1]] == f[[1]], x1'[0] == 1,

x1[0] == 0, system[[2]] == f[[2]], x2[0] == .1,

x2'[0] == 0}, {x1[t], x2[t]}, { t, 0, 20} ];

Plot [{Evaluate [x1[t] /. num], Evaluate[x2[t] /. num]},

{t, 0, 20},

PlotStyle S {RGBColor[1, 0, 0], RGBColor[0, 1, 0]},

PlotLegend S {"x1[t]", "x2[t]"},

LegendPosition S {1, 0}, LegendSize S {1, .3}]

n

Example 4.10.3

Consider the following system excited by a pulse of duration 0.1 s (units in newtons):J2 0

0 1
R J x

$
1

x
$

2

R + J 0.3 -0.05

-0.05 0.05
R Jx

#

1

x
#

2

R + J 3 -1

-1 1
R Jx1

x2

d  
 = J0

1
R [Φ(t - 1) - Φ(t - 1.1)]
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and subject to the initial conditions

x0 = J 0

-0.1
Rm,  v0 = J0

0
Rm/s

Compute and plot the response of the system. Here Φ indicates the Heaviside 
step function introduced in Section 3.2.

Solution  This again follows the same format as the previous examples of putting the 
 equations of motion into state-matrix form and solving using one of the software pro-
grams. In Mathcad the code and solution are

M : = J2 0

0 1
R C : = J 0.3 -0.05

-0.05 0.05
R K : = J 3 -1

-1 1
R

o : = J0 0

0 0
R  I : = J1 0

0 1
R

B : = J0
1
R   A : = augment (stack (o, -M-1 # K), stack (I, -M-1 C))

f : = M-1 # B  f = J0
1
R  X : = D 0

(-0.1)

1

0

T 
D(t, X) : = A # X + D 00

f0
f1

T # (Φ(t - 1) - Φ(t - 1.1))

Z : = rkfixed (X, 0, 30, 3000, D) t : = Z<0> x1 : = Z<1> x2 : = Z<2>

The MATlAb code for producing the same plot is as follows. Note that in this 
case it is necessary to set the tolerance for ODE45 in order to clearly define the “impulse” 
as the difference between two step functions. This is done using the options command 
listed in the following.

clear all

xo = [0; -0.1; 0; 0];

ts = [0 30];

options=odeset('RelTol',le-4);

[t,x] = ode45('f',ts,xo);

plot(t,x(:,1),t,x(:,2),'– –')

%--------------------------------------------

function v = f(t,x)

M = [2 0; 0 1];

C = [0.3 -0.05; -0.05 0.05];

K = [3 -1; -1 1];

B = [0; 1];t1 = 1; t2 = 1.1;
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A1 = [zeros(2) eye(2); -inv(M)*K -inv(M)*C];

f = inv(M)*B;

v = A1*x + [0;0; f]*(stepfun(t,t1)-stepfun(t,t2));

�0.2

�0.1

0.1

5 10 15 20 25 30

0.2

The Mathematica code for simulating and plotting the response is as follows. As 
in the MATlAb case, the tolerances must be set in order to define the impulse. In this 
case, the command is PrecisionGoal->10 as listed below:

In[1]: = <<PlotLegends'

In[2]: = m = a2 0

0 1
b ; 

c = a 0.3 -0.05

-0.05 0.05
b ;

k = a 3 -1

-1 1
b ;

f = a 0

UnitStep[t - 1] - UnitStep[t - 1.1]
b ;

x = Jx1[t]

x2[t]
R ;

xd = Jx1 ' [t]

x2 ' [t]
R ;

xdd = Jx1 '' [t]

x2 '' [t]
R ;

system = m.xdd + c.xd + k.x;
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In[10]: = num = NDSolve [{system[[1]] == f[[1]], x1'[0] == 0,

x1[0] == 0, system[[2]] == f[[2]], x2[0] == -.1,

x2'[0] == 0}, {x1[t], x2[t]}, {t, 0, 30}, 

PrecisionGoal->10];

Plot [{Evaluate [x1[t] /. num], Evaluate[x2[t] /. num]},

{t, 0, 30},

PlotStyle S {RGBColor[1, 0, 0], RGBColor[0, 1, 0]},

PlotRange S {-.2,.2},

PlotLegend S {"x1[t]", "x2[t]"},

LegendPosition S {1, 0}, LegendSize S {1, .3}]

n

The preceding examples illustrate the basic features of using math software 
to solve vibration problems. These examples are all simple two-degree-of-freedom 
systems, but the methods and routines work for any number of degrees of freedom, 
limited only by the array size for a particular code. The Toolbox provides addi-
tional solution possibilities.

PROBLEMS

Those problems marked with an asterisk are intended to be solved using computational 
software.

Section 4.1 (Problems 4.1 through 4.19)

 4.1. Consider the system of Figure P4.1. For c1 = c2 = c3 = 0, derive the equation of 
 motion and calculate the mass and stiffness matrices. Note that setting k3 = 0 in your 
solution should result in the stiffness matrix given by equation (4.9).

k1

m1

x1 x2

m2

k2 k3

c1 c2 c3

Figure P4.1  

 4.2. Calculate the characteristic equation from Problem 4.1 for the case

m1 = 9 kg m2 = 1 kg k1 = 24 N>m k2 = 3 N>m k3 = 3 N>m
and solve for the system’s natural frequencies.

 4.3. Calculate the vectors u1 and u2 for Problem 4.2.

 4.4. For initial conditions x(0) = [1 0]T and x
#
(0) = [0 0]T calculate the free response 

of the system of Problem 4.2. Plot the response x1(t) and x2(t).
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 4.5. Calculate the response of the systemJ9 0

0 1
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0

described in Example 4.1.7, to the initial condition x(0) = 0, x
#
(0) = [1 0]T, plot the 

response, and compare the result to Figure 4.3.

 4.6. Write the equations of motion for the system of Figure P4.1 for the case that k1 = k3 = 0 
and identify the mass and stiffness matrix for this case.

 4.7. Calculate and solve the characteristic equation for the following system:J9 0

0 1
Rx

$
(t) + 10J 1 -1

-1 1
Rx(t) = 0

 4.8. Compute the natural frequencies of the following system:J6 2

2 4
Rx

$
(t) + J 3 -1

-1 1
Rx(t) = 0.

 4.9. Calculate the solutionJ9 0

0 1
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0,  x(0) = C 1

3

1

S
  

x
#
(0) = 0

Compare the response with that of Figure 4.3.

 4.10. Calculate the solutionJ9 0

0 1
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0,  x(0) = C -

1

3

1

S
 
 x

#
(0) = 0

Compare the response with that of Figure 4.3.If you worked Problem 4.9, compare 
your solution to that response also.

 4.11. Compute the natural frequencies and mode shapes of the following system:J4 0

0 1
Rx

$
(t) + 10J 4 -2

-2 1
Rx(t) = 0

 4.12. Determine the equation of motion in matrix form, then calculate the natural frequen-
cies and mode shapes of the torsional system of Figure P4.12. Assume that the torsional 
stiffness values provided by the shaft are equal (k1 = k2) and that disk 1 has three times 
the inertia as that of disk 2 (J1 = 3J2).

k2k1 J1 J2

�1(t) �2(t)

Figure P4.12  Torsional system with two disks 
and, hence, two degrees of freedom.
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 4.13. Two subway cars of Figure P4.13 have 2000 kg mass each and are connected by a 
coupler. The coupler can be modeled as a spring of stiffness k = 280,000 N>m. Write 
the equation of motion and calculate the natural frequencies and (normalized) mode 
shapes.

x1(t)

m m
k

x2(t)

Figure P4.13  Vibration model of two subway cares connected by a coupling device 
modeled as a massless spring.

 4.14. Suppose that the subway cars of Problem 4.13 are given the initial position of x10 = 0, 
x20 = 0.1 m, and initial velocities of 10 = 20 = 0. Calculate the response of the cars.

 4.15. A slightly more sophisticated model of a vehicle suspension system is given in 
Figure  P4.15. Write the equations of motion in matrix form. Calculate the natural 
 frequencies for k1 = 103 N>m, k2 = 104 N>m, m2 = 50 kg, and m1 = 2000 kg.

x1(t)
m1

m2

k1

k2

x2(t)

m1
Car mass

m2
Tire massk2

Tire stiffness

k1
Car spring

Figure P4.15  A two-degree-
of-freedom model of a vehicle 
suspension system.

 4.16. Examine the effect of the initial condition of the system of Figure 4.1(a) on the responses 
x1(t) and x2(t) by repeating the solution of Example 4.1.7 given byJx1(t)

x2(t) R = C 1

3
 A1 sin (12t + ϕ1) -

1

3
 A2 sin (2t + ϕ2)

A1 sin (12t + ϕ1) + A2 sin (2t + ϕ2)
S

first for x10 = 0, x20 = 1 with x
#
10 = x

#
20 = 0 and then for x10 = x20 = x

#
10 = 0 and 

x
#
20 = 1. Plot the time response in each case and compare your results against Figure 4.3.

 4.17. Consider the system defined byJ9 0

0 1
Rx

$
+ J24 + k2 -k2

-k2 k2

Rx = 0

Using the initial conditions x1(0) = 1 mm, x2(0) = 0, and x
#
1(0) = x

#
2(0) = 0, resolve 

and plot x1(t) for the cases that k2 takes on the values 0.3, 3, 30, and 300. In each case, 
compare the plots of x1 and x2. What can you conclude?
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 4.18. Consider the system defined byJm1 0

0 m2

R Jx
$

1

x
$

2

R + Jk1 + k2 -k2

-k2 k2

R Jx1

x2

R = J0

0
R

Determine the natural frequencies in terms of the parameters m1, m2, k1, and k2. How 
do these compare to the two single-degree-of-freedom frequencies ω1 = 1k1>m1 and 
ω2 = 1k2>m2 ?

 4.19. Consider the problem of Example 4.1.7 with the first degree-of-freedom response 
given by x1(t) = 0.5(cos 12t + cos 2t). Use a trig identity to show the x1(t) experiences 
a beat. Plot the response to show the beat phenomena in the response.

Section 4.2 (Problems 4.20 through 4.35)

 4.20. Calculate the square root of the matrix

M = J 13 -10

-10 8
R

3Hint: let M1>2
= J a -b

-b c
R ; calculate (M1>2)2 and compare to M.4

 4.21. Normalize the vectors J 1

-2
R ,  J0

5
R ,  J -0.1

0.1
R

first with respect to unity (i.e., xTx = 1) and then again with respect to the matrix M 
(i.e., xTMx = 1), where

M = J 3 -0.1

-0.1 2
R

 4.22. Consider the vibrating system described byJ4 0

0 1
Rx

$
(t) + J 4 -2

-2 1
Rx(t) = 0

Compute the mass-normalized stiffness matrix, the eigenvalues, the normalized eigen-
vectors, the matrix P, and show that PTMP = I and PTKP is the diagonal matrix of 
eigenvalues Λ.

 4.23. Calculate the matrix K
∙

 for the system defined byJm1 0

0 m2

Rx
$
(t) + Jk1 + k2 -k2

-k2 k2 + k3

Rx(t) = 0

and see that it is symmetric.

 4.24. Consider the vibrating system described byJ4 0

0 1
Rx

$
(t) + J 4 -2

-2 1
Rx(t) = 0
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Compute the mass-normalized stiffness matrix, the eigenvalues, the normalized eigen-
vectors, the matrix P, and show that PTMP = I and PTKP is the diagonal matrix of 
eigenvalues Λ.

 4.25. Discuss the relationship or difference between a mode shape of equation (4.54) and an 
eigenvector of K

∙
.

 4.26. Calculate the units of the elements of matrix K
∙

.

 4.27. Calculate the spectral matrix Λ and the modal matrix P for the vehicle model of 
Problem 4.15 described byJ2000 0

0 50
Rx

$
(t) + J 1000 -1000

-1000 11,000
Rx(t) = 0

 4.28. Calculate the spectral matrix Λ and the modal matrix P for the system given byJ2000 0

0 2000
Rx

$
(t) + J 280,000 -280,000

-280,000 280,000
Rx(t) = 0

 4.29. Calculate K
∙

 for the torsional vibration problem given by

J2J3 0

0 1
R�$(t) + kJ 2 -1

-1 1
R�(t) = 0

What are the units of K
∙

 ?

 4.30. Consider the system in Figure P4.30 for the case where m1 = 1 kg, m2 = 4 kg, k1 =

240 N>m, and k2 = 300 N>m. Write the equations of motion in vector form and compute 
each of the following:
(a) the natural frequencies
(b) the mode shapes
(c) the eigenvalues
(d) the eigenvectors
(e) show that the mode shapes are not orthogonal
(f) show that the eigenvectors are orthogonal
(g) show that the mode shapes and eigenvectors are related by M-1>2 
(h) write the equations of motion in modal coordinates

Note that the purpose of this problem is to help you see the difference between these 
various quantities.

k1

m1

x1(t) x2(t)

m2

k2

Figure P4.30  A two-degree-of-freedom 
system.

 4.31. Consider the following system:J1 0

0 4
Rx

$
(t) + J 3 -1

-1 1
Rx(t) = 0



420 Multiple-Degree-of-Freedom Systems     Chap. 4

where M is in kg and K is in N>m. (a) Calculate the eigenvalues of the system. 
(b) Calculate the eigenvectors and normalize them.

 4.32. The torsional vibration of the wing of an airplane is modeled in Figure P4.32. Write 
the equation of motion in matrix form and calculate analytical forms of the natural 
frequencies in terms of the rotational inertia and stiffness of the wing.

k2k1 J1 J2

�1(t) �2(t)

Wing modeled as two shafts and two
disks for torsional vibration

Airplane wing with engines

Figure P4.32  A crude model of the torsional vibration of a wing consisting of a two-
shaft, two-disk system similar to Problem 4.12 used to estimate the torsional natural 
frequencies of the wing where the engine inertias are approximated by the disks.

 4.33. Calculate the value of the scalar a such that x1 = [a -1 1]T and x2 = [1 0 1]T 
are orthogonal.

 4.34. Normalize the vectors of Problem 4.33. Are they still orthogonal?

 4.35. Which of the following vectors are normal? Orthogonal?

x1 = E 112

0

112

U  x2 = C0.1

0.2

0.3

S  x3 = C0.3

0.4

0.3

S
Section 4.3 (Problems 4.36 through 4.46)

 4.36. Decouple the following equation of motion into two decoupled equations of motion:J4 0

0 1
Rx

$
(t) + J 4 -2

-2 2
Rx(t) = 0

 4.37. Solve the system of Problem 4.12 given by

J2J3 0

0 1
R�$ + kJ 2 -1

-1 1
R� = 0
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Using modal analysis for the case where the rods have equal stiffness (i.e., k1 = k2), J1 = 3J2, 
and the initial conditions are x(0) = [0 1]T and x

#
(0) = 0. 

 4.38. Consider the system J9 0

0 1
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0

of Example 4.3.1. Calculate a value of x(0) and x
#
(0) such that both masses of the system 

oscillate with a single frequency of 2 rad>s.
 4.39. Consider the system of Figure P4.39 consisting of two pendulums coupled by a spring. 

Determine the natural frequency and mode shapes. Plot the mode shapes as well as 
the solution to an initial condition consisting of the first mode shape for k = 20 N>m,  
l = 0.5 m, and m1 = m2 = 10 kg, a = 0.1 m along the pendulum.

k a

m1

�1 �2
m2

l

Figure P4.39  Two pendulums of the 
same length connected by a spring used 
to model a machine part.

 4.40. Compute and plot the response ofJ1 0

0 10
Rx

$
(t) + J 12 -2

-2 12
Rx(t) = 0

subject to x(0) = [1 1]T and x
#
(0) = 0. Compare your result to Example 4.3.2 and 

Figure 4.6.

 4.41. Use modal analysis to calculate the solution ofJ1 0

0 4
Rx

$
(t) + J 3 -1

-1 1
Rx(t) = 0

for the initial conditions x(0) = [0 1]T (mm) and x
#
(0) = [0 0]T (mm>s).

 4.42. For the matrices

M-1>2
= C 112

0

0 4

S
  

and  P =
112

 J 1 1

-1 1
R

calculate M-1>2P, 1M-1>2P2T, and PTM-1>2 and hence verify that the computations in 
equation (4.70) make sense.
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 4.43. Consider the two-degree-of-freedom system defined byJ9 0

0 1
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0

Calculate the response of the system to the initial conditions

x0 =
112

 C 1

3

1

S
 
 x

#
0 = 0

What is unique about your solution compared to the solution of Example 4.3.1?

 4.44. Consider the two-degree-of-freedom system defined byJ9 0

0 1
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0

Calculate the response of the system to the initial conditions

x0 = 0  and  x
#
0 =

112
 C 1

3

-1

S
What is unique about your solution compared to the solution of Example 4.3.1 and to 
Problem 4.40, if you also worked that?

 4.45. Consider the system defined byJ100 0

0 100
Rx

$
(t) + J 25,000 -15,000

-15,000 25,000
Rx(t) = 0

Solve for the free response of this system using modal analysis and the initial conditions.

 4.46. Consider the model of a vehicle given in Problem 4.15 illustrated in Figure P4.15 
 defined by J2000 0

0 50
Rx

$
+ J 1000 -1000

-1000 11,000
Rx = 0

Suppose that the tire rolls over a bump modeled as the initial conditions of 
x(0) = [0 0.01]T and x

#
(0) = 0. Use modal analysis to calculate the response of the 

car x1(t). Plot the response for three cycles.

Section 4.4 (Problems 4.47 through 4.59)

 4.47. A vibration model of the drive train of a vehicle is illustrated as the three-degree-of-
freedom system of Figure P4.47. Calculate the undamped free response [i.e., M(t) =

F(t) = 0, c1 = c2 = 0] for the initial condition x(0) = 0, x
#
(0) = [0 0 1]T. Assume 

that the hub stiffness is 10,000 N>m and that the axle>suspension is 20,000 N>m. 
Assume the rotational element J is modeled as a translational mass of 75 kg.
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Torque convertor
inertia

J�75 kg•m2/rad

M(t)
Clutch
torque

F(t)
Wind and
road load

Equivalent
inertia of

transmission
m2�100 kg

Vehicle
equivalent

inertia
m3�3000 kg

Rotational

Hub damping

Tire damping

x
1
(t) x

2
(t) x

3
(t)

Hub stiffness Axle and suspension
stiffness

Translational

Figure P4.47  A simplified model of an automobile for vibration analysis of the drive train. 
The parameter values given are representative and should not be considered as exact.

 4.48. Calculate the natural frequencies and normalized mode shapes ofC4 0 0

0 2 0

0 0 1

Sx
$

+ C 4 -1 0

-1 2 -1

0 -1 1

Sx = 0

 4.49. The vibration is the vertical direction of an airplane and its wings can be modeled as 
a three-degree-of-freedom system, with one mass corresponding to the right wing, one 

m

m m

m4m

4m

EI EI

l l

x
1
(t) x

2
(t) x

3
(t)

x
1
(t)

x
2
(t)

x
3
(t)

(b)

(c)

(a)

3EI

l
3

k �
3EI

l
3

k �

Figure P4.49  A model of the wing vibration of an airplane: (a) vertical wing 
vibration; (b) lumped mass>beam deflection model; (c) spring–mass model.
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mass for the left wing, and one mass for the fuselage. The stiffness connecting the three 
masses corresponds to that of the wing and is a function of the modulus E of the wing. 
The equation of motion is

mC1 0 0

0 4 0

0 0 1

S Cx
$

1(t)

x
$

2(t)

x
$

3(t)

S +
EI

l3
 C 3 -3 0

-3 6 -3

0 -3 3

S Cx1(t)

x2(t)

x3(t)

S = C0

0

0

S
The model is given in Figure P4.49. Calculate the natural frequencies and mode 
shapes. Plot the mode shapes and interpret them according to the airplane’s 
deflection.

 4.50. Solve for the free response of the system of Problem 4.49, where E = 6.9 * 109 N>m2, 
l = 2 m, m = 3000 kg, and I = 5.2 * 10- 6 m4. let the initial displacement correspond 
to a gust of wind that causes an initial condition of x

#
(0) = 0, x(0) = [0.2 0 0]T m. 

Discuss your solution.

 4.51. Consider the two-mass system of Figure P4.51. This system is free to move in the x1 - x2 
plane. Hence, each mass has two degrees of freedom. Derive the linear equations of 
motion, write them in matrix form, and calculate the eigenvalues and eigenvectors for 
m = 10 kg and k = 100 N>m.

k

k

2k

4k

4k

3k 4k
x

2
x

4

x
3

x
1

m m

Figure P4.51  A two-mass system 
free to move in two directions.

 4.52. Consider again the system discussed in Problem 4.51. Use modal analysis to calculate 
the solution if the mass on the left is raised along the x2 direction exactly 0.01 m and 
let go.

 4.53. The vibration of a floor in a building containing heavy machine parts is mod-
eled in Figure P4.53. Each mass is assumed to be evenly spaced and signifi-
cantly larger than the mass of the floor. The equation of motion then becomes 
(m1 = m2 = m3 = m).
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m
1

m
2

m
3

x
1
(t) x

2
(t) x

3
(t)

l l l l
Figure P4.53  A lumped-mass model of 
boxes loaded on the floor of a building.

mIx
$

+
EI

l3
 F 9

64

1

6

13

192

1

6

1

3

1

6

13

192

1

6

9

64

V Cx1

x2

x3

S = 0

Calculate the natural frequencies and mode shapes. Assume that in placing box m2 
on the floor (slowly) the resulting vibration is calculated by assuming that the initial 
 displacement at m2 is 0.05 m. If l = 2 m, m = 200 kg, E = 0.6 * 109 N>m2, I =  
4.17 * 10- 5 m4, calculate the response and plot your results.

 4.54. Recalculate the solution to Problem 4.53 for the case that m2 is increased in mass 
to 2000 kg. Compare your results to those of Problem 4.53. Do you think it makes a 
 difference where the heavy mass is placed?

 4.55. Repeat Problem 4.49 for the case that the airplane body is 10 m instead of 4 m as indi-
cated in the figure. What effect does this have on the response, and which design (4 m 
or 10 m) do you think is better for reduced vibration?

 4.56. Often in the design of a car, certain parts cannot be reduced in mass. For example, con-
sider the drive train model illustrated in Figure P4.47. The mass of the torque converter 
and transmission are relatively the same from car to car. However, the mass of the car 
could change as much as 1000 kg (e.g., a two-seater sports car versus a family sedan). 
With this in mind, resolve Problem 4.47 for the case that the vehicle inertia is reduced 
to 2000 kg. Which case has the smallest amplitude of vibration?

 4.57. Use the mode summation method to compute the analytical solution for the response 
of the two-degree-of-freedom system:J1 0

0 4
Rx

$
(t) + J 540 -300

-300 300
Rx(t) = 0

to the initial conditions of

x0 = J 0

0.01
R , x

#
0 = J0

0
R
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 4.58. For a zero value of an eigenvalue and hence frequency, what is the corresponding time 
response? Or asked another way, the form of the modal solution for a nonzero fre-
quency is A sin (ωnt + ϕ), what is the form of the modal solution that corresponds to 
a zero frequency? Evaluate the constants of integration if the modal initial conditions 
are r1(0) = 0.1, and r

#
1(0) = 0.01.

 4.59. Consider the system described byJ1 0

0 4
Rx

$
(t) + J 400 -400

-400 400
Rx(t) = 0

subject to the initial conditions x(0) = [1 0]T, x
#
(0) = 0. Plot the displacements 

 versus time.

Section 4.5 (Problems 4.60 through 4.72)

 4.60. Consider the following two-degree-of-freedom system and compute the response 
 assuming modal damping rations of ζ1 = 0.01 and ζ2 = 0.1 :J5 0

0 1
Rx

$
(t) + J 20 -3

-3 3
Rx(t) = 0,   x0 = J 0.1

0.05
R , x

#
0 = 0

Plot the response.

 4.61. Consider the example of the automobile drive train system discussed in Problem 4.47, 
modeled by C75 0 0

0 100 0

0 0 3000

S  x
$

+ 10,000 C 1 -1 0

-1 3 -2

0 -2 2

Sx = 0

x(0) = 0 and x
#
(0) = [0 0 1]T m>s

Add 10% modal damping to each coordinate, calculate and plot the system response.

 4.62. Consider the following two-degree-of-freedom system and compute the response 
 assuming modal damping ratios of ζ1 = 0.05 and ζ2 = 0.01 :J50 0

0 1
Rx

$
(t) + J 20 -9

-9 9
Rx(t) = 0,  x0 = J0.05

0.09
R , x

#
0 = 0

Plot the response.

 4.63. Consider the model of an airplane discussed in Problem 4.49, Figure P4.49 modeled byC3000 0 0

0 12,000 0

0 0 3000

Sx
$

+ C 13,455 -13,455 0

-13,455 26,910 -13,455

0 -13,455 13,455

Sx = 0

subject to the initial conditions x(0) = [0.02 0 0]T m and x
#
(0) = 0. (a) Calculate 

the response assuming that the damping provided by the wing rotation is ζi = 0.01 in 



Chap. 4    Problems 427

each mode. (b) If the aircraft is in flight, the damping forces may increase dramatically 
to ζi = 0.1. Recalculate the response and compare it to the more lightly damped case 
of part (a).

 4.64. Repeat the floor vibration problem of Problem 4.53 given by

 200x
$

+ 3.197 * 10-4F 9

64

1

6

13

192

1

6

1

3

1

6

13

192

1

6

9

64

Vx = 0

 x(0) = [0 0.05 0]Tm and x
#
(0) = 0

by assigning modal damping ratios of

ζ1 = 0.01  ζ2 = 0.1  ζ3 = 0.2

 4.65. Repeat Problem 4.64 with constant modal damping of ζ1, ζ2, ζ3 = 0.1. If you worked 
the previous problem, compare this solution with the solution of Problem 4.64.

 4.66. Consider the damped system of Figure P4.66. Determine the damping matrix and use 
the formula of equation (4.119) to determine values of the damping coefficient cI for 
which this system would be proportionally damped.

k1

m1

x1 x2

m2

k2 k3

c1 c2 c3
Figure P4.66  A damped two-degree-
of-freedom system fixed at each end.

 4.67. let k3 = 0 in Figure P4.66. Also let m1 = 1, m2 = 4, k1 = 2, k2 = 1, and calculate c1, c2, 
and c3 such that ζ1 = 0.01 and ζ2 = 0.1.

 4.68. Calculate the constants α and β for the two-degree-of-freedom system given byJ1 0

0 4
Rx

$
+ (αM + βK)x

#
+ J 3 -1

-1 1
Rx = 0

such that the system has modal damping of ζ1 = ζ2 = 0.3. 

 4.69. Equation (4.124) represents n equations in only two unknowns and hence cannot 
be used to specify all the modal damping ratios for a system with n 7 2. If the floor 
vibration system of Problem 4.53 has measured damping of ζ1 = 0.01 and ζ2 = 0.05, 
determine ζ3.

 4.70. If you worked the previous problem, calculate the damping matrix for the system of 
Problem 4.69. What are the units of the elements of the damping matrix?
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 4.71. Does the following system decouple? If so, calculate the mode shapes and write the 
equation in decoupled form.J1 0

0 1
Rx

$
+ J 5 -3

-3 3
Rx

#
+ J 5 -1

-1 1
Rx = 0

 4.72. Show that if the damping matrix satisfies C = αM + βK, then the matrix CM-1K is 
symmetric and hence that CM-1K = KM-1C.

Section 4.6 (Problems 4.73 through 4.83)

 4.73. Calculate the response of the system of Figure P4.73 discussed in Example 4.6.1 if 
F2(t) = δ(t) and the initial conditions are set to zero. This might correspond to a two-
degree-of-freedom model of a car hitting a bump.

k1

c1

x1

m1

k2

c2

x2

m2

F2(t) � 3 cos 2t

Figure P4.73  A damped 
two-degree-of-freedom 
system.

 4.74. Calculate the response of the system of Figure P4.73 discussed in Example 4.6.1 if 
F1(t) = δ(t) and the initial conditions are set to zero. This might correspond to a two-
degree-of-freedom model of a car hitting a bump.

 4.75. For an undamped two-degree-of-freedom system, show that resonance occurs at one 
or both of the system’s natural frequencies.

 4.76. Use modal analysis to calculate the response of the drive train system of Problem 4.44 
given by C75 0 0

0 100 0

0 0 3000

Sx
$

+ 10,000C 1 -1 0

-1 3 -2

0 -2 2

Sx = 0

to a unit impulse on the car body (i.e., at location x3). Use the modal damping of 
10% in each mode. Calculate the solution in terms of physical coordinates, and after 
 subtracting the rigid-body modes, compare the responses of each part.

 4.77. Consider the machine tool of Figure 4.28 with a floor mass of m = 1000 kg, subject to 
a force of 10 sint (in newtons) so that the equation of motions is

11032 C0.4 0 0

0 2 0

0 0 1

Sx
$
(t) + 11042 C 30 -30 0

-30 38 -8

0 -8 88

Sx(t) = C 0

0

10 sin t

S
Calculate the response. How much does this floor vibration affect the machine’s tool-
head compared to the solution given in Example 4.8.3?
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 4.78. Consider the airplane of Figure P4.49 with modal damping of 0.1 in each mode. Suppose 
that the airplane hits a gust of wind, which applies an impulse of 3δ(t) at the end of the 
left wing and δ(t) at the end of the right wing. Calculate the resulting vibration of the 
cabin [x2(t)].

 4.79. Consider again the airplane of Figure P4.49. with 10% modal damping in each mode. 
Suppose that this is a propeller-driven airplane with an internal combustion engine 
mounted in the nose. At a cruising speed, the engine mounts transmit an applied force 
to the cabin mass (4m at x2) which is harmonic of the form  50 sin10t. Calculate the 
 effect of this harmonic disturbance at the nose and on the wing tips after subtracting 
out the translational or rigid motion.

 4.80. Consider the automobile model of Problem 4.15 illustrated in Figure P4.15 with equa-
tions of motion: J2000 0

0 50
Rx

$
+ J 1000 -1000

-1000 11000
Rx = 0

Add modal damping to this model of ζ1 = 0.01 and ζ2 = 0.2 and calculate the response 
of the body [x2(t)] to a harmonic input at the second mass of 10 sin3t N.

 4.81. Determine the modal equations for the following system and comment on whether or 
not the system will experience resonance.

x
$

+ J 2 -1

-1 1
Rx = J1

0
R  sin (0.618t)

 4.82. Consider the following system and compute the solution using the mode summation method.

M = J9 0

0 1
R , K = J 27 -3

-3 3
R , x(0) = J1

0
R , x

#
(0) = J0

0
R

 4.83. Consider the following two systems, and in each case determine if a resonance response 
occurs.

(a) Jm1 0

0 m2

R  Jx
$

1

x
$

2

R + Jk1 + k2 -k2

-k2 k2

R  Jx1

x2

R = J0.642

0.761
R  sin (2t)

(b) Jm1 0

0 m2

R  Jx
$

1

x
$

2

R + Jk1 + k2 -k2

-k2 k2

R  Jx1

x2

R = J0.23500

2.97922
R  sin (2.756556t)

where m1 = 4 kg, k1 = 25 N>m, m2 = 9 kg, and k2 = 5 N>m.

Section 4.7 (Problems 4.84 through 4.87)

 4.84. Use lagrange’s equation to derive the equations of motion of the lathe of Figure 4.21 
for the undamped case.

 4.85. Use lagrange’s equations to derive the equations of motion for the automobile of 
Example 4.8.2 illustrated in Figure 4.25 for the case c1 = c2 = 0.

 4.86. Use lagrange’s equations to derive the equations of motion for the building model 
presented in Figure 4.9 of Example 4.4.3 for the undamped case.
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 4.87. Consider again the model of the vibration of an automobile of Figure 4.25. In this case, in-
clude the tire dynamics as indicated in Figure P4.87. Derive the equations of motion using 
lagrange formulation for the undamped case. let m3 denote the mass of the car acting at c.g.

l
2

m
1

c
1

c
3

x
1

x
2

k
3

k
1

m
2

c
2

c
4

k
4

k
2

x
3
� l

1
�

x
3
� l

2
�

c.g.�

}

}

}

}

Suspension

Tire dynamics

x
3

l
1

Figure P4.87  A simple car model including tire dynamics.

Section 4.9 (Problems 4.88 through 4.98)

 *4.88. Consider the mass matrix

M = J 10 -1

-1 1
R

and calculate M- 1, M- 1>2, and the Cholesky factor of M. Show that

 LLT
= M

 M-1>2 M-1>2
= I

 M1>2 M1>2
= M

 *4.89. Consider the matrix and vector

A = J 1 -ε
-ε ε

R      b = J10

10
R

use a code to solve Ax = b for ε = 0.1, 0.01, 0.001, 10- 6, and 1.

 *4.90. Calculate the natural frequencies and mode shapes of the system of Example 4.8.3. 
Use the undamped equation and the form given by equation (4.161).

 *4.91. Compute the natural frequencies and mode shapes of the undamped version of 
the system of Example 4.8.3 using the formulation of equation (4.164) and (4.168). 
Compare your answers.

 *4.92. Use a code to solve for the modal information of the following systemJ9 0

0 1
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0
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 *4.93. Write a program to normalize the vector x = [0.4450 0.8019 1]T.

 *4.94. Use a code to calculate the natural frequencies and mode shapes obtained for the 
system J1 0

0 4
Rx

$
(t) + J 12 -2

-2 12
Rx(t) = 0

 *4.95. Following the modal analysis solution of Window 4.5, write a program to compute the 
time response of the system of Problem 4.94.

 *4.96. Use a code to solve the damped vibration problemJ9 0

0 1
Rx

$
+ J 2.7 -0.3

-0.3 0.3
Rx

#
+ J 27 -3

-3 3
Rx = 0

by calculating the natural frequencies, damping ratios, and mode shapes.

 *4.97. Consider the vibration of the airplane of Problems 4.46 and 4.47 as given in Figure P4.46. 
The mass and stiffness matrices are given as

M = mC1 0 0

0 4 0

0 0 1

S  K =
EI

l3
 C 3 -3 0

-3 6 -3

0 -3 3

S
where m = 3000 kg, l = 2 m, I = 5.2 * 10- 6 m4, E = 6.9 * 109 N>m2, and the damp-
ing matrix C is taken to be C = (0.002)K. Calculate the natural frequencies, normalized 
mode shapes, and damping ratios.

 *4.98. Consider the proportionally damped, dynamically coupled system given by

M = J 9 -1

-1 1
R  C = J 3 -1

-1 1
R  K = J 49 -2

-2 2
R

and calculate the mode shapes, natural frequencies, and damping ratios.

Section 4.10 (Problems 4.99 through 4.106)

 *4.99. Recall the system of Example 1.7.3 for the vertical suspension system of a car modeled by 
mx

$
(t) + cx

#
(t) + kx(t) = 0, with m = 1361 kg, k = 2.668 * 105 N>m, and c = 3.81 *  

104 kg>s subject to the initial conditions of x(0) = 0 and v(0) = 0.01 m>s2. Solve this 
and plot the solution using numerical integration.

 *4.100. Solve for the time response of Example 4.4.3 (i.e., the four-story building of Figure 4.9) 
modeled by

4000D1 0 0 0

0 1 0 0

0 0 1 0

0 0 0 1

Tx
$
(t) + D 10,000 -5000 0 0

-5000 10,000 -5000 0

0 -5000 10,000 -5000

0 0 -5000 5000

Tx(t) = 0
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subject to an initial displacement of x(0) = [0.001 0.010 0.020 0.025]T and zero 
initial velocity. Compare the solutions obtained with using a modal analysis approach 
to a solution obtained by numerical integration.

 *4.101. Reproduce the plots of Figure 4.13 for the two-degree-of-freedom system of Example 
4.5.1 given byJ9 0

1 0
Rx

$
(t) + J 27 -3

-3 3
Rx(t) = 0,  x(0) = J1

0
R , x

#
(t) = 0

using a numerical integration code.

 *4.102. Consider Example 4.8.3 and (a) using the damping ratios given, compute a damping 
matrix in physical coordinates, (b) use numerical integration to compute the response 
and plot it, and (c) use the numerical code to design the system so that all three physical 
coordinates die out within 5 seconds (i.e., change the damping matrix until the desired 
response results).

 *4.103. Compute and plot the time response of the system (newtons)J5 0

0 1
R Jx

$
1

x
$

2

R + J 3 -0.5

-0.5 0.5
R Jx

#
1

x
#
2

R + J 3 -1

-1 1
R Jx1

x2

R = J1

1
R  sin (4t)

subject to the initial conditions

x0 = J 0

0.1
R  m,  v0 = J1

0
R  m>s

using numerical integration.

 *4.104. Consider the following system excited by a pulse of duration 0.1 s (in newtons):J2 0

0 1
R J x

$
1

x
$

2

R + J 0.3 -0.05

-0.05 0.05
R Jx

#

1

x
#

2

R + J 3 -1

-1 1
R Jx1

x2

d  
 = J0

1
R [Φ(t - 1) - Φ(t - 1.1)]

and subject to the initial conditions

x0 = J 0

-0.1
R  m,  v0 = J0

0
R  m>s

Compute and plot the response of the system using numerical integration. Here Φ indi-
cates the Heaviside step function introduced in Section 3.2.

 *4.105. Use numerical integration to compute and plot the time response of the system 
(newtons)J5 0

0 1
R Jx

$
1

x
$

2

R + J 3 -0.5

-0.5 0.5
R Jx

#
1

x
#
2

R + J 30 -1

-1 1
R Jx1

x2

R = J1

1
R  sin (4t)
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subject to the initial conditions

x0 = J 0

0.1
R  m,  v0 = J1

0
R  m>s

 *4.106. Use numerical integration to compute and plot the time response of the system (newtons)

≥4 0 0 0

0 3 0 0

0 0 2.5 0

0 0 0 6

¥ ≥ x
$

1

x
$

2

x
$

3

x
$

4

¥ + ≥ 4 -1 0 0

-1 2 -1 0

0 -1 2 -1

0 0 -1 1

¥ ≥ x
#
1

x
#
2

x
#
3

x
#
4

¥ 
 + ≥ 500 -100 0 0

-100 200 -100 0

0 -100 200 -100

0 0 -100 100

¥ ≥ x1

x2

x3

x4

¥ = ≥0

0

0

1

¥  sin (4t)

subject to the initial conditions

x0 = D 0

0

0

0.01

T  m,  v0 = D1

0

0

0

T  m>s
MATLAB ENGINEERING VIBRATION TOOLBOX

If you have not yet used the Engineering Vibration Toolbox program, return to the 
end of Chapter 1 or Appendix G for a brief introduction to using MATlAb files.  

TOOLBOX PROBLEMS

 TB4.1. Calculate the natural frequencies and mode shapes of the system of Example 4.1.5 
using file VTb4_1.

 TB4.2. Recalculate Example 4.2.6 using file VTb4_1 and compare your answer with that of 
the example obtained with a calculator. Verify that PT K

∙
P = Λ and PTP = I.

 TB4.3. Consider Example 4.3.1 and investigate the effect of the initial condition on the 
response by using file VTb4_2 and plotting the responses to the following initial 
displacements (initial velocities all zero):

x0 = J1

1
R x0 = J0

1
R x0 = J 1

-1
R x0 = J0.1

0.9
R x0 = J0.2

0.8
R etc.

Discuss the results by formulating a short paragraph summarizing what you observed.
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 TB4.4. Check the calculation of Example 4.4.2.

 TB4.5. Using file VTb4_2, examine the effect of increasing the mass m4 in the building 
vibration problem of Example 4.4.3. Do this by doubling m4 and recalculating the 
solution. Notice what happens to the various responses. Try doubling m4 until the 
response does not change or the program fails. Discuss your observations.

 TB4.6. Consider the system of Example 4.7.3. Choose the values m = 10, J = 5, e = 1, and 
k1 = 1000 and calculate the eigenvalues as k2 varies from 10 to 10,000, in increments 
of 100. What can you conclude?
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This chapter introduces the techniques useful 

in designing structures and machines so they 

vibrate as little as possible. Often this happens 

after a product is designed, prototyped, and 

tested. in many cases, vibration problems are 

found late in the process so redesign is often 

needed. in this chapter the important concepts 

of shock and vibration isolation and vibration 

absorption are introduced, as they are key 

methods in vibration design. Optimization as a 

design tool, use of adding damping and the 

concept of critical speeds in rotating machines 

are also introduced.

The cable spacer-damper used on power 

lines and pictured at the top is used to cut down 

the cable whistling caused by vibration induced 

by moderate winds and stop the conductors from 

hitting one another in strong winds (or resonance) 

as the cables vibrate. The ideas introduced in the 

chapter are fundamental to the design of such 

devices. The cables themselves are modeled in 

Chapter 6.

The suspension system of any ground 

vehicle is an example a common design 

problem. a spring and damper system for an off-

road vehicle is shown in the picture at the bottom. 

a vehicle’s size, mass, and road conditions all 

affect the ability of the suspension system to 

perform its function of isolating passengers from 

shock and vibration induced by road conditions 

and speed.

Design for Vibration 
Suppression5
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In this chapter, it is assumed that vibration is undesirable and is to be suppressed. 
The topics of the previous chapters present a number of techniques and methods 
for analyzing the vibration response of various systems subject to various inputs. 
Here the focus is to use the skills developed in the preceding chapters to determine  
ways of adjusting the physical parameters of a system or device in such a way that 
the vibration response meets some specified shape or performance criteria. This is 
called design; design was introduced in Section 1.7, and it is the focus of this chapter.

Vibration can often lead to a number of undesirable circumstances. For 
example, vibration of an automobile or truck can lead to driver discomfort and, 
eventually, fatigue. Structural or mechanical failure can often result from sustained 
vibration (e.g., cracks in airplane wings). Electronic components used in airplanes, 
automobiles, machines, and so on may also fail because of vibration, shock, and>or 
sustained vibration input.

The “fragility level” of devices, how much vibration a given device can 
withstand, is addressed by the International Organization of Standards (ISO) as 
well as by some national agencies. Almost every device manufactured for use by 
the military must meet certain military specifications (“mil specs”) regarding the 
amount of vibration it can withstand. In addition to government and international 
agencies, manufacturers also set desired vibration performance standards for some 
products. If a given device does not meet these regulations, it must be redesigned 
so that it does. This chapter presents several formulations that are useful for de-
signing and redesigning various devices and structures to meet desired vibration 
standards.

Design is a difficult subject that does not always lend itself to simple formu-
lations. Design problems typically do not have a unique solution. Many different 
designs may all give acceptable results. Sometimes a design may simply consist of 
putting together a number of existing (off-the-shelf) devices to create a new device 
with desired properties. Here we focus on design as it refers to adjusting a system’s 
physical parameters to cause its vibration response to behave in a desired fashion.

5.1 ACCEPTABLE LEVELS OF VIBRATION

To design a device in terms of its vibration response, the desired response must 
be clearly stated. Many different methods of measuring and describing acceptable 
levels of vibration have been proposed. Whether or not the criteria should be es-
tablished in terms of displacement, velocity, or acceleration, and exactly how these 
should be measured needs to be clarified before a design can begin. These choices 
often depend on the specific application. For instance, in practice, it is generally 
accepted that the best indication of potential structural damage is the amplitude 
of the structure’s velocity, while acceleration amplitude is the most perceptible by 
humans. Some common ranges of vibration frequency and displacement are given 
in Table 5.1.
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TABLE 5.1  RAngES oF FREquEnCy AnD DISPlACEMEnt oF VIbRAtIon

Frequency  
(Hz)

Displacement amplitude 
(mm)

Atomic vibration 1012
10-7

Threshold of human perception 1–8 10-2

Machinery and building vibration 10–100 10-2–1
Swaying of tall buildings 1–5 10–1000

The ISO (International Organization for Standardization, www.iso.org) pro-
vides a published standard of acceptable levels of vibration that has the intent of 
providing a mechanism to facilitate communications between manufacturers and 
consumers. The standards are tested in terms of root mean-square (rms) values of 
displacement, velocity, and acceleration. Recall that the value (defined in Section 1.2) 
is the square root of the time average of the square of a quantity. For the displace-
ment x(t), the rms value is given in equation (1.21) as

xrms = c  lim 
TS ∞  

1

T
 L

T

0

x2(t)dt d 1>2
A convenient way to express the acceptable values of vibration allowed under 
ISO standards is to plot them on a nomograph, as illustrated in Figure 5.1. Several 
examples and further details of nomographs can be found in Niemkiewicz, J. 
(2002).

The nomograph of Figure 5.1 is a graphical representation of the relationship 
among displacement, velocity, acceleration, and frequency for an undamped single-
degree-of-freedom system. Figure 5.1 is representative and is based on vibration 
induced around machines as an example of how ISO attempts to classify vibration 
levels. Acceptable vibration levels are then stated in terms of all three physical 
responses: displacement, velocity, and acceleration, as well as the frequency. The 
solution for the displacement is given by equation (1.19) as

x(t) = A sin ωnt

(for zero phase), which has amplitude A. Differentiating the displacement solution 
yields the velocity

v(t) = x
#
(t) = Aωn  cosωnt

which has amplitude ωnA. Differentiating again yields the acceleration

a(t) = x
$
(t) = -Aωn

2   sin ωnt

which has amplitude Aωn
2. These three expressions for the magnitude, along with 

the definition of rms value, allow the nomograph of Figure 5.1 to be constructed.

www.iso.org
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From equation (1.21) the average value of x(t) = A sinωnt is

x∙
2

= lim
T S ∞

 
1

TL
T

0

A2 sin 2 ωntdt = lim
T S ∞

c A2

2Tωn

 ωnT -
1

2
 

A2

Tωn

 (sin ωnT cos ωnT) d =
A2

2

so that x∙ = A>12. likewise, v∙ = Aωn>12 and α∙ = Aωn
2 >12.

Example 5.1.1

A machine part is subject to an rms amplitude of vibration of 6 mm. The mass and 
stiffness are measured to be 5 kg and 20,000 Nm, respectively. Use Figure 5.1 to deter-
mine if there is any concern with these values based on the acceptable region marked 
on the figure. Determine the velocity and acceleration experienced by the part. If the 
standard represented by Figure 5.1 is not met, then suggest a means of redesigning the 
bearing cap so that the response does meet the standard.

2 4 6 8 10
10000

2

4

6

8

10

8000

6000400020001000

Frequency (Hz)

Acceleration (mm/s2)
(peak)

Displacement (mm)
(peak)

Velocity (mm/s)
(peak)

204060801002000

1000

800

600

400

200

Figure 5.1  An example of a nomograph for specifying acceptable levels of vibration.
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Solution  The natural frequency of a simple spring–mass system is

ωn = A k

m
= A  20000 N>m

 5 kg
= 63.246 rad/s, fn =

ωn

2π
= 10.066 Hz 

This frequency is outside the acceptable range and must be adjusted. Thus, the stan-
dard is not met and some redesign is required.

In order to bring the frequency to an acceptable range, the mass or stiffness of 
the bearing must be changed to reduce the frequency. For instance, if a 45-kg mass is 
added to the bearing, and a 2500-N>m spring is added in series with the bearing stiff-
ness (recall Figure 1.31), the resulting frequency is

ωn = H
1

1>k + 1>200

m + 2
= A198.02 N>m

7 kg
= 37.231 rad>s, fn =

ωn

2π
 ≈ 6 Hz

This brings the design in line with the acceptable frequency range, but is quite a reduc-
tion in stiffness, which may not be acceptable for other reasons. looking at the chart, 
the 6 mm line crosses 6 Hz inside the box, at an acceleration of about 8000 mm>s2 and 
a velocity of about 200 mm>s. Using the formulas to get a more precise value yields

 v∙ = ωnx∙ = (37.231 rad>s)(6 mm) = 223.4 mm>s
 a∙ = ωn

2x∙ = (37.231 rad>s)2(6 mm) = 8.317 * 103 mm>s2

While the redesign achieves the goal of reducing the vibration levels of the bearing, 
it is an order-of-magnitude change in the bearing stiffness. This could have negative 
effects on other parts of the machine (see critical speeds in Section 5.7, for instance). 
This example is what makes design so difficult and challenging. Changing the design to 
meet one specification could cause another specification to be violated.

n

The design procedure just suggested is oversimplified but helps introduce the 
ad hoc nature of many design problems. Analysis is used as a tool. Here the desired 
vibration criteria are provided by an ISO standard represented in a nomograph. 
This plot, together with the formula ωn = 1k>m and the series spring formula, 
provides the analysis tools.

In using any thought process to perform a design, it is important to think 
through potential flaws in the procedure. In the preceding example there are 
several possible points of error. One important issue is how well the simple single-
degree-of-freedom spring–mass model captures the dynamics of the part. It might 
be that a more sophisticated multiple-degree-of-freedom model is required (recall 
Example 4.8.2). Another possible problem with a proposed design change is that 
the stiffness of the part may not be allowed to be lower than a certain value because 
of load requirements (static deflection) or other design constraints. In this case, 
the mass might be changed, but that too may have other constraints on it. In some 
cases it just may not be possible to design a system to have this desired vibration 
response. That is, not all design problems have a solution.
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The range of vibrations with which an engineer is concerned is usually from 
about 10-4 mm at between 0.1 and 1 Hz for objects such as optical benches or so-
phisticated medical equipment, to a meter displacement for tall buildings in the 
range of 0.1 to 5 Hz. Machine vibrations can range between 10 and 1000 Hz, with 
deflections between fractions of a millimeter and several centimeters. As technol-
ogy advances, limitations and acceptable levels of vibration change. Thus these 
numbers should be considered as rough indications of common values.

Example 5.1.2

Calculate and compare the natural frequency, damping ratio, and damped natural 
frequency of the single-degree-of-freedom model of a stereo turntable and of the auto-
mobile given in Figure 5.2. Also plot and compare their frequency response functions 
and their impulse response functions. Discuss the similarities and differences of these 
two devices.

Solution  To calculate the undamped natural frequency, damping ratio, and damped 
natural frequency of the car is simple. From the definitions

 ωn = A k

m
= A400,000

1000
= 20 rad/s

 ζ =
c

2mωn

=
8000

2(1000)(20)
= 0.2

 ωd = ωn21 - ζ2
= 2021 - (0.2)2

= 19.5959 rad>s
The same calculations for the stereo turntable are

 ωn = A k

m
= A400

1
= 20 rad>s

 ζ =
c

2mωn

=
8

2(1)(20)
= 0.2

 ωd = ωn21 - ζ2
= 2021 - (0.2)2

= 19.5959 rad>s
k � 400,000 N/m

m � 1000 kg

c � 8000 N•s/m

k � 400 N/mc � 8 N•s/m

m � 1 kg

Stereo turntable modelAutomobile model

Figure 5.2  A single-degree-of-freedom model of an automobile and a stereo turntable, 
each with the same frequency.
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This illustrates that two objects of very different size can have the same natural fre-
quencies and damping ratios.

In Figure 5.3 the transfer function of each device is plotted as well as the impulse 
response function for each. Note that these plots do indicate a difference in devices. 
The phase plots of the transfer function of both the car and the stereo are identical, 
while the magnitude plots differ by a constant. The impulse response function of the 
car has a smaller amplitude, although the responses both die out at the same time 
since the decay rate (ζ) and hence log decrement are the same for each device. The 
acceptable levels of vibration for the car will be much larger than those of the stereo. 
For instance, a displacement amplitude of 10 mm for the stereo would cause its needle 
to skip out of the groove in a record and, hence, not perform properly (a reason why 
phonograph records never made it in automobiles—thank goodness for bluetooth 
technology and mp3 players). On the other hand, a similar amplitude of vibration for 
the car is below the perception level on a nomograph.

n

An important consideration in specifying vibration response is to specify the 
nature of the input or driving force that causes the response. Disturbances, or in-
puts, are normally classified as either shock or as vibration, depending on how long 
the input lasts. An input is considered to be a shock if the disturbance is a sharp, 
aperiodic one lasting a relatively short time. In contrast, an input is considered to be 
a vibration if it lasts for a long time and has some oscillatory features.

The distinction between shock and vibration is not always clear as the sources 
of shock and vibration disturbances are numerous and very difficult to place into cat-
egories. In Chapter 2 only vibration inputs (e.g., harmonic inputs) are discussed. In 
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Figure 5.3  The frequency response function and the impulse response of that for 
the car and stereo turntable of Figure 5.2.
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Chapter 3 the response of a single-degree-of-freedom system to a variety of  inputs, 
including an impulse, which is a shock, and general periodic inputs (vibration) are 
discussed. These input signals may result from bumps in the road (for cars), turbu-
lence (for airplanes), rotating machinery, or simply from dropping something.

Often, inputs are a combination of the types just discussed and those discussed 
in Chapter 3. In addition, inputs are often not known precisely but rather are known 
to be of less than a certain magnitude and lasting less than a certain time. For instance, 
a given shock input to an automobile due to its hitting a bump may take the form of a 
single-valued curve falling somewhere inside the shaded region of Figure 5.4.

Vibrations that are not harmful exist in many devices. For instance, auto-
mobiles continually experience vibration without being damaged or causing harm 
to passengers. However, some vibrations are extremely damaging, such as severe 
vibration from an earthquake or a badly out-of-balance tire on a car. The difficult 
issue for design engineers is deciding between acceptable levels of vibration and 
those that will cause damage or become so annoying that consumers will not use 
the device. Once acceptable levels are established, several techniques can be used 
to limit and alter the shock and vibration response of mechanical systems and struc-
tures. These are discussed in the following section.

5.2 VIBRATION ISOLATION

The most effective way to reduce unwanted vibration is to stop or modify the source 
of the vibration. If this cannot be done, it is sometimes possible to design a vibra-

tion isolation system to isolate the source of vibration from the system of interest or 
to isolate the device from the source of vibration. This can be done by using highly 
damped, compliant materials, such as rubber, to change the stiffness and damping 
between the source of vibration and the device that is to be protected from the 
vibrations. The problem of isolating a device from a source of vibration is analyzed 
in terms of reducing vibration displacement transmitted through base motion, as 
discussed in Section 2.3 and summarized in Window 5.1. The problem of isolating a 
source of vibration from its surroundings is analyzed in terms of reducing the force 
transmitted by the source through its mounting points, as discussed in Section 2.4 
and summarized in Window 5.1. both force transmissibility and displacement trans-
missibility are called isolation problems.

10 100

200 N

Input force

Time (s � 10�3)

Figure 5.4  A sample of a shock input to 
an automobile, illustrating that the form 
is not entirely known—that only the 
bounds of the force’s magnitude and time 
history are known.
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Window 5.1
Summary of Vibration Isolation Formulas for Both Force  

and Displacement Transmissibility

Vibration source modeled as base motion Vibration source mounted on isolator

The moving-base model on the left is used in designing isolation to protect the
device from motion of its point of attachment (base). The model on the right is 
used to protect the point of attachment (ground) from vibration of the mass.

Here y(t) � Y sin �t is the
disturbance and from
equation (2.71)

defines the displacement
transmissibility and is
plotted in Figure 2.13.
From equation (2.77),

defines the related force
transmissibility and is
plotted in Figure 2.15.

X 1 �  (2�r)
2

�
Y (1 � r 2)

2
 � (2�r)

2

1/2

FT 1 �  (2�r)
2

�
kY (1 � r 2)

2
 � (2�r)

2

1/2

r2

Here F(t) � F0 sin �t is the
disturbance and 

defines the force transmissibility 
for isolating the source
of vibration as derived
in Section 5.2.

FT 1 �  (2�r)
2

�
F0 (1 � r2)

2
 � (2�r)

2

1/2

Device
m

x(t) � X sin (�nt � �)

y(t) � Y sin (�t)

Vibration isolator

Moving base (source of vibration)

Displacement Transmissibility

x(t)

Vibration isolator

Fixed base

Force Transmissibility

F(t) � F0 sin (�t)

k c k

m

c

Source of
vibration

The analysis tool used to design isolators is the concept of force and>or dis-
placement transmissibility introduced in Section 2.4. by way of review, consider 
the problem of calculating the transmissibility ratio, denoted T.R., defined as the 
ratio of the magnitude of the force transmitted through the spring and dashpot 
to the fixed base to the sinusoidal force applied (see Window 5.1) by the machine 
(modeled as a mass). Symbolically, T.R. = FT>F0. To calculate the value of T.R., 
first consider the force transmitted. The force transmitted to the fixed base in 
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Window 5.1 is denoted by FT(t) and is the force applied to the base acting through 
the spring and dashpot, that is,

 FT(t) = kx(t) + cx
#
(t) (5.1)

The solution for the case that the driving force is harmonic of the form F 0 cos ωt is 
given in Section 2.2, equation (2.37), to be of the form

x(t) = Ae-ζωnt sin (ωdt + θ) + X cos (ωt - ϕ)

In steady state (i.e., after some time has elapsed), the first term decays to zero and 
the response is modeled by

 x(t) = X cos (ωt - ϕ) (5.2)

Differentiating equation (5.2), the velocity in steady state becomes

 x
#
(t) = -ωX sin (ωt - ϕ) (5.3)

Substitution of equations (5.2) and (5.3) into equation (5.1) for the force transmitted 
at steady state yields

  FT(t) = kX cos (ωt - ϕ) - cωX sin (ωt - ϕ)  (5.4)

  = kX cos (ωt - ϕ) + cωX cos (ωt - ϕ + π>2) 

The magnitude of FT(t), denoted by FT, can be calculated from equation (5.4) by 
noting that the two terms are 90°(π>2) out of phase with each other and hence 
can be thought of as two perpendicular vectors (recall Figure 2.11 of Section 2.3). 
Hence the magnitude of FT(t) is calculated by taking the vector sum of the two 
terms on the right of equation (5.4). This yields that the magnitude of the transmit-
ted force is

 FT = 3(kX)2
+ (cωX)2

= X3k2
+ c2ω2 (5.5)

Window 5.2
Review of the Steady-State Response of an Underdamped System  

Subject to Harmonic Excitation as Discussed in Section 2.2

The steady-state response of

x
$

+ 2ζωnx
#

+ ωn
2x = f0cos ωt

where ωn = 2k>m, ζ = c>(2mωn) and f0 = F0>m, is x(t) = X cos (ωt - ϕ). 
Here

X =
f02(ωn

2
- ω2)2

+ (2ζωnω
2)

, ϕ = tan-1 
2ζωnω

ωn
2

- ω2
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The value of X, the amplitude of vibration at steady state, is given in Window 5.2 
to be

X =
f03(ωn

2
- ω2)2

+ (2ζωnω)241>2 =
F0>k3(1 - r 2)2

+ (2ζr)241>2
where r = ω>ωn, as before. Substituting this value of X into equation (5.5) yields

 FT =
F0>k3 (1 - r 2)2

+ (2ζr)241>22k2
+ c2ω2

 (5.6)

  F0 =
31 + c2ω2>k23 (1 - r 2)2

+ (2ζr)241>2 = F0C 1 + (2ζr)2

(1 - r 2)2
+ (2ζr)2

 

where c2ω2>k2
= (2mωnζ)2ω2>k2

= (2ζr)2. The transmissibility ratio, or transmission 

ratio, denoted T.R., is defined as the ratio of the magnitude of the transmitted force 
to the magnitude of the applied force. by a simple manipulation of equations (5.6), 
this becomes

 T.R. =
FT

F0

= C 1 + (2ζr)2

(1 - r 2)2
+ (2ζr)2

 (5.7)

A comparison of this force transmissibility expression with the displacement trans-
missibility given in Window 5.1 indicates that they are identical. It is important to 
note, however, that even though they have the same value, they come from differ-
ent isolation problems and hence describe different phenomena.

The displacement transmissibility ratio given in the left column of Window 5.1 
describes how a steady-state displacement (Y) of the base of a device mounted on 
an isolator is transmitted into motion of the device (X). Figure 5.5 is a plot of the 
T.R. for various values of the damping ratio ζ and frequency ratio r. The larger the 
value of T.R., the larger the amplitude of motion of the mass. These curves are use-
ful for designing the isolators. In particular, the design process consists of choosing 
ζ and r, within the available isolator’s material, such that T.R. is small.

Note from Figure 5.5 that if the frequency ratio r is greater than 12, the 
magnitude of vibration of the device is smaller than the disturbance magnitude Y 
and vibration isolation occurs. For r less than 12, the amplitude X increases (i.e., 
X is larger than Y). The value of the damping ratio (each curve in Figure 5.5 cor-
responds to a different ζ) determines how much smaller the amplitude of vibration 
is for a given frequency ratio. Near resonance, the T.R. is determined completely 
by the value of ζ (i.e., by the damping in the isolator). In the isolation region, the 
smaller the value of ζ, the smaller the value of T.R. and the better the isolation. 
Also note that as r is increased for a fixed ω, the value of T.R. decreases. This cor-
responds to increasing the mass or decreasing the stiffness of the isolator.
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Example 5.2.1

An electronic control system for an automobile engine is to be mounted on top of the 
fender inside the engine compartment of the automobile as illustrated in Figure 5.6. The 
control module electronically computes and controls the engine timing, fuel>air mixture, 
and so on, and completely controls the engine. To protect it from fatigue and breakage, it 
is desirable to isolate the module from the vibration induced in the car body by road and 
engine vibration, hence the module is mounted on an isolator. Design the isolator (i.e., 
pick c and k) if the mass of the module is 3 kg and the dominant vibration of the fender 
is approximated by y(t) = (0.01) (sin35t) m. Here it is desired to keep the displacement 
of the module less than 0.005 m at all times. Once the design values for isolators are cho-
sen, calculate the magnitude of the force transmitted to the module through the isolator.

Solution  Since it is desired to keep the vibration of the module, x(t), less than 0.005 m, 
the response amplitude becomes X = 0.005 m. The amplitude of y(t) is Y = 0.01 m; 
hence the desired displacement transmissibility ratio becomes

T.R. =
X

Y
=

0.005

0.01
= 0.5

Examining the transmissibility curves of Figure 5.5 yields several possible solutions 
for ζ and ωn. A straight horizontal line through T.R. = 0.5, illustrated in Figure 5.7, 
crosses at several values of ζ and r. For instance, the ζ = 0.02 curve intersects the 
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T.R. = 0.5 line at r = 1.73. Thus r = 1.73, ζ = 0.02 provides one possible design 
solution.

Recalling that r = ω>ωn = 1.73 and ω = 35 rad>s, the isolation system’s natu-
ral frequency is about ωn = 35>1.73 = 20.231 rad>s. Since the mass of the module is 
m = 3 kg, the stiffness is (recall ωn = 1k>m)

k = mωn
2

= (3 kg)(20.231 rad>s)2
= 1228 N>m

Thus the isolation mount must be made of a material with this stiffness (or add a stiff-
ener). The damping ratio ζ is related to the damping constant c by equation (1.30):

c = 2ζmωn = 2(0.02)(3 kg)(20.231 rad>s)

 = 2.428 kg>s

Car body

Module

Fender
IsolatorElectronic

control module

Isolation
mounting

Engine

(a)

(b)

(c)

m

c k

x(t)

y(t)

x(t)

y(t)

Figure 5.6  (a) A cutaway sketch of the engine compartment of an automobile 
illustrating the location of the car’s electronic control module. (b) A close-up of the 
control module mounted on the inside fender on an isolator. (c) A vibration model 
of the module isolator system.
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possible design solutions for Example 5.2.1. Each point of intersection with one of 
the curves of constant ζ yields the desired T.R.
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These values for c and k, together with the geometric size of the module and fender 
shape, can now be used to choose the isolation mount material. At this point, the de-
signer would look through vendor catalogs to search for existing isolation mounts and 
materials that have approximately these values. If none exactly meet these values, the 
curves in Figure 5.7 are consulted to see if one of the other solutions corresponds more 
closely to an existing isolation material. Of course, equation (2.71) or (5.7) can be used 
to calculate solutions lying in between those illustrated in Figure 5.7.

If many solutions are still available after a search of existing products is made, 
the choice of a mount can be “optimized” by considering other functions, such as cost, 
ease of assembly, temperature range, reliability of vendor, availability of product, and 
quality required. Eventually, a good design must consider all of these aspects.

The electronic module may also have a limit on the amount of force it can 
withstand. One way to estimate the amount of force is to use the theory developed in 
Section 2.4, in particular in equation (2.77), which is reproduced in Window 5.1. This 
expression relates the force transmitted to the module by the motion of the fender 
through the isolator. Using the values just calculated in equation (2.77) yields

FT = kYr 2 c 1 + (2ζr)2

(1 - r 2)2
+ (2ζr)2

d 1>2 = kYr 2 (T.R.)

 = (1228 N>m)(0.01 m)(1.73)2(0.5) = 18.375 N

If this force happens to be too large, the design must be redone. With the maximum 
force transmitted as an additional design consideration, the curves of Figure 2.15 must 
also be consulted when choosing the values of r and ζ to meet the required design 
specifications. The static deflection caused by this design is δ = mg>k = 0.024 m. 
The static deflection and the ratio X>Y define the rattle space or physical dimensions 
needed for the isolator to vibrate in. In a car, the 2.4 cm might be acceptable. If the 
application were to isolate a CD drive in a laptop computer, this distance would be 
unacceptable because it is large compared to the thickness of the laptop. Static deflec-
tion and rattle space are important design considerations and often limit the ability to 
design a good isolator.

n

Example 5.2.1 may have seemed very reasonable. However, many assump-
tions were made in reaching the final design, and all of these must be given careful 
thought. For example, the assumption that the motion of the fender is harmonic of 
the form y(t) = (0.01) sin 35t is very restrictive. In reality, it is probably random, 
or at least the value of ω varies through a range of frequencies. This is not to say 
that the solution presented in Example 5.2.1 is useless, just that the designer should 
keep in mind its limitations. Even though the real input to the system is random, the 
chosen amplitude of Y = 0.01 m and frequency of ω = 35 rad>s might represent a 
deterministic bound on all possible inputs to the system (i.e., all other disturbance 
amplitudes may be smaller than Y = 0.01 m, and all other driving frequencies 
might be larger than ω = 35 rad>s). Hence in many practical cases the designer is 
faced with choosing an isolator that will protect the part from, say, 5 g between 20 
and 200 Hz, or the designer will be given a plot of PSD versus ωr (recall Section 3.5) 
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and try to design the isolator to service these types of inputs. Section 5.9 examines 
the isolation problem from the practical aspect of working with manufacturers of 
isolation products.

The design of shock isolation systems is performed by examining the shock 
spectrum, as introduced in Section 3.6. To make the comparison to vibration isola-
tion clear, the shock spectrum is reconsidered here as a plot of the ratio of the maxi-
mum motion of the response acceleration amplitude (i.e., ω2X) to the disturbance 
acceleration amplitude [i.e., the amplitude of y

$
(t)] versus the product of the natural 

frequency and the time duration of the pulse, t1. Here the disturbance y(t) is mod-
eled as a half sinusoid of the form

 y(t) = d Y sin  ωpt 0 … t … t1 =
π
ωp

0 t 7 t1 =
π
ωp

 (5.8)

as indicated in Figure 5.8. This type of disturbance is often called a shock pulse. The 
frequency ωp and the corresponding time t1 = π>ωp determine how long the shock 
pulse lasts. The product ωnt1 is used for plotting shock transmissibility rather than 
plotting the frequency ratio used to design vibration isolators.

A plot of the acceleration amplitude ratio versus the product ωt1 is given in 
Figure 5.8. This figure is determined by calculating the acceleration amplitude of 
the response and comparing it to the magnitude of the acceleration of the input dis-
turbance. Note that as the abscissa increases, corresponding to a longer pulse width, 
the acceleration experienced by the module is larger than the input acceleration. by 
examining the plots in Figure 5.8, it can be seen that reduction of the acceleration 
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Figure 5.8  A plot of the ratio of output acceleration magnitude to input acceleration 
magnitude versus a frequency ratio 1ωn>ωp2  for a single-degree-of-freedom system 
and a base excitation consisting of a shock pulse for different values of damping 
ratios. Note that a large ωp value corresponds to a short pulse width.
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through isolation occurs only if the transmissibility falls below the horizontal 
line passing through the number 1. So, for instance, consider the line defined by 
ζ = 0.5. For shock isolation to occur, this would require

ωnt1

π
6 1.0, or k 6

mπ2

t  1
2

Thus shock isolation enforces a bound on the stiffness of the isolation material.
Next consider the effects of damping on shock isolation. Examination of 

the plots in Figure 5.8 shows that increasing the damping greatly reduces the 
maximum acceleration to the point that for critical damping (ζ = 1.0) isola-
tion occurs for any pulse duration (t1). Thus, good shock isolators require high 
damping.

Next consider the problem of isolating a source of harmonic vibration 
from its surroundings. This is the fixed-base isolation problem illustrated in 
Window 5.1, where the right side is concerned with reducing the force trans-
mitted through the isolator due to harmonic excitation at the mass. The com-
mon example is a rotating machine generating a harmonic force at a constant 
frequency (recall Figure 2.18). Examples of such machines are electric motors, 
steam turbines, internal combustion engines, generators, washing machines, and 
disk drive motors.

Examination of the transmissibility curve of Figure 5.5 indicates that 
vibration isolation begins for isolation stiffness values such that ω>ωn 712. 
This gives transmissibility ratios of less than 1, so that the force transmitted to 
ground is less than the force generated by the rotating machine. Since the mass 
is usually fixed by the nature of the machine, the isolation mounts are generally 
chosen based on their stiffness, so that r 712 is satisfied. If this does not give 
an acceptable solution (for low-frequency excitation), mass can sometimes be 
added to the machine 1ωn = 1k>m2 . Since r = ω>1k>m, lower stiffness val-
ues correspond to larger values of r, which yields better isolation (lower T.R. 
values).

As damping is increased for a fixed r, the value of T.R. increases, so that 
low damping is often used. However, some damping is desirable, since when 
the machine starts up and causes a harmonic disturbance through a range of 
frequencies, it generally passes through resonance (r = 1) and the presence of 
damping is required to reduce the transmissibility at resonance. Examination 
of the transmissibility curve indicates that for a large enough frequency ratio 
(about r 7 3) and small enough damping (ζ 6 0.2) the T.R. value is not affected 
by damping. Since most springs have very small internal damping (e.g., less than 
0.01), the term (2ζr)2 is very small [e.g., for r = 3, (2ζr)2

= 0.0036]. Hence it 
is common to design a vibration isolation system by neglecting the damping in 
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equation (5.7). In this case T.R. becomes (taking the negative square root for 
positive values of T.R.)

 T.R. =
1

r 2
- 1

    (r 7 3) (5.9)

Equation (5.9) can be used to construct design charts for use in choosing vibration 
isolation pads for mounting rotating machinery.

The driving frequency of a machine is usually specified in terms of its speed of 
rotation, or revolutions per minute (rpm). If n is the motor speed in rpm,

 ω =
2πn

60
 (5.10)

In addition, springs are often classified in terms of their static deflection defined by
∆ = W>k = mg>k, where m is the mass of the machine and g the acceleration due 
to gravity. It has become very common to design isolators in terms of the machine’s 
rotating speed n and the static deflection ∆. A third quantity, R, defined as the re-

duction in transmissibility,

 R = 1 - T.R. (5.11)

is commonly used to quantify the success of the vibration isolator.
Substitution of the (undamped) value of T.R. into equation (5.11) and solving 

for r yields

 r =
ω2k>m = A2 - R

1 - R
 (5.12)

Substitution of (5.10) for ω and replacing k = mg>∆ yields

 n =
30

π B g(2 - R)

∆(1 - R)
= 29.9093B 2 - R

∆(1 - R)
 (5.13)

which relates the motor speed to the reduction factor and the static deflection of 
the spring. Equation (5.13) can be used to generate design curves, by taking the log 
of the expression. This yields

 log n = -
1

2
 log ∆ + log a29.9093A2 - R

1 - R
b  (5.14)

which is a straight line on a log–log plot for each value of R. This expression is then 
used to provide the design chart of Figure 5.9, consisting of plots of motor speed 
versus static deflection.
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Example 5.2.2

Consider the computer disk drive of Figure 5.10. The disk drive motor is mounted to 
the computer chassis through an isolation pad (spring). The motor has a mass of 3 kg 
and operates at 5000 rpm. Calculate the value of the stiffness of the isolator needed 
to provide a 95% reduction in force transmitted to the chassis (considered as ground). 
How much clearance is needed between the motor and the chassis?

Solution  From the chart of Figure 5.9, the line corresponding to a speed of n = 5000 rpm 
hits the curve corresponding to 95% reduction at a static deflection of 0.03 in. or 0.0762 cm. 
This corresponds to a spring stiffness of

k =
mg

∆
=

13 kg)(9.8 m>s22
0.000762 m

= 38,582 N>m
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Figure 5.9  Design curves consisting of plots of running speed versus static deflection 
(or stiffness) for various values of percent reduction in transmitted force.
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Figure 5.10  A schematic model of a 
personal computer illustrating the motor 
running the disk drive system. A small 
amount of out-of-balance in the motor 
can transmit harmonic forces to the 
chassis and onto circuit boards and other 
components if not properly isolated.
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The choice of clearance (i.e., distance needed between the motor and the chassis) 
should be more than twice the static deflection so that the spring has room to extend 
and compress, providing isolation.

n

The issue of vibration isolation against harmonic forces for large (heavy) ma-
chines quickly becomes one of static deflection. For machines requiring extreme 
isolation, coiled springs often must be used to provide the large static deflection 
required at low frequency. This can be seen by examining the 98% curves in 
Figure 5.9 for low values of n. In some cases, the static deflection required may be 
too large to be physically obtainable even in small devices. An example of a simi-
lar design constraint is the miniaturization of computers. Manufacturers of laptop 
computers believe sales are tied to how compact and, in particular, how thin the 
chassis can be. One constraint could be the isolation system required for the disk 
drive motor or other components.

In designing isolators, it is often difficult to design an isolator that works 
effectively against both shock and vibration (harmonic) excitations. One reason 
for this can be seen by examining Figure 5.7 for vibration isolation and Figure 5.8 
for shock isolation. In Figure 5.7, isolation occurs in the region r 712, and in this 
region it is clear that increased damping reduces the effective isolation. Thus, low 
damping is required for vibration isolation. However, examining the shock isola-
tion plots in Figure 5.8 shows that large damping is required for effective shock 
isolation. These two requirements are often at odds, as the following example 
points out.

Example 5.2.3

In this example the design goal is to develop an effective isolator for base-induced 
shock motion that will also provide an acceptable level of vibration isolation in terms 
of force transmissibility from the vibrating equipment supported by the isolation sys-
tem to the base. In actual isolation applications it is often difficult to design an effective 
combined shock and vibration isolation system. As mentioned earlier and is clear from 
Figures 5.7 and 5.8, this is due to the fact that an effective vibration isolator must be 
very lightly damped, whereas an effective shock isolator tends to require large damping 
forces. Typically in design problems, a main constraint is that parts such as isolators are 
available only in discrete values of stiffness and damping. Here we suppose that a set of 
three off-the-shelf isolators (mounts) are available for use, that their natural frequen-
cies are 5 Hz, 6 Hz, and 7 Hz, and all have 8% damping. The shock input that is being 
isolated is a 15-g, half-sine pulse as shown in Figure 5.8 for the case t1 = 40 ms. With 
this as input, it is desired to limit the mount response to 15 g’s and the mount deflection 
to 3 in. (76.2 mm). The vibration isolation goal is 20 db of isolation from an above-
mount vibration source of 15 Hz.

Figures 5.11 and 5.12 show the time simulation results to shock input in terms of 
mount deflection and above-mount response for the three mount possibilities. From 
Figures 5.11 and 5.12, it is clear that only the 7-Hz mount satisfies all the shock isola-
tion goals, that is, 615 g’s above mount and 63 in. of deflection.
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Figure 5.11  A simulated response [relative displacement, z(t)].
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Now consider the vibration isolation performance using the same mount. A 
minimum of 20 db of vibration isolation to the 15-Hz above-mount vibration source 
is desired. Recall that the mount has an inherent damping that can adequately be 
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approximated as 8% viscous damping. To determine the vibration isolation perfor-
mance, the force transmissibility is plotted in Figure 5.13 for an 8% damped isolator.

The frequency ratio of interest is r = ω>ωn = 2 # π #  15>2 # π # 7 ≈ 2.1 for this 
example. Recall that a minimum of 20 db of isolation is required, but from Figure 5.13 
only about 9.4 db of isolation is achieved. To achieve the required vibration isolation 
would require a lower damping ratio (see Figure 5.7) than is inherent to the isolator. 
It is not possible to lower the damping ratio, as damping is a fixed property of the iso-
lation material. Damping can be raised by adding external dampers, adding layers of 
damping material, and so forth, but it cannot be decreased without significantly modi-
fying the mount design. As such, these shock and vibration isolation design parameters 
cannot simultaneously be met using the devices at hand, a typical situation in design.

n

In designing isolation mounts, two factors are key. The first is deciding whether 
to design for vibration or to design for shock. The next is to check the static deflec-
tion. The following section examines the use of absorbers to reduce vibrations from 
harmonic disturbances.

5.3 VIBRATION ABSORBERS

Another approach to protecting a device from steady-state harmonic disturbance 
at a constant frequency is a vibration absorber. Unlike the isolator of the previous 
sections, an absorber consists of a second mass–spring combination added to the 
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Figure 5.13  Force transmissibility (above-mount source to base).
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primary device to protect it from vibrating. The major effect of adding the second 
mass–spring system is to change from a single-degree-of-freedom system to a two- 
degree-of-freedom system. The new system has two natural frequencies (recall 
Section 4.1). The added spring–mass system is called the absorber. The values of the 
absorber mass and stiffness are chosen such that the motion of the original mass is a 
minimum. This is accompanied by substantial motion of the added absorber system, 
as illustrated in the following:

Absorbers are often used on machines that run at constant speed, such as 
sanders, compactors, reciprocating tools, and electric razors. Probably the most 
visible vibration absorbers can be seen on transmission lines and telephone 
lines. A dumbbell-shaped vibration absorber is often used on such wires to 
provide vibration suppression against wind blowing, which can cause the wire 
to oscillate at its natural frequency. The presence of the absorber prevents the 
wire from vibrating so much at resonance that it breaks (or fatigues). Figure 
5.14 illustrates a simple vibration absorber attached to a spring–mass system. 
The equations of motion  [summing forces in the vertical direction (refer to 
Chapter 4)] are

 Jm 0

0 ma

R J x
$

x
$

a

R + Jk + ka - ka

-ka ka

R J x

xa

R = JF0 sin ωt

0
R  (5.15)

where x = x(t) is the displacement of the table modeled as having mass m and stiff-
ness k, xa is the displacement of the absorber mass (of mass ma and stiffness ka), 
and the harmonic force F0  sin ωt is the disturbance applied to the table mass. It is 
desired to design the absorber (i.e., choose ma and ka) such that the displacement 
of the primary system is as small as possible in steady state. Here it is desired to re-
duce the vibration of the table, which is the primary mass.

Optical table
Primary mass F(t) � F0 sin(�t)

x

k/2k/2
ma

m

ka
xa

Table Model

Legs

Absorber
system

Figure 5.14  An optical table protected by an added vibration absorber. The table 
and its supporting legs are modeled as a single-degree-of-freedom system with mass 
m and stiffness k.
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Window 5.3

Recall that the inverse of a 2 * 2 matrix A given by

A = Ja b

c d
R

is defined to be

A-1
=

1

det A
 J d -b

-c a
R

where

det A = ad - bc

In contrast to the solution technique of modal analysis used in Chapter 4, here 
it is desired to obtain a solution in terms of parameters (m, k, ma, and ka) that can 
then be solved for as part of a design process. To this end, let the steady-state solu-
tion of x(t) and xa(t) be of the form

 x(t)  = X sin ωt  (5.16)

 xa(t) = Xa sin ωt 

Substitution of these steady-state forms into equation (5.15) yields (after some 
manipulation)

 Jk + ka - mω2
- ka

-ka ka - maω
2 R J X

Xa

R  sin  ωt = JF0

0
R  sin  ωt (5.17)

which is an equation in the vector [X Xa]
T. Dividing by sin ωt, taking the inverse of the 

matrix coefficient of [X Xa]
T (see Window 5.3), and multiplying from the left yields

  J X

Xa

R =
11k + ka - mω22 1ka - maω

22 - ka
2
 cka - maω

2 ka

ka k + ka - mω2 d cF0

0
d

  =
11k + ka - mω22 1ka - maω

22 - ka
2
 c 1ka - maω

22F0

kaF0
d  (5.18)

Equating elements of the vector equality given by equation (5.18) yields the result 
that the magnitude of the steady-state vibration of the device (table) becomes

 X =
(ka - maω

2)F01k + ka - mω22 1ka - maω
22 - ka

2
 (5.19)
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while the magnitude of vibration of the absorber mass becomes

 Xa =
kaF01k + ka - mω221ka - maω

22 - ka
2
 (5.20)

Note from equation (5.19) that the absorber parameters ka and ma can be chosen 
such that the magnitude of steady-state vibration, X, is exactly zero. This is accom-
plished by equating the coefficient of F0 in equation (5.19) to zero:

 ω2
=

ka

ma

 (5.21)

Hence if the absorber parameters are chosen to satisfy the tuning condition of 
equation (5.21), the steady-state motion of the primary mass is zero (i.e., X = 0). In 
this event the steady-state motion of the absorber mass is calculated from equations 
(5.20) and (5.16) with ka = ma ω2 to be

 xa(t) = -  
F0

ka

 sin ωt (5.22)

Thus the absorber mass oscillates at the driving frequency with amplitude Xa =   

F0>ka.
Note that the magnitude of the force acting on the absorber mass is just 

kaxa = ka(-F0>ka) = -F0. Hence when the absorber system is tuned to the driv-
ing frequency and has reached steady state, the force provided by the absorber 
mass is equal in magnitude and opposite in direction to the disturbance force. 
With zero net force acting on the primary mass, it does not move and the motion 
is “absorbed” by motion of the absorber mass. Note that while the applied force 
is completely absorbed by the motion of the absorber mass, the system is not ex-
periencing resonance because 1ka>ma is not a natural frequency of the two-mass 
system.

The success of the vibration absorber discussed previously depends on several 
factors. First, the harmonic excitation must be well known and not deviate much 
from its constant value. If the driving frequency drifts much, the tuning condition 
will not be satisfied, and the primary mass will experience some oscillation. There 
is also some danger that the driving frequency could shift to one of the combined 
systems’ resonant frequencies, in which case one or the other of the system’s co-
ordinates would be driven to resonance and potentially fail. The analysis used to 
design the system assumes that it can be constructed without introducing any ap-
preciable damping. If damping is introduced, the equations cannot necessarily be 
decoupled and the magnitude of the displacement of the primary mass will not 
be zero. In fact, damping defeats the purpose of a tuned vibration absorber and is 
desirable only if the frequency range of the driving force is too wide for effective 
operation of the absorber system. This is discussed in the next section. Another key 
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factor in absorber design is that the absorber spring stiffness ka must be capable of 
withstanding the full force of the excitation and hence must be capable of the cor-
responding deflections. The issue of spring size and deflection, as well as the value 
of the absorber mass, places a geometric limitation on the design of a vibration 
absorber system.

The issue of avoiding resonance in absorber design in case the driving fre-
quency shifts can be quantified by examining the mass ratio μ, defined as the ratio 
of the absorber mass to the primary mass:

μ =
ma

m

In addition, it is convenient to define the frequencies

ωp = A k

m
the original natural frequency of the primary system without the 
absorber attached

ωa = A ka

ma

the natural frequency of the absorber system before it is attached to 
the primary system

With these definitions, also note that

 
ka

k
= μ 

ωa
2

ωp
2

= μβ2 (5.23)

where the frequency ratio β is β = ωa>ωp. Substitution of the values for μ, ωp, and 
ωa into equation (5.19) for the amplitude of vibration of the primary mass yields 
(after some manipulation)

 
Xk

F0

=
1 - ω2>ωn

231 + μ1ωa>ωp22
- 1ω>ωp224 31 - 1ω>ωa22

- μ1ωa>ωp224  (5.24)

The absolute value of this expression is plotted in Figure 5.15 for the case μ = 0.25. 
Such plots can be used to illustrate how much drift in driving frequency can be toler-
ated by the absorber design. Note that if ω should drift to either 0.781 ωa or 1.28 ωa, 
the combined system would experience resonance and fail, since these are the natural 
frequencies of the combined system. In fact, if the driving frequency shifts such that 0Xk>F0 0 7 1, the force transmitted to the primary system is amplified and the ab-
sorber system is not an improvement over the original design of the primary system. 
The shaded area of Figure 5.15 illustrates the values of ω>ωa such that 0Xk>F0 0 … 1. 
This illustrates the useful operating range of the absorber design (i.e., 0.908 ωa 6 ω 6

1.118 ωa). Hence if the driving frequency drifts within this range, the absorber design 
still offers some protection to the primary system by reducing its steady-state vibration 
magnitude.
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Figure 5.15  A plot of normalized magnitude of the primary mass versus the 
normalized driving frequency for the case μ = 0.25. The two natural frequencies of 
the system occur at 0.781 and 1.281.

The design of an absorber can be further illuminated by examining the mass 
ratio μ and the frequency ratio β. These two dimensionless quantities indirectly 
specify both the mass and stiffness of the absorber system. The frequency equa-
tion (characteristic equation) for the two-mass system is obtained by setting the 
determinant of the matrix coefficient in equation (5.17) [i.e., the denominator of 
equation (5.18)] to zero and interpreting ω as the system natural frequency ωn. 
Substitution for the value of β and rearranging yields

 β2aωn
2

ωa
2
b2

- 31 + β2(1 + μ)4  ωn
2

ωa
2

+ 1 = 0 (5.25)
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which is a quadratic equation in 1ωn
2 >ωa

22 . Solving this yields

 aωn

ωa

b2

=
1 + β2(1 + μ)

2β2
{

1

2β2
3β4(1 + μ)2

- 2β2(1 - μ) + 1 (5.26)

which illustrates how the system’s natural frequencies vary with the mass ratio μ 
and the frequency ratio β. This is plotted for β = 1 in Figure 5.16. Note that as μ is 
increased, the natural frequencies split farther apart, and farther from the operat-
ing point ω = ωa of the absorber. Therefore, if μ is too small, the combined system 
will not tolerate much fluctuation in the driving frequency before it fails. As a rule 
of thumb, μ is usually taken to be between 0.05 and 0.25 (i.e., 0.05 … μ … 0.25), 
as larger values of μ tend to indicate a poor design. Vibration absorbers can also 
fail because of fatigue if xa(t) and the stresses associated with this motion of the 
 absorber are large. Hence limits are often placed on the maximum value of Xa by 
the designer. The following example illustrates an absorber design.

0.1

1

0.2

0.3

0.4

�

� � 0.25

�2�1

�n/�a

� � 1
Figure 5.16  A plot of mass ratio versus 
system natural frequency (normalized to the 
frequency of the absorber system), illustrating 
that increasing the mass ratio increases the 
useful frequency range of a vibration absorber. 
Here ω1 and ω2 indicate the normalized value 
of the system’s natural frequencies.

Example 5.3.1

A radial saw base has a mass of 73.16 kg and is driven harmonically by a motor that 
turns the saw’s blade as illustrated in Figure 5.17. The motor runs at constant speed and 
produces a 13-N force at 180 cycles>min because of a small unbalance in the motor. The 
resulting forced vibration was not detected until after the saw had been manufactured. 
The manufacturer wants a vibration absorber designed to drive the table oscillation 
to zero simply by retrofitting an absorber onto the base. Design the absorber assum-
ing that the effective stiffness provided by the table legs is 2600 N>m. In addition, the 
absorber must fit inside the table base and hence has a maximum deflection of 0.2 cm.

Blade

Handle

Base

Legs

Motor

Figure 5.17  A schematic of a radial 
saw system in need of a vibration 
absorber.
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Solution  To meet the deflection requirement, the absorber stiffness is chosen first. 
This is calculated by assuming that X = 0, so that 0Xaka 0 = 0F0 0  [i.e., so that the mass 
ma absorbs all of the applied force, see equation (5.20) with ka = maω

2].  Hence

ka =
F0

Xa

=
13 N

0.2 cm
=

13 N

0.002 m
= 6500 N>m

Since the absorber is designed such that ω = ωa,

ma =
ka

ω2
=

6500 N>m3(180>60)2π42 = 18.29 kg

Note in this case that μ = 18.29>73.16 = 0.25.
n

Example 5.3.2

Calculate the bandwidth of operation of the absorber design of Example 5.3.1. Assume 
that the useful range of an absorber is defined such that 0Xk>F0 0 6 1. For values of 
Xk>F0 7 1, the machine could easily drift into resonance and the amplitude of vibra-
tion actually becomes an amplification of the effective driving force amplitude.

Solution  From equation (5.24) with Xk>F0 = 1,

1 - a ω
ωa

b2

= c 1 + μaωa

ωp

b2

- a ω
ωp

b2 d c 1 - a ω
ωp

b2 d - μaωa

ωp

b2

Solving this for ω>ωa yields the two solutions

ω
ωa

= {11 + μ

For the system of Example 5.3.1, μ = 0.25, so that the second solution becomes

ω
ωa

= 1.1180

The condition that 0Xk>F0 0 = 1 is also satisfied for Xk>F0 = -1. Substitution of this 
into equation (5.24) followed by some manipulation yields

aωa

ωp

b2a ω
ωa

b4

= c 2 + (μ + 1)aωa

ωp

b2 d a ω
ωa

b2

+ 2 = 0

which is quadratic in (ω>ωa)2. Using the values of ωa
2

= 6500>18.29, ωp
2

= 2600>73.16, 

and μ = 0.25, this simplifies to

10a ω
ωa

b4

- 14.5a ω
ωa

b2

+ 2 = 0
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Solving for ω>ωa yieldsa ω
ωa

b2

= 0.1544, 1.2956 or  
ω
ωa

= 0.3929, 1.1382

Hence the three roots satisfying 0Xk>F0 0 = 1 are 0.3929, 1.1180, and 1.1382. Following 
the example of Figure 5.15 indicates that the driving frequency may vary between 
0.3929ωa and 1.1180ωa, or, since ωa = 18.857,

7.4089 6 ω 6 21.0821 (rad>s)

before the response of the primary mass is amplified or the system is in danger of ex-
periencing resonance.

n

The preceding discussion and examples illustrate the concept of performance 

robustness; that is, the examples illustrate how the design holds up as the parameter 
values (k, ka, etc.) drift from the values used in the original design. Example 5.3.2 il-
lustrates that the mass ratio greatly affects the robustness of absorber designs. This 
is stated in the caption of Figure 5.16; up to a certain point, increasing μ increases 
the robustness of the absorber design. The effects of damping on absorber design 
are examined in the next section.

5.4 DAMPING IN VIBRATION ABSORPTION

As mentioned in Section 5.3, damping is often present in devices and has the poten-
tial for destroying the ability of a vibration absorber to protect the primary system 
fully by driving X to zero. In addition, damping is sometimes added to vibration 
absorbers to prevent resonance or to improve the effective bandwidth of operation 
of a vibration absorber. Also, a damper by itself is often used as a vibration absorber 
by dissipating the energy supplied by an applied force. Such devices are called vi-

bration dampers rather than absorbers.
First consider the effect of modeling damping in the standard vibration 

 absorber problem. A vibration absorber with damping in both the primary and ab-
sorber system is illustrated in Figure 5.18. This system is dynamically equal to the 
system of Figure 4.15 of Section 4.5. The equations of motion are given in matrix 
form by equation (4.116) as

xa(t)

ca

c

ka

k

ma

m
x(t)

F0 sin(�t) Absorber system

Excitation force

Primary system Figure 5.18  A schematic of a vibration 
absorber with damping in both the 
primary and absorber system.
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0 ma

R J x
$
(t)

x
$

a(t)
R + Jc + ca -ca

-ca  ca

R J x
#
(t)

x
#
a(t)

R  

 + Jk + ka -ka

-ka  ka

R J x(t)

xa(t)
R = JF0

0
R  sin ωt (5.27)

Note, as was mentioned in Section 4.5, that these equations cannot necessarily be 
solved by using the modal analysis technique of Chapter 4 because the equations 
do not decouple (KM-1C ∙ CM-1K). The steady-state solution can be calcu-
lated, however, by using a combination of the exponential approach discussed 
in Section 2.3 and the matrix inverse used in previous sections for the undamped 
case.

To this end, let F0 sin ωt be represented in exponential form by F0e jωt in equa-
tion (5.27) and assume that the steady-state solution is of the form

 x(t) = Xejωt
= J X

Xa

R ejωt (5.28)

where X is the amplitude of vibration of the primary mass and Xa is the amplitude 
of vibration of the absorber mass. Substitution into equation (5.27) yields

 J 1k + ka - mω22 + (c + ca)ωj -ka - caωj

-ka - caωj 1ka - maω
22 + caωj

d J X

Xa

d ejωt
= JF0

0
d ejωt 

  (5.29)

Note that the coefficient matrix of the vector X has complex elements. Dividing 
equation (5.29) by the nonzero scalar ejωt yields a complex matrix equation in the 
amplitudes X and Xa. Calculating the matrix inverse using the formula of Example 
4.1.4, reviewed in Window 5.3, and multiplying equation (5.29) by the inverse from 
the right yieldsJ X

Xa

R =

J 1ka - maω
22 + caωj ka + caωj

ka + caωj k + ka - mω2
+ (c + ca)ωj

R JF0

0
R

 det 1K - ω2M + ωjC2  (5.30)

Here the determinant in the denominator is given by (recall Example 4.1.4)

 det1K - ω2M + ωjC2 = mmaω
4

+ 1cac + ma(ka + ka) + kam2ω2
+ kak

 + 3(kca + cka)ω - 1ca(m + ma) + cma2ω34 j (5.31)



Sec. 5.4    Damping in Vibration Absorption 465

and the system coefficient matrices M, C, and K are given by

M = Jm 0

0 ma

R  C = Jc + ca -ca

-ca ca

R  K = Jk + ka - ka

-ka ka

R
Simplifying the matrix vector product yields

  X =

31ka - maω
22 + caωj4F0

det1K - ω2M + ωjC2  (5.32)

  Xa =
(ka + caωj)F0

det1K - ω2M + ωjC2  (5.33)

which expresses the magnitude of the response of the primary mass and absorber 
mass, respectively. Note that these values are now complex numbers and are multi-
plied by the complex value ejωt to get the time responses.

Equations (5.32) and (5.33) are the two-degree-of-freedom version of the 
frequency response function given for a single-degree-of-freedom system in equa-
tion (2.52). The complex nature of these values reflects a magnitude and phase. 
The magnitude is calculated following the rules of complex numbers and is best 
done with a symbolic computer code, or after substitution of numerical values for 
the various physical constants. It is important to note from equation (5.32) that un-
like the tuned undamped absorber, the response of the primary system cannot be 
exactly zero even if the tuning condition is satisfied. Hence the presence of damp-
ing ruins the ability of the absorber system to exactly cancel the motion of  the 
primary system.

Equations (5.32) and (5.33) can be analyzed for several specific cases. First, 
consider the case for which the internal damping of the primary system is neglected 
(c = 0). If the primary system is made of metal, the internal damping is likely to be 
very low and it is reasonable to neglect it in many circumstances. In this case, the 
determinant of equation (5.31) reduces to the complex number

 det(K - ω2M + ωCj) (5.34)

 = 31-mω2
+ k2 1-maω

2
+ ka2 - makaω

24 + 31k - (m + ma)ω
22caω4 j 

The maximum deflection of the primary mass is given by equation (5.32) with the 
determinant in the denominator evaluated as given in equation (5.34). This is the 
ratio of two complex numbers and hence is a complex number representing the 
phase and the amplitude of the response of the primary mass. Using complex arith-
metic (see Window 5.4) the amplitude of the motion of the primary mass can be 
written as the real number

X2

F0
2

=

1ka - maω
222

+ ω2ca
231k - mω22 1ka - maω

22 - makaω
242

+ 3k - (m + ma)ω
242

ca
2ω2

 (5.35)
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Window 5.4
Reminder of Complex Arithmetic

The response magnitude given by equation (5.32) can be written as the ratio of 
two complex numbers:

X

F0

=
A1 + B1j

A2 + B2 j

where A1, A2, B1, and B2 are real numbers and j = 1-1. Multiplying this by 
the conjugate of the denominator divided by itself yields

X

F0

=
(A1 + B1j)(A2 - B2j)

(A2 + B2j)(A2 - B2j)
=

(A1A2 + B1B2)

A2
2

+ B2
2

+
B1A2 - A1B2

A2
2

+ B2
2

 j

which indicates how X>F0 is written as a single complex number of the form 
X>F0 = a + bj. This is interpreted, as indicated, that the response magnitude 
has two components: one in phase with the applied force and one out of phase. 
The magnitude of X>F0 is the length of the preceding complex number (i.e., 0X>F0 0 = 2a2

+ b2). This yields

` X
F0

` = A1
2

+ B1
2

A2
2

+ B2
2

which corresponds to the expression given in equation (5.35). (Also see 
Appendix A.)

It is instructive to examine this amplitude in terms of the dimensionless ratios 
introduced in Section 5.3 for the undamped vibration absorber. The amplitude X is 
written in terms of the static deflection ∆ = F0>k of the primary system. In addi-
tion, consider the mixed “damping ratio” defined by

 ζ =
ca

2maωp

 (5.36)

where ωp = 1k>m is the original natural frequency of the primary system with-
out the absorber attached. Using the standard frequency ratio r = ω>ωp, the ra-
tio of natural frequencies β = ωa>ωp (where ωa = 1ka>ma), and the mass ratio 
μ = ma>m, equation (5.35) can be rewritten as

X

∆
=

Xk

F0

= C (2ζr)2
+ 1r 2

- β222

(2ζr)21r 2
- 1 + μr 222

+ 3μr 2β2
- 1r 2

- 12 1r 2
- β2242 (5.37)
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which expresses the dimensionless amplitude of the primary system. Note from 
examining equation (5.37) that the amplitude of the primary system response is 
determined by four physical parameter values:

μ the ratio of the absorber mass to the primary mass

β the ratio of the decoupled natural frequencies

r the ratio of the driving frequency to the primary natural frequency

ζ the ratio of the absorber damping and 2maωp

These four numbers can be considered as design variables and are chosen to give 
the smallest possible value of the primary mass’s response, X, for a given applica-
tion. Figure 5.19 illustrates how the damping value, as reflected in ζ, affects the 
response for a fixed value of μ = 0.25 and β = 1, as r varies.

As mentioned at the beginning of this section, damping is often added to 
the absorber to improve the bandwidth of operation. This effect is illustrated in 
Figure 5.19. Recall that if there is no damping in the absorber (ζ = 0), the magnitude 
of the response of the primary mass as a function of the frequency ratio r is as illus-
trated in Figure 5.15 (i.e., zero at r = 1 but infinite at r = 0.781 and r = 1.281). Thus 
the completely undamped absorber has poor bandwidth (i.e., if r changes by a small 
amount, the amplitude grows). In fact, as noted in Section 5.3, the bandwidth, or use-
ful range of operation of that undamped absorber, is 0.908 … r … 1.118. For these 
values of r, 0Xk>F0 0 … 1. However, if damping is added to the absorber (ζ ∙ 0), 
Figure 5.19 results, and the bandwidth, or useful range of operation, is extended. The 
price for this increased operating region is that 0Xk>F0 0  is never zero in the damped 
case (see Figure 5.19).

Examination of Figure 5.19 shows that as  ζ  is varied, the amplification of 0Xk>F0 0  over the range of r can be reduced. The design question now becomes: For 
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Figure 5.19  The normalized amplitude of vibration of the primary mass as a function 
of the frequency ratio for several values of the damping in the absorber system for the 
case of negligible damping in the primary system [i.e., a plot of equation (5.37)].
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what values of the mass ratio μ, the absorber damping ratio ζ, and the frequency 
ratio β is the magnitude 0Xk>F0 0  smallest over the region 0 … r … 2? Just increas-
ing the damping with μ and β fixed does not necessarily yield the lowest amplitude. 
Note from Figure 5.19 that ζ = 0.1 produces a smaller amplification over a larger 
region of r than does the higher ratio, ζ = 0.4. Figures 5.20 and 5.21 yield some hint 
of how the various parameters affect the magnitude by providing plots of 0Xk>F0 0  
for various combinations of ζ, μ, and β.

A solution of the best choice of μ and ζ is discussed again in Section 5.5. Note 
from Figure 5.21 that μ = 0.25, β = 0.8, and ζ = 0.27 yield a minimum value of 0Xk>F0 0  over a large range of values of r. However, amplification of the response 
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Figure 5.20  Repeat of the plot of Figure 5.19 with μ = 0.25 and β = 0.9 for 
several values of ζ. Note that in this case, ζ = 0.4 yields a lower magnitude than 
does ζ = 0.1.
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Figure 5.21  Repeat of the plots of Figure 5.19 with μ = 0.25, β = 0.8 for several 
values of ζ. In this case, ζ = 0.27 yields the lowest amplification over the largest 
bandwidth.
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X still occurs (i.e., 0Xk>F0 0 7 1 for values of r 6 12), but no order-of-magnitude 
increase in 0X 0  occurs as in the case of the undamped absorber.

Next consider the case of an appended absorber mass connected to an un-
damped primary mass only by a dashpot, an arrangement illustrated in Figure 5.22. 
Systems of this form arise in the design of vibration reduction devices for rotating 
systems such as engines, where the operating speed (and hence the driving fre-
quency) varies over a wide range. In such cases a viscous damper is added to the 
end of the crankshaft (or other rotating device) as indicated in Figure 5.23. The 
shaft spins through an angle θ1 with torsional stiffness k and inertia J1. The damp-
ing inertia J2 spins through an angle θ2 in a viscous film providing a damping force 
ca(θ1 - θ2). If an external harmonic torque is applied of the form M0e

ωtj, the equa-
tion of motion of this system becomes

 JJ1 0

0 J2

R Jθ$1

θ
$

2

R + J ca -ca

-ca ca

R Jθ# 1

θ
#

2

R + Jk 0

0 0
R Jθ1

θ2

R = JM0

0
R eωtj (5.38)

This is a rotational equivalent to the translational model given in Figure 5.22. It is 
easy to calculate the undamped natural frequencies of this two-degree-of-freedom 
system. They are

ωp = A k

J1

 and ωa = 0

m

k

Primary system Viscous absorber

x(t)

ma

xa(t)

ca

Figure 5.22  Damper–mass system 
added to a primary mass (with no 
damping) to form a viscous vibration 
absorber.

Torsional stiffness, k

�1 �2

Casing of
rotational inertia J1

Internal disk
of inertia J2
and rotational
coordinate �2

Viscous oil with
damping coefficient ca

Figure 5.23  A viscous damper and mass added to a rotating shaft for broadband 
vibration absorption. Often called a Houdaille damper.
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The solution of this set of equations is given by equations (5.32) and (5.33) with m 
and ma replaced by J1 and J2, respectively, c = 0, ka = 0, and F0 replaced by M0. 
Equation (5.32) is given in nondimensional form as equation (5.37). Hence letting 
β = ωa>ωp = 0 in equation (5.37) yields that amplitude of vibration of the primary 
inertia J1 [i.e., the amplitude of θ1(t)] is described by

 
Xk

M0

= C 4ζ2
+ r 2

4ζ2(r 2
+ μr 2

- 1)2
+ (r 2

- 1)2
r 2

 (5.39)

where ζ = c>(2J2ωp), r = ω>ωp, and μ = J2>J1. Figure 5.24 illustrates several plots 
of Xk>M0 for various values of ζ for a fixed μ as a function of r. Note again that the 
highest damping does not correspond to the largest amplitude reduction.

The various absorber designs discussed previously, excluding the undamped 
case, result in a number of possible “good” choices for the various design param-
eters. When faced with a number of good choices, it is natural to ask which is the 
best choice. looking for the best possible choice among a number of acceptable or 
good choices can be made systematic by using methods of optimization introduced 
in the next section.
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Figure 5.24  The amplitude curves for a system with a viscous absorber, a plot of 
equation (5.39), for the case μ = 0.25 and for three different values of ζ.
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5.5 OPTIMIZATION

In the design of vibration systems, the best selection of system parameters is often 
sought. In the case of the undamped vibration absorber of Section 5.3 the best 
selection for values of mass and stiffness of the absorber system is obvious from 
examining the expression for the amplitude of vibration of the primary system. In 
this case, the amplitude could be driven to zero by tuning the absorber mass and 
stiffness to the driving frequency. In the other cases, especially when damping is 
included, the choice of parameters to produce the best response is not obvious. In 
such cases, optimization methods can often be used to help select the best perfor-
mance. Optimization techniques often produce results that are not obvious. An 
example is in the case of the undamped primary system or the damped absorber 
system discussed in the preceding section. In this case Figures 5.19 to 5.21 indicate 
that the best selection of parameters does not correspond to the highest value of the 
damping in the system, as intuition might dictate. These figures essentially represent 
an optimization by trial and error. In this section a more systematic approach to 
optimization is suggested by taking advantage of calculus.

Recall from elementary calculus that minimums and maximums of particular 
functions can be obtained by examining certain derivatives. Namely, if the first 
derivative vanishes and the second derivative of the function is positive, the func-
tion has obtained a minimum value. This section presents a few examples where 
optimization procedures are used to obtain the best possible vibration reduction for 
various isolator and absorber systems. A major task of optimization is first deciding 
what quantity should be minimized to best describe the problem under study. The 
next question of interest is to decide which variables to allow to vary during the op-
timization. Optimization methods have developed over the years that allow the pa-
rameters during the optimization to satisfy constraints, for example. This approach 
is often used in design for vibration suppression.

Recall from calculus that a function f(x) experiences a maximum (or minimum) 
at value of x = xm given by the solution of

 f =(xm) =
d

dx
3 f(xm)4 = 0 (5.40)

If this value of x causes the second derivative, f ==(xm), to be less than zero, the value 
of f(x) at x = xm is the maximum value that f(x) takes on in the region near x = xm. 
Similarly, if f ==(xm) is greater than zero, the value of f(xm) is the smallest or minimum 
value that f(x) obtains in the interval near xm. Note that if f ==(x) = 0, at x = xm, the 
value f(xm) is neither a minimum or maximum for f(x). The points where f′(x) vanish 
are called critical points.

These simple rules were used in Section 2.2, Example 2.2.5, for computing 
the value (rpeak) where the maximum value of normalized magnitude of the steady-
state response of a harmonically driven single-degree-of-freedom system occurs. 
The second derivative test was not checked because several plots of the function 
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clearly indicated that the curve contains a global maximum value rather than a min-
imum. In both absorber and isolator design, plots of the magnitude of the response 
can be used to avoid having to calculate the second derivative (second derivatives 
are often unpleasant to calculate).

If the function f to be minimized (or maximized) is a function of two variables 
[i.e., f = f(x, y)], the preceding derivative tests become slightly more complicated 
and involve examining the various partial derivatives of the function f(x, y). In this 
case, the critical points are determined from the equations

 fx(x, y) =
0f(x, y)

0x
= 0 

 fy(x, y) =
0f(x, y)

0y
= 0 (5.41)

Whether or not these critical points (x, y) are a maximum of the value f(x, y) or a 
minimum depends on the following:

 1 If fxx(x, y) 7 0 and fxx(x, y)fyy(x, y) 7 f xy
2 (x, y), then f(x, y) has a relative 

minimum value at x, y.

 2 If fxx(x, y) 6 0 and fxx(x, y)fyy(x, y) 7 f xy
2 (x, y), then f(x, y) has a relative 

maximum value at x, y.

 3 If f xy
2 (x, y) 7 fxx(x, y)fyy(x, y), then f(x, y) is neither a maximum nor a mini-

mum value; the point x, y is a saddle point.

 4 If f xy
2 (x, y) = fxx(x, y)fyy(x, y), the test fails and the point x, y could be any or 

none of the above.

Plots of f(x, y) can also be used to determine whether or not a given critical 
point is a maximum, minimum, saddle point, or none of these. These rules can be 
used to help solve vibration design problems in some circumstances. As an example 
of using these optimization formulations for designing a vibration suppression 
system, recall the damped absorber system of Section 5.4. In this case, the magni-
tude of the primary mass-normalized displacement with respect to the input force 
 (moment) magnitude is given in equation (5.39) to be

 
Xk

M0

= C 4ζ2
+ r 2

4ζ21r 2
+ μr 2

- 122
+ 1r 2

- 122
r 2

= f(r, ζ) (5.42)

which is considered to be a function of the mixed damping ratio ζ and the frequency 
ratio r for a fixed mass ratio μ.

In Section 5.4, values of f(r) are plotted versus r for several values of ζ in an 
attempt to find the value of ζ that yields the smallest maximum value of f(r, ζ). 
This is illustrated in Figure 5.24. Figure 5.25 illustrates the magnitude as a function 
of both ζ and r. From the figure it can be concluded that the derivative 0f>0r = 0 
yields the maximum value of the magnitude for each fixed ζ.
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Figure 5.25  A plot of the normalized magnitude of the primary system versus 
both ζ and r [i.e., a two-dimensional plot of equation (5.42) for μ = 0.25]. This 
illustrates that the most desirable response is obtained at the saddle point.

looking along the ζ axis, the partial derivative 0f>0ζ = 0 yields the minimum 
value of f(r, ζ) for each fixed value of r. The best design, corresponding to the 
smallest of the largest amplitudes, is thus illustrated in Figure 5.25. This point cor-
responds to a saddle point and can be calculated by evaluating the appropriate first 
partial derivatives.

First consider 0(Xk>M0)>0ζ. From equation (5.42), the function to be differen-
tiated is of the form

 f =
A1>2
B1>2 (5.43)

where A = 4ζ2 + r2 and B = 4ζ2 (r2
+ µr2

- 1)
2

+ (r2
- 1)

2
r2. Differentiating 

and equating the resulting derivatives to zero yields

 
0f

0ζ
=

1

2
 
A-1>2dA

B1>2 -
1

2
 A1>2 dB

B3>2 = 0 (5.44)

Solving this yields the form [B dA - A dB]>2B3>2
= 0 or

 BdA = AdB (5.45)

where A and B are as defined previously and

 dA = 8ζ  and  dB = 8ζ1r 2
+ μr 2

- 122
 (5.46)

Substitution of these values of A, dA, B, and dB into equation (5.45) yields

 11 - r 222
= 11 - r 2

- μr 222
 (5.47)
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For μ ∙ 0, r 7 0, this has the solution

 r = A 2

2 + μ
 (5.48)

Similarly, differentiating equation (5.42) with respect to r and substituting the value 
for r obtained previously yields

 ζop =
122(μ + 1)(μ + 2)

 (5.49)

Equation (5.49) reveals the value of ζ that yields the smallest amplitude at the point 
of largest amplitude (resonance) for the response of the primary mass. The maxi-
mum value of the displacement for the optimal damping is given by

 aXk

M0

b
max

= 1 +
2

μ
 (5.50)

which is obtained by substitution of equations (5.48) and (5.49) into equation 
(5.42). This last expression suggests that μ should be as large as possible. However, 
the practical consideration that the absorber mass should be smaller than the pri-
mary mass requires μ … 1. The value μ = 0.25 is fairly common.

The second derivative conditions for the function f to have a saddle point 
(condition 3 in the preceding list) are too cumbersome to calculate. However, 
the plot of Figure 5.25 clearly illustrates that these conditions are satisfied. 
Furthermore, the plot indicates that f as a function of ζ is convex and f as a function 
of r is concave so that the saddle point condition is also the solution of minimizing 
the maximum value f(r, ζ), called the min–max problem in applied mathematics and 
optimization.

Example 5.5.1

A viscous damper–mass absorber is added to the shaft of an engine. The mass moment  
of inertia of the shaft system is 1.5 kg # m2>rad and has a torsional stiffness of 6 *   
103 N # m>rad. The nominal running speed of the engine is 2000 rpm. Calculate the 
values of the added damper and mass moment of inertia such that the primary system 
has a magnification (Xk>M0) of less than 5 for all speeds and is as small as possible at 
the running speed.

Solution  Since ωp = 2k>J, the natural frequency of the engine system is

ωp = C6.0 * 103 N # m>rad

1.5 kg # m2>rad
= 63.24 rad>s
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The running speed of the engine is 2000 rpm or 209.4 rad>s, which is assumed to be 
the driving frequency (actually, it is a function of the number of cylinders). Hence the 
frequency ratio is

r =
ω
ωp

=
209.4

63.24
= 3.31

so that the running speed is well away from the maximum amplification as illustrated 
in Figures 5.24 and 5.25 and the absorber is not needed to protect the shaft at its run-
ning speed. However, the engine spends some time getting to the running speed and 
often runs at lower speeds. The peak response occurs at

rpeak =
ω
ωp

= A 2

2 + μ

as given by equation (5.48), and has a value of

aXk

M0

b
max

= 1 +
2

μ

as given by equation (5.50). The magnification is restricted to be 5, so that

1 +
2

μ
… 5 or μ Ú 0.5

Thus μ = 0.5 is chosen for the design. Since the mass of the primary system is J1 =   

1.5 kg # m2>rad and μ = J2>J1, the mass of the absorber is

J2 = μJ1 =
1

2
(1.5) kg # m2>rad = 0.75 kg # m2 # rad

The damping value required for equation (5.50) to hold is given by equation (5.49) or

ζop =
122(μ + 1)(μ + 2)

=
122(1.5)(2.5)

= 0.3651

Recall from Section 5.4 [just following equation (5.39)], that ζ = c>(2J2ωp), so that the 
optimal damping constant becomes

cop = 2ζop J2ωp = 2(0.3651)(0.75)(63.24) = 34.638 N # m # s>rad

The two values of J2 and c given here form an optimal solution to the problem of de-
signing a viscous damper–mass absorber system so that the maximum deflection of the 
primary shaft is satisfied 0Xk>M0 0 6 5. This solution is optimal in terms of a choice of 
ζ, which corresponds to the saddle point of Figure 5.25 and yields a minimum value of 
all maximum amplifications.

n
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Optimization methods can also be useful in the design of certain types of vi-
bration isolation systems. For example, consider the model of a machine mounted 
on an elastic damper and spring system as illustrated in Figure 5.26. The equations 
of motion of the system of Figure 5.26 are

  mx
$

1 + c(x
#
1 - x

#
2) + k1x1 = F0 cos ωt 

  c(x
#
1 - x

#
2) = k2x2  (5.51)

because no mass term appears in the second equation, the system given by equa-
tion (5.51) is of third order. Equation (5.51) can be solved by assuming periodic 
motions of the form

 x1(t) = X1e
jωt  and  x2(t) = X2e

jωt (5.52)

and considering the exponential representation of the harmonic driving force. 
Substitution of equation (5.52) into (5.51) yields

  (k1 - mω2
+ jcω)X1 - jcωX2 = F0 

  jcωX1 - (k2 + jcω)X2 = 0  (5.53)

Solving for the amplitudes X1 and X2 yields

 X1 =
F0(k2 + jcω)

k21k1 + mω22 + jcω1k1 + k2 - mω22  (5.54)

and

 X2 =
cωF0 j

k21k1 + mω22 + cω1k1 + k2 - mω22 j (5.55)

These two amplitude expressions can be simplified further by substituting the non-
dimensional quantities r = ω>1k1>m, γ = k1>k2, and ζ = c> 121k1m2 . The force 
transmitted to the base is the vector sum of the two forces k1x1 and k2x2. Using 

k1

k2

c

x1(t)

x2(t)

F0cos�t

m

Figure 5.26  Model of a machine 
mounted on an elastic foundation 
through an elastic damper to provide 
vibration isolation.
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complex arithmetic and a vector sum (recall Sections 2.3 and 2.4) the force trans-
mitted can be written as

 T.R. =
FT

F0

=
31 + 4(1 + γ)2ζ2r 2

311 - r 22 + 4ζ2r 211 + γ - r 2γ22
 (5.56)

which describes the transmissibility ratio for the system of Figure 5.26.
The force transmissibility ratio can be optimized by viewing the ratio FT>F0 as 

a function of r and ζ. Figure 5.27 yields a plot of FT>F0 versus r for γ = 0.333 and for 
several values of ζ. This illustrates that the value of the damping ratio greatly affects 
the transmissibility at resonance. A three-dimensional plot of FT>F0 versus r and ζ is 
given in Figure 5.28, which illustrates that the saddle point value of ζ and r yields the 
best design for the minimum transmissibility of the maximum force transmitted.

� � 0.4

� � 0.1

� � 0.01

F
T

F
0

r

104

103

102

101

100

10�1

0 0.5 1 1.5 2

Figure 5.27  Plot of equation (5.56) illustrating the effect of damping on the magni-
fication of force transmitted to ground.
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Figure 5.28  Plot of equation (5.56) illustrating FT>F0 versus ζ versus r. The plot shows 
the point where damping minimizes the maximum transmissibility.
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The saddle point illustrated in Figure 5.28 can be found from the derivative of 
T.R. as given in equation (5.56). These partial derivatives are

 
0(T.R.)

0ζ
= 0 yields rmax =

22(1 + γ)11 + 2γ
 (5.57)

and

 
0(T.R.)

0r
= 0 yields ζop =

22(1 + 2γ)>γ
4(1 + γ)

 (5.58)

These values of r correspond to an optimal design of this type of isolation device. 
At the saddle point, the value of T.R. becomes

 (T.R.)max = 1 + 2γ (5.59)

which results from substitution of equations (5.57) and (5.58) into equation (5.56). 
This illustrates that as long as γ 6 1, T.R. 6 3 and the isolation system will not 
cause much difficulty at resonance.

Example 5.5.2

An isolation system is to be designed for a machine modeled by the system of Figure 
5.26 (i.e., an elasticity coupled viscous damper). The mass of the machine is m =  100 kg  
and the stiffness k1 = 400 N>m. The driving frequency is 10 rad>s at nominal oper-
ating  conditions. Design this system (i.e., choose k2 and c) such that the maximum 
transmissibility ratio at any speed is 2 (i.e., design the system for “startup” or “run 
through”). What is the T.R. at the normal operating condition of a driving frequency 
of 10 rad>s?

Solution  For m = 100  kg and k1 = 400  N>m, ωn = 2400>100 = 2 rad>s,  
2 rad>s, so that the normal operating condition is well away from resonance (i.e., 
r = ω>ωn = 10>2 = 5 at running conditions). Equation (5.59) yields that the maxi-
mum value for T.R. is

(T.R.) max = 1 + 2γ … 2

so that γ = 0.5 and k2 = (0.5)(k1) = (0.5)(400 N>m) = 200 N>m. With γ = 0.5, the 
optimal choice of damping ratio is given by equation (5.58) to be

ζop =
22(1 + 2γ)>γ

4(1 + γ)
= 0.4714

Hence the optimal choice of damping coefficient is

cop = 2ζopωnm = 2(0.4714)(2)(100) = 188.56 kg>s
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The T.R. value at nominal operating frequency of ω = 10 rad>s is given by equation (5.56) 
to be (r = 10>2 = 5)

T.R. =
21 + 4(1 + 0.5)2(0.4714)2(5)2

211 - 5222
+ 4(0.4714)2(5)231 + 0.5 - 52(0.5)42

= 0.12

Hence the design k2 = 200 N>m and c = 188.56 kg>s will protect the surroundings by 
a T.R. of 0.12 (i.e., only 12% of the applied force is transmitted to ground) and limits 
the force transmitted near resonance to a factor of 2.

n

5.6 VISCOELASTIC DAMPING TREATMENTS

A common and very effective way to reduce transient and steady-state vibration is to 
increase the amount of damping in the system so there is greater energy dissipation. This 
is especially useful in aerospace structures applications, where the added mass of an ab-
sorber system may not be practical. While a rigorous derivation of the equations of vibra-
tion for structures with damping treatments is beyond the scope of this book, formulas 
are presented that provide a sample of design calculations for using damping treatments.

A damping treatment consists of adding a layer of viscoelastic material, such 
as rubber, to an existing structure. The combined system often has a higher damp-
ing level and thus reduces unwanted vibration. This is standard in the auto industry 
to reduce vibration-induced noise in the car’s interior and can be found under the 
flooring carpet. This procedure is described by using the complex stiffness notation. 
The concept of complex stiffness results from considering the harmonic response of 
a damped system of the form

 mx
$

+ cx
#

+ kx = F0e
jωt (5.60)

Recall from Section 2.3 that the solution to equation (5.60) can be calculated by 
assuming the form of the solution to be x(t) = Xejωt, where X is a constant and 
j = 1-1. Substitution of the assumed form into equation (5.60) and dividing by 
the nonzero function ejωt yields

 3 -mω2
+ (k + jωc)4X = F0 (5.61)

This can be written as

 c -mω2
+ ka1 +

ωc

k
 jb dX = F0 (5.62)

or

 3-mω2
+ k*4X = F0 (5.63)



480 Design for Vibration Suppression    Chap. 5

where k* = k(1 + η j). Here η = ωc>k is called the loss factor and k* is called the 
complex stiffness. This illustrates that in steady state, the viscous damping in a sys-
tem can be represented as an “undamped” system with a complex-valued stiffness. 
The imaginary part of the stiffness, η, corresponds to the energy dissipation in the 
system. Since the loss factor has the form

 η =
c

k
 ω (5.64)

the loss factor depends on the driving frequency and hence is said to be frequency 
dependent. Thus the value of the energy dissipation term depends on the value of 
the driving frequency of the external force exciting the structure.

The concept of complex stiffness just developed is called the Kelvin–Voigt 

model of a material. This corresponds to the standard spring–dashpot configura-
tion as sketched in Figure 5.29 and used extensively in the first four chapters. The 
difference between the Kelvin–Voigt model used here and the viscous-damping 
model of the previous chapters is that the Kelvin–Voigt model used here is valid 
only in steady-state harmonic motion. The complex stiffness and the corresponding 
frequency-dependent loss factor, η = ωc>k, model the energy dissipation at steady 
state during harmonic excitation of frequency ω only. The viscous dashpot represen-
tation introduced in Section 1.3 models energy dissipation in free decay as well as in 
other transient and forced-response excitation. However, the Kelvin–Voigt represen-
tation is a more accurate, though limited, model of the internal damping in materials.

The complex stiffness formulation can also be derived from the stress–strain 
relationship for a linear viscoelastic material. Such materials are called viscoelastic 
because they exhibit both elastic behavior and viscous behavior, as captured in the 
Kelvin–Voigt model described in Figure 5.29. Other viscoelastic models exist in ad-
dition to this one, but such models are beyond the scope of this book [see Snowden 
(1968)]. An alternative viscoelastic model is given in Figure 5.26, for instance.

The stress–strain relationship for viscoelastic material can be summarized by 
extending the modulus of a material, denoted by E, to a complex modulus, denoted 
E*, by the relation

 E* = E(1 + η j) (5.65)

where j = 1-1 as before and η is the loss factor of the viscoelastic material. The 
complex modulus of a material, as defined in equation (5.65), can be measured, 

Material with viscoelastic properties

k

c

x(t)

m F(t) � F
0
e

j�t Figure 5.29  Kelvin–Voigt damping 
model gives rise to the complex stiffness 
concept of representing damping in 
steady-state vibration.
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and in general is both frequency and temperature dependent over a broad range of 
values. Some sample values for frequency dependence are given in Figure 5.30 for 
fixed temperatures.

Materials that exhibit viscoelastic behavior are rubber and rubber-like sub-
stances (e.g., butyl rubber, neoprene, polyurethane) as well as plexiglass, vinyl, 
and nylon. A common use of these viscoelastic materials in design is as an additive 
damping treatment to increase the combined structure’s damping or as an isolator. 
layers of viscoelastic material are often added to structures composed of lightly 
damped material such as aluminum or steel to form a new structure that has suf-
ficient stiffness for static loading and sufficient damping for controlling vibration. 
Table 5.2 lists some values of E and η for a viscoelastic material at two different 
temperatures and several frequencies.
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Figure 5.30  A sample plot of elastic modulus (solid lines) and loss factor (dashed 
lines) versus frequency for several fixed temperatures.

TABLE 5.2  SoME CoMPlEx MoDuluS DAtA (I.E., E AnD η) FoR PARACRIl-bj  

wItH 50 PHRCa

E (psi) η T (°F)  ω (Hz)  ω (rad>s) E (N>m2)

3 * 103 0.21 75 10 62.8 2.068 * 107

4 * 103 0.28 75 100 628.3 2.758 * 107

7 * 103 0.55 75 1000 6283.2 4.826 * 107

4 * 103 0.25 50 10 62.8 2.758 * 107

6 * 103 0.5 50 100 628.3 4.137 * 107

13 * 103 1 50 1000 6283.2 8.963 * 107

aNitrile rubber elastomeric material made by U.S. Rubber Company.

Source: Nashif, Jones, and Henderson, 1985, Data Sheet 27.
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The loss factor η defined in terms of the complex modulus as given in equa-
tion (5.65) is related to the loss factor η defined by examining the notion of com-
plex stiffness as defined in equation (5.64) in the same way that the stiffness and 
modulus of a material are related in Table 1.1 and Section 1.5. For example, if the 
specimen of interest is a cantilevered beam, the stiffness associated with the deflec-
tion of the tip in the transverse direction is related to the elastic modulus by

 k =
3EI

l3
 (5.66)

where I is the area moment of inertia and l is the length of the beam. Hence if the 
beam is made of viscoelastic material,

k* =
3E*I

l3
=

3I

l3
 E(1 + η j) = k(1 + η∙ j)

so that η = η∙ and the two notions of loss factor are identical.
The notion of loss factor η is related to the definition of a damping ratio 

ζ only at resonance (i.e., ω = ωn = 1k>m). When the driving frequency is the 
same as the system’s natural frequency, η = 2ζ. This simple relationship is often 
used to describe the free decay of a viscoelastic material (an approximation). The 
design of structures for reduced vibration magnitude often consists of adding a 
viscoelastic damping treatment to an existing structure. Many structures are made 
of metals and alloys that have relatively little internal damping. A viscoelastic 
damping material (such as rubber) is often added as a layer to the outside sur-
face of a structure (called free-layer damping treatment or unconstrained-layer 

d amping). A much more effective approach is to cover the free layer with another 
layer of metal to form a constrained-layer damping treatment. In the constrained-
layer damping treatment, the damping layer is covered with a (usually thin) 
layer of metal (stiff) to produce shear deformation in the viscoelastic layer. The 
constrained-layer approach produces higher loss factors and generally costs more. 
These damping treatments are manufactured as sheets, tapes, and adhesives for 
ease of application.

A free-layer damping treatment for a pinned–pinned beam (see Table 6.4) 
in transverse or bending vibration is illustrated in Figure 5.31. Material 1, the bot-
tom layer, is usually a metal providing the appropriate stiffness. The second layer, 
denoted as having modulus E2 and thickness H2, is the damping treatment. Using 
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Metal structure
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2
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E
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1
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Figure 5.31  A simple supported 
beam with an unconstrained damping 
treatment illustrating the geometry and 
physical parameters.
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the notation of Figure 5.31, the combined stiffness EI is related to the original 
stiffness E1I1 by

 
EI

E1I1

= 1 + e2h2
3

+ 3(1 + h2)
2 

e2h2

1 + e2h2

 (5.67)

where e2 = E2>E1 and h2 = H2>H1 are dimensionless. Note that since all the 
quantities on the left side of equation (5.67) are positive, the damping treatment 
increases the stiffness of the system a small amount (h2 6 1). In addition, the com-
bined system’s loss factor, η, is given by [assuming that (e2h2)

2 6 6  e2h2]

 η =

e2h213 + 6h2 + 4h2
2

+ 2e2h2
3

+ e2
2h2

4211 + e2h221 + 4e2h2 + 6e2h2
2

+ 4e2h2
3

+ e2
2h2

4
 η2 (5.68)

Equation (5.68) yields a formula that can be used in the design of add-on damping 
treatments, as illustrated in the following example.

Example 5.6.1

An electric motor that drives a cooling fan is mounted on an aluminum shelf (1 cm 
thick) in a cabinet holding electronic parts (perhaps a mainframe computer) as illus-
trated in Figure 5.32. The vibration of the motor causes the mounting platform, and 
hence the surrounding cabinet, to shake. The motor rotates at an effective frequency of 
100 Hz. The temperature in the cabinet remains at 75°F. A damping treatment is added 
to reduce the vibration of the shelf.

Cooling
fan

Damping
treatment

Component
shelves

Cabinet

End view

Figure 5.32  Electronic cabinet with cooling fan illustrating the use of a damping 
treatment.

Solution  The shelf is modeled as a simply supported beam so that equation (5.68) 
can be used to design the damping treatment. If nitrile rubber is used as the damp-
ing treatment, calculate the loss factor of the combined system at 75°F if H2 = 1 cm. 
Referring to Table 5.2, the modulus of the rubber at 100 Hz and 75°F is

E2 = 2.758 * 107 Pa
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The modulus of aluminum is E1 = 7.1 * 1010 Pa, so that

e2 =
2.758 * 107

7.1 * 1010
= 0.00039 = 3.885 * 10-4

The thickness of both the shelf and the damping treatment are taken to be the same, so 
that h2 = 1. From equation (5.68) the combined loss factor becomes

 η =

(0.00039)33 + 6 + 4 + 2(0.00039) + (0.00039)24
(1.00039)31 + 4(0.00039) + 6(0.00039) + 4(0.00039) + (0.00039)24  η2

 = 5.021 * 10-3η2

From Table 5.2, η2 = 0.28 at 100 Hz and 75°C, so that

η = 0.00141

which is about 50% higher than the loss factor given by pure aluminum.
The formula given in equation (5.68) is a bit cumbersome for design work. Often 

it is approximated by

 η = 141e2h2
22η2 (5.69)

which is reasonable for many situations. The values of e2 and η2 are fixed by the choice of 
materials and the operating temperature. Once these parameters are fixed, the parameter 
h2 = H2>H1 is the only remaining design choice. Since H1 is usually determined by stiff-
ness considerations, the remaining design choice is the thickness of the damping layer, H2.

n

Example 5.6.2

An aluminum shelf is to be given a damping treatment to raise the system loss factor to 
η = 0.03. A rubber material is used with modulus at room temperature of 1% of that 
of aluminum (i.e., e2 = 0.01). What should the thickness of the damping material be if 
its loss factor is η2 = 0.261 and the aluminum shelf is 1 cm thick?

Solution  From the approximation given by equation (5.69),

η = 14η2e2h2
2

Using the values given, this becomes

0.03 = 14(0.261)(0.01) 
H2

2

(1 cm)2

Solving this for H2
2 yields

H2
2

=
0.03

14(0.01)(0.261)
 (cm)2

= 0.82 cm2

so that H2 = 0.91 cm will provide the desired loss factor.
n
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5.7 CRITICAL SPEEDS OF ROTATING DISKS

Of primary concern in the design of rotating machinery is the vibration phenom-
enon of critical speeds. This phenomenon occurs when a rotating shaft with a disk, 
such as a jet engine turbine blade rotating about its shaft mounted between two 
bearings, rotates at a speed that excites the natural bending frequency of the shaft–
disk system. This defines a resonance condition that causes large deflection of the 
shaft, which in turn causes the system to fail violently (i.e., the engine blows apart). 
The nature of the resonance and the factors that control the resonance values need 
to be known and calculated by designers so that they can ensure that a given design 
is safe for production. The analytical formulation of the critical speed problem also 
provides some insight into how to avoid such resonance, or critical speeds.

If the rotating mass modeled by the disk is not quite homogeneous or sym-
metric due to some imperfection, its geometric center and center of gravity will be 
some distance apart (say, a). This is illustrated in Figure 5.33, which presents a sim-
plified model of a large electric motor’s shaft-and-rotor system (or a bladed turbine 
engine, for example). The shaft is constrained from moving in the radial direction 
by two bearings. As the shaft rotates about its long axis with angular velocity ω, the 
offset center of gravity pulls the shaft away from the centerline, causing it to bow as 
it rotates. This is called whirling.

The forces acting on the center of mass are the inertial force, any damping 
force (internal or external), and the elastic force of the shaft. In vector form, the 
force balance yields

 mr
$

= -kx in - kyjn - cx
#
in - cy

#
jn  (5.70)

where in  and jn  are unit vectors, r the position vector defined by the line OG, m the 
mass of the disk, c the damping coefficient of the shaft system, and k the stiffness 

�

�t
�t

Support
bearing

Disk

Shaft

Center of mass

(a) (b)
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a y

x

y

yj
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y�a sin �t  

x�a cos �ta � line EG
Support
bearing

Figure 5.33  A schematic of a model of a disk rotating on a shaft and the 
corresponding geometry of the center of mass, G, of the disk relative to the neutral 
axis of the shaft, O, and the center of the rotating shaft, E: (a) side view; (b) end 
view. This diagram is useful in modeling the whirling of rotating machines (engines, 
turbine compressors, etc.), which are not perfectly balanced (i.e., a ∙ 0).
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coefficient provided by the shaft system. From examining the end view of Figure 5.33, 
the vector r can also be written in terms of the unit vectors in  and jn  as

 r = (x + a cosωt) in + (y + a sin ωt) jn (5.71)

Taking two derivatives yields that the acceleration vector of the center of mass is

 r
$

= (x
$

- aω2cosωt) in + (y
$

- aω2 sin ωt)jn  (5.72)

Substituting equation (5.72) into equation (5.70) yields1mx
$

- maω2 cosωt + cx
#

+ kx2 in + 1my
$

- maω2 sin ωt + cy
#

+ ky2 jn = 0 (5.73)

Since this is a vector equation, it is equivalent to the two scalar equations

 mx
$

+ cx
#

+ kx = maω2 cos ωt (5.74)

 my
$

+ cy
#

+ ky = maω2 sin ωt (5.75)

These two equations are exactly the form of equation (2.82) for the response of a 
spring–mass system to a rotating unbalance discussed in Section 2.5. In this case, 
the x and y motion corresponds to the bending vibration of the shaft instead of the 
translational motion of a machine in the vertical direction discussed in Section 2.5. 

Window 5.5
Solution of the Rotating Unbalance Equation from Section 2.5

The steady-state solution to

mx
$

+ cx
#

+ kx = m0eω
2 sin  ωt

where ω is the driving frequency of the unbalanced mass, m0 the mass of the un-
balance, and e the distance from m0 to the center of rotation, is X sin (ω t - ϕ). 
Here

 X =
m0e

m
 

r 2

311 - r 222
+ 12ζr22

 (2.84)

And

 ϕ = tan-1 
2ζr

1 - r 2
 (2.85)

where r = ω>2k>m and ζ = c>(2mωn).
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Referring to Window 5.5, equation (5.75) has steady-state response magni-
tude given by equation (2.84); that is, equation (5.75) has the steady-state solution 
(since m = m0 and e = a in this case)

 y(t) =
ar 2

311 - r 222
+ (2ζr)2

  sin aωt -  tan-1 
2ζr

1 - r 2
b  (5.76)

Similarly, equation (5.74) has steady-state solution of the form

 x(t) =
ar 2

311 - r 222
+ (2ζr)2

 cos aωt -  tan-1 
2ζr

1 - r 2
b  (5.77)

since the solution given by equations (2.84) and (2.85) is 90° out of phase and the 
phase angle ϕ does not depend on the phase of the exciting force. The angle ϕ 
given by equation (2.85) becomes the angle between the lines OE and EG. From 
Figure 5.33, the angle θ made between the x axis and the line OE is

 tanθ =
y

x
=

 sin (ωt - ϕ)

 cos(ωt - ϕ)
= tan(ωt - ϕ) (5.78)

or

 θ = ωt - ϕ (5.79)

Differentiating equation (5.79) with respect to t yields θ
#

= ω.
The velocity θ

#
 is the velocity of whirling. Whirling is the angular motion of the 

deflected shaft rotating about the neutral axis of the shaft. The calculation leading 
to equation (5.79) and its derivative shows that the whirling velocity is the same as 
the speed with which the disk rotates about the shaft (i.e., θ

#
= ω). This is called 

synchronous whirl.
The amplitude of motion of the center of the shaft about its neutral axis is 

the line r = OE in the end view of Figure 5.33. Note that vector OE = r = x: 
OE = r = x in + yjn. The magnitude of this vector is just

 0 r(t) 0 = 2x2
+ y2

= X2 sin 2(ωt - ϕ) + cos2(ωt - ϕ) = X (5.80)

where X is the magnitude of x(t). Note that X = Y, where Y is the magnitude of 
y(t) as given in equation (5.76). This calculation indicates that the distance between 
the shaft and its neutral axis is constant and has magnitude

 X =
ar 2

311 - r 222
+ (2ζr)2

 (5.81)
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This, of course, is exactly the same form as the magnitude plot of equation (2.84) 
given in Figure 2.21 for a spring–mass–damper system driven by a rotating out-of-
balance mass. This plot is repeated for the rotational amplitude case of interest in 
Figure 5.34. Note that a resonance phenomenon occurs near r = 1, as expected. 
For lightly damped shafts this corresponds to unacceptably high amplitudes of rota-
tion. The special case of r = 1 (i.e., ωr = 1k>m) is called the rotor system’s critical 

speed. If a rotor system runs at its critical speed, the large deflection will cause a 
large force to be transmitted to the bearings and eventually lead to failure. From 
the design point of view, the running speed, mass, and stiffness are examined for 
a given rotor and redesigned until r 7 3, so that the deflections are limited to the 
size of the distance to the center of the mass of the disk. However, when the rotor 
system is started up, it must pass through the region near r = 1. If this startup pro-
cedure occurs too slowly, the resonance phenomena could damage the rotor bear-
ings. Hence some damping in the system is desirable to avoid excessive amplitude 
at resonance. Note from Figure 5.34 that as ζ increases, X>a at resonance becomes 
substantially smaller.

Example 5.7.1

Consider a 55-kg compressor rotor with a shaft stiffness of 1.4 * 107 N>m, with an 
operation speed of 6000 rpm, and a measured internal damping providing a damping 
ratio of ζ = 0.05. The rotor is assumed to have a worst-case eccentricity of 1000 µm 
(a = 0.001 m). Calculate (a) the rotor’s critical speed, (b) the radial amplitude at oper-
ating speed, and (c) the whirl amplitude at the system’s critical speed.
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Figure 5.34  A plot of the ratio of radius of deflection (OE) to the distance to the 
center of mass of the disk (a) versus the frequency ratio for four different values of 
the damping ratio for the disk and shaft system of Figure 5.33.
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Solution  

 (a) The critical speed of the rotor is just the rotor’s natural frequency, so that

ωc = 2k>m = C1.4 * 107 N>m
55 kg

= 504.5 rad>s
which corresponds to a rotor speed of

504.5 
 rad

s
*

60 s

min
*

 cycle

2π rad
= 4817.6 rpm

 (b) The value of r at running speed is just

r =
ω2k>m =

(2π>60)

(2π>60)2k>m =
6000

4817.6
= 1.2454

or about 1.25. The value of the radial amplitude of whirl at the operating speed is 
then given by equation (5.81) with this value of r:

 X = 0 r(t) 0 =
ar 2

311 - r 222
+ (2ζr)2

=
(0.001)(1.25)2

331 - (1.25)242
+ 32(0.05)(1.25)42

 = 0.0027116 m

or about 2.7 mm. Here r = 1.25, ζ = 0.05, and a = 0.001. Note that if r = 1.2454 
is used, X = 0.0027455 m results. This gives some feeling for the sensitivity of the 
value of X to knowing exact values of r. Minor speed variation of, say, 10% in the 
running speed would cause r to vary between 1.12 and 1.37.

 (c) At critical speed, r = 1 and X becomes

X =
a

2ζ
=

0.001

2(0.05)
= 0.01 m

or 1 cm, an order of magnitude larger than the whirl amplitude at running speed.
n

Example 5.7.2

In designing a rotor system, there are many factors besides the deflection calculation 
indicated previously that determine the damping, stiffness, mass, and operating speed 
of the rotor system. Hence the designer concerned about dynamic deflections and 
critical speeds is often only allowed to change the design a little. Otherwise, an entire 
redesign must be performed, which may become very costly. With this in mind, again 
consider the rotor of Example 5.7.1. The clearance specification for the rotor inside 
the compressor housing limits the whirl amplitude at resonance to be 2 mm. Since 
the whirl amplitude at operating speed is greater than the allowable clearance, what 
percent of change in mass is required to redesign this system? What percent change in 
stiffness would result in the same design? Discuss the feasibility of such a change.
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Solution  The required mass for a 2-mm deflection can be calculated from equation (5.81) 
by first determining a value of r corresponding to 2 mm. This yields

X = 0.002 m =
(0.001)r2

2(1 - r)2
+ 32(0.05)r 242

or r must satisfy r4
- 2.653r2

+ 1.3332 = 0. This is a quadratic equation in r2, which 
has solutions r2

= 0.6737, 1.979 or r = 0.8207, 1.406, since the values of frequency ra-
tio must be positive and real. Examination of the plot in Figure 5.34 of the magnitude 
yields that the value of r of interest is r = 1.406. At running speed,

r =

6000 rpm 
min

60 s
 #  

2π rad

rev2k>m rad>s =
628.1221.4 * 107>m = 1.406

Solving for the mass m yields

m = 70.15 kg

Since the original design value of the mass of the disk is 55 kg, the mass must be in-
creased by 27.5% to produce a design that has its running speed deflection limited to 
2 mm.

If the compressor is to be used in an application fixed to ground (such as a building), 
then adding 15 kg of mass to the disk may be a perfectly reasonable solution, provided that 
the bearings are capable of the increased force. However, if the compressor is to be used in 
a vehicle where weight is a consideration, such as an airplane, a 27% increase in mass may 
not be an acceptable design. In this case equation (5.81) can be used to examine a possible 
redesign by making a change in stiffness. Equation (5.81) with the appropriate parameter 
values yields

r = 1.406 =
628.12 rad>s2k>55

Solving for k yields

k = 1.0977 * 107 N>m
This amounts to about a 27% change in the stiffness. Unfortunately, the stiffness of 
the shaft cannot be changed very easily. It is determined by geometric and material 
properties. The material is often determined by temperature and cost considerations 
as well as toughness. It can be difficult to change the stiffness by 27%.

n

Note from Example 5.7.2 that the amplitude of whirling is sensitive to changes 
in mass and changes in stiffness. Also note from Figure 5.34 that the damping 
value is of little concern when choosing the design for whirl amplitude if chosen 
far enough from resonance (i.e., r 7 2). Rather, damping is chosen to limit the 
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amplitude near resonance, which should occur only during startup and run down 
(i.e., X = a>2ζ at resonance). The analysis of critical speeds and rotor dynamics 
presented here provides a quick introduction to the topic with simplifying assump-
tions. The topic of rotor dynamics constitutes a separate field of study, and a text on 
rotor dynamics should be consulted for complete details [see, for example, Ehrich 
(1992), or Childs (1993)].

PROBLEMS

Section 5.1 (Problems 5.1 through 5.5)

 5.1. Using the nomograph of Figure 5.1, determine the frequency range of vibration for 
which a machine oscillation remains at a satisfactory level under rms acceleration of 
8000 mm>s2.

 5.2. Using the nomograph of Figure 5.1, determine the frequency range of vibration for 
which a structure’s rms acceleration will not cause wall damage if vibrating with an rms 
displacement of 2 mm or less.

 5.3. What natural frequency must a hand drill have if its vibration must be limited to a min-

imum rms displacement of 10 μm and rms acceleration of 0.1 m>s2? What rms velocity 
will the drill have?

 5.4. A machine part has a maximum rms acceleration of 5 m>s2 at a frequency of 4 Hz, 
however its rms amplitude must be less than 1 cm. Will this part satisfy these vibration 
requirements?

 5.5. Using the expression for the amplitude of the displacement, velocity, and acceleration 
of an undamped single-degree-of-freedom system, calculate the velocity and accelera-
tion amplitude of a system with a maximum displacement of 10 cm and a natural fre-
quency of 10 Hz. If this corresponds to the vibration of the wall of a building under a 
wind load, is it an acceptable level?

Section 5.2 (Problems 5.6 through 5.26)

 5.6. A 100-kg machine is supported on an isolator of stiffness 700 * 103 N>m. The ma-
chine causes a vertical disturbance force of 350 N at a revolution of 3000 rpm. The 
damping ratio of the isolator is ζ = 0.2. Calculate (a) the amplitude of motion caused 
by the unbalanced force, (b) the transmissibility ratio, and (c) the magnitude of the 
force transmitted to ground through the isolator.

 5.7. Plot the T.R. of Problem 5.6 for the cases ζ = 0.001, ζ = 0.025, and ζ = 1.1.

 5.8. A simplified model of a washing machine is illustrated in Figure P5.8. A bundle of wet 
clothes forms a mass of 10 kg (mb) in the machine and causes a rotating unbalance. 
The rotating mass is 20 kg (including mb) and the diameter of the washer basket (2e) is 
50 cm. Assume that the spin cycle rotates at 300 rpm. let k be 1000 N>m and ζ = 0.01. 
Calculate the force transmitted to the sides of the washing machine. Discuss the assump-
tions made in your analysis in view of what you might know about washing machines.
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Top view
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Figure P5.8  A simple model of the vibration 
of a washing machine induced by a rotating 
imbalance such as commonly caused by an 
uneven distribution of wet clothes during a 
rinse cycle.

 5.9. Referring to Problem 5.8, let the spring constant and damping rate become variable. The 
quantities m, mb, e, and ω are all fixed by the previous design of the washing machine. 
Design the isolation system (i.e., decide on which value of k and c to use) so that the force 
transmitted to the side of the washing machine (considered as ground) is less than 100 N.

 5.10. A harmonic force of maximum value 25 N and frequency of 180 cycles>min acts on a ma-
chine of 25 kg mass. Design a support system for the machine (i.e., choose c, k) so that only 
10% of the force applied to the machine is transmitted to the base supporting the machine.

 5.11. Consider a machine of mass 70 kg mounted to ground through an isolation system of to-
tal stiffness 30,000 N>m, with a measured damping ratio of 0.2. The machine produces a 
harmonic force of 450 N at 13 rad>s during steady-state operating conditions. Determine 
(a) the amplitude of motion of the machine, (b) the phase shift of the motion (with 
respect to a zero phase exciting force), (c) the transmissibility ratio, (d) the maximum 
dynamic force transmitted to the floor, and (e) the maximum velocity of the machine.

 5.12. A small compressor weighs about 70 lb and runs at 900 rpm. The compressor is mounted 
on four supports made of metal with negligible damping.
(a) Design the stiffness of these supports so that only 15% of the harmonic force pro-

duced by the compressor is transmitted to the foundation.
(b) Design a metal spring that provides the appropriate stiffness using Section 1.5 (refer 

to Table 1.2 for material properties).

 5.13. Typically, in designing an isolation system, one cannot choose any continuous value 
of k and c but rather works from a parts catalog wherein manufacturers list isolators 
available and their properties (and costs, details of which are ignored here). Table 5.3 
lists several made-up examples of available parts. Using this table, design an isolator 
for a 500-kg compressor running in steady state at 1500 rev>min. Keep in mind that as 
a rule of thumb compressors usually require a frequency ratio of r = 3.

TABLE 5.3  CAtAlog VAluES oF StIFFnESS AnD DAMPIng PRoPERtIES oF 

VARIouS oFF-tHE-SHElF ISolAtoRS

Part No.a R-1 R-2 R-3 R-4 R-5 M-1 M-2 M-3 M-4 M-5

k (103 N>m) 250 500 1000 1800 2500 75 150 250 500 750

c (N # s>m) 2000 1800 1500 1000 500 110 115 140 160 200

aThe “R” in the part number designates that the isolator is made of rubber, and the “M” 
 designates metal. In general, metal isolators are more expensive than rubber isolators.



Chap. 5    Problems 493

 5.14. An electric motor of mass 10 kg is mounted on four identical springs as indicated in 
Figure P5.14. The motor operates at a steady-state speed of 1750 rpm. The radius of 
gyration (see Example 1.4.6 for a definition) is 100 mm. Assume that the springs are 
undamped and choose a design (i.e., pick k) such that the transmissibility ratio in the ver-
tical direction is 0.0194. With this value of k, determine the transmissibility ratio for the 
torsional vibration (i.e., using θ rather than x as the displacement coordinates).

250 mm

�
mg mg

2k(r�) �
2

mg
� 2k(r�)

2

Figure P5.14  A vibration model of an electric motor mount.

 5.15. A large industrial exhaust fan is mounted on a steel frame in a factory. The plant man-
ager has decided to mount a storage bin on the same platform. Adding mass to a sys-
tem can change its dynamics substantially and the plant manager wants to know if this 
is a safe change to make. The original design of the fan support system is not available. 
Hence measurements of the floor amplitude (horizontal motion) are made at several 
different motor speeds in an attempt to measure the system dynamics. No resonance 
is observed in running the fan from zero to 500 rpm. Deflection measurements are 
made and it is found that the amplitude is 10 mm at 500 rpm and 4.5 mm at 400 rpm. 
The mass of the fan is 50 kg, and the plant manager would like to store up to 50 kg on 
the same platform. The best operating speed for the exhaust fan is between 400 and 
500 rpm depending on environmental conditions in the plant.

 5.16. A 350-kg rotating machine operates at 800 cycles>min. It is desired to reduce the trans-
missibility ratio by one-fourth of its current value by adding a rubber vibration isola-
tion pad. How much static deflection must the pad be able to withstand?

 5.17. A 68-kg electric motor is mounted on an isolator of mass 1200 kg. The natural fre-
quency of the entire system is 160 cycles>min and has a measured damping ratio of 
ζ = 1. Determine the amplitude of vibration and the force transmitted to the floor if 
the out-of-balance force produced by the motor is F(t) = 100 sin (31.4t) in newtons.

 5.18. The force exerted by an eccentric (e = 0.22 mm) flywheel of 1000 kg, is 600 cos (52.4t) 
in newtons. Design a mounting to reduce the amplitude of the force exerted on the 
floor to 1% of the force generated. Use this choice of damping to ensure that the maxi-
mum force transmitted is never greater than twice the generated force.

 5.19. A rotating machine weighing 4000 lb has an operating speed of 2000 rpm. It is desired 
to reduce the amplitude of the transmitted force by 80% using isolation pads. Calculate 
the stiffness required of the isolation pads to accomplish this design goal.

 5.20. The mass of a system may be changed to improve the vibration isolation characteris-
tics. Such isolation systems often occur when mounting heavy compressors on factory 
floors. This is illustrated in Figure P5.20. In this case the soil provides the stiffness of 
the isolation system (damping is neglected) and the design problem becomes that of 
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choosing the value of the mass of the concrete block>compressor system. Assume that 
the stiffness of the soil is about k = 2.0 * 107 N>m and design the size of the concrete 
block (i.e., choose m) such that the isolation system reduces the transmitted force by 
75%. Assume that the density of concrete is ρ = 23,000 N>m3. The surface area of the 
cement block is 4 m2. The steady-state operating speed of the compressor is 1800 rpm.

Asphalt Asphalt

F
0
 sin �t

k of soil

m � 2000-lb
Compressor

Floor Floor

Soil

M
m � M

Figure P5.20  A model of a floor-mounted compressor illustrating the use of added 
mass to design a vibration-isolation system.

 5.21. The instrument board of an aircraft is mounted on an isolation pad to protect the panel 
from vibration of the aircraft frame. The dominant vibration in the aircraft is measured 
to be at 2000 rpm. because of size limitation in the aircraft’s cabin, the isolators are 
only allowed to deflect 1>8 in. Find the percent of motion transmitted to the instru-
ment panel if it weighs 50 lb.

 5.22. Design a base isolation system for an electronic module of mass 5 kg so that only 10% 
of the displacement of the base is transmitted into displacement of the module at 50 Hz. 
What will the transmissibility be if the frequency of the base motion changes to 100 Hz? 
What if it reduces to 25 Hz?

 5.23. Redesign the system of Problem 5.22 such that the smallest transmissibility ratio pos-
sible is obtained over the range 50 to 75 Hz.

 5.24. A 2-kg printed circuit board for a computer is to be isolated from external vibration 
of frequency 3 rad>s at a maximum amplitude of 1 mm, as illustrated in Figure P5.24. 
Design an undamped isolator such that the transmitted displacement is 10% of the 
base motion. Also calculate the range of transmitted force.

m

Printed circuit board

Isolator

Base
Chassis

k c
y(t)

x(t)

Figure P5.24  Isolation system for a printed circuit board.

 5.25. Change the design of the isolator of Problem 5.24 by using a damping material with 
damping value ζ chosen such that the maximum T.R. at resonance is 2.

 5.26. Calculate the damping ratio required to limit the displacement transmissibility to 4 at 
resonance for any damped isolation system.
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Section 5.3 (Problems 5.27 through 5.36)

 5.27. A motor is mounted on a platform that is observed to vibrate excessively at an op-
erating speed of 6000 rpm, producing a 250-N force. Design a vibration absorber 
 (undamped) to add to the platform. Note that in this case, the absorber mass will only 
be allowed to move 2 mm because of geometric and size constraints.

 5.28. Consider an undamped vibration absorber with β = 1 and μ = 0.2. Determine the 
operating range of frequencies for which 0Xk>F0 0 … 0.5.

 5.29. Consider an internal combustion engine that is modeled as a lumped inertia attached 
to ground through a spring. Assuming that the system has a measured resonance of 
100 rad>s, design an absorber so that the amplitude is 0.01 m for a (measured) force 
input of 102 N.

 5.30. A small rotating machine weighing 50 lb runs at a constant speed of 6000 rpm. The ma-
chine was installed in a building, and it was discovered that the system was operating at 
resonance. Design a retrofit undamped absorber such that the nearest resonance is at 
least 20% away from the driving frequency.

 5.31. A 3000-kg machine tool exhibits a large resonance at 120 Hz. The plant manager at-
taches an absorber to the machine of 600 kg tuned to 120 Hz. Calculate the range of 
frequencies at which the amplitude of the machine vibration is less with the absorber 
fitted than without the absorber.

 5.32. A motor-generator set is designed with steady-state operating speed between 2000 and 
4000 rpm. Unfortunately, due to an imbalance in the machine, a large violent vibration 
occurs at around 3000 rpm. An initial absorber design is implemented with a mass of 
2 kg tuned to 3000 rpm. This, however, causes the combined system natural frequen-
cies to occur at 2500 and 3500 rpm. Redesign the absorber so that ω1 6 2000 rpm and  
ω2 7 4000 rpm, rendering the system safe for operation.

 5.33. A rotating machine is mounted on the floor of a building. Together, the mass of the 
machine and the floor is 2000 lb. The machine operates in steady state at 600 rpm and 
causes the floor of the building to shake. The floor–machine system can be modeled as 
a spring–mass system similar to the optical table of Figure 5.14. Design an undamped 
absorber system to correct this problem. Make sure you consider the bandwidth.

 5.34. A pipe carrying steam through a section of a factory vibrates violently when the 
driving pump hits a speed of 300 rpm. (See Figure P5.34.) In an attempt to design 
an absorber, a trial 9-kg absorber tuned to 300 rpm was attached. by changing the 
pump speed, it was found that the pipe–absorber system has a resonance at 207 rpm. 
Redesign the absorber so that the natural frequencies are 40% away from the driving 
frequency.

Absorber

Pipe
Pump

Ceiling

Figure P5.34  A schematic of a steam-pipe 
system with an absorber attached.

 5.35. A machine sorts bolts according to their size by moving a screen back and forth us-
ing a primary system of 2500 kg with a natural frequency of 400 cycle>min. Design a 
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vibration absorber so that the machine–absorber system has natural frequencies below 
160 cycles>min and above 320 rpm. The machine is illustrated in Figure P5.35.

ma
kg

600-cycle/min
motor

Absorber

System
Parts tray

Screen Loose bolts to be sorted

Figure P5.35  Model of a parts sorting machine. The parts (bolts here) are placed 
on a screen that shakes. Parts that are small enough fall through the screen into the 
tray below. The larger ones remain on the screen.

 5.36. A dynamic absorber is designed with μ = 1>4 and ωa = ωp. Calculate the frequency 
range for which the ratio 0Xk>F0 0 6 1.

Section 5.4 (Problems 5.37 through 5.52)

 5.37. A machine, largely made of aluminum, is modeled as a simple mass (of 100 kg) at-
tached to ground through a spring of 2000 N>m. The machine is subjected to a 100-N 
harmonic force at 20 rad>s. Design an undamped tuned absorber system (i.e., calculate 
ma and ka) so that the machine is stationary at steady state. Aluminum, of course, is 
not completely undamped and has internal damping that gives rise to a damping ratio 
of about ζ = 0.001. Similarly, the steel spring for the absorber gives rise to internal 
damping of about ζa = 0.0015. Calculate how much this spoils the absorber design by 
determining the magnitude X using equation (5.32).

 5.38. Plot the magnitude of the primary system calculated in Problem 5.37 with and without 
the internal damping. Discuss how the damping affects the bandwidth and perfor-
mance of the absorber designed without knowledge of internal damping.

 5.39. Derive equation (5.35) for the damped absorber from equations (5.34) and (5.32) 
along with Window 5.4. Also derive the nondimensional form of equation (5.37) from 
equation (5.35). Note that the definition of ζ given in equation (5.36) is not the same as 
the ζ values used in Problems 5.37 and 5.38.

 *5.40. (Project) If you have a three-dimensional graphics routine available, plot equation (5.37) 

[i.e., plot (X>∆) versus both r and ζ for 0 6 ζ 6 1 and 0 6 r 6 3, and a fixed μ and β]. 
Discuss the nature of your results. Does this plot indicate any obvious design choices? How 
does it compare to the information obtained by the series of plots given in Figures 5.19 to 
5.21? (Three-dimensional plots such as these are commonplace.)

 *5.41. (Project) Repeat Problem 5.40 by plotting 0X>∆ 0  versus r and β for a fixed ζ and μ.

 *5.42. (Project) The full damped vibration absorber equations (5.32) and (5.33) have not his-
torically been used in absorber design because of the complicated nature of the complex 
arithmetic involved. However, if you have a symbolic manipulation code available to you, 
calculate an expression for the magnitude X by using the code to calculate the magnitude 
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and phase of equation (5.32). Apply your results to the absorber design indicated in 
Problem 5.37 by using ma, ka, and ζa as design variables (i.e., design the absorber).

 5.43. A machine of mass 200 kg is driven harmonically by a 100-N force at 10 rad>s. The stiffness 
of the machine is 20,000 N>m. Design a broadband vibration absorber [i.e., equation (5.37)] 
to limit the machine’s motion as much as possible over the frequency range 8 to 12 rad>s. 
Note that other physical constraints limit the added absorber mass to be, at most, 50 kg.

 5.44. Often, absorber designs are afterthoughts, such as indicated in Example 5.3.1. Add a 
damper to the absorber design of Figure 5.17 to increase the useful bandwidth of oper-
ation of the absorber system in the event the driving frequency drifts beyond the range 
indicated in Example 5.3.2 (Recall that m = 73.16 kg, k = 2600 N>m, ma = 18.29 kg, 
ka = 6500 N>m, and 7.4059 6 ω 6 21.0821 rad>s).

 5.45. Again consider the absorber design of Example 5.3.1 (m = 73.16 kg, k = 2600 N>m 
subject to a force of 13 N at 180 cycles>min constrained to a maximum deflection of 
0.2 cm). If the absorber spring is made of aluminum and introduces a damping ratio 
of ζ = 0.001, calculate the effect of this on the deflection of the saw (primary system) 
with the design given in Example 5.3.1.

 5.46. Consider the undamped primary system with a viscous absorber as modeled in 
Figure 5.22 and the rotational counterpart of Figure 5.23 repeated in Figure P5.46. 
Calculate the magnification factor 0Xk>M0 0  for a 400-kg compressor having a natu-
ral frequency of 16.2 Hz if driven at resonance, for an absorber system defined by 
μ = 0.133 and ζ = 0.025.

m

k

Primary system Viscous absorber

x(t)

ma

xa(t)

ca

Torsional stiffness, k

�1 �2

Casing of
rotational inertia J1

Internal disk
of inertia J2
and rotational
coordinate �2

Viscous oil with
damping coefficient ca

Figure P5.46  A repeat of Figures 5.22 and 5.23.

 5.47. Recalculate the magnification factor 0Xk>M0 0  for the compressor of Problem 5.46 if 
the damping factor is changed to ζ = 0.1. Which absorber design produces the smallest 
displacement of the primary system ζ = 0.025 or ζ = 0.1?

 5.48. Consider a one-degree-of-freedom model of the nose of an aircraft (A-10) as illustrated 
in Figure P5.48. The nose cracked under fatigue during battle conditions. This problem 
has been fixed by adding a viscoelastic material to the inside of the skin to act as a 
damped vibration absorber as illustrated in Figure P5.48. This fixed the problem and the 
vibration fatigue cracking disappeared in the A-10s after they were retrofitted with vis-
coelastic damping treatments. While the actual values remain classified, use the following 
data to calculate the required damping ratio given the following: M = 100 kg, f = 31 Hz, 
F0 = 100 N, and k = 3.533 * 106 N>m such that the maximum response is less than 
0.25 mm. Since mass always needs to be limited in an aircraft, use μ = 0.1 in your design.
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k

ca

F0 cos �t

m

Vibration model with
damping layer treatment

k

F0 cos �t

m

Vibration model 
without damping

Gun

Nose cannon of
A-10 aircraft

Skin

Damping layer

ma

Figure P5.48  Simplified model of the A-10 nose cannon vibration problem. The 
nose cannon of the A-10 aircraft can be modeled as applying a harmonic force of 
F0 cos ωt to the skin of the aircraft nose. The skin can be modeled as a spring–mass 
system based on the stiffness model of Figure 1.26 (i.e., k = 3EI> l3).

 5.49. Plot an amplification curve (such as Figure 5.24) by using equation (5.39) for ζ = 0.02 
after several values of μ (μ = 0.1, 0.25, 0.5, and 1). Can you form any conclusions about 
the effect of the mass ratio on the response of the primary system? Note that as μ gets 
large, 0 (Xk>M0) 0  gets very small. What is wrong with using very large μ in an absorber 
design?

 5.50. A Houdaille damper is to be designed for an automobile engine. Choose a value for ζ  
and μ if the magnification 0 (Xk>M0) 0  is to be limited to 4 at resonance. (One solution 
is μ = 1, ζ = 0.129.)

 5.51. Determine the amplitude of vibration for the various dampers of Problem 5.46 if 
ζ = 0.1 and F0 = 100 N.

 5.52. (Project) Use your knowledge of absorbers and isolation to design a device that will 
protect a mass from both shock inputs and harmonic inputs. It may help to have a par-
ticular device in mind such as the module discussed in Figure 5.6.

Section 5.5 (Problems 5.53 through 5.66)

 5.53. Design a Houdaille damper for an engine modeled as having an inertia of 1.5 kg # m2 
and a natural frequency of 33 Hz. Choose a design such that the maximum dynamic 
magnification is less than 6: ` Xk

M0

` 6 6

The design consists of choosing J2 and ca, the required optimal damping.

 5.54. Recall the optimal vibration absorber of Problem 5.53. This design is based on a 
steady-state response. Calculate the response of the primary system to an impulse of 
magnitude M0 applied to the primary inertia J1. How does the maximum amplitude of 
the transient compare to that in steady state?

 5.55. Consider the damped vibration absorber of equation (5.37) with β fixed at β = 1>2 
and µ fixed at µ = 0.25. Calculate the value of ζ that minimizes 0X>∆ 0 . Plot this func-
tion for several values of 0 6 ζ 6 1 to check your design. If you cannot solve this ana-
lytically, consider using a three-dimensional plot of 0X>∆ 0  versus r and  ζ  to determine 
your design.
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 5.56. For a Houdaille damper with mass ratio µ = 0.25, calculate the optimum damping ra-
tio and the frequency at which the damper is most effective at reducing the amplitude 
of vibration of the primary system.

 5.57. Consider again the system of Problem 5.53. If the damping ratio is changed to ζ = 0.1, 
what happens to 0Xk>M0 0 ?

 5.58. Derive equation (5.42) from equation (5.35) and derive equation (5.49) for the optimal 
damping ratio.

 5.59. Consider the design suggested in Example 5.5.1 (mass moment of inertia of 1.5 kg 
m2>rad, torsional stiffness of 6 * 103 N m>rad, and a running speed of 2000 rpm). 
Calculate the percent change in the maximum deflection if the damping constant 
changes 10% from its optimal value. If the optimal damping is fixed but the mass of the 
absorber changes by 10%, what percent change in 0Xk>M0 0  max results? Is the optimal 
absorber design more sensitive to changes in ca or ma?

 5.60. Consider the elastic isolation problem described in Figure 5.26 and repeated in Figure 
P5.60. Derive equations (5.54) and (5.55) from equation (5.53).

k1

k2

c

x1(t)

x2(t)

F0 cos�t

m

Figure P5.60  A repeat of Figure 5.26  
for reference in the following problems.

 5.61. Use the derivative calculation for finding maximum and minimum to derive equations 
(5.57) and (5.58) for the elastic damper system.

 5.62. A 1000-kg mass is suspended from ground by a 40,000-N>m spring. A viscoelastic 
damper is added, as indicated in Figure P5.60. Design the isolator (choose k2 and c) 
such that when a 70-N sinusoidal force is applied to the mass, no more than 100 N is 
transmitted to ground.

 5.63. Consider the isolation design of Example 5.5.2 (c = 188.56 kg>s and k2 = 200 N>m 
with r = 5 and γ = 0.5). If the value of the damping coefficient changes 10% from the 
optimal value (of 188.56 kg>s), what percent change occurs in (T.R.)max? If c remains 
at its optimal value and k2 changes by 10%, what percent change occurs in (T.R.)max? 
Is the design of this type of isolation more sensitive to changes in damping or stiffness?

 5.64. A 3000-kg machine is mounted on an isolator with an elastically coupled viscous damper 
such as indicated in Figure P5.60. The machine stiffness (k1) is 2.943 * 106 N>m, γ = 0.5, 
and c = 56.4 * 103 N # s>m. The machine, a large compressor, develops a harmonic force 
of 1000 N at 7 Hz. Determine the amplitude of vibration of the machine.

 5.65. Again consider the compressor isolation design given in Problem 5.64. If the isolation 
material is changed so that the damping in the isolator is changed to ζ = 0.15, what 
is the force transmitted? Next determine the optimal value for the damping ratio and 
calculate the resulting transmitted force.
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 5.66. Consider the optimal vibration isolation design of Problem 5.65. Calculate the optimal 
design if the compressor’s steady-state driving frequency changes to 24.7 Hz. If the 
wrong optimal point is used (i.e., if the optimal damping for the 7-Hz driving frequency 
is used), what happens to the transmissibility ratio?

Section 5.6 (Problems 5.67 through 5.73)

 5.67. Compare the resonant amplitude at steady state (assume a driving frequency of 100 Hz) 
of a piece of nitrile rubber at 50°F versus the value at 75°F. Use the values for η from 
Table 5.2.

 5.68. Using equation (5.67), calculate the new modulus of a 0.05 * 0.01 * 1 m piece of 
pinned–pinned aluminum covered with a 1-cm-thick piece of nitrile rubber at 75°F 
driven at 100 Hz.

 5.69. Calculate Problem 5.68 again at 50°F. What percent effect does this change in tempera-
ture have on the modulus of the layered material?

 5.70. Repeat the design of Example 5.6.1 (recall E1 = 7.1 * 1010 N>m2 and h2 = 1) by

(a) changing the operating frequency to 1000 Hz, and
(b) changing the operating temperature to 50°F.

Discuss which of these designs yields the most favorable system.

 5.71. Reconsider Example 5.6.2. Make a plot of thickness of the damping treatment versus 
loss factor.

 5.72. Calculate the maximum transmissibility coefficient of the center of the shelf of 
Example 5.6.1. Make a plot of the maximum transmissibility ratio for this system fre-
quency using Table 5.1 for each temperature.

 5.73. The damping ratio associated with steel is about ζ = 0.001. Does it make any difference 
whether the shelf in Example 5.6.1 is made out of aluminum or steel? What percent im-
provement in damping ratio at resonance does the rubber layer provide the steel shelf?

Section 5.7 (Problems 5.74 through 5.80)

 5.74. A 100-kg compressor rotor has a shaft stiffness of 1.4 * 107 N>m. The compressor is 
designed to operate at a speed of 6000 rpm. The internal damping of the rotor shaft 
system is measured to be ζ = 0.01.

(a) If the rotor has an eccentric radius of 1 cm, what is the rotor system’s critical speed?
(b) Calculate the whirl amplitude at critical speed. Compare your results to those of 

Example 5.7.1.

 5.75. Redesign the rotor system of Problem 5.74 such that the whirl amplitude at critical 
speed is less than 1 cm by changing the mass of the rotor.

 5.76. Determine the effect of the rotor system’s damping ratio on the design of the whirl 
amplitude at critical speed for the system of Example 5.7.1 (r = 1 and α = 0.001 m) by 
plotting X at r = 1 for ζ between 0 6 ζ 6 1.

 5.77. Consider the design of the compressor rotor system of Example 5.7.1 (r = 1 and α =  
0.001 m). The amplitude of the whirling motion depends on the parameters a, ζ, m, k, 
and the driving frequency. Which parameter has the greatest effect on the amplitude? 
Discuss your results.
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 5.78. The flywheel of an automobile engine has a mass of about 50 kg and an eccentricity of 
about 1 cm. The operating speed ranges from 1200 rpm (idle) to 5000 rpm (red line). 
Choose the remaining parameters so that the whirling amplitude is never more than 1 mm.

 5.79. At critical speed the amplitude is determined entirely by the damping ratio and the ec-
centricity. If a rotor has an eccentricity of 1 cm, what value of damping ratio is required 
to limit the deflection to 1 cm?

 5.80. A rotor system has damping limited by ζ 6 0.05. What is the maximum value of eccen-
tricity allowable in the rotor design if the maximum amplitude at critical speed must be 
less than 1 cm?

MATLAB ENGINEERING VIBRATION TOOLBOX

If you have not yet used the Engineering Vibration Toolbox program, return to the 
end of Chapter 1 or Appendix G for a brief introduction to using MATlAb files. 

The files contained in folder VTb5 may be used to help solve the preceding 
problems. The M-files from earlier chapters (VTbx.x.M, etc.) may also be useful. 
The following Toolbox problems are intended to help you gain some experience 
with the concepts introduced in this chapter for designing vibrating systems and to 
build experience with the various formulas. These problems may also be solved us-
ing any of the codes introduced in Sections 1.9, 1.10, 2.8, 2.9, 3.8, 4.9, and 4.10.

TOOLBOX PROBLEMS

 TB5.1. Use file VTb5_1 to reproduce the plots of Figure 5.5 by inputting various values of 
m, c, and k. First fix m and k and vary c. Then fix m and c and vary k.

 TB5.2. Use file VTb5_2 to verify the solution of Example 5.2.1 for the magnitude of the 
force transmitted to the electronic module.

 TB5.3. Use file VTb5_3 to examine what happens to the shaded region in Figure 5.15 as μ
is varied. Do this by increasing the absorber mass (μ = ma>m) so that µ varies in 
increments of 0.1 from 0.1 to 1 for a fixed value of β.

 TB5.4. Examine the effect of β on Figure 5.16 by using file VTb5_4 to plot Figure 5.16 over 
again for several different values of β (β = 0.1, 0.5, 1, 1.5). What do you notice? What 
does changing β correspond to in terms of choosing the values of the absorber design?

 TB5.5. Consider the amplitude plot of the damped absorber given in Figure 5.19. Use file 
VTb5_5 to see the effect changing the primary mass m has on the design. Choose 
ma = 10, ca = 1, k = 1000, ka = 1000. Plot 0Xk>F0 0  for various values of the pri-
mary mass m (i.e., m = 1, 10, 100, 1000) versus r. Can you draw any conclusions?

 TB5.6. File VTb5_6 plots the three-dimensional mesh used to generate Figure 5.25, which il-
lustrates the optimal damped absorber design. Use this program to note the effects of 
changing the spring–mass on the values of ζ corresponding to the absolute minimum 
of the maximum response.
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So far this book has focused on the vibration 

of rigid bodies. This chapter introduces the 

analysis needed to describe the vibration 

of systems that have flexible components. 

Flexibility of structural components arises 

when the mass and stiffness properties are 

modeled as being distributed throughout 

the spatial definition of the component 

rather than at lumped positions, as done 

in Chapter 4. Examples of such systems are 

the wings and panels of aircraft such as the 

Reaper pictured on the left. The vibrations 

of the wing of a commercial aircraft can 

usually be seen during takeoff and landing 

or during turbulence. The blades of the wind 

turbine in the bottom photo form another 

example of a distributed-parameter system. 

increased reliance on wind energy has 

promoted larger, and hence more flexible, 

wind turbine blades. many structures, such 

as wings, blades, and other components, 

can be modeled by the simple string, beam, 

and plate models discussed in this chapter. 

many systems, such as truck chassis, 

buildings, dance floors, and computer disk 

drives, can be modeled and analyzed by 

the methods presented in the chapter. 

The major concept presented here is that 

distributed-parameter systems have an 

infinite number of natural frequencies. The 

concepts of mode shapes and modal 

analysis used in Chapter 4 are extended 

here to treat the vibration of distributed-

parameter systems.

Distributed-Parameter 
Systems6
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In previous chapters, all systems considered are modeled as lumped-parameter 
systems; that is, the motion of each point in the system under consideration is 
modeled as if the mass were concentrated at that point. Multiple-degree-of-
freedom systems are considered as arrangements of various lumped masses 
separated by springs and dampers. In this sense, the parameters of the system are 
 discrete sets of finite numbers. Hence, such systems are also called discrete sys-
tems or finite dimensional systems. In this chapter, the flexibility of structures is 
considered. Here the mass of an object is considered to be distributed throughout 
the structure as a series of infinitely small elements. When a structure vibrates, 
each of these infinite number of elements move relative to each other in a con-
tinuous fashion. Hence these systems are called infinite-dimensional systems, con-

tinuous systems, or distributed-parameter systems. The choice of modeling a given 
mechanical system as a lumped-parameter system or a distributed-parameter 
system depends on the purpose at hand as well as the nature of the object. There 
are only a few distributed-parameter models that have closed-form solutions. 
However, these solutions provide insight into a large number of problems that 
cannot be solved in closed form.

The time response of a distributed-parameter system is described spatially 
by a continuous function of the relative position along the system. In contrast, the 
time response of a lumped-parameter system is described spatially by labeling a 
discrete number of points throughout the system in the form of a vector. Here the 
terms lumped parameter and distributed parameter are used rather than discrete 
and continuous to avoid confusion with discrete-time systems (used in numerical 
integration and measurement). The specific cases considered here are the vibra-
tions of strings, rods, beams, membranes, and plates. Common examples of such 
structures are a vibrating guitar string and the swaying motion of a bridge or tall 
building. In addition, systems having both lumped parameters and distributed 
 parameters are considered.

The single-degree-of-freedom systems discussed in Chapters 1 through 3 have 
only one natural frequency ωn = 1k>m. In Chapter 4, multiple-degree-of-freedom 
systems introduce the concept of multiple natural frequencies, denoted by ωi, one 
frequency for each degree of freedom. Design to avoid resonance becomes more 
difficult with multiple natural frequencies because of the increased chance that a 
harmonic driving frequency will correspond to one of the natural frequencies, caus-
ing resonance. The distributed-parameter systems considered in this chapter have 
an infinite number of degrees of freedom and hence an infinite number of natural 
frequencies, again increasing concern about resonance in design.

The numerous frequencies of a distributed-parameter system are also de-
noted by ωn for one-dimensional structures and ωnm for structures defined in a 
plane. There is thus a slight notational inconsistency that persists in the vibration 
literature by using ωn for both the natural frequency of a single-degree-of-freedom 
system and to mean the nth natural frequency of a distributed system. The distinc-
tion is ultimately clear from the context of usage.
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6.1 VIBRATION OF A STRING OR CABLE

String instruments (guitars, violins, etc.) provide an excellent and intuitive example 
of the vibration of a distributed-parameter object. Strings are also the easiest sys-
tem to solve and provide a systematic way to approach other distributed-parameter 
structures, much like the simple spring–mass system formed the basics for analysis 
for the lumped-parameter system analysis. Consider the string of Figure 6.1 with 
mass density ρ and cross-sectional area A, fixed at both ends and under a tension 
denoted by τ. The string moves up and down in the y direction. The motion at any 
point on the string must be a function of both the time, t, and the position along 
the string, x. The deflection of the string is thus denoted by (x, t). let f(x, t) be an 
external force per unit length also distributed along the string, and consider the in-
finitesimal element (∆x long) of the displaced string indicated in Figure 6.1.

The net force acting on the infinitesimal element in the y direction must be 
equal to the inertial force in the y direction, ρA∆x(0

2
w>0t2) so that

 -τ1 sin θ1 + τ2 sin θ2 + f(x, t)∆x = ρA∆x 
0

2
w(x, t)

0t2
 (6.1)

Note that the acceleration is stated in terms of partial derivatives (0
2>0t2) because 

 is a function of two variables. The expressions in equation (6.1) can be approxi-
mated in the case of small deflections so that θ1 and θ2 are small. In this case, τ1 and 
τ2 can easily be related to the initial tension in the string τ by noting that the hori-
zontal component of the deflected string tension is τ1 cos θ1 at end 1, and τ2 cos θ2 at 

x2 � x1 � �xx1

y

x

�1

�

l

l
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0

f(x, t)

w(x, t)

�2
�1

�2

w(x, t)

f(x, t)

Infinitesimal element of string
displaced from rest

Figure 6.1  The geometry of a vibrating string with applied force f(x, t) and 
displacement (x, t).
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end 2. In the small-angle approximation, cos θ1 ≃ 1 and cos θ2 ≃ 1, so it is reason-
able to set τ1 = τ2 = τ. Also, for small θ1,

 sin θ1 ≃ tan θ1 =
0w(x, t)

0x
`
x1

 (6.2)

and

 sin θ2 ≃ tan θ2 =
0w(x, t)

0x
`
x2

 (6.3)

where (0w>0x) 0 x1
 is the slope of the string at point x1 and (0w>0x) 0 x2

 is the slope of 
the string at point x2 = x1 + ∆x. The notation for partial and total derivatives is 
reviewed in Window 6.1.

With these approximations, equation (6.1) now becomes

 aτ 
0w(x, t)

0x
b `

x2

- aτ 
0w(x, t)

0x
b `

x1

+ f(x, t)∆x = ρA 
0

2
w(x, t)

0t2
 ∆x (6.4)

The slopes can be evaluated further by recalling the Taylor series expansion for the 
function τ(0w>0x) around the point x1 from calculus. This yields

 aτ 
0w

0x
b `

x2

= aτ 
0w

0x
b `

x1

+ ∆x 
0

0x
 aτ 

0w

0x
b `

x1

+ O(∆x2) (6.5)

Derivatives of a function of multiple variables, such as f(x, y), deal with partial 
derivatives with the following notation:

fx(x, y) =
0f(x, y)

0x
= lim

∆xS0
a f (x + ∆x, y) - f (x, y)

∆x
b

In contrast, the total derivative of a function of a single variable, say T(t), is 
denoted by

dT(t)

dt
= T

$
(t) = lim

∆tS0
 
T(t + ∆t) - T(t)

∆t

The exact differential is

df =
0f

0x
 dx +

0f

0y
 dy

Window 6.1
Notation for Vibrations Described by Distributed Mass and Stiffness
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where O(∆x2) denotes the rest of the Taylor series, which consists of terms of or-
der ∆x2 and higher. Since ∆x is small, O(∆x2) is even smaller and hence neglected. 
Substitution of expression (6.5) into equation (6.4) yields

 
0

0x
 aτ 

0w

0x
b `

x1

∆x + f(x, t)∆x = ρA 
0

2
w(x, t)

0t2
 ∆x (6.6)

Dividing by ∆x and realizing that since ∆x is infinitesimal, the designation of point 
1 becomes unnecessary, the equation of motion for the string becomes

   
0

0x
 aτ 

0w(x, t)

0x
b + f(x, t) = ρA 

0
2
w(x, t)

0t2
 (6.7)

Since the tension τ is constant, and if the external force is zero, this becomes

 c2 
0

2
w(x, t)

0x2
 =

0
2
w(x, t)

0t2
  or  

0
2
w(x, t)

0x2
=

1

c2
 
0

2
w(x, t)

0t2
 (6.8)

where c = 1τ>ρA depends only on the physical properties of the string (called 
the wave speed and is not to be confused with the symbol used for the damping 
coefficient in earlier chapters). Equation (6.8) is the one-dimensional wave equa-
tion, also called the string equation, and is subject to two initial conditions in time 
because of the dependence on the second time derivative. These are written as 
w(x, 0) = w0(x) and wt(x, 0) = w

#
0(x), where the subscript t is an alternative nota-

tion for the partial derivative 0>0t, and where w0(x) and w
#

0(x) are the initial dis-
placement and velocity distributions of the string, respectively. The second spatial 
derivative in equation (6.8) implies that two other conditions must be applied to 
the solution w(x, t) in order to calculate the two constants of integration arising 
from integrating these spatial derivatives. These conditions come from examining 
the boundaries of the string. In the configuration of Figure 6.1 the string is fixed at 
both ends (i.e., at x = 0 and x = l). This means that the deflection w(x, t) must be 
zero at these points so that

 w(0, t) = w(l, t) = 0 t 7 0 (6.9)

These two conditions at the boundary provide the other two constants of integra-
tion resulting from the two spatial derivatives of w(x, t). because these conditions 
occur at the boundaries, the problem described by equations (6.8) and (6.9) and the 
initial conditions is called a boundary-value problem.

Using the subscript notation for partial differentiation, the various deriva-
tives of the deflection, w(x, t), have the following physical interpretations. The 
quantity wx(x, t) denotes the slope of the string, while τwxx(x, t) corresponds to 
the restoring force of the string (i.e., the string’s stiffness or elastic property). The 
quantity wt(x, t) is the velocity and wtt(x, t) is the acceleration of the string at any 
point x and time t.
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The string vibration problem just described forms a convenient and simple 
model to study the vibration of distributed-parameter systems. This is analogous 
to the spring–mass model of Section 1.1, which provided a building block for the 
study of lumped-parameter systems. To that end, the string with fixed endpoints is 
used in the next section to develop general techniques of solving for the vibration 
response of distributed-parameter systems. More about the string equation and its 
use in wave propagation can be found in introductory physics texts. Note that these 
developments apply to cables as well as strings.

Example 6.1.1

Consider the cable of Figure 6.2, which is pinned at one end and attached to a spring at 
the other end held in a frictionless slider such that the cable remains in constant ten-
sion. Determine the governing equation for the vibration of the system.

0

�.�

x

w(x, t)

y

k
l

Figure 6.2  A cable fixed at one end and 
attached to a spring at the other end with 
a frictionless slide. Note that the motion 
w(x, t) is in the y direction.

Solution  The equations of motion for the spring and the cable are the same and 
are given by equation (6.8). The initial conditions are also unaffected. However, the 
boundary condition at x = l changes. Writing a force balance in the y direction at 
point x = l yields

a
y

F 0 x = l = τ sin θ + kw(l, t) = 0

where k is the stiffness of the (lumped) spring. Again, enforcing the small-angle ap-
proximation, this becomes

τ 
0w(x, t)

0x
`
x = l

= -kw(x, t) 0 x = l

The boundary condition at x = 0 remains unchanged.
n
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6.2 MODES AND NATURAL FREQUENCIES

In this section the string equation is solved for the case of fixed–fixed boundary con-
ditions using the technique of separation of variables. This method leads in a natural 
way to modal analysis and the concepts of mode shapes and natural frequencies 
for distributed-parameter systems that are used extensively for lumped-parameter 
systems in Chapter 4. The solution procedures are described in detail in introductory 
differential equations (see boyce and DiPrima, 2009, for instance) and reviewed 
here. First, it is assumed that the displacement w(x, t) can be written as the product 
of two functions, one depending only on x and the other depending only on t (hence 
separation of variables). Thus

 w(x, t) = X(x)T(t) (6.10)

Substitution of this separated form into the string equation (6.8) yields

 c2X″(x)T(t) = X(x)T
$
(t) (6.11)

where the primes on X″(x) denote total differentiation (twice in this case) with 
respect to x, and the overdots indicate total differentiation (twice in this case) with 
respect to the time, t. These derivatives become total derivatives, instead of partial 
derivatives, because the functions X(x) and T(t) are each a function of a single vari-
able. A simple rearrangement of equation (6.11) yields

 
X″(x)

X(x)
=

T
$
(t)

c2T(t)
 (6.12)

Note that the choice of which side in equation (6.12) to put the constant c2 is arbitrary. 
Some choose to place it on the left side and some, as done here, on the right side. The 
final solution remains the same.

Since each side of the equation is a function of a different variable, it is argued 
that each side must be constant. To see this, differentiate with respect to x. This yields

 
d

dx
 aX″

X
b = 0 (6.13)

which becomes, upon integration,

 
X″

X
= constant = -σ2 (6.14)

In this case –σ2 is the constant chosen to ensure that the quantity on the right side 
of equation (6.14) is negative. Actually, all possible choices (negative, positive, and 
zero) for this constant need to be considered. The other two choices (positive and 
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zero) lead to physically unacceptable results as discussed in Example 6.2.1 to fol-
low. Equation (6.14) also requires that

 
T
$
(t)

c2T(t)
= -σ2 (6.15)

in order to satisfy equation (6.12).
Rearranging equation (6.14) yields the result that the function X(x) must satisfy

 X″(x) + σ2X(x) = 0 (6.16)

Equation (6.16) has the solution (see Example 6.2.1)

 X(x) = a1 sin σx + a2  cos  σx (6.17)

where a1 and a2 are constants of integration. To solve for these constants of inte-
gration, consider the boundary conditions of equation (6.9) in the separated form 
implied by equation (6.10). They become

 X(0)T(t) = 0 and X(l)T(t) = 0 t 7 0 (6.18)

Since it is assumed that T(t) cannot be zero for all t [this would yield only the unin-
teresting solution w(x, t) = 0 for all time], equation (6.18) reduces to

 X(0) = 0 X(l) = 0 (6.19)

Applying these two conditions to the solution, equation (6.17), yields the two simul-
taneous equations

  X(0) = a2 = 0 

  X(l) = a1 sin  σl = 0 (6.20)

The first of these two expressions eliminates the cosine term in the solution, and 
the last of these two expressions yields values of σ by requiring that sin σl = 0. This is 
called the characteristic equation, which has solutions σl = nπ. Since the sine function 
vanishes when its argument is 0 and any integer multiple of π, there is one solution of 
the characteristic equation for each value of n = 0, 1, 2, 3, c Hence, there exists an 
infinite number of values of σ that satisfy the condition σl = nπ. Thus, σ is indexed to 
be σn and takes on the following values (n = 0 implies a zero solution):

 σn =
nπ

l
 n = 1, 2, 3, c (6.21)

The two simultaneous equations resulting from the boundary conditions given by 
equation (6.20) can also be written in matrix form asJsin σl 0

0 1
R Ja1

a2

R = J0

0
R
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Recall from Section 4.1, equation (4.19), that this vector equation has a nonzero so-
lution (for a1 and a2) as long as the coefficient matrix has a zero determinant. Thus 
this alternative formulation yields the characteristic equation

det Jsin σl 0

0 1
R = sin σl = 0

This provides a more systematic calculation of the characteristic equation from the 
statement of the boundary conditions.

Since there are an infinite number of values of σn, the solution (6.17) then 
becomes the infinite number of solutions

 Xn(x) = an sin anπ

l
 xb n = 1, 2, c (6.22)

Here X is now indexed by n because of its dependence on σn, and the an are still-
to-be-determined arbitrary constants, potentially depending on the index n as well.

Equation (6.22) forms the spatial solution of the vibrating string problem. The 
functions Xn(x) satisfy the boundary value problem

  
0

2

0x2
 (Xn) = λnXn  

  Xn(0) = Xn(l) = 0 (6.23)

where λn are constants (λn = σn
2 )  and where the function Xn is never identically 

zero over all values of x. Comparison of this with the definition of the matrix 
eigenvalue and eigenvector problem of Section 4.2 yields some very strong 
similarities. Instead of an eigenvector consisting of a column of constants, equa-
tion (6.23) defines the eigenfunctions, Xn(x), which are nonzero functions of x 
satisfying boundary conditions as well as a differential equation. The constants 
λn are called eigenvalues just as in the matrix case. The differential operator 
-0

2>0x2 takes the place of the matrix in this eigenproblem. Similar to the eigen-
vector of Chapter 4, the eigenfunction is only known to within a constant. That 
is, if Xn(x) is an eigenfunction, so is aXn(x), where a is any constant. In fact, the 
concept of eigenvector and that of eigenfunction are mathematically identical. 
As is illustrated in the following, the eigenvalues, as determined by the charac-
teristic equation given in this case by expression (6.20), and the eigenfunctions, 
described in (6.22), will determine the natural frequencies and mode shapes of 
the vibrating string.

To this end, consider next the temporal equation given by (6.15) with the 
quantities of (6.21) substituted for σn:

 T
$

n(t) + σn
2c2Tn(t) = 0 n = 1, 2, c (6.24)
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where T(t) is now indexed because there is one solution for each value of σn. The 
coefficient of Tn(t) in the temporal equation defines the natural frequency by not-
ing that ωn = cσn and hence

ωn = cσn =
nπ

l
 A τ

ρA
 rad>s

The general form of the solution of (6.24) is given in Window 1.4 as

 Tn(t) = An sin ωnt + Bn cos ωnt (6.25)

where An and Bn are constants of integration. Since both of the functions Xn(x) and 
Tn(t) are found to be dependent on n, the solution w(x, t) = Xn(x)Tn(t) must also 
be a function of n, so that

 wn(x, t) = cn sin anπ

l
 xb  sin anπc

l
 tb + dn sin anπ

l
 xb  cos anπc

l
 tb n = 1, 2, c 

(6.26)

where cn and dn are new constants to be determined. Note that an unknown con-
stant an times another unknown constant An is the unknown constant cn (similarly, 
dn = anBn). Since the string equation is linear, any linear combination of solutions 
is a solution. Hence the general solution is of the form

 w(x, t) = a
∞

n = 1

(cn sin σnx sin σnct + dn sin σnx cos σnct) (6.27)

The set of constants {cn} and {dn} can be determined by applying the initial conditions 
on (x, t) and the orthogonality of the set of functions sin (nπx>l). The orthogonality 
of the set of functions sin (nπx>l) states that

 L
l

0

 sin  
nπx

l
 sin 

mπx

l
 dx = • l

2
   n = m

0  n ≠ m

 (6.28)

which is identical to the orthogonality of mode shape vectors discussed in Section 4.2. 
This orthogonality condition can be derived by simple trigonometric identities and 
integration (as suggested in Section 3.3).

Consider the initial condition on the displacement applied to equation (6.27):

 w(x, 0) = w0(x) = a
∞

n = 1

dn sin 
nπx

l
 cos(0) (6.29)
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Multiplying both sides of this equality by sin mπx> l and integrating over the length 
of the string yields

 L
l

0

w0(x) sin 
mπx

l
 dx = a

∞

n = 1

dnL
l

0

sin 
nπx

l
 sin 

mπx

l
 dx = dm a l

2
b  (6.30)

where each term in the summation on the right-hand side of equation (6.29) is zero 
except for the mth term, by direct application of the orthogonality condition of 
(6.28). Equation (6.30) must hold for each value of m, so that

 dm =
2

l L
l

0

w0(x) sin 
mπx

l
 dx m = 1, 2, 3, c (6.31)

It is customary to replace m by n in the preceding, since the index runs over all posi-
tive values [i.e., the index in equation (6.31) is a free index and it does not matter 
what it is named]. It is most convenient to rename it dn.

A similar expression for the constants {cn} is obtained by using the initial ve-
locity condition. Time differentiation of the summation of equation (6.27) yields

 w
#

0(x) = wt (x, 0) = a
∞

n = 1

cnσnc sin 
nπx

l
 cos (0) (6.32)

Again, multiplying by sin mπx>l, integrating over the length of the string, and ap-
plying the orthogonality condition of (6.28) yields

 cn =
2

nπc L
l

0

w
#

0(x) sin 
nπx

l
 dx n = 1, 2, 3, c (6.33)

where the index has been renamed n. Equations (6.31) and (6.33) combined with 
equation (6.27) form the complete solution for the vibrating string (i.e., they de-
scribe the vibration response of the string at any point x and any time t).

Example 6.2.1

The solution of a second-order ordinary differential equation with constant coefficients 
subject to boundary conditions is used throughout this section. This example clarifies 
the choice of a negative constant for the separation-of-variables procedure and reviews 
the solution technique for second-order differential equations with constant coeffi-
cients (see, e.g., boyce and DiPrima, 2009). Consider again equation (6.14), where this 
time the separation constant is chosen to be –β, where β is of arbitrary sign. This yields

 X″ + βX = 0 (6.34)

Assume that the solution of (6.34) is of the form X(x) = eλx, where λ is to be deter-
mined. Substitution into (6.34) yields

 (λ2
+ β)eλx

= 0 (6.35)
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Since eλx is never zero, this requires that

 λ = {1-β (6.36)

Here λ will be purely imaginary or real, depending on the sign of the separation con-
stant β. Thus there are two solutions and the general solution is the sum

 X(x) = Ae-1-βx
+ Be+1-βx (6.37)

where A and B are constants of integration to be determined by the boundary conditions.
Applying the boundary conditions to (6.37) yields

  X(0) = A + B = 0  

  X(l) = Ae-1-βl
+ Be1-βl

= 0 (6.38)

This system of equations can be written in the matrix formJ 1 1

e-1-βl e1-βlR JA

B
R = J0

0
R

which has a nonzero solution for A and B if and only if (recall Section 4.1) the determi-
nant of the matrix coefficient is zero. This yields

 e+1-βl
- e-1-βl

= 0 (6.39)

which must be satisfied. For negative real values of β, say β = –σ2, this becomes [recall 
the definition sinh u = (eu – e–u)>2]

 eσl
- e-σl

= 2 sinh σl = 0 (6.40)

which has only the trivial solution and hence β ≠ -σ2. This means that the separation 
constant σ in the development of equation (6.14) cannot be positive. Thus 1-β must 
be complex (i.e., β = σ2), so that equation (6.39) becomes

 eσjl
- e-σjl

= 0 (6.41)

where j = 1-1. Euler’s formula for the sine function is sin u = (euj – e–uj)>2j, so that 
(6.41) becomes

 sin σl = 0 (6.42)

which has the solution σ = nπ> l as used in equation (6.20).
The only possibility that remains to check is the case β = 0, which yields X″ = 0, 

or, upon integrating twice,

 X(x) = a + bx (6.43)

Applying the boundary conditions results in

  X(0) = a = 0  

  X(l ) = bl = 0 (6.44)

which yields only the trivial solution a = b =  0. Hence the choice of separation con-
stant in equation (6.14) as –σ2 is fully justified, and the solution of the spatial equation 
for the string fixed at both ends is of the form
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Xn(x) = an sin 
nπx

l
  n = 1, 2, 3, c

Here the subscript n has been added to X(x) to denote its dependence on the index n 
and to indicate that more than one solution results. In this case, an infinite number of 
solutions result, one for each integer n.

n

Note that the solution of this spatial equation is very much like the solution of 
the equation of the single-degree-of-freedom oscillator in Section 1.1 and reviewed 
in Window 6.2. There are, however, two main differences. First, the sign of the coef-
ficient in the single-degree-of-freedom oscillator is determined on physical grounds 
(i.e., the ratio of stiffness to mass is positive), and second, the constants of integra-
tion were both evaluated at the beginning of the interval instead of one at each end. 
The spatial string equation is a boundary-value problem, while the single-degree-
of-freedom oscillator equation is an initial-value problem. Note that the temporal 
equation for the string, however, is identical to the equation of a single-degree-of-
freedom oscillator. The temporal equation is also an initial-value problem.

Window 6.2
Review of the Solution of a Single-Degree-of-Freedom System

The solution to mx
$

+ kx = 0, x(0) = x0, x
#
(0) = v0 for m, k 7 0 is

 x(t) =
2ωn

2x0
2

+ v0
2

ωn

 sin aωnt + tan-1 
ωnx0

v0
b  (1.10)

where ωn = 1k>m.

Now that the mathematical solution of the vibrating string is established, con-
sider the physical interpretation of the various terms in equation (6.27). Consider 
giving the string an initial displacement of the form

 w0(x) = sin 
πx

l
 (6.45)

and an initial velocity of w
#

0(x) = 0. With these values of the initial conditions, the 
computation of the coefficients in (6.27) by using equations (6.31) and (6.33) yields 
cn = 0 for n = 1, 2, c, dn = 0 for n = 2, 3, c, and d1 = 1. Substitution of these 
coefficients back into equation (6.27) yields the solution

 w(x, t) = sin 
πx

l
 cos 

πc

l
 t (6.46)
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which is the first term of the series. Comparing the second factor of equation (6.46) 
to cos ωt states that the string is oscillating in time at a frequency of

 ω1 =
πc

l
=

π

l
 A τ

ρA
 rad>s or f1 =

ω1

2π
  Hz (6.47)

in the spatial shape of sin (πx> l). Hence for a fixed time t, the string will be de-
formed in the shape of a sinusoid. Each point of the string is moving up and down 
in time (i.e., vibrating at frequency πc> l). borrowing the jargon of Chapter 4, the 
function X1(x) = sin (πx> l) is called a mode shape, or mode, of the string and the 
quantity (πc> l) is called a natural frequency of the string.

This procedure can be repeated for each value of the index n by choosing the 
initial displacement to be sin (nπx>l) and the velocity to be zero. This gives rise to an 
infinite number of mode shapes, sin (nπx>l), and natural frequencies, (nπc>l), and 
is the reason distributed-parameter systems are called infinite-dimensional systems. 
Figure 6.3 illustrates the first two mode shapes of the fixed-endpoint string. If the 
string is excited in the second mode by using the initial conditions w0 = sin (2πx>l), 
w
#

0 = 0, and the resulting motion is viewed by a stroboscope flashing with frequency 
2πc>l, the curve labeled n = 2 in Figure 6.3 would be visible.

An interesting property of the modes of a string are the points where the 
modes sin (nπx> l) are zero. These points are called nodes. Note from Figure 6.3 
that the node of the second mode is at the point l>2. If the string is given an initial 
displacement equal to the second mode, there will be no motion at the point l>2 for 
any value of t. This node, as in the case of lumped-parameter systems, is a point on 
the string that does not move if the structure is excited only in that mode.

The modes and natural frequencies for a string and those for a multiple-degree-
of-freedom system are very similar. For a multiple-degree-of-freedom system, the 
mode shape is a vector, the elements of which yield the relative amplitude of vibra-
tion of each coordinate of the system. The same is true for an eigenfunction of the 
string, the difference being that instead of elements of a vector, the eigenfunction 
gives the modal response magnitude at each value of the position x along the string.

Equation (6.27) is the distributed-parameter equivalent of the modal expansion 
given by equation (4.103) for lumped-parameter systems. Instead of an expansion of 
the solution vector x(t) in terms of the modal vectors ui indicated in equation (4.103) 

x

0

l

n � 2

w(x, t)

n � 1

l/2 Figure 6.3  A plot of the deflection w(x, t) 
versus the position x for a fixed time 
illustrating the first two mode shapes of 
a vibrating string fixed at both ends.
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and reviewed in Window 6.3, the distributed-parameter equivalent consists of an 
expansion in terms of the mode shape functions sin σnx. Just as the mode shape vec-
tors determine the relative magnitude of the motion of various masses of the lumped 
system, the mode shape functions determine the magnitude of the motion of the mass 
distribution of the distributed-parameter system. The procedures outlined in this 
section constitute the modal analysis of a distributed-parameter system. This basic 
procedure is repeated in the following sections to determine the vibration response 
of a variety of different distributed-parameter systems. Modal analysis for damped 
systems is given in Section 6.7 and for the forced response in Section 6.8.

Example 6.2.2

For the sake of obtaining a feeling for the units of a vibrating string, consider a piano wire. 
A reasonable model of a piano wire is the string fixed at both ends of Figure 6.1. A piano 
wire is 1.4- m long, has a mass of about 110 g, and has a tension of about τ = 11.1 * 104 N. 
Its first natural frequency is then

ω1 =
πc

l
=

π

1.4 m
 A τ

ρA
 rad>s

Since ρA = 110 g per 1.4 m = 0.0786 kg>m, this yields

ω1 =
π

1.4 m
 a11.1 * 104 N

0.0786 kg>m b1>2
= 2666.69 rad>s or f1 = 424 Hz

n

Window 6.3
A Review of the Modal Expansion Solution 

of a Multiple-Degree-of-Freedom System

The solution of Mx
$

+ Kx = 0, x(0) = x0, x
#
(0) = x

#
0 is

 x(t) = a
n

i = 1

ci sin (ωit + ϕi)ui (4.103)

where ui are the eigenvectors of the matrix M-1>2KM-1>2 and ωi
2 are the as-

sociated eigenvalues of M-1>2KM-1>2. The constants ci and ϕi are determined 
from the initial conditions by using the orthogonality of ui to obtain

 ci =
ui

TMx(0)

sin ϕi

 ϕi = tan-1 
ωiui

TMx(0)

ui
TMx

#
(0)
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Example 6.2.3

Calculate the mode shapes and natural frequencies of the spring–cable system of 
Example 6.1.1. The solution of the string equation will be the same as that presented 
for the string fixed at both ends except for the evaluation of the constants by using the 
boundary conditions.

Solution  Referring to equation (6.17) and applying the boundary conditions given in 
Example 6.1.1 yields

 X(0) = a2 = 0 (6.48)

at one end. At the other end, substitution of w(x, t) = X(x)T(t) into the boundary 
condition yields

 τX=(l)T(t) = -kX(l)T(t) (6.49)

Upon further substitution of X = a1 sin σx this becomes

 τσ  cos σl = -k sin σl (6.50)

so that

 tan σl = -  
τσ

k
 (6.51)

As in the case of the string fixed at both ends, satisfying the second boundary condi-
tion yields an infinite number of values of σ. Hence σ becomes σn, where σn are the 
solutions of equation (6.51). These values of σn can be visualized (and computed) by 
plotting tan σl and –τσ>k versus σ on the same plot, as illustrated in Figure 6.4. Thus 
the eigenfunctions or mode shapes of a cable connected to a spring are

 an sin σnx, n = 1, 2, 3, c∞  (6.52)

where the σn must be calculated numerically for given values of k, τ, and l from 
equation (6.51). Note that by examining the curves of Figure 6.4, the values of σn 
(the  point  where the two curves cross) for large values of n become very close to 
(2n – 1)π>(2l).

n

n � 1

n � 2

tan �l

k � 800 N/m

�l

f(�l) � ��� /k

Figure 6.4  A graphical solution of the 
transcendental equation tan σl = –τσ>k.
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The separation-of-variables modal analysis method illustrated in this section 
is summarized in Window 6.4. Note that the procedure is analogous to that summa-
rized in Window 6.3 for lumped-parameter systems.

Window 6.4
Summary of the Separation-of-Variables Solutions Method

 1. A solution to a partial differential equation is assumed to be of the form 
w(x, t) = X(x)T(t) (i.e., separated).

 2. The separated form is next substituted into the partial differential equa-
tion of motion and separated by trying to position all of the terms con-
taining X(x) on one side of the equality, and all of the terms containing 
T(t) on the other side. (Note that this cannot always be done.)

 3. Once written in separated form, equation (6.12), for example, each side of 
the equality is set equal to the same constant to obtain two new equations: 
a spatial equation in the single-valued variable X(x) and a temporal equa-
tion in the single-valued variable T(t). This constant is called the separation 
constant and is denoted by σ2.

 4. The boundary conditions are applied to the spatial equation which results 
in an algebraic eigenvector problem that yields an infinite number of val-
ues of the separation constant, σn, and the mode shapes Xn(x).

 5. The separation constants obtained in step 4 are substituted into the 
temporal equation, and the solutions Tn(t) are obtained in terms of two 
arbitrary constants.

 6. The infinite number of solutions wn(x, t) = Xn(x)Tn(t) are then formed 
and summed to produce the series solution

  w(x, t) = a
∞

n = 1

Xn(x)Tn(t)

  which contains two sets of undetermined constants.

 7. The unknown constants are determined by applying the initial condi-
tions w(x, 0) and wt(x, 0) to the series solution, multiplying by a mode 
Xm(x), and integrating over x. The orthogonality condition then yields 
simple equations for the unknown constants in terms of the initial condi-
tions. See equations (6.31) and (6.33), for example.

 8. The series solution is written with the constants evaluated from step 7, 
and the solution is complete.
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6.3 VIBRATION OF RODS AND BARS

Next consider the vibration of an elastic bar (or rod) of length l and of varying 
cross-sectional area in the direction indicated in Figure 6.5. The density of the bar 
is denoted by ρ (not to be confused with mass per unit length used for the string) 
and the cross-sectional area by A(x). Using the coordinate system indicated in the 
figure, the forces on the infinitesimal element summed in the x direction are

 F + dF - F = ρA(x)dx 
0

2
w(x, t)

0t2
 (6.53)

where w(x, t) is the deflection of the rod in the x direction, F denotes the force 
acting on the infinitesimal element to the left, and F + dF denotes the force to 
the right, as the element is displaced. From introductory strength of materials, the 
force F is given by F = σsA, where σs is the unit stress in the x direction and has the 
value Ewx(x, t), where E is the Young’s modulus (or modulus of elasticity), and wx 
is the unit strain. This yields

 F = EA(x) 
0w(x, t)

0x
 (6.54)

The differential force becomes dF = (0F>0x) dx, from the chain rule for partial 
derivatives. Substitution of these quantities into equation (6.53) and dividing by 
dx yields

   
0

0x
 aEA(x) 

0w(x, t)

0x
b = ρA(x) 

0
2
w(x, t)

0t2
 (6.55)

Displaced
position

x

y

0

w(x, t)
Equilibrium

position

F

Infinitesimal element
of bar

x
dx
x � dx

F � dF

l

Figure 6.5  A cantilevered bar in longitudinal vibration along x.
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In those cases where A(x) is a constant this becomes

  aE

ρ
b  

0
2
w(x, t)

0x2
=

0
2
w(x, t)

0t2
 (6.56)

which has exactly the same form as the string equation of Section 6.2. The quan-
tity c = 1E>ρ defines the velocity of propagation of the displacement (or stress 
wave) in the bar. Hence the solution technique used in Section 6.2 is exactly ap-
plicable here.

because the bar can support its own weight, a variety of boundary conditions 
are possible. Various springs, masses, or dashpots can be attached to one end of 
the bar or the other, to model a variety of situations. Consider the boundary condi-
tions for the clamped–free configuration (called cantilevered) of Figure 6.5. At the 
clamped end, x = 0, the displacement must be zero, so that

 w(0,  t) = 0  t 7 0 (6.57)

At the free end, x = l, the force in the bar must be zero or

 EA 
0w(x, t)

0x
`
x = l

= 0 (6.58)

These are the simplest boundary conditions.

Example 6.3.1

Calculate the mode shapes and natural frequencies of the cantilevered (clamped–free) 
bar of Figure 6.5 for the case of constant cross section.

Solution  Following the method of separation of variables outlined in Window 6.4, let 
w(x, t) = X(x)T(t) in equation (6.56) to get

 
X″(x)

X(x)
=

T
$
(t)

c2T(t)
= -σ2 (6.59)

This last expression yields the following spatial equation:

X″(x) + σ2X(x) = 0, and X(0) = 0, AEX=(l) = 0

The spatial equation has a solution of the form

X(x) = a sin σx + b cos σx
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Applying the condition at the fixed end, x = 0, yields the result that b = 0, so that X(x) 
has the form

X(x) = a sin σx

At x = l, the boundary condition yields

 AEX=(l) = 0 = AEσa cos σl (6.60)

Since A, E, a, and σ are nonzero, this requires that cos σl = 0, or that

 σn =
2n - 1

2l
 π n = 1, 2, 3, c (6.61)

The mode shapes are thus of the form

 an sin 
(2n - 1)πx

2l
 (6.62)

Now consider the temporal equation resulting from equation (6.59):

T
$
(t) + c2σ2T(t) = 0 1 T(t) = A sin σct + B cos σct

This suggests an oscillation with frequency σc, or natural frequencies of the form

 ωn =
(2n - 1)πc

2l
=

(2n - 1)π

2l
 AE

ρ
 rad>s  n = 1, 2, 3, c (6.63)

The solution is given by equation (6.27) with c = 2E>ρ and σn as given by expres-
sion (6.61).

n

In distributed-parameter systems, the form of the spatial differential equa-
tion is often determined by the stiffness term. The differential form of the stiffness 
term along with the boundary conditions determine whether or not the eigenfunc-
tions, and hence the mode shapes, are orthogonal. The eigenfunction orthogonality 
condition for distributed-parameter systems is an exact replica of the eigenvector 
and mode shape orthogonality condition for lumped-parameter systems. Precise 
orthogonality conditions are beyond the scope of this chapter and can be found 
in Inman (2006), for instance. Note in Example 6.3.1 that the mode shapes given 
by expression (6.62) are orthogonal [recall equation (6.28)]. Just as in the lumped-
parameter case, the orthogonality of mode shapes for a distributed-parameter 
system is extremely useful in calculating the vibration response of the system. The 
following example illustrates the use of modes to calculate the response to a given 
set of initial conditions.
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Example 6.3.2

Calculate the response of the bar of Example 6.3.1 to an initial velocity of 3 cm>s at the 
free end and a zero initial displacement. Assume that the bar is 5 m long, has a density 
of ρ = 8 * 103 kg>m3, and has a modulus of E = 20 * 1010 N>m2. Plot the response 
at x = l and x = l>2.

Solution  The solution w(x, t) for the longitudinal vibration of a clamped–free bar is 
given by equation (6.27) as

w(x, t) = a
∞

n = 1

(cn sin σnct + dn cos σnct) sin 
(2n - 1)π x

2l

where σn is calculated in Example 6.3.1 and given in equation (6.61). To calculate the 
coefficients cn and dn, note that w(x, 0) = 0 and wt(l, 0) = 0.03 m>s. Thus from equa-
tion (6.31)

dn =
2

l L
l

0

w0(x) sin 
nπx

l
 dx =

2

l L
l

0

(0) sin 
nπx

l
 dx = 0

The coefficients cn are computed from differentiating the series w(x, t) and setting t = 0:

wt(x, 0) = 0.03δ(x - l) = a
∞

n = 1

cnσnc sin σnx cos (0)

where δ is the Dirac delta function. Multiplying by sin σmx and integrating yields

0.03L
l

0

δ(x - l) sin(σmx)dx = a
∞

n = 1

cnσncL
l

0

 sin (σnx) sin (σmx)dx

because {sin σmx} is an orthogonal set of functions, each term on the right side in the 
summation is zero except for the one term when n = m:

L
l

0

sin a2n - 1

2l
 πxb  sin a2m - 1

2l
 πxbdx = e l>2, n = m

0, n ≠ m

and the integral on the left side can be evaluated using the filtering property of the 
Dirac delta function from Section 3.1, 1 f(x)δ(x - a)dx = f(a). Thus the preceding 
equation becomes

0.03 sin a(2m - 1)π

2
b =

cσml

2
 cm
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The numerator on the left-hand side can be written as {1 depending on the value of 
the sine function. Solving for cm, evaluating the physical constants, and renaming m by n 
yields the equation

cn =
0.06(-1)n + 1

cσnl
=

0.6l(-1)n + 1

cπ(2n - 1)
= 3.82 * 10-6 

(-1)n + 1

(2n - 1)
 m, n = 1, 2, 3, c

Thus the total solution becomes

w(x, t) = 3.82 * 10-6a
∞

n = 1

 
(-1)n + 1

(2n - 1)
 sin 

(2n - 1)πx

2l
 sin [512.35(2n - 1)πt]m

At x = l this becomes

w(l, t) = 3.82 * 10-6a
∞

n = 1

 
(-1)n + 1

(2n - 1)
  sin [512.35(2n - 1)πt]m

and at x = l>2 the response is given by

w(l>2, t) = 3.82 * 10-5a
N

n = 1

 
(-1)n + 1

(2n - 1)2
 sin (512.35)(2n - 1)πt m

where N = ∞ . To plot these, the infinite series must be approximated by truncating 
the series taking finite values of N. In Figure 6.6, the response of w(l>2, t) is plotted for 
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Figure 6.6  Response of the bar of Example 6.3.2 plotted for x = l>2 for (a) one, 
(b) two, (c) five, and (d) ten terms of the series solution. Note the slight amplitude 
changes.
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one, two, five, and ten terms. Note that the only noticeable difference in the plot of the 
first term in the sum, and that of the first two terms, is the increase in amplitude. After 
five terms, not much change in the plots occurs. The Toolbox problems at the end of 
this chapter investigate this further, as can any math software.

n

The previous example is solved by the method of mode summation intro-
duced in Chapter 4 for lumped-parameter systems. The procedure is the same both 
here and in Section 4.4. basically, the solution is written as a sum of modes with 
constants to be evaluated by the initial conditions. Then the orthogonality of the 
mode shapes is used along with the initial conditions to evaluate these constants.

The analysis of a lumped-parameter system and that of a distributed-parameter 
system are similar in as much as they both require the computation of natural fre-
quencies and mode shapes (eigenvectors in the lumped case, eigenfunctions in the 
distributed case). However, the time response of the distributed-parameter system 
is distributed spatially in a continuous manner, whereas that of a lumped-parameter 
system is spatially discrete. Thus for a lumped system it is useful to plot the time 
response of a single coordinate xi(t), and for a distributed-parameter system the re-
sponse plot is at a single point [i.e., w(l>2, t)] as in Figure 6.6. For the lumped case, 
there is a finite number of degrees of freedom and hence a finite number of responses 
xi(t)(i = 1, 2, cn) to consider. In the distributed-parameter case, there is an infinite 
number of responses w(x,  t) to consider, as the spatial variable x can take on any 
value between 0 and l. boundary conditions for various configurations of the bar are 
listed in Table 6.1. Table 6.2 lists the various frequencies and mode shapes using these 
boundary conditions.

TABLE 6.1  A SuMMARy oF VARIouS bounDARy ConDItIonS FoR tHE longItuDInAl 

VIbRAtIon oF tHE bAR oF FIguRE 6.5

Fixed at left end: w(x, t) 0 x = 0 = 0

Fixed at right end: w(x, t) 0 x = l = 0

Free at left end: EA 
0w(x, t)

0x
`
x = 0

= 0

Free at right end: EA 
0w(x, t)

0x
`
x = l

= 0

Attached to a mass of mass m at left end: AE 
0w(x, t)

0x
`
x = 0

= m 
0

2
w(x, t)

0t2
`
x = 0

Attached to a mass of mass m at right end: AE 
0w(x, t)

0x
`
x = l

= -m 
0

2
w(x, t)

0t2
`
x = l

Attached to a spring of stiffness k at left end: AE 
0w(x, t)

0x
`
x = 0

= kw(x, t) `
x = 0

Attached to a spring of stiffness k at right end: AE 
0w(x, t)

0x
`
x = l

= -kw(x, t) `
x = l
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6.4 TORSIONAL VIBRATION

The bar of Section 6.3 may also vibrate in the torsional direction as indicated by the 
circular shaft of Figure 6.7. In this case, the vibration occurs in an angular direction 
around the center axis of the shaft in a plane perpendicular to the cross section of the 
shaft or rod. The rotation of the shaft, θ, about the center axis is a function of both 
the position along the length of the rod, x, and the time, t. Thus θ is a function of two 
variables denoted θ(x, t). The equation of motion can be determined by considering 
a moment balance of an infinitesimal element of the rod of length dx illustrated in 

TABLE 6.2  VARIouS ConFIguRAtIonS oF A unIFoRM bAR oF lEngtH l In 

longItuDInAl VIbRAtIon IlluStRAtIng tHE nAtuRAl FREquEnCIES AnD 

MoDE SHAPESa

x

x

Free–free

Fixed–free

x

Fixed–fixed

x

k

Fixed–spring

x

m

Fixed–mass

Configuration Mode shape
Frequency (rad/s) or
characteristic equation

�n ,  n � 0, 1, 2, . . .�
n�c

l

n�xb

l

�n ,  n � 1, 2, . . .�
n�c

l

n�x

l

�n �

�nx

l

�n �
�nc

l

�n ,  n �  1, 2, . . . �
(2n � 1)�c

2l

(2n � 1)�x

2l

�n  cot �n � �
kl

EA

cot �n �
m

�Al
�n

cos

sin

sin

sin�nc

l

�nx

l
sin

aNote that the last two examples require a numerical procedure (suggested in the Toolbox 
problems at the end of the chapter) in order to calculate the values of the natural frequen-
cies. Here c = 1E>ρ.
bThe free mode shape is a constant.



526 Distributed-Parameter Systems    Chap. 6

the figure. Referring to Figure 6.7, the torque at the right face of the element dx (i.e., 
at position x) is τ (here τ is used as a torque, not as tension as in Section 6.1), while 

that at the left end, at position x + dx, is τ +
0τ

0x
 dx. From solid mechanics, the applied 

torque is related to the torsional deflection by (Shames, 1989)

 τ = GJ 
0θ(x, t)

0x
 (6.64)

where GJ is the torsional stiffness composed of the shear modulus G and the polar 
moment of area J of the cross section. Note that J could be a function of x as well, 
but is considered constant here.

The total torque acting on dx becomes

 τ +
0τ

0x
 dx - τ = J0 

0
2θ

0t2
 dx (6.65)

where J0 is the polar moment of inertia of the shaft per unit length and 02θ/0t2 is 
the angular acceleration. If the shaft is of uniform circular cross section, J0 be-
comes simply J0 = ρJ, where ρ is the shaft’s material mass density. Substitution of 
the expression for the torque given by equation (6.64) into equation (6.65) yields

0

0x
 aGJ 

0θ

0x
b = ρJ 

0
2θ

0t2

Simplifying for the case of constant stiffness GJ yields

 
0

2θ(x, t)

0t2
= aG

ρ
b  

0
2θ(x, t)

0x2
 (6.66)

for the equation of twisting vibration of a rod. This is, again, identical in mathemati-
cal form to the formula of equation (6.8) for the string or cable and the formula of 
equation (6.56) for the longitudinal vibrations of a rod or bar.

dx

�

�(x,t)

�(x,t) � d�

�(x,t)

x

dx ��

 �x
� �

x � dx

x
�

G

l

dx

Figure 6.7  A circular shaft illustrating an 
angular motion, θ(x, t), as the result of a 
moment acting on a differential element dx 
of the shaft of density ρ, length l, and given 
modulus G. The function θ(x, t) denotes 
the angle of twist.
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For other types of cross sections, the torsional equation of a shaft can still be 
used to approximate the torsional motion by replacing J in equation (6.64) with a 
torsional constant γ defined to be the moment required to produce a torsional rota-
tion of 1 rad on a unit length of shaft divided by the shear modulus. Thus a shaft 
with noncircular cross section can be approximated by the equation

 
0

2θ(x, t)

0t2
= aGγ

ρJ
b  

0
2θ(x, t)

0x2
 (6.67)

Some values of γ are presented in Table 6.3 for several common cross sections. 
Keep in mind that equation (6.67) is approximate and assumes in particular that the 

TABLE 6.3  SoME VAluES oF tHE toRSIonAl 

ConStAnt FoR VARIouS CRoSS-SECtIonAl SHAPES 

uSED In APPRoxIMAtIng toRSIonAl VIbRAtIon FoR 

nonCIRCulAR CRoSS SECtIonS

Circular shaft

Hollow circular shaft

Square shaft

Hollow rectangular

shaft

�R4

0.1406a4

2

�

2
(R4

2 
�R4

1
)

2AB(a � A)2 (b � B)2

aA � bB � A2 � B2

Cross section Torsional constant, �

R

R2

R1

a

a

b

a

B

A
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center of mass and center of rotation coincide so that torsional and flexural vibra-
tions do not couple.

The solution of equation (6.66) depends on two initial conditions in time 
[i.e., θ(x, 0) and θt(x, 0)] and two boundary conditions, one at each end of the 
rod. The possible choices of boundary conditions are similar to those for the 
string and the bar (i.e., either the deflection is zero if the rod is fixed at a bound-
ary or the torque is zero if the rod is free at a boundary). For example, the 
clamped–free rod of Figure 6.7 has boundary conditions

 (deflection at 0)  θ(0, t) = 0  (6.68)

 (torque at l)  γGθx(l, t) = 0  (6.69)

Table 6.4 lists some common boundary conditions for the torsional vibration of 
shafts.

TABLE 6.4  A SuMMARy oF VARIouS bounDARy ConDItIonS FoR tHE toRSIonAl 

VIbRAtIon oF tHE SHAFt oF FIguRE 6.7

Fixed at left end: θ(x, t) 0 x = 0 = 0

Fixed at right end: θ(x, t) 0 x = l = 0

Free at left end: γG 
0θ(x, t)

0x
`
x = 0

= 0

Free at right end: γG 
0θ(x, t)

0x
`
x = l

= 0

Attached to an inertial mass J1 at left end: γG 
0θ(x, t)

0x
`
x = 0

= J1 
0

2θ(x, t)

0t2
`
x = 0

Attached to an inertial mass J1 at right end: γG 
0θ(x, t)

0x
`
x = l

= -J1 
0

2θ(x, t)

0t2
`
x = l

Attached to a rotational spring of stiffness k at left end: γG 
0θ(x, t)

0x
`
x = 0

= kθ(x, t) `
x = 0

Attached to a rotational spring of stiffness k at right end: γG 
0θ(x, t)

0x
`
x = l

= -kθ(x, t) `
x = l

Example 6.4.1

The vibration of a large grinding machine can be modeled as a shaft or rod with a disk 
at one end as illustrated in Figure 6.8. The top end of the shaft, at x = 0, is connected 
to a pulley. The effects of the drive belt and motor are accounted for by including 
their collective inertia in with the mass moment of inertia of the pulley, denoted by J1. 
Determine the natural frequencies of the system.
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Solution  The frequencies of vibration are determined by equation (6.66) subject to 
the appropriate boundary conditions. The boundary conditions are determined by 
examining either the deflections or torques at the boundaries. In this example, the 
deflection is unspecified at x = 0, but the torque must match that supplied by the 
pulley or

 GJ 
0θ(0, t)

0x
= J1 

0
2θ(0, t)

0t2
 (6.70)

Similarly, at x = l a balance of torques yields

 GJ 
0θ(l, t)

0x
= -J2 

0
2θ(l, t)

0t2
 (6.71)

where the minus sign arises from the right-hand rule. Following the method of 
Section 6.2, the solution for θ(x, t) is assumed to separate and be of the form 
θ(x, t) = Θ(x)T(t). Substitution into equation (6.66) and rearranging yields

 
Θ″(x)

Θ(x)
= a ρ

G
b  

T
$
(t)

T(t)
= -σ2 (6.72)

Defining (ρ>G) = 1>c2 and realizing that equation (6.72) splits into a temporal equa-
tion and a spatial equation, the spatial equation becomes

 Θ″(x) + σ2Θ(x) = 0 (6.73)

where σ is the separation constant and is related to the natural frequencies of the system by

 ω = σc = σAG

ρ
 (6.74)

From equation (6.70) the boundary condition at x = 0 becomes

 GJΘ=(0)T(t) = J1Θ(0)T
$
(t) (6.75)

Pulley of
inertia J1

Rod of length l and torsional rigidity GJ

Drive belt

Grinding head, a disk of inertia J2

Motor

x

Figure 6.8  A simple model of a large 
grinding machine.
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or

 
GJΘ=(0)

J1Θ(0)
=

T
$
(t)

T(t)
= -c2σ2 (6.76)

where the last equality follows from the right-hand side of equation (6.72). Upon fur-
ther manipulation, equation (6.76) yields

 Θ=(0) = -  
σ2J1

ρJ
 Θ(0) (6.77)

Similarly, the boundary conditions at x = l given by equation (6.71) yield

 Θ=(l) =
σ2J2

ρJ
 Θ(l) (6.78)

The general solution of equation (6.73) is

 Θ(x) = a1 sin σx + a2 cos σx (6.79)

so that

 Θ=(x) = a1 σ cos σx - a2 σ sin σx (6.80)

Substitution of these expressions into equation (6.77) for the boundary condition at 
x = 0 yields

 a1 = -  
σJ1

ρJ
 a2 (6.81)

Application of the boundary conditions at x = l by substitution of equations (6.79), 
(6.80), and (6.81) into equation (6.78) yields the characteristic equation given by

 tan σI =
ρJl(J1 + J2)(σl)

J1J2(σl)2
- ρ2J2l2

 (6.82)

This expression is a transcendental equation in the quantity σl, which must be solved 
numerically, similar to Example 6.2.3. because of the tangent term, equation (6.82) 
has an infinite number of solutions, which can be denoted σnl, n = 1, 2, 3, c∞ . The 
numerical solutions σn determine the natural frequencies of vibrations according to 
equation (6.74):

 ωn = σnAG

ρ
 (6.83)

Note that the first solution of equation (6.82) corresponding to the first eigenvalue yields

ω1 = 0
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Since ω1 = σ1 = 0, the time equation (6.72) becomes T
$

1(t) = 0, or T1(t) = a + bt, 
where a and b are constants determined by the initial conditions. This solution cor-
responds to the rigid-body mode of the system, which in this case is a constant shaft 
rotation. The rigid-body mode shape is calculated from equation (6.73) with σ = 0. 
This yields Θ1″(x) = 0, so that Θ1(x) = a1 + b1x. Applying the boundary condition at 
x = 0 yields GJ (b1) = 0, so that b1 = 0. The boundary condition at x = l also results 
in b1 = 0, so that the first mode shape, or first eigenfunction, is simply Θ1(x) = a1, a 
nonzero constant. This defines the rigid-body mode shape.

For very large values of σl, equation (6.82) reduces to tan σl = 0, so that the 
high frequencies of vibration approach ωn = nπc. Examining the form of the charac-
teristic equation indicates that it can be written as

 (bx2
- a)tan x = x (6.84)

where x = σl, a = ρ Jl>(J1 + J2), and b = J1J2>[(J1 + J2) ρ Jl]. The solution of this 
expression for the case J1 = 10 kg # m2>rad, J2 = 10 kg # m2>rad, ρ = 7870 kg>m3, 
J = 5 m4, l = 0.425 m is illustrated by the points of intersection of the two curves in 
Figure 6.9. These points of intersection are determined by using MATlAb to solve for 
the roots of equation (6.84). For G = 80 * 109 Pa, this results in

 f1 = 0       f2 = 3,980  Hz    f3 = 7,961 Hz

 f4 = 11,940 Hz   f5 = 15,920 Hz   f6 = 19,900 Hz

with the higher frequencies approaching nπc in rad>s.
n

The natural frequencies for various configurations of torsional systems are 
listed in Table 6.5. Note the similarity to Table 6.2 for longitudinal vibration. The 
only difference is the physical interpretation of the motion. Table 6.5 can be com-
bined with Table 6.3 to approximate the natural frequencies of torsional vibration 
for noncircular cross sections as well. A more complete tabulation can be found in 
blevins (1987).
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Figure 6.9  The plot of tan x versus x 
and x>(bx2 – a) versus x. These points 
of intersection are determined using the 
fzero command in MATlAb, as 
discussed at the end of the problem section. 
This yields the roots of equation (6.84).
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6.5 BENDING VIBRATION OF A BEAM

This section again considers the vibration of the bar or beam of Figure 6.5. In this 
case, however, vibration of the beam in the direction perpendicular to its length is 
considered. Such vibrations are often called transverse vibrations, or flexural vibrations, 
because they move across the length of the beam. Transverse vibration is easily felt by 
humans when walking over bridges, for example.

TABLE 6.5  SAMPlE oF VARIouS ConFIguRAtIonS oF A unIFoRM SHAFt In 

toRSIonAl VIbRAtIon, oF lEngtH l, IlluStRAtIng tHE nAtuRAl FREquEnCIES 

AnD MoDE SHAPESa

Configuration
Frequency (rad/s) or
characteristic equation Mode shape

Free–free

�
x

n = 0, 1, 2, . . .,�n  �
l

n�c

n = 1, 2, . . .,�n  �
l

n�c

�n cot �n  �  �
G�

kl

�n  �
l

�nc

cos
l

n�xb

sin
l

n�x

sin
l

�nx

sin
l

�nx

Fixed–free

�
x

n = 1, 2, . . .,�n  �
2l

(2n � 1)�c
sin

2l

(2n � 1)�x

Fixed–fixed

Fixed–inertia

�
x

Fixed–spring (rotational)

�
x

cot �n  � �n
�l�

J0

�n  �
l

�nc

J0

�
x

aHere c = 2Gγ>ρJ. The values of γ can be found in Table 6.3. Note that a numerical proce-
dure is required for the last two cases, as illustrated in Example 6.4.1.
bThe free mode shape is a constant.
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Euler–Bournoulli Beam Theory

Figure 6.10 illustrates a cantilevered beam with the transverse direction of vibration 
indicated [i.e., the deflection, w(x, t), is in the y direction]. The beam is of rectangular 
cross section A(x) with width hy, thickness hz, and length l. Also associated with the 
beam is a flexural (bending) stiffness EI(x), where E is Young’s elastic modulus for 
the beam and I(x) is the cross-sectional area moment of inertia about the “z axis.” 
From mechanics of materials, the beam sustains a bending moment M(x, t), which is 
related to the beam deflection, or bending deformation, w(x, t), by

 M(x, t) = EI(x) 
0

2
w(x, t)

0x2
 (6.85)

A model of bending vibration may be derived from examining the force diagram of 
an infinitesimal element of the beam as indicated in Figure 6.10. Assuming the de-
formation to be small enough such that the shear deformation is much smaller than 

y�

x�

z�

w(x,t)

f(x,t)

A(x)

hy

hz

dx

f(x,  t)

w(x, t)
V(x, t)

M(x, t)

Undeformed x axis

Q

dx

x x � dx

M(x, t) � dx
�M(x, t)

�x

V(x, t) � dx
�V(x, t)

�x

�A dx
�2 w

�t2

Figure 6.10  A simple Euler–bernoulli beam of length (l) in transverse vibration 
and a free-body diagram of a small element of the beam as it is deformed by a 
distributed force-per-unit length, denoted by f(x, t).
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w(x, t) (i.e., so that the sides of the element dx do not bend), a summation of forces 
in the y direction yields

 aV(x, t) +
0V(x, t)

0x
 dxb - V(x, t) + f(x, t)dx = ρA(x) dx 

0
2
w(x, t)

0t2
 (6.86)

Here V(x, t) is the shear force at the left end of the element dx, V(x, t) + Vx(x, t) dx 
is the shear force at the right end of the element dx, f(x, t) is the total external force 
applied to the element per unit length, and the term on the right side of the equality 
is the inertial force of the element. The assumption of small shear deformation used 
in the force balance of equation (6.86) is true if l>hz Ú 10 and l>hy Ú 10 (i.e., for 
long slender beams or Euler–bernoulli beams).

Next, the moments acting on the element dx about the z axis through point Q 
are summed. This yieldscM(x, t) +

0M(x, t)

0x
 dx d - M(x, t) + cV(x, t) +

0V(x, t)

0x
 dx d  dx + [ f(x, t)dx] 

dx

2
= 0

 (6.87)

Here the right-hand side of the equation is zero since it is also assumed that the ro-
tary inertia of the element dx is negligible. Simplifying this expression yields

 c  0M(x, t)

0x
+ V(x, t) ddx + c  0V(x, t)

0x
+

f(x, t)

2
 d (dx)2

= 0 (6.88)

Since dx is assumed to be very small, (dx)2 is assumed to be almost zero, so that this 
moment expression yields (dx is small, but not zero)

 V(x, t) = -  
0M(x, t)

0x
 (6.89)

This states that the shear force is proportional to the spatial change in the bending 
moment. Substitution of this expression for the shear force into equation (6.86) yields

 -
0

2

0x2
 [M(x, t)]dx + f(x, t)dx = ρA(x)dx 

0
2
w(x, t)

0t2
 (6.90)

Further substitution of equation (6.85) into (6.90) and dividing by dx yields

 ρA(x) 
0

2
w(x, t)

0t2
+

0
2

0x2
 cEI(x) 

0
2
w(x, t)

0x2
 d = f(x, t) (6.91)

If no external force is applied so that f(x, t) = 0 and if EI(x) and A(x) are assumed 
to be constant, equation (6.91) simplifies so that free vibration is governed by

 
0

2
w(x, t)

0t2
+ c2 

0
4
w(x, t)

0x4
= 0, c = AEI

ρA
 (6.92)

Note that unlike the previous equations, the free vibration equation (6.92) contains 
four spatial derivatives and hence requires four (instead of two) boundary conditions 
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in calculating a solution. The presence of the two time derivatives again requires that 
two initial conditions, one for the displacement and one for the velocity, be specified.

The boundary conditions required to solve the spatial equation in a separation-
of-variables solution of equation (6.92) are obtained by examining the deflection 
w(x, t), the slope of the deflection 0w(x, t)>0x, the bending moment EI0

2
w(x, t)>0x2, 

and the shear force 0[EI0
2
w(x, t)>0x2]>0x at each end of the beam. A common con-

figuration is clamped–free or cantilevered as illustrated in Figure 6.10. In addition to 
a boundary being clamped or free, the end of a beam could be resting on a support 
restrained from bending or deflecting. The situation is called simply supported or 
pinned. A sliding boundary is one in which displacement is allowed but rotation is 
not. The shear load at a sliding boundary is zero.

If a beam in transverse vibration is free at one end, the deflection and slope 
at that end are unrestricted, but the bending moment and shear force must vanish:

 bending moment = EI 
0

2
w

0x2
= 0

  shear force =
0

0x
 cEI 

0
2
w

0x2
 d = 0

 (6.93)

If, on the other hand, the end of a beam is clamped (or fixed), the bending moment 
and shear force are unrestricted, but the deflection and slope must vanish at that end:

  deflection = w = 0  

  slope =
0w

0x
= 0

 (6.94)

At a simply supported or pinned end, the slope and shear force are unrestricted and 
the deflection and bending moment must vanish:

  deflection = w = 0  

  bending moment = EI 
0

2
w

0x2
= 0

 (6.95)

At a sliding end, the slope or rotation is zero and no shear force is allowed. On the other 
hand, the deflection and bending moment are unrestricted. Hence, at a sliding boundary,

  slope =
0w

0x
= 0  

  shear force =
0

0x
 aEI 

0
2
w

0x2
b = 0

 (6.96)

Other boundary conditions are possible by connecting the ends of a beam to a vari-
ety of devices such as lumped masses, springs, and so on. These boundary conditions 
can be determined by force and moment balances.

In addition to satisfying four boundary conditions, the solution of equation 
(6.92) for free vibration can be calculated only if two initial conditions (in time) are 
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specified. As in the case of the rod, string, and bar, these initial conditions are speci-
fied initial deflection and velocity profiles:

w(x, 0) = w0(x)  and  wt(x, 0) = w
#

0(x)

assuming that t = 0 is the initial time. Note that if w0 and w
#

0 were both zero, no 
motion would result.

The solution of equation (6.92) subject to four boundary conditions and two 
initial conditions proceeds following exactly the same steps used in previous sections. 
A separation-of-variables solution of the form w(x, t) = X(x)T(t) is assumed. This is 
substituted into the equation of motion, equation (6.92), to yield (after rearrangement)

 c2 
X″″(x)

X(x)
= -

T
$
(t)

T(t)
= ω2 (6.97)

where the partial derivatives have been replaced with total derivatives as before 
(note: X″″ = d4X>dx4, T

$
= d2T>dt2). Here the choice of separation constant, ω2, 

is made, based on experience with the systems of Section 6.4 that the natural fre-
quency comes from the temporal equation

 T
$
(t) + ω2T(t) = 0 (6.98)

which is the right side of equation (6.97). This temporal equation has a solution of 
the form

 T(t) = A sin ωt + B cos ωt (6.99)

where the constants A and B will eventually be determined by the specified initial 
conditions after being combined with the spatial solution.

The spatial equation comes from rearranging equation (6.97), which yields

 X″″(x) - aω

c
b2

X(x) = 0 (6.100)

by defining [recall equation (6.92)]

 β4
=

ω2

c2
=

ρAω2

EI
  aso that ω = β2AEI

ρA
 rad>sb  (6.101)

and assuming a solution to equation (6.100) of the form Aeσx, the general solution 
of equation (6.100) can be calculated to be of the form (see Problem 6.44)

 X(x) = a1 sin βx + a2 cos βx + a3 sinh βx + a4 cosh βx (102)

Here the value for β and three of the four constants of integration a1, a2, a3, and a4 
will be determined from the four boundary conditions. The fourth constant becomes 
combined with the constants A and B from the temporal equation, which are then 
determined from the initial conditions. The following example illustrates the solution 
procedure for a beam fixed at one end and simply supported at the other end.
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Example 6.5.1

Calculate the natural frequencies and mode shapes for the transverse vibration of a 
beam of length l that is fixed at one end and pinned at the other end.

Solution  The boundary conditions in this case are given by equation (6.94) at the 
fixed end and equation (6.95) at the pinned end. Substitution of the general solution 
given by equation (6.102) into equation (6.94) at x = 0 yields

  X(0) = 0 1 a2 + a4 = 0  (a)

  X=(0) = 0 1 β(a1 + a3) = 0 (b)

Similarly, at x = l the boundary conditions result in

  X(l) = 0 1 a1 sin βl + a2 cos βl + a3 sinh βl + a4 cosh βl = 0  (c)

  EIX″(l) = 0 1 β2(-a1 sin βl - a2 cos βl + a3 sinh βl + a4 cosh βl) = 0 (d)

These four boundary conditions thus yield four equations [(a) through (d)] in the four 
unknown coefficients a1, a2, a3, and a4. These can be written as the single vector equationD 1 1 0 1

β 0 β 0

sin βl cos βl sinh βl cosh βl

-β2 sin βl -β2 cos βl β2 sin βl β2 cosh βl

T Da1

a2

a3

a4

T = D0

0

0

0

T
Recall from Chapter 4 that this vector equation can have a nonzero solution for the 
vector a = [a1  a2  a3  a4]

T only if the determinant of the coefficient matrix vanishes 
(i.e., if the coefficient matrix is singular). Furthermore, recall that since the coefficient 
matrix is singular, not all of the elements of the vector a can be calculated.

Setting the determinant above equal to zero yields the characteristic equation

tan βl = tanh βl

This equality is satisfied for an infinite number of choices for β, denoted βn. The solution 
can be visualized by plotting both tan βl and tanh βl versus βl on the same plot. This is 
similar to the solution technique used in Example 6.4.1 and illustrated in Figure 6.9. The 
first five solutions are

β1l = 3.926602 β2l = 7.068583 β3l = 10.210176

β4l = 13.351768 β5l = 16.49336143

For the rest of the modes (i.e., for values of the index n 7 5), the solutions to the char-
acteristic equation are well approximated by

βnl =
(4n + 1)π

4

The weighted frequencies determine the system natural frequencies by

ωn = βn
2AEI

ρA
 rad>s,  and  fn =

βn
2

2π
 AEI

ρA
 Hz
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With these values of the weighted frequencies βnl, the individual modes of vibration 
can be calculated. Solving the preceding matrix equation for the individual coefficients 
ai yields a1 = –a3, a2 = –a4, and

(sinh βnl - sin βnl)a3 + (cosh βnl - cos βnl)a4 = 0

Thus

a3 = -
cosh βnl - cos βnl

sinh βnl - sin βnl
 a4

for each n. The fourth coefficient a4 cannot be determined by this set of equations, because 
the coefficient matrix is singular (otherwise, each ai would be zero). This remaining coef-
ficient becomes the arbitrary magnitude of the eigenfunction. As this constant depends 
on n, denote it by (a4)n. Substitution of these values of ai in the expression X(x) for the 
spatial solution yields the result that the eigenfunctions or mode shapes have the form

 Xn(x) = (a4)n c  cosh βnl - cos βnl

 sinh βnl -  sin βnl
 (sinh βnx - sin βnx) - cosh βnx + cos βnx d ,

 n = 1, 2, 3,  c

The first three mode shapes are plotted in Figure 6.11 for (a2)n = 1 and n = 1, 2, 3.
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Figure 6.11  A plot of the first three 
mode shapes of the clamped–pinned 
beam of Example 6.5.1, arbitrarily 
normalized to unity.

These mode shapes can be shown to be orthogonal, so that

L
l

0

Xn(x)Xm(x)dx = 0

for n ≠ m (see Problem 6.47). As in Example 6.3.2, this orthogonality, along with the 
initial conditions, can be used to calculate the constants An and Bn in the series solu-
tion for the displacement

w(x, t) = a
∞

n = 1

(An sin ωnt + Bn cos ωnt)Xn(x)

n

Table 6.6 summarizes a number of different boundary configurations for the 
slender beam. The slender-beam model given in equation (6.91) is often referred to 



TABLE 6.6  SAMPlE oF VARIouS bounDARy ConFIguRAtIonS oF A SlEnDER 

bEAM In tRAnSVERSE VIbRAtIon oF lEngtH l IlluStRAtIng wEIgHtED 

nAtuRAl FREquEnCIES AnD MoDE SHAPESa

Configuration Mode shape �n

Weighted frequencies
�nl and characteristic
equation

0 (rigid-body mode)
4.73004074
7.85320462
10.9956078
14.1371655
17.2787597
(2n � 1)�

1.87510407
4.69409113
7.85475744
10.99554073
14.13716839
(2n � 1)�

0.7341
1.0185
0.9992
1.0000
1.0000

cosh �nx � cos �nx

��n (sinh �nx � sin �nx)

0.9825
1.0008
0.9999
1.0000
0.9999

cosh �nx � cos �nx

��n (sinh �nx � sin �nx)b
x

Free–free

x

Clamped–free

x

x

Clamped–pinned

x

Clamped–clamped

Pinned–pinned

2
for  n � 5 1 for  n � 5

cos �l cosh �l � 1

2
for  n � 5 1 for  n � 5

cos �l cosh �l � �1

3.92660231
7.06858275
10.21017612
13.35176878
16.49336143
(4n � 1)�

1.0008
1 for n � 1

cosh �nx � cos �nx

��
n
 (sinh �nx � sin �nx)

4

4

for  n � 5

tan �l � tanh �l

2.36502037
5.49780392
8.63937983
11.78097245
14.92256510
(4n � 1)�

0.9825
1 for n � 1

cosh �nx � cos �nx

��n (sinh �nx � sin �nx)

for  n � 5

tan �l � tanh �l � 0

2

4.73004074
7.85320462
10.9956079
14.1371655
17.2787597
(2n � 1)�

0.982502
1.00078
0.999966
1.0000
1.0000
1 for n � 5

cosh �nx � cos �nx

��n (sinh �nx � sin �nx)

n�

sin �l � 0

none
n�x

for  n � 5

cos �l cosh �l � 1

x

Clamped–sliding

sin
l

aHere the weighted natural frequencies βnl are related to the natural frequencies by equation 
(6.101) or ωn = βn

21EI>ρA, as used in Example 6.5.1. The values of σi for the mode shapes are 
computed from the formulas given in Table 6.5.
bThere are two free–free mode shapes: X0 = constant and X0 = A(x - l>2); the first is trans-
lational, the second rotational.



540 Distributed-Parameter Systems    Chap. 6

as the Euler–Bernoulli or bernoulli–Euler beam equation. The assumptions used in 
formulating this model are that the beam be

	 •	 Uniform	along	its	span,	or	length,	and	slender	(l 7 10h)

	 •	 Composed	of	a	linear,	homogeneous,	isotropic	elastic	material	without	axial	loads
	 •	 Such	that	plane	sections	remain	plane
	 •	 Such	that	the	plane	of	symmetry	of	the	beam	is	also	the	plane	of	vibration	so	

that rotation and translation are decoupled

	 •	 Such	that	rotary	inertia	and	shear	deformation	can	be	neglected

The key to solving for the time response of distributed-parameter systems is 
the orthogonality of the mode shapes. Note from Table 6.7 that the mode shapes 
are quite complicated in many configurations. This does not mean that orthogonal-
ity is necessarily violated, just that evaluating the integrals in the modal analysis 
procedure becomes more difficult.

TABLE 6.7  EquAtIonS FoR tHE MoDE SHAPE 

CoEFFICIEntS σn FoR uSE In tAblE 6.4a

boundary condition Formula for σn

Free–free σn =
cosh βnl - cos βnl

sinh βnl - sin βnl

Clamped–free σn =
sinh βnl - sin βnl

cosh βnl + cos βnl

Clamped–pinned σn =
cosh βnl - cos βnl

sinh βnl - sin βnl

Clamped–sliding σn =
sinh βnl - sin βnl

cosh βnl + cos βnl

Clamped–clamped Same as free–free

aThese coefficients are used in the calculations for the mode shapes, 
as illustrated in Example 6.5.1.

Timoshenko Beam Theory

The model of the transverse vibration of the beam presented in equation (6.91) ig-
nores the effects of shear deformation and rotary inertia. beams modeled including 
the effects of rotary inertia and shear deformation are called Timoshenko beams. 
These effects are considered next. As mentioned previously, it is safe to ignore the 
shear deformation as long as the hz and hy illustrated in Figure 6.10 are small com-
pared with the length of the beam. As the beam becomes shorter, the effect of shear 
deformation becomes evident. This is illustrated in Figure 6.12, which is a repeat of 
the element dx of Figure 6.10 with shear deformation included.
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Referring to the figure, the line OA is a line through the center of the element 
dx perpendicular to the face at the right side. The line OB, on the other hand, is 
the line through the center tangent to the centerline of the beam, while the line OC 
is the centerline of the beam while at rest. As the beam bends, the shear angle ap-
pears as the length l is decreased relative to the beam width. For the case of a long 
beam, the lines OB and OA coincide, as in Figure 6.10. The presence of significant 
shear causes the rectangular infinitesimal element of Figure 6.10 to deform into the 
distorted almost-diamond shape of Figure 6.12. Referring to Figure 6.12, note that 
the shear angle given by ψ - dw/dx (i.e., the difference between the total angle due 
to bending, ψ, and the slope of the centerline of the beam, dw/dx), represents the 
effect of shear deformation. From elastic considerations [see, e.g., Reismann and 
Pawlik (1974)] the bending moment equation becomes

 EI 
dψ(x, t)

dx
= M(x, t) (6.103)

and the shear force equation becomes

 κ2AG cψ(x, t) -  
dw(x, t)

dx
 d = V(x, t) (6.104)

where E, I, A, ψ, V, and M are as defined previously, G is the shear modulus, and κ2 
is a dimensionless factor that depends on the shape of the cross-sectional area. Note 
that some texts use κ instead of κ2 for the shear coefficient, also sometimes referred 
to as the Timoshenko shear coefficient. The constant κ2 is called a shear coefficient and 
has been tabulated by Cowper (1966). The shear modulus G and the elastic modulus 
E are related by the Poisson’s ratio , according the relationship E = 2(1 + v)G. The 

� (Rotation of the
     cross section)

Tangent to centerline
of the beam

Sides no longer parallel

(Slope due to bending)

Shear angle

M

V
O

M � dM

dw

dx

(Rotation of the cross section
due to pure bending)

dw

dx

V �dV

Figure 6.12  The effects of shear deformation on an element of a bending beam.
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Poisson’s ratio is a function of material properties. As in the case of equation (6.86), a 
dynamic force balance yields

 ρA(x)dx 
0

2
w(x, t)

0t2
= - cV(x, t) +

0V(x, t)

0x
 dx d + V(x, t) + f(x, t)dx (6.105)

If the rotary inertia is included, then the moment balance on dx previously given by 
equation (6.87) becomes

  ρI(x)dx 
0

2ψ(x, t)

0t2
= cM(x, t) +

0M(x, t)

0x
 dx d - M(x, t)  

  + cV(x, t) +
0V(x, t)

0x
 dx ddx + f(x, t) 

dx2

2
 (6.106)

Substitution of equations (6.103) and (6.104) into (6.105) and (6.106) yields the two 
coupled equations

 
0

0x
 cEI 

0ψ

0x
 d + κ2AG a0w

0x
 - ψb = ρI 

0
2ψ

0t2
 (6.107)

and

 
0

0x
 cκ2AG a0w

0x
 - ψb d + f(x, t) = ρA 

0
2
w

0t2
 (6.108)

governing the vibration of a beam, including the effects of rotary inertia and shear 
deformation. Assuming that the coefficients are all constant and that no external 
force is applied, ψ(x, t) can be eliminated and the coupled equations can be reduced 
to one single equation for free vibration of uniform beams. This is

 EI 
0

4
w

0x4
+ ρA 

0
2
w

0t2
 - ρI a1 +

E

κ2G
b  

0
4
w

0x2
0t2

 +
ρ2I

κ2G
 
0

4
w

0t4
= 0 (6.109)

Equation (6.109) is now subject to four initial conditions and four boundary condi-
tions. For a clamped end, the boundary conditions become (at x = 0, say)

 ψ(0,  t) = w(0,  t) = 0 (6.110)

At a simply supported end, they become

 EI 
0ψ(0, t)

0x
= w(0,  t) = 0 (6.111)

and at a free end they become

 κ2AG a0w

0x
 - ψb = EI 

0ψ

0x
= 0 (6.112)



Sec. 6.5    bending Vibration of a beam 543

These equations can be solved by the methods suggested for the beam model given 
by equation (6.91). Equation (6.91) is called the Euler–Bernoulli beam model or 
classical beam model and equation (6.109) is called the Timoshenko beam model.

Which of these two beam models to use is largely dependent on the beam ge-
ometry, which modes are of interest, and how many modes are important. A steel 
beam 12- m long, 15- cm wide, and 0.6- m deep shows a difference of only 0.4% 
between the first natural frequency of the Euler–bernoulli model and that of the 
Timoshenko model. This grows to a 10% difference in the fifth natural frequency. 
Hence if only the first mode is of interest, the Euler–bernoulli model for this sys-
tem would be good enough. On the other hand, if the fifth mode is of interest, the 
Timoshenko model might be worth the extra complexity. For a beam of typical 
metal with rectangular cross section, the shear deformation is about three times 
more significant than rotary inertia effects. This is examined in the next example.

Example 6.5.2

To obtain a feeling for the differences between the Euler–bernoulli beam model and 
the more complicated Timoshenko model, calculate the natural frequencies of a pinned–
pinned beam using the Timoshenko equation and compare them to the natural frequencies 
predicted by the beam without shear deformation or rotary inertia as given in Table 6.6.

Solution  Equation (6.109) cannot easily be solved by separation of variables as sug-
gested in Window 6.4. This results because substitution of w(x, t) = X(x)T(t) into 
equation (6.3) yields an equation of the form (ai are constants)

a1X″″T + (a2X + a3X″)T
$

+ a4X T
$ $

= 0

which does not readily separate because of the middle term and the fourth time derivative. 
This expression can be solved by assuming that the mode shapes of pinned–pinned Euler–
bernoulli beam and that of the Timoshenko beam are the same (a reasonable assumption, 
as one is a more complete account of the other) and that the temporal response is periodic 
(also reasonable, as the system is undamped). Proceeding with these assumptions, a solu-
tion of equation (6.109) is assumed to be of the specific separated form

wn(x, t) = sin 
nπx

l
 cos ωnt

where sin (nπx> l) is the assumed nth mode shape of the pinned–pinned configuration 
and ωn is, at this point, the unknown natural frequency. Substitution of this form into 
equation (6.109) yields

 EI anπ

l
b4

 sin 
nπx

l
 cos ωnt - ρI a1 +

E

κ2G
banπ

l
b2

ω2
n sin 

nπ

l
 cos ωnt

 = -
ρ2I

κ2G
 ω4

n sin 
nπx

l
 cos ωnt + ρAω2

n sin 
nπx

l
 cos ωnt

Each term contains the factor sin (nπx> l)cos (ωnt), which can be factored out to reveal 
the characteristic equation

ωn
4 

ρr 2

κ2G
 - a1 +

n2π2r 2

l2
+

n2π2r 2

l2
 

E

κ2G
b  ωn

2
+

α2n4π4

l4
= 0
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where r and α are defined by

α2
=

EI

ρA
 r 2

=
I

A

The characteristic equation for the frequencies ωn is quadratic in ωn
2, and hence easily 

solved. This expression for ωn provides a mechanism for observing the effects of shear 
deformation and rotary inertia on the natural frequencies of a pinned–pinned beam. 
Note the following comparisons:

 1. Of the two roots for each value of n determined by the frequency equation, the 
smaller value is associated with bending deformation, and the larger root is as-
sociated with shear deformation.

 2. The natural frequencies for just the Euler–bernoulli beam are

ωn
2

=
α2n4π4

l4

 3. The natural frequencies for including just rotary inertia (i.e., no shear, so that 
terms involving κ are eliminated) are

ωn
2

=
α2n4π4

l4(1 + n2π2r 2>l2)

 4. The natural frequencies for neglecting the rotary inertia and including the shear 
deformation are

ωn
2

=
α2n4π4

l4[1 + (n2π2r 2>l2) E>κG]

These expressions can be used to investigate the various effects on the natural 
frequencies of prismatic beams in the pinned–pinned configuration. These expressions 
can also be used to gain insight into the effects of rotary inertia and shear deformation 
for other configurations. by comparing notes 2, 3, and 4, the general effect of shear 
deformation and rotary inertia is to reduce the value of the natural frequencies. Also 
note that for high frequencies (large n) the effects of shear deformation and rotary in-
ertia are more pronounced because of the 1 + (nπr> l)2 term in the denominator. This 
is investigated further in Problem Tb.6.4 at the end of this chapter.

n

6.6 VIBRATION OF MEMBRANES AND PLATES

The string, rod, and beam models considered in the previous five sections have dis-
placements that are a function of a single direction, x, along the mass. In this sense 
they are one-dimensional problems. In this section membranes and plates are con-
sidered having displacements which are functions of two dimensions (i.e., they are 
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defined in a plane region in space as illustrated in Figure 6.13). A membrane is essen-
tially a two-dimensional string, and a plate is essentially a two-dimensional beam. The 
equation for a membrane and plate are not derived here but follow similar arguments 
used in developing the string and Euler–bernoulli beam equations, respectively.

First, consider the vibrational equations for a membrane. A membrane is 
basically a two-dimensional system that lies in a plane when in equilibrium. A 
drumhead and a soap film are physical examples of objects that may be modeled as 
a membrane. The structure itself provides no resistance to bending, so the restoring 
force is due only to the tension in the membrane. Thus a membrane is similar to a 
string. The reader is referred to Weaver, Timoshenko, and Young (1990) for the 
derivation of the membrane equation.

let w(x, y, t) represent the displacement in the z direction of a membrane, ly-
ing in the xy plane at the point (x, y) and time t. The displacement is assumed to be 
small, with small slopes, and is perpendicular to the xy plane. let τ be the constant 
tension per unit length of the membrane and ρ be the mass per unit area of the 
membrane. Then the equation for free vibration is given by

 τ∇2
w(x, y, t) = ρwtt(x, y, t) (6.113)

where x and y lie inside the region, Ω, occupied by the membrane as indicated in 
Figure 6.13. Here ∇2 is the Laplace operator. In rectangular coordinates this opera-
tor has the form

 ∇2
=

0
2

0x2
+

0
2

0y2
 (6.114)

The laplace operator takes on other forms if a different coordinate system is used. 
For example, a drumhead is best written in a circular coordinate system. For the 
rectangular system considered here, equation (6.113) becomes

 
0

2
w(x, y, t)

0x2
+

0
2
w(x, y, t)

0y2
=

1

c2
 
0

2
w(x, y, t)

0t2
 (6.115)

where c = 1τ>ρ. The boundary conditions for the membrane must be specified 
along the shape of the boundary, not just at points, as in the case of the string. If the 
membrane is fixed or clamped at a segment of the boundary, the deflection must 
be zero along that segment. If 0Ω is the curve in the xy plane corresponding to the 

a

�

y w(x,y,t)
z

x

b

Figure 6.13  A schematic of a 
rectangular membrane illustrating the 
vibration perpendicular to its surface. 
The boundary conditions are specified 
around the edge of the membrane (i.e., 
along the lines x = a, x = 0, y = b, 
and y = 0).
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edge of the membrane (i.e., the boundary of Ω), the clamped boundary condition 
is denoted by

 w(x, y, t) = 0 for x, y ∈ δΩ (6.116)

If for some segment of 0Ω, denoted by 0Ω1, the membrane is free to deflect trans-
versely, there can be no force component in the transverse direction, and the 
boundary condition becomes

 
0w(x, y, t)

0n
= 0 for x, y ∈ 0Ω1 (6.117)

Here, 0>0n denotes the derivative of w(x, y, t) normal to the boundary in the refer-
ence plane of the membrane. The following example illustrates the procedure for 
calculating the solution for a vibrating membrane.

Example 6.6.1

Consider the vibration of a square membrane, as indicated in Figure 6.13. The mem-
brane is clamped at all the edges. The equation of motion is given by equation (6.115). 
Compute the natural frequencies and mode shapes for the case a = b = 1.

Solution  Assuming that the solution separates [i.e., that w(x, y, t) = X(x)Y(y)T(t)], 
equation (6.115) becomes

 
1

c2
 
T
$

T
=

X″

X
+

Y″

Y
 (6.118)

This implies that T
$ >(Tc2) is a constant (recall the argument used in Example 6.2.1). 

Denote the constant by ω2, so that

 
T
$

Tc2
= -ω2 (6.119)

This assumption leads to the appropriate time solution as before. Then equation 
(6.118) implies that

 
X″

X
= -ω2

-
Y″

Y
 (6.120)

by the same argument as that used before, both X″>X and Y″>Y must be constant 
(i.e., independent of t and x or y). Hence

 
X″

X
= -α2 (6.121)

and

 
Y″

Y
= -γ2 (6.122)
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where α2 and γ2 are constants. Equation (6.120) then yields

 ω2
= α2

+ γ2 (6.123)

This results in two spatial equations to be solved,

 X″ + α2X = 0 (6.124)

which has a solution (A and B constants of integration) of the form

 X(x) = A sin αx + B cos αx (6.125)

and

 Y″ + γ2Y = 0 (6.126)

which yields a solution of the form (C and D are constants of integration)

 Y(y) = C sin γy + D cos γy (6.127)

The total spatial solution is the product X(x)Y(y) or

  X(x)Y(y) = A1 sin αx sin γy + A2 sin αx cos γy  
  + A3 cos αx sin γy + A4 cos αx cos γy (6.128)

Here the constants Ai consist of the products of the constants in equations (6.125) and 
(6.127) and are to be determined by the boundary and initial conditions.

Equation (6.128) can now be used with the boundary conditions to calculate the 
eigenvalues and eigenfunctions of the system. The clamped boundary condition along 
x = 0 in Figure 6.13 yields

T(t)X(0)Y(y) = T(t)(A3 sin γy + A4 cos γy) = 0

or

 A3 sin γy + A4 cos γy = 0 (6.129)

Now, equation (6.129) must hold for any value of y. Thus, as long as γ is not zero (a 
reasonable assumption, since if it is zero the system has a rigid-body motion), A3 and 
A4 must be zero. Hence the solution must have the form

 X(x)Y(y) = A1 sin αx sin γy + A2 sin αx sin γy (6.130)

Next, application of the boundary condition = 0 along the line x = 1 yields

 A1 sin α  sin γy + A2 sin α cos γy = 0 (6.131)

Factoring this expression yields

  sin α (A1 sin γy + A2 cos γy) = 0 (6.132)

Now either sin α = 0 or, by the preceding argument, A1 and A2 must be zero. However, 
if A1 and A2 are both zero, the solution is trivial. Hence for a nontrivial solution to exist, 
sin α = 0. This yields

 α = nπ n = 1, 2, c, ∞  (6.133)
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Using the boundary condition = 0 along the lines y = 1 and y = 0 results in a simi-
lar procedure and yields

 γ = mπ m = 1, 2, c, ∞  (6.134)

Note that the possibility of γ = α = 0 is not used because it was necessary to assume 
that γ ≠ 0 in order to derive equation (6.130). Equation (6.123) yields that the con-
stant ω in the temporal equation must have the form

 ωmn = 2αn
2

+ γm
2

 = π2m2
+ n2 m, n = 1, 2, 3, c, ∞

Thus the eigenvalues and eigenfunctions for the clamped membrane are, respectively, 

π2m2
+ n2 and {sin nπx sin mπy} (because A2 = a3 = a4 = 0). The solution of equa-

tion (6.115) becomes

  w(x, y, t) = a
∞

m = 1
a
∞

n = 1

(sin mπx sin nπy)5Amn sin 2n2
+ m2cπt 

 + Bmn cos 2n2
+ m2cπt6  (6.135)

where Amn and Bmn are determined by the initial conditions. To see this, multiply 
equation (6.135) by the mode shape (sin mπx sin nπy) and integrate the resulting equa-
tion over dx and dy along the edges of the membrane. because the set of functions 
{sin mπx sin nπy} is orthogonal, the summations are reduced to the single term

L
1

0 L
1

0

w(x, y, t) sin mπx sin nπy dx dy =
1

4
 (Amn cos ωmnct + Bmn sin ωmnct) (6.136)

Setting t = 0 to obtain the initial conditions in equation (6.136) yields

Amn = 4L
1

0 L
1

0

w(x, y, 0) sin mπx sin nπy dx dy

Differentiating equation (6.136) and setting t = 0 yields

Bmn =
4

ωnmc L
1

0 L
1

0

wt(x, y, 0) sin mπx sin nπy dx dy

These last two expressions yield the expansion coefficients in terms of the initial dis-
placement w(x, y, 0) and the initial velocity wt(x, y, 0).

The mode shapes of the membrane are the set of functions

wnm(x, y) = sin mπx sin nπy, m = 1, 2, c, n = 1, 2, c

The first mode corresponds to the index m = n = 1. If the initial velocity is zero [i.e., 
wt(x, y, 0) = 0], the coefficients Bmn are all zero. If, in addition, the initial displace-
ment w(x, y, 0) is chosen such that all the coefficients Amn are zero except for A11, the 
solution becomes the single term

w11(x, y, t) = (A11 sin ω11ct) sin πx sin πy
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where ω11 = π12. This last expression describes the fundamental mode shape of the 
membrane vibrating at the single frequency π12 rad>s.

Note from the expression for wnm that the frequency corresponding to m = 1, 
n = 2 will be the same as that corresponding to m = 2, n = 1 (i.e., ω12 = ω21 = π15). 
However, the mode shapes are different:

 w12(x, y, t) = (A12 cos cπ15t) sin πx sin 2πy

w21(x, y, t) = (A21 cos cπ15t) sin 2πx sin πy

Thus the membrane can vibrate the single frequency cπ15 in two different ways, 
exhibiting different nodal lines.

n

Note from this example that the mode shapes are functions of both x and y, so 
that the nodes of the modes of a membrane form a line of no motion along the mem-
brane when excited at a particular natural frequency. This turns out to be relatively 
simple to verify experimentally, adding credibility to the analysis presented here.

In progressing from the vibration of a string to considering the transverse 
vibration of a beam, the beam equation allowed for bending stiffness. In somewhat 
the same manner, a plate differs from a membrane because plates have bending 
stiffness. The reader is referred to Reismann (1988) for a more detailed explana-
tion and for a precise derivation of the plate equation. basically, the plate, like 
the membrane, is defined in a plane (xy) with the deflection w(x, y, t) taking place 
along the z axis perpendicular to the xy plane. The basic assumption is again small 
deflections with respect to the thickness h. Thus the plane running through the 
middle of the plate is assumed not to deform during bending (called a neutral plane 
or surface). In addition, normal stresses in the direction transverse to the plate are 
assumed to be negligible. Again there is no thickness stretch. The displacement 
equation of motion for the free vibration of the plate is

 -DE∇4
w(x, y, t) = ρwtt(x, y, t) (6.137)

where E again denotes the elastic modulus, ρ is the mass density, and the constant 
DE, the plate flexural rigidity, is defined in terms of Poisson’s ratio ν and the plate 
thickness h as

 DE =
Eh3

12(1 - ν2)
 (6.138)

The operator ∇4, called the biharmonic operator, is a fourth-order operator, the 
exact form of which depends on the choice of coordinate systems. In rectangular 
coordinates the biharmonic operator becomes

 ∇4
=

0
4

0x4
+ 2 

0
4

0x2
0y2

+
0

4

0y4
 (6.139)
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The boundary conditions for a plate are a little more difficult to write, as their form, 
in some cases, also depends on the coordinate system in use.

For a clamped edge the deflection and normal derivative, 0>0n, are both zero 
along the edge:

 w(x, y, t) = 0 and 
0w(x, y, t)

0n
= 0 for x, y along 0Ω (6.140)

Here the normal derivative is the derivative of w normal to the plate boundary and 
in the neutral plane. For a rectangular plate, the simply supported boundary condi-
tions become

  w(x, y, t) = 0  along all edges  (6.141)

  
0

2
w(x, y, t)

0x2
= 0  along the edges x = 0, x = l1 (6.142)

  
0

2
w(x, y, t)

0y2
= 0  along the edges y = 0, y = l2 

where l1 and l2 are the lengths of the plate edges and the second partial derivatives 
reflect the normal strains along these edges.

This plate model is basically a two-dimensional analog of the Euler–bernoulli 
beam and is referred to as thin plate theory. Hence it is limited to cases where shear 
deformation and rotary inertia are negligible. The plate equation can be improved 
by adding shear deformation and rotary inertia to produce a two-dimensional ana-
log of the Timoshenko beam. This is called Mindlin–Timoshenko theory and is not 
discussed here (see, e.g., Magrab, 1979).

6.7 MODELS OF DAMPING

The models discussed in the preceding six sections do not account for energy dis-
sipation. As in Section 4.5 for lumped-mass systems, damping can be introduced in 
two ways: either as modal damping or as a physical damping model. In modeling 
single-degree-of-freedom systems, viscous damping was used as much for math-
ematical convenience as for physical truth. This is the case here as well.

A simple procedure for including damping is to add it to the temporal equa-
tion after separation of variables. For example, consider the temporal equation for 
the string as given by equation (6.24):

T
$

n(t) + σn
2c2Tn(t) = 0 n = 1, 2, c
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These expressions yield the distributed parameter analog of equations (4.85) for 
a lumped-mass system and can be called modal equations. Modal damping can be 
added to equation (6.24) by including the term

 2ζnωnT
#

n(t) n = 1, 2, 3, c (6.143)

where ωn is the nth natural frequency and ζn is the nth modal damping ratio. The 
damping ratios ζn are chosen, like those of equation (4.123), based on experience or 
on experimental measurements. Usually, ζn is a small positive number between 0 
and 1, with most common values of ζn … 0.05.

Once the modal damping ratios are assigned, the damping term of equation 
(6.143) is added to equation (6.24) to yield

 T
$
(t) + 2ζnωnT

#
(t) + ωn

2Tn(t) = 0 n = 1, 2, 3, c (6.144)

where ωn = σnc. The solution, for an underdamped mode, becomes (see Window 6.5)

 Tn(t) = Ane-ζnωnt sin (ωdnt + ϕn) n = 1, 2, 3, c (6.145)

where ωdn = ωn21 - ζn
2 and where An and ϕn are constants to be determined by 

the initial condition. Once the temporal coefficients are determined, the rest of the 
solution procedure is the same as given in Section 6.2.

Window 6.5
Review of a Damped Single-Degree-of-Freedom System

The solution of mx
$

+ cx
#

+ kx = 0, x(0) = x0, x
#
(0) = x

#
0, or x

$
+ 2ζωnx

#
+

ω2x = 0 is (for the underdamped case 0 6 ζ 6 1)

x(t) = Ae-ζωnt sin (ωdt + ϕ)

where ωn = 1k>m, ζ = c>2mω, and

A = c (x
#
0 + ζωnx0)

2
+ (x0ωd)2

ωd
2

d 1>2 ϕ = tan-1 
x0ωd

x
#
0 + ζωnx0

from equations (1.36), (1.37), and (1.38).

Example 6.7.1

Calculate the response of the bar of Example 6.3.1 to an initial displacement of w(x, 0) =  
2(x>l) cm and an initial velocity of wt(x, 0) = 0. Assume that the bar exhibits modal damp-
ing of ζn = 0.01 in each mode.

Solution  From Example 6.3.1, the mode shapes are an sin [(2n - 1)πx>2l] and the 
undamped natural frequencies are

ωn = σnAE

ρ
=

(2n - 1)π

2l
 AE

ρ
  rad>s
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Since the modal damping ratio is chosen to be 0.01, the damped natural frequencies 
become

ωdn = ωn21 - ζn
2

= 0.9999 
2n - 1

2l
 πAE

ρ
  rad>s

From equation (6.145), the temporal solution becomes

Tn(t) = Ane-0.01ωnt sin(ωdnt + ϕn)

The total solution is then of the form

 w(x, t) = a
∞

n = 1

Ane-0.01ωnt sin(ωdnt + ϕn) sin 
2n - 1

2l
 πx (6.146)

Applying the initial condition yields (changing 2 cm to 0.02 m)

0.02 ax

l
b = a

∞

n = 1

An sin ϕnsin σnx

Multiplying the last expression by sin σmx and integrating over the length of the bar 
yields

0.02

l
 L

l

0

x sin σmx dx =
0.02

lσm
2

 (-1)m + 1
= a

∞

n = 1

An sin ϕnL
l

0

sin σnx sin σmx dx (6.147)

The integral on the right side is the orthogonality condition for the modes:

 L
l

0

sin σnx sin σmxdx = a l

2
b  δmn (6.148)

Substitution of the orthogonality conditions into the summation of (6.147) yields

 
0.02

lσm
2

 (-1)m + 1
= (Am sin ϕm)a l

2
b m = 1, 2, c (6.149)

which provides one equation in the two sets of unknown coefficients Am and ϕm. A 
second equation for the unknown coefficients Am and ϕm is obtained from the second 
initial condition. This yields

 wt(x, t) = 0

 = a
∞

n = 1

An3-0.01ωne-0.01ωnt sin (ωdnt + ϕn) + e-0.01ωntωdn cos (ωdnt + ϕn) 4  sin σnx

Again multiplying by sin σmx, integrating over the length of the beam, and using the 
orthogonality condition results in

0 = Am( -0.01ωn sin ϕm + ωdm cos ϕm) 
l

2
 m = 1, 2, c
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Since Am ≠ 0, the term in parentheses must be zero so that

tan ϕm =
21 - ζ2

0.01
= 99.9949 m = 1, 2, c

and hence ϕm = 1.5607, which is almost π>2 radians or 90°. Substitution of this value 
back into equation (6.149) yields

Am =
0.04

l2σm
2

 (-1)m + 1 m = 1, 2, c

Hence the general solution, from equation (6.146), becomes

 w(x, t) = a
∞

n = 1

a0.04

l2σn
2
 (-1)n + 1be-0.01ωnt cos ωdnt sin σnx (6.150)

where σn = (2n - 1)π>2l , ωn = σn1E>ρ, and ωdn = 0.9999ωn.
n

Next consider some physical models of damping. Again, as was the case for 
single- and lumped-parameter models, physical damping mechanisms are elusive 
and difficult to derive. Hence some common examples are presented here. First, 
consider the effects of an external damping mechanism, such as air. As a string, 
membrane, or beam in transverse vibration oscillates it pushes air around, causing 
an energy loss from a nonconservative force proportional to velocity [see blevins 
(1977) for a more complete explanation].

In some circumstances, this energy dissipation can be approximated as linear-
viscous damping of the form γwt(x, t), where γ is a constant damping parameter. In 
this case, the equation of a clamped–clamped string becomes

  ρAwtt(x, t) + γwt(x, t) - τωxx(x, t) = 0  

  w(0, t) = 0 = w(l, t) (6.151)

where ρA and τ are the density and tension as defined in equation (6.4) and l is the 
length of the string. The equation for a square membrane moving in a fluid and 
clamped around its edges becomes

  ρwtt(x, y, t) + γwt(x, y, t) - τ3wxx(x, y, t) + wyy(x, y, t)4 = 0 

  w(0, y, t) = w(l, y, t) = w(x, 0, t) = w(x, l, t) = 0 (6.152)

where ρ and τ are as defined in equation (6.113) and l is the length of the sides of 
the membrane.

Internal damping can be modeled by examining the various forces and mo-
ments involved in deriving the equations of motion. For example, consider the 
Euler–bernoulli bending vibration model given by equation (6.91), developed from 
Figure 6.10. One possible choice for internal damping is to assign a viscous damping 
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proportional to the rate of strain in the beam. The equation of motion for a beam 
with viscous air damping (external) and strain-rate damping (internal) is

ρAwtt(x, t) + γwt(x, t) + β 
0

2

0x2
 c I 

0
3
w(x, t)

0x2
0t
d +

0
2

0x2
 cEI 

0
2
w(x, t)

0x2
d = 0 (6.153)

For the clamped–free case, the boundary conditions become

 w(0, t) = wx(0, t) = 0  

 EIwxx(l, t) + βIwxxt(l, t) = 0  (6.154)

 
0

0x
 3EIwxx(l, t) + βIwxxt(l, t)4 = 0  

Here E, I, ρ, and A are as defined in equation (6.91) and γ and β are constant 
damping parameters. If I(x) is constant, the boundary conditions and equation of 
motion can be somewhat simplified. Note that the inclusion of strain-rate damping 
changes the boundary conditions as well as the equation of motion. For constant 
I(x), the change in the boundary condition does not affect the solution. See Cudney 
and Inman (1989) for an experimental verification of these equations of motion. 
Strain-rate damping is also called Kelvin–Voigt damping.

The solution technique for systems with the preceding physical damping 
models remains the same for constant parameters (i.e., E, I, ρ constant) as for the 
undamped case. This is so because these damping terms are all proportional to the 
effective mass and stiffness terms as in the lumped-parameter case. Caughey and 
O’Kelly (1965) present a more detailed explanation. The following example illus-
trates the use of modal analysis to solve the proportionally damped case.

Example 6.7.2

Calculate the solution of the damped string, equation (6.151), by modal analysis. 
Equation (6.151) is first restated by using separation of variables [i.e., by substituting 
w(x, t) = T(t)X(x)]. This yields

ρAT
$

+ γT
#

τT
=

X″

X
= constant = -σ2

This results in two equations: one in time and one in space. The spatial equation 
X″(x) + σ2X(x) = 0 is subject to the two boundary conditions. This problem was 
solved in Section 6.2, which resulted in Xn(x) = an sin (nπx> l) and σn = nπ> l, for 
n = 1, 2, c. Substitution of these values into the preceding temporal equation 
yields

 T
$

n(t) +
γ

ρA
 T

#

n(t) +
τ

ρA
 anπ

l
b2

 Tn(t) = 0 (6.155)
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Comparing the coefficient of T
#

n(t) with 2ζnωn yields

 ζn =
1

2ωn

 
γ

ρA
=

γ l

2nπ1τρA
 (6.156)

The solution of the temporal equation (6.155) yields (see Window 6.4)

Tn(t) = Ane-ζnωnt sin(ωdnt + ϕn)

where ωdn = ωn21 - ζn
2. The total solution becomes

w(x, t) = a
∞

n = 1

 Ane-ζnωnt sin (ωdnt + ϕn) sin 
nπx

l

where An and ϕn are constants to be determined by the initial conditions using the 
orthogonality relationship.

n

Damping can also be modeled at the boundary of a structure. In fact, in many 
cases more energy is dissipated at joints or points of connection than through 
internal mechanisms such as strain-rate damping. For example, the longitudinal 
vibration of the bar of Section 6.5 could be modeled as being attached to a lumped 
spring–damper system as indicated in Figure 6.14.

The equation of motion remains as given in equation (6.56). However, sum-
ming forces in the x direction at the boundary yields

  AE 
0w(0, t)

0x
= kw(0, t) + c 

0w(0, t)

0t
 

  AE 
0w(l, t)

0x
= -kw(l, t) - c 

0w(l, t)

0t
 (6.157)

These new boundary conditions affect both the orthogonality conditions and the 
system’s temporal solution.

0

c

k

x

l

c

k

Figure 6.14  A clamped–clamped bar in longitudinal vibration with the point of 
attachment to ground modeled as providing viscous damping c and stiffness k.
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6.8 MODAL ANALYSIS OF THE FORCED RESPONSE

The forced response of a distributed-parameter system can be calculated using 
modal analysis just as in the lumped-parameter case of Section 4.6. The approach 
again uses the orthogonality condition of the unforced system’s eigenfunctions to 
reduce the calculation of the response to a system of decoupled modal equations 
for the time response. The procedure is summarized in Window 6.6 and illustrated 
by a simple example.

Window 6.6
Modal Analysis of the Total Forced Response for Distributed-Parameter Systems

 1. Compute the normalized mode shapes and natural frequencies of the 
undamped, homogenous system; Xn(x) and ωn.

 2. Assume separation of variables of the form w(x, t) = Xn(x)Tn(t) and 
substitute this in to the equation of motion.

 3. Multiply the result of step 2 by Xn(x) and integrate over the structure 
(length of the structure in case of a string, rod, bar, or beam) which re-
sults in an equation for Tn(t) driven by the modal forcing function, fn(t) 
given by

fn(t) = L
l

0

F(x, t)Xn(x)dx

 4. Solve the resulting second order, ordinary differential equation in time 
for the form of Tn(t) using the methods of Chapters 2 and 3, for single-
degree-of-freedom systems.

 5. Compute the modal initial conditions for each Tn(t) from the given initial 
conditions w(x, 0) and wt(x, 0) by substituting w(x, t) = Xn(x)Tn(t) and 
integrating across x:

 w(x, 0) = Xn(x)Tn(0) 1 Tn(0) = L
l

0

Xn(x)w(x, 0) dx

 wt(x, 0) = Xn(x)T
#

n(0) 1 T
#

n(0) = L
l

0

Xn(x)wt(x, 0) dx

 6. Solve for the initial conditions in the expression for Tn(t) obtained in 
step 4 along with the appropriate modal forcing function.

 7. Form the summation for the total response: w(x, t) = a
∞

n = 1

Xn(x)Tn(t).
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Example 6.8.1

Calculate the forced response of the string fixed at both ends (discussed in Section 6.2) 
with external damping coefficient γ, subject to unit impulse applied at l>4, where l is 
the length of the string. Assume that the initial conditions are both zero.

Solution  The equation of motion is

 ρAwtt(x, t) + γwt(x, t) - τwxx(x, t) = f(x, t) (6.158)

where f(x, t) = δ(x – l>4)δ(t). Here δ(x – l>4) is a Dirac delta function indicating that 
the unit force is applied at x = l>4 and δ(t) indicates that the force is applied at time 
t = 0. The boundary conditions are w(0, t) = (l, t) = 0. The eigenfunctions of the 
undamped, unforced clamped–clamped string are given by equation (6.22) to be of the 
form

Xn(x) = an sin 
nπx

l

obtained by using the method of separation of variables.
The modal analysis procedure continues by assuming that the solution is of the 

form wn(x, t) = Tn(t)Xn(x), substituting this form into equation (6.158), multiplying 
by Xn(x), integrating over the length of the string, and solving for Tn(t). Following this 
procedure, equation (6.158) becomes

eρAT
$

n(t) + γT
#

n(t) - τ c - anπ

l
b2 dTn(t) f  sin 

nπx

l
= δ ax -

1

4
b  δ(t)

where the constant coefficient an of Xn has been arbitrarily set equal to unity. Multiplying 
by sin (nπx>l) and integrating yields

c ρAT
$

n(t) + γT
#

n(t) + τ anπ

l
b2

Tn(t) d  l

2
 

 = δ(t)L
l

0

δ(x - l>4) sin 
nπx

l
 dx = δ(t)asin 

nπ

4
b

Rewriting this expression in the form of single-degree-of-freedom oscillator yields

 T
$

n(t) +
γ

ρA
 T

#

n(t) + acnπ

l
b2

Tn(t) = a 2

lρA
 sin 

nπ

4
bδ(t) n = 1, 2, c (6.159)

where c = 1τ>ρA as before. Equation (6.159) can be written in terms of the modal 
damping ratio, natural frequency, and input magnitude by comparing the coef-
ficients to

T
$

n(t) + 2ζnωnT
#

n(t) + ωn
2Tn(t) = Fnnδ(t) n = 1, 2, c
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which has solution given by equations (3.7) and (3.8) and repeated in Window 6.7. 
Comparing coefficients between the expressions in Window 6.5 and equation (6.159) 
yields (for n = 1, 2, 3, c)

 ωn =
cnπ

l
=

nπ

l
 A τ

ρA

 Fnn =
2

lρA
 sin 

nπ

4

 ζn =
γl

2cn π ρA
=

γl

2n π 1τρA

Similarly, the nth damped natural frequency becomes

 ωdn = ωn21 - ζn
2

=
cnπ

l
 B1 -

γ2l2

4c2n2π2ρ2A2
 n = 1, 2, 3, c

 =
1

2ρAl
 2(2cnπρA)2

- γ2l2 n = 1, 2, 3, c

Substitution of these values for ωn, ωdn, ζn, and Fnn into the expression of Window 6.7 
yields that the solution for the nth temporal equation becomes

 Tn(t) =
Fnn

ωdn

 e-ζnωnt sin ωdnt

 =
4 sin(nπ>4)2(2ρAcnπ)2

- (γ l)2
 e-γ t>2ρ A sin c 1

2ρlA
 2(2ρAcnπ)2

- (γl)2t d
Window 6.7

Solution of the Single-Degree-of-Freedom Impulse Response

The response of an underdamped single-degree-of-freedom system to an im-
pulse modeled by

mx
$

+ cx
#

+ kx = Fnδ(t)

where δ(t) is a unit impulse, is given by equations (3.7) and (3.8) as

x(t) =
Fn

mωd

 e-ζωnt sin ωdt

where ωn = 1k>m, ζ = c>2mωn, ωd = ωn21 - ζ2, and 0 6 ζ 6 1 must hold.
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Combining this with Xn = sin (nπx> l) and forming the summation over all modes, the 
total solution becomes

w(x, t) = a
∞

n = 1

 
4 sin(nπ>4)2(2ρAcnπ)2

- (γl)2
 e-γt>2ρA sin c a 1

2ρlA
 2(2ρAcnπ)2

- (γl)2b t d  sin  
nπx

l
 

(6.160)

This represents the solution of the damped string subject to a unit impulse applied at 
l>4 units from one end. Similar to the series solutions for the free response, the series 
must converge, and hence not all terms need to be calculated to obtain a reasonable 
solution. In fact, usually only the first few terms need be calculated, as illustrated in 
Figure 6.6 for a similar example.

n

The response of a single-degree-of-freedom system to an impulse can be used 
to calculate the response of any general force input by use of the impulse response 
functions. This was illustrated in Section 3.2. The response of a distributed-parameter 
system to an arbitrary force input can also be calculated using the concept of an im-
pulse response function by defining a modal impulse response function.

The solution for the general forced response of an underdamped single-degree-of-
freedom system as detailed in Section 3.2 is summarized in Window 6.8. Following the 
reasoning used in Example 6.8.1 for the impulse response and referring to Window 6.8, 
the response of a damped distributed-parameter system to any force can be calculated. 
As in the case of the impulse response, the method is best illustrated by example.

Window 6.8
Response of an Underdamped System to an Arbitrary Excitation from Section 3.2

The response of an underdamped system

mx
$

+ cx
#

+ kx = F(t)

(with zero initial conditions) is given by (for 0 6 ζ 6 1)

x(t) =
1

mωd

 e-ζωnt

L
t

0

F(τ) eζωnτ sin ωd(t - τ) dτ

where ωn = 1k>m, ζ = c>2mωn, and ωd = ωn21 - ζ2. With nonzero initial 
conditions this becomes

x(t) = Ae-ζωnt sin (ωdt + ϕ) +
1

ωd

 e-ζωnt

L
t

0

f(τ) eζωnτ sin ωd(t - τ) dτ

where f = F>m and A and ϕ are constants determined by the initial conditions.
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Example 6.8.2

A rotating machine is mounted on the second floor of a building as illustrated in Figure 6.15. 
The machine excites the floor support beam with a force of 100 N at 3 rad>s. Model the 
floor support beam as an undamped simply-supported Euler–bernoulli beam and calculate 
the forced response.

l

0

y

Physical model Vibration model 

x

100 sin 3t

l/2

w(x, t)

l

Figure 6.15  A model of a building with an out-of-balance rotating machine 
mounted in the middle of the second floor over a support beam. The vibration 
model is simplified to be that of a harmonic force applied to the center of a 
simply-supported beam.

Solution  The sketch on the right side of Figure 6.15 suggests that a reasonable model 
for the vibration is given by equation (6.92) and boundary conditions given by equa-
tion (6.95) with a driving force of 100 sin 3t. Hence the problem is to solve

 wtt(x, t) + c2
wxxxx(x, t) = 100 sin 3t δax -  

l

2
b  (6.161)

subject to w(0, t) = (l, t) = wxx(0, t) = wxx(l, t) = 0, where c = 1EI>ρA. Note that 
the harmonic time dependence of the input force suggests that equation (2.8) will be used 
to solve the temporal equation. The Dirac delta function in equation (6.161) is used to de-
note that the force is applied only at the point l>2 and not everywhere along x. First, sepa-
ration of variables is used to calculate the spatial mode shapes using the homogeneous 
version of equation (6.161). To this end, let w(x, t) = T(t)X(x) in equation (6.161) so that

T
$
(t)

T(t)
= -c2 

X⁗(x)

X(x)
= -ω2

following equation (6.97). This leads to equations (6.98) and (6.102), so that the solu-
tion of the spatial equation is given by equation (6.102):

 X(x) = α1 sin βx + α2 cos βx + α3 sinh βx + α4 cosh βx (6.162)

Here β4
= ρAω2>EI. Applying the four boundary conditions given in equations (6.95) 

yields the desired eigenfunctions. The deflection must be zero at x = 0 [i.e., X(0) = 0] so 



Sec. 6.8    Modal Analysis of the Forced Response 561

that a2 + a4 = 0. Similarly, the bending moment must vanish at x = 0 [i.e., X″(0) = 0] 
so that –a2 + a4 = 0. Hence a2 = a4 = 0 is required to satisfy the boundary conditions 
at x = 0. Thus equation (6.162) for the spatial solution reduces to

 X(x) = α1 sin βx + α3 sinh βx (6.163)

Applying the boundary condition at x = l yields

 α1 sin βl + α3 sinh βl = 0  (6.164)

 -α1 sin βl + α3 sinh βl = 0  (6.165)

which has the solution a3 = 0 and sin βl = 0. Hence the characteristic equation is 
sin βl = 0, which yields βl = nπ, and the eigenfunction becomes

 Xn(x) = An sin 
nπx

l
 n = 1, 2, c (6.166)

Recalling that β4
= ρAω2>EI yields

 ω = ωn = AEI

ρA
 anπ

l
b2

 n = 1, 2, c (6.167)

It is convenient at this point to normalize the eigenfunction given by equation (6.166). 
Following the definition of Chapter 4 for vectors, a set of eigenfunctions Xn(x) is said 
to be normal if for each value of n

 L
l

0

Xn(x)Xn(x)dx = 1 (6.168)

As in the case of eigenvectors, the normalization condition fixes the arbitrary con-
stant associated with the eigenfunction. The constant An in equation (6.166) can be 
determined by substitution of the eigenfunction Xn(x) = An sin (nπx> l) into equation 
(6.168). This yields

An
2 L

l

0

sin2 
nπx

l
 dx = 1

Performing the indicated integration yields

An
2 

l

2
= 1 or An = 12>l

so that the normalized eigenfunction becomes

 Xn(x) = A2

l
 sin 

nπx

l
 n = 1, 2, c (6.169)
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These are also referred to as normalized mode shapes. These functions also have the 
property that

 L
l

0

Xn(x)Xm(x)dx = 0 m ≠ n (6.170)

which is an orthogonality condition similar to that for eigenvectors. If a set of functions 
Xn(x) satisfied both equations (6.170) and (6.168) for all combinations of the index n, it 
is said to be an orthonormal set.

Continuing with the modal analysis solution of equation (6.161), substitution of 
the form w(x, t) = Tn(t)Xn(x) into the equation of motion yields

 T
$

n(t)Xn(x) + c2Tn(t)X⁗n  (x) = 100 sin 3t δ ax -
l

2
b  (6.171)

From the equation that follows (6.161), X⁗n = (ωn
2 >c2)Xn(x). Substitution of this into 

(6.171) yields

 3T$n(t) + ωn
2Tn(t)4Xn(x) = (100 sin 3t)δ ax -  

l

2
b  (6.172)

Multiplying equation (6.172) by Xn(x) and integrating over the length of the beam 
yields

 T
$

n(t) + ωn
2Tn(t) = 100 sin 3tA2

l
 L

l

0

δ ax -  
l

2
bsin 

nπx

l
 dx (6.173)

where the normalization condition is used to evaluate the integral on the left side of 
equation (6.173). Evaluating the integral on the left side yields

  T
$

n(t) + ωn
2Tn(t) = A2

l
 100 sin 3t sin 

nπ

2
 n = 1, 2, 3, c  (6.174)

or

  T
$

n(t) +
EI

ρA
 anπ

l
b4

 Tn(t) = 0, n = 2, 4, 6, c  (6.175)

  T
$

n(t) +
EI

ρA
 anπ

l
b4

Tn(t) = A2

l
 100 sin 3t n = 1, 5, 9, c (6.176)

  T
$

n(t) +
EI

ρA
 anπ

l
b4

Tn(t) = -A2

l
 100 sin 3t n = 3, 7, c  (6.177)

where equation (6.167) has been used to evaluate ωn
2.

Since the forced response is of interest here, the solution for Tn(t) for even 
values of the index n determined by equation (6.175) is zero (zero force input and 
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zero initial conditions). The solution to equations (6.176) and (6.177) is given by 
equation (2.7) as

 Tn(t) =
10012>l

(EI>ρA)(nπ>l)4
- 9

 sin 3t n = 1, 5, 9, c (6.178)

and

 Tn(t) =
-10012>l

(EI>ρA)(nπ>l)4
- 9

 sin 3t n = 3, 7, 11, c (6.179)

The forced response of the floor beam is then given by the series

 w(x, t) = a
∞

n = 1

Tn(t)Xn(x) (6.180)

with Tn and Xn as indicated in equations (6.169), (6.178), and (6.179). Writing out the 
first few nonzero terms of this solution yields

w(x, t) =  

200

l
 c sin -(πx>l)

(π4 EI>l4ρA) - 9
-

sin -(3πx>l)
(81π4 EI>l4ρA) - 9

+
sin -(5πx>l)

(625π4 EI>l4ρA) - 9
 c d  sin 3t 

(6.181)

Given values of the material parameters ρ, E, and the dimension of the support beam 
l, I, and A, equation (6.181) describes the forced response of the beam in the model 
of the vibration of a building floor due to a rotating machine mounted above it, as 
sketched in Figure 6.15.

n

Example 6.8.3

Consider the camera mounted on a square shaft in Figure 6.16. Use Tables 6.3 and 6.5 
to compute the first three natural frequencies and then compute the magnitude of the 
first mode forced response to a wind load providing a torque of M0 = 15 * L Nm at 

J1

Wind

Camera

Mounting
bracket

L

⇒ 

�J�tt(x,t) � �G�xx(x,t) � M0 cos �t�(x �   )

�(x, t)

M0 cos �t

Figure 6.16  A distributed model of a 
mounting bracket for a security camera.
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a frequency of ω = 10 Hz. Model the camera in torsional vibration as suggested in the 
figure. The mounting bracket is a solid piece of aluminum 0.02 * 0.02 m in cross sec-
tion, with J = 2.667 * 10-8 m4, density 2.7 * 103 kg>m3, shear modulus 2.67 * 1010 N, 
and shaft length / = 0.55 m. The camera has length L = 0.2 m, with mass m = 3 kg. 
Approximate the rotational inertia of the camera by J1 = mL2.

Solution  Following Example 6.8.2, first compute the solution of the eigenvalue prob-
lem for the free response. The equation of motion for the free response is given in 
equation (6.67) by

θtt(x, t) =
Gγ

ρJ
 θxx(x, t), θ(0, t) = 0 and γGθx(/, t) = -J1θtt(/, t)

Here γ is the torsional constant of Table 6.3. Using separation of variables to obtain 
the frequency equation yields

φ(x)T
$
(t) =

Gγ

ρJ
 φ″(x)T(t), φ(0)T(t) = 0, and γGφ=(/)T(t) = -J1φ(/)T

$
(t)

Rearranging and simplifying reveals the eigenvalue problem

φ″(x)

φ(x)
=

ρJ

Gγ
 
T
$
(t)

T(t)
= -σ2, φ(0) = 0, 

γG

J1

 
φ=(/)

φ(/)
= -

T
$
(t)

T(t)
=

σ2Gγ

ρJ

The spatial equation is then summarized as

 φ″(x) + σ2φ(x) = 0 1  φ(x) = a sin σx + b cos σx

 φ(0) = 0

 γGρJφ′(/) = γσ2GJ1φ(/)

Substitution of the solution form into the first boundary condition yields that b = 0, 
so that the eigenfunctions will have the form φ(x) = a sin σx. Substitution of this form 
into the boundary condition at x = / yields the characteristic equation

ρJaσ cos σ/ = σ2J1a sin σ/ 1  tan σl = aρ/J

J1

b  
1

σ/

This characteristic equation is transcendental and must be solved numerically 
for the values of σ/, similar to the calculation made in Example 6.2.3. Thus, σ will de-
pend on the index n as there are an infinite number of solutions, σn.The inertia of the 
camera is computed from

J1 = mL2
= 3(0.2)2

= 0.12 kg # m2

With the values given, the first three numerical values of the solutions of the transcen-
dental equation yield

σ1/ = 0.0182, σ2/ = 3.1417, σ3/ = 6.2832.
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Note that the values of σn/ quickly approach nπ as n increases. Forming the temporal 
equation

T
$

n(t) +
γG

ρJ
 σn

2Tn(t) = 0

the natural frequency is related to σn/ by

ωn =
σn/

/
 BγG

ρJ
 rad>s

Using the numerically computed values of σn/ and the given data,

ω1 = 95.392 rad>s ω2 = 1.6497 * 104 rad>s ω3 = 3.2994 * 104 rad>s
Next. consider the first mode solution (n = 1) for the force response. Note that after 
the second index, the driving frequency is well away from the modal frequency. The 
modal solution then takes on the form

(ρJT
$

1(t) + γGσ1
2T1(t))a1 sin σ1x = M0 cos ωt δ(x - /)

Normalizing the arbitrary constant an = 1 and multiplying the first mode equation by 
sin σ1x yields (using the normality of sin σ1x)

(ρJT
$

1(t) + γGσ1
2T1(t)) 

/

2
= M0 cos ωtL

/

0

sin σ1x δ(x - /)dx

1 ρJT
$

1(t) + γGσ1
2T1(t) =

2M0

/
 sin σ1/ cos ωt

This last expression can be solved for the particular solution using the method of 
Section 2.1. Dividing by the leading coefficient yields

T
$

1(t) + ω1
2T1(t) =

2M0

/ρJ
 (0.0182) cos ωt

From Example 2.1.2, the magnitude of the force response is

 ̀
2f0

ωn
2

- ω2
` = ` 2(0.0182) M0>/ρJ

ωn
2

- ω2
`

 = ` 2(0.0182)(15 # 0.2)>(0.55 # 2.7 * 103 # 2.667 * 10-8)

95.39212
- 62.8322

` = 0.3764

n

The modal analysis calculations used in Examples 6.8.1, 6.8.2, and 6.8.3 as well 
as the example in Section 6.7 can be outlined for a general case just as for lumped-
parameter systems in Chapter 4. This is summarized in Window 6.4 and again here. 
Modal analysis proceeds by substitution of the separation-of-variables form

w(x, t) = Xn(x)Tn(t)
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into the equation of motion. This leads to two equations: one a boundary-value 
problem in Xn(x) and the other an initial-value problem in Tn(t). The boundary con-
ditions are applied to the solution of the spatial equation for Xn(x). This yields the 
eigenvalues (natural frequencies) and eigenfunctions (mode shapes) of the system. 
This step yields the same type of information as solving the eigenvalue problems 
for the matrix M–1>2KM–1>2 for lumped-mass systems. Next the eigenfunctions are 
normalized by using equation (6.168).

With the functions Xn(x) completely determined and the natural frequencies 
known, the temporal equation for the function Tn(t) can be solved by substitution 
of w(x, t) = Tn(t)Xn(x) into the equation of motion and the initial conditions. With 
Tn(t) known for all n, the total solution is assembled as the sum

 w(x, t) = a
∞

n = 1

Tn(t)Xn(x) (6.182)

This equation is also called the expansion theorem. Certain mathematical arguments 
need to be made to check the convergence of this infinite series [see, e.g., Inman (2006)], 
but these are beyond the scope of presentation here. In many cases it suffices to use just 
a few of the first terms in the series to compute a meaningful approximation to the solu-
tion. Chapter 8 discuss more about approximating the solution given in equation (6.182).

As mentioned in Window 6.4 and confirmed in Example 6.5.2, the separation of 
variables>modal-analysis approach does not always work. That is, it is often difficult or 
even impossible to separate the governing partial differential equations into a separate 
spatial equation and a separate temporal equation. This happens, for instance, in at-
tempting to solve the Timoshenko beam equation because of the cross term

0
4
w(x, t)

0x2
0t2

which involves derivatives of both variables, and because of the existence of a fourth 
time derivative. However, because the Euler–bernoulli beam mode shapes are as-
sumed to be satisfactory for use with the Timoshenko method, a separated solution is 
assumed by writing w(x, t) as a product of T(t) and the assumed mode shape. This works 
in Example 6.5.2. Many other distributed-parameter vibration problems cannot be 
directly solved by the analytical approach of separation of variables. Hence, a number 
of approximate approaches have been developed, such as assuming the mode shape 
(called the assumed mode method), as is done in Example 6.5.2. Other approximate 
methods are developed in detail in Chapter 8. For distributed-parameter structures 
complicated beyond the simple configurations considered in this chapter, the finite ele-
ment of Chapter 8 or similar approximation method must be used for vibration analysis.

PROBLEMS

Section 6.2 (Problems 6.1 through 6.8)

 6.1. Compute the first two natural frequencies of a fixed–fixed string with density ρA =  0.6 g>m, 
tension of 100 N, and length l = 330 mm.

 6.2. Prove the orthogonality condition of equation (6.28).
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 6.3. Calculate the orthogonality of the modes in Example 6.2.3.

 6.4. Plot the first four modes of Example 6.2.3 for the case l = 1 m, k = 800 N>m, and 
τ = 800 N>m.

 6.5. Consider a cable that has one end fixed and one end free. The free end cannot sup-
port a transverse force, so that wx(l, t) = 0. Calculate the natural frequencies and 
mode shapes.

 6.6. Calculate the coefficients cn and dn of equation (6.27) for the system of a clamped–clamped 
string to the initial displacement given in Figure P6.6 and an initial velocity of wt(x, 0) = 0.

w(x,0)

l

0 l/2 l
x Figure P6.6  The initial displacement 

(mm) for the string of Problem 6.6.

 6.7. Plot the response of the string in Problem 6.6 for the piano string of Example 6.2.2 
(l = 1.4 m, m = 110 g, τ = 11.1 * 104 N) at x = l>4 and x = l>2, using 3, 5, and 10 
terms in the solution.

 *6.8. Consider the clamped string of Problem 6.6. Calculate the response of the string to the 
initial condition

w(x, 0) = sin 
3πx

l
 wt(x, 0) = 0

Plot the response at x = l>2 and x = l>4, for the parameters of Example 6.2.2.

Section 6.3 (Problems 6.9 through 6.31)

 6.9. Calculate the natural frequencies and mode shapes for a free–free bar. Calculate the 
temporal solution of the first mode.

 6.10. Calculate the natural frequencies and mode shapes of a clamped–clamped bar.

 6.11. It is desired to design a 4.5-m clamped–free bar such that its first natural frequency is 
1878 Hz. Of what material should it be made?

 6.12. Suppose that for a particular bar, A(x) is not constant. Show that the temporal solution of

0

0x
 aEA(x) 

0w(x, t)

0x
b = ρA(x) 

0
2
w(x, t)

0t2

is still of the form T(t) = A sin ωnt + B cos ωnt, where ωn is proportional to 1E>ρ.

 6.13. Compare the natural frequencies of a clamped–free 1-m aluminum bar to that of a 1-m 
bar made of steel, a carbon composite, and a piece of wood.

 6.14. Derive the boundary conditions for a clamped–free bar with a solid lumped mass of 
mass M attached to the free end.

 6.15. Calculate the mode shapes and natural frequencies of the bar of Problem 6.12. State 
how the lumped mass affects the natural frequencies and the mode shapes.

 *6.16. Calculate and plot the first three mode shapes of a clamped–free bar.
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 *6.17. Calculate and plot the first three mode shapes of a clamped–clamped bar and compare 
them to the plots of Problem 6.16.

 *6.18. Calculate and compare the eigenvalues of the free–free, clamped–free, and clamped–
clamped bar. Are they related? What does this state about the system’s natural frequencies?

 6.19. Consider the nonuniform bar of Figure P6.19, which changes cross-sectional area as 
indicated in the figure. In the figure, A1, E1, ρ1, and l1 are the cross-sectional area, 
modulus, density, and length of the first segment, respectively, and A2, E2, ρ2, and l2 
are the corresponding physical parameters of the second segment. Determine the 
characteristic equation.

x

0 l1
l1 � l2

A1 E1 �1 A2 E2 �2

Figure P6.19  A bar with two 
separate cross-sectional areas made 
of two different materials.

 6.20. Show that the solution obtained to Problem 6.19 is consistent with that of a uniform bar.

 6.21. Calculate the first three natural frequencies for the cable and spring system of 
Example 6.2.3 for l = 1, k = 100, τ = 100 (SI units).

 6.22. Calculate the first three natural frequencies of a clamped–free cable with a mass 
of value m attached to the free end. Compare these to the frequencies obtained in 
Problem 6.19 if you also worked that problem.

 6.23. Calculate the boundary conditions of a bar fixed at x = 0 and connected to ground 
through a mass and a spring as illustrated in Figure P6.23.

�, A, I

x

m

kl

Figure P6.23  A beam with a tip 
mass connected to ground via a 
spring.

 6.24. Calculate the natural frequency equation for the system of Problem 6.23.

 6.25. Estimate the natural frequencies of an automobile frame for vibration in its longitudinal 
direction (i.e., along the length of the car) by modeling the frame as a (one-dimensional) 
steel bar.

 6.26. Consider the first natural frequency of the bar of Problem 6.23 with k = 0 and Table 
6.2, which is fixed at one end and has a lumped-mass, M, attached at the free end. 
Compare this to the natural frequency of the same system modeled as a single-degree-
of-freedom spring–mass system given in Figure 1.23. What happens to the comparison 
as M becomes small and goes to zero?

 6.27. Following the line of thought suggested in Problem 6.26, model the system of Problem 6.23 
as a lumped-mass single-degree-of-freedom system and compare this frequency to the first 
natural frequency obtained in Problem 6.24 if you solved that.
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 6.28. Calculate the response of a clamped–free bar to an initial displacement of 1 cm at the 
free end and a zero initial velocity. Assume that ρ = 7.8 * 103 kg>m3, a = 0.001 m2, 
E = 1010 N>m2, and l = 0.5 m. Plot the response at x = l and x = l >2 using the first 
three modes.

 6.29. Repeat the plots of Problem 6.28 for 5 modes, 10 modes, 15 modes, and so on, to answer 
the question of how many modes are needed in the summation of equation (6.27) in 
order to yield an accurate plot of the response for this system.

 6.30. A moving bar is traveling along the x axis with constant velocity and is suddenly stopped 
at the end at x = 0, so that the initial conditions are w(x, 0) = 0 and wt(x, 0) = v. 
Calculate the vibration response.

 6.31. Calculate the response of the clamped–clamped string of Section 6.2 to a zero initial veloc-
ity and an initial displacement of w0(x) = sin (2πx>l). Plot the response at x = l>2.

Section 6.4 (Problems 6.32 through 6.41)

 6.32. Calculate the first three natural frequencies of torsional vibration of a shaft of Figure 6.7 
clamped at x = 0, if a disk of inertia J0 = 10 kg # m2>rad is attached to the end of the 
shaft at x = l. Assume that l = 0.5 m, J = 5 m4, G = 2.5 * 109 Pa, ρ = 2700 kg>m3.

 6.33. If you worked Problem 6.32, compare the frequencies calculated in that problem to the 
frequencies of the lumped-mass single-degree-of-freedom approximation of the same 
system.

 6.34. Calculate the natural frequencies and mode shapes of a shaft in torsion of shear modu-
lus G, length l, polar inertia J, and density ρ that is free at x = 0 and connected to a 
disk of inertia J0 at x = l.

 6.35. Consider the lumped-mass model of Figure 4.21 and the corresponding three-degree-
of-freedom model of Example 4.8.1. let J1 = k1 = 0 in this model and collapse it to a 
two-degree-of-freedom model. Comparing this to Example 6.4.1, it is seen that they are a 
lumped-mass model and a distributed-mass model of the same physical device. Referring 
to Chapter 1 for the effects on lumped stiffness of a rod in torsion (k2), compare the fre-
quencies of the lumped-mass two-degree-of-freedom model with those of Example 6.4.1.

 6.36. The modulus and density of a 1-m aluminum rod are E = 7.1 * 1010 N>m2, G = 2.7 *  
1010 N>m2, and ρ = 2.7 * 103 kg>m3. Compare the torsional natural frequencies with 
the longitudinal natural frequencies for a free–clamped rod.

 6.37. Consider the aluminum shaft of Problem 6.32. Add a disk of inertia J0 to the free end 
of the shaft. Plot the torsional natural frequencies versus increasing the tip inertia 
J0 of a single-degree-of-freedom model and for the first natural frequency of the 
distributed-parameter model in the same plot. Are there any values of J0 for which 
the single-degree-of-freedom model gives the same frequency as the fully distrib-
uted model?

 6.38. Calculate the mode shapes and natural frequencies of a bar with circular cross sec-
tion in torsional vibration with free–free boundary conditions. Express your answer in 
terms of G, l, and ρ.

 6.39. Calculate the mode shapes and natural frequencies of a bar with circular cross section 
in torsional vibration with fixed boundary conditions. Express your answer in terms of 
G, l, and ρ.
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 6.40. Consider the torsional vibrations of a fixed–free shaft and compare the torsional fre-
quencies to its longitudinal vibrations.

 6.41. Compute the mode shapes and natural frequencies for a fixed-spring shaft of Table 6.5.

Section 6.5 (Problems 6.42 through 6.49)

 6.42. Calculate the natural frequencies and mode shapes of a clamped–free beam. Express 
your solution in terms of E, I, ρ, and l. This is called the cantilevered beam problem.

 *6.43. Plot the first three mode shapes calculated in Problem 6.40. Next calculate the strain-
mode shape [i.e., X′(x)], and plot these next to the displacement-mode shapes X(x). 
Where is the strain the largest?

 6.44. Derive the general solution to a fourth-order ordinary differential equation with con-
stant coefficients of equation (6.100) given by equation (6.102).

 6.45. Derive the natural frequencies and mode shapes of a pinned–pinned beam in trans-
verse vibration. Calculate the solution for w0(x) = sin 2πx> l and w

#
0(x) = 0.

 6.46. Derive the natural frequencies and mode shapes of a fixed–fixed beam in transverse 
vibration.

 6.47. Show that the eigenfunctions or mode shapes of Example 6.5.1 are orthogonal. Make 
them normal.

 6.48. Derive equation (6.109) from equations (6.107) and (6.108).

 6.49. Show that if shear deformation and rotary inertia are neglected, the Timoshenko equa-
tion reduces to the Euler–bernoulli equation and the boundary conditions for each 
model become the same.

Section 6.6 (Problems 6.50 through 6.54)

 6.50. Calculate the natural frequencies of the membrane of Example 6.6.1 for the case that 
one edge x = 1 is free.

 6.51. Repeat Example 6.6.1 for a rectangular membrane of size a by b. What is the effect of a 
and b on the natural frequencies?

 6.52. Plot the first three mode shapes of Example 6.6.1.

 6.53. The lateral vibrations of a circular membrane are given by

0
2ω(r, ϕ, t)

0r 2
+

1

r
 
0ω(r, ϕ, t)

0r
+

1

r 2
 
0

2ω(r, ϕ, t)

0ϕ0r
=

ρ

τ
 
0

2ω(r, ϕ, t)

0t2

where r is the distance from the center point of the membrane along a radius and ϕ
is the angle around the center. Calculate the natural frequencies if the membrane is 
clamped around its boundary at r = R.

 6.54. Discuss the orthogonality condition for Example 6.6.1.

Section 6.7 (Problems 6.55 through 6.65)

 6.55. Calculate the response of bar of length l = 1 m, E = 2.6 * 10 10 N>m2 , and ρ = 8.5 *  
103 kg>m3. Assume modal damping of 0.1 in each mode, initial conditions of w(x, 0) =  

2(x> l) cm, and an initial velocity of wt(x, 0) = 0. Plot the response using the first three 
modes at x = l>2, l>4, and 3l>4. How many modes are needed to represent accurately 
the response at the point x = l>2?
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 6.56. Compute the solution for a bar with modal damping ratio of ζn = 0.01, subject to ini-
tial conditions w(x, 0) = 2(x> l) cm, and an initial velocity of wt(x, 0) = 0.

 6.57. Repeat Problem 6.55 for the case of Problem 6.56. Does it take more or fewer modes 
to accurately represent the response at l>2?

 6.58. Calculate the form of modal damping ratios for the clamped string of equations (6.151) 
and the clamped membrane of equation (6.152).

 6.59. Calculate the units on γ and β in equation (6.153).

 6.60. Assume that E, I, and ρ are constant in equations (6.153) and (6.154) and calculate the 
form of the modal damping ratio ζn.

 6.61. Calculate the form of the solution w(x, t) for the system of Problem 6.58.

 6.62. For a given cantilivered composite beam, the following values have been measured for 
bending vibration:

 E = 2.71 * 1010 N>m2 ρ = 1710 kg>m3

 A = 0.597 * 10-3 m2 l = 1 m

 I = 1.64 * 10-9 m4 γ = 1.75 N # s>m2

 β = 20,500 N # s>m2

 *6.63. Plot the solution of Example 6.7.2 for the case wt(x, 0) = 0, w(x, 0) = sin (πx>l), γ =  

10 N # s>m2, τ = 104 N, l = 1 m, and ρ = 0.01 kg>m.

 6.64. Calculate the orthogonality condition for the system of Example 6.7.2. Then calculate 
the form of the temporal solution.

 6.65. Calculate the form of modal damping for the longitudinal vibration of the beam of 
Figure 6.14 with boundary conditions specified by equation (6.157).

Section 6.8 (Problems 6.66 through 6.70)

 6.66. Calculate the response of the damped string of Example 6.8.1 to a disturbance force of 
f(x, t) = (sin πx> l)sin 10t. That is, solve the following equation:

ρAwtt(x, t) + γwt(x, t) - τwxx(x, t) =  (sin πx>l) sin 10t

 6.67. Consider the clamped–free bar of Example 6.3.2. The bar can be used to model a truck 
bed frame. If the truck hits an object (at the free end) causing an impulsive force of 
100 N, calculate the resulting vibration of the frame. Note here that the truck cab is so 
massive compared to the bed frame that the end with the cab is modeled as clamped. 
This is illustrated in Figure P6.67.

(a) (b)

Bed

Cab

w(x, t)

�(t)Post

Figure P6.67  (a) Model of a truck hitting an object; (b) simplified vibration model.
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 6.68. A rotating machine sits on the second floor of a building just above a support column 
as indicated in Figure P6.68. Calculate the response of the column in terms of E, A, and 
ρ of the column modeled as a bar.

Machine

Building

Support
column

(a)

Vibration model

(b)

w(x, t)

x

F
0
 sin �t

l
Figure P6.68  (a) Model of a 
rotating out-of-balance machine 
mounted on top of a column on 
the second floor of a building; 
(b) vibration model.

 6.69. Recall Example 6.8.2, which models the vibration of a building due to a rotating machine 
imbalance on the second floor. Suppose that the floor is constructed so that the beam is 
clamped at one end and pinned at the other, and recalculate the response (recall Example 
6.5.1). Compare your solution and that of Example 6.8.2, and discuss the difference.

 6.70. Use the modal analysis procedure suggested at the end of Section 6.8 to calculate the 
response of a clamped–free beam with a sinusoidal loading F0 sin ωt at its free end.

MATLAB ENGINEERING VIBRATION TOOLBOX

If you have not yet used the Engineering Vibration Toolbox, return to the end of Chapter 
1 or Appendix G for a brief introduction. The files contained in the folder VTb6 may 
be used to help solve the following Toolbox problems. The M-files from earlier chapters 
may also be useful. Alternately, the codes may be used directly following the introduc-
tions given in Sections 1.9, 1.10, 2.8, 2.9, 3.8, 3.9, 4.9, and 4.10 and Appendix F.

TOOLBOX PROBLEMS

 TB6.1. Use file VTb6_1 to investigate the effects of changing the length, density, and modu-
lus (or tension) on the frequency and mode shapes of bars and shafts. For example, 
consider the clamped–free bar of Example 6.3.1. Study the effect of changing the 
length l on the frequencies by calculating ωn for fixed value of E and ρ (say, for alu-
minum). What happens to the mode shapes?

 TB6.2. Use VTb6_2 to calculate the frequencies for torsional vibration for the first three 
boundary conditions of Table 6.5. In particular, check the results of Example 6.4.1.

 TB6.3. Compare the mode shapes of a cantilevered beam with those of the fixed–pinned 
beam of Example 6.5.1 by using file VTb6_3 to plot the mode shapes.

 TB6.4. Use VTb6_4 to compare the effects of rotary inertia and shear deformation on a 
pinned–pinned beam by trying several different values of the various physical param-
eters. Try to conclude circumstances under which the Timoshenko theory gives drasti-
cally different frequencies than the Euler–bernoulli theory.



573

This chapter presents methods of 

testing and measurement useful for 

obtaining experimental models of 

a variety of devices and structures. 

The analyzer pictured here receives 

analog signals from transducers 

(accelerometers and hammer) 

mounted on a structure, digitizes the 

signals, and transforms them into 

the frequency domain for analysis. 

The entire process is controlled by 

a personal computer. a schematic 

of such a test setup is given later in 

Figure 7.1. The picture at the bottom 

exhibits the use of a laser vibrometer 

to measure velocity without physically 

being mounted on the test object 

(satellite component). Section 

7.1 describes the measurement 

hardware, and the remainder of 

the chapter is devoted to methods 

of analyzing the data. in particular, 

the method of modal analysis is 

discussed.

Vibration Testing  
and Experimental 
modal analysis7
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This chapter discusses vibration measurement and focuses in particular on tech-
niques associated with experimental modal analysis. Vibration measurements are 
made for a variety of reasons. As pointed out in previous chapters, especially in 
Chapter 5 on design, the natural frequencies of a structure or machine are ex-
tremely important in predicting and understanding a system’s dynamic behavior. 
Hence, a major reason for performing a vibration test of a system is to determine its 
natural frequencies. Another reason for vibration testing is to verify an analytical 
model proposed for the test system. For example, the analytical models proposed 
for the various examples of Section 4.8 and those of Chapter 6 yield a specific set of 
frequencies and mode shapes. A vibration test can then be performed on the same 
system. If the measured frequencies and mode shapes agree with those predicted by 
the analytical model, the model is verified and can be used in design and response 
prediction with some confidence.

Another important use of vibration testing is to determine experimentally 
the dynamic durability of a particular device. In this case, a test article is driven or 
forced to vibrate by specified inputs for a specific length of time. When the test is 
over, the test piece must still perform its original task. The purpose of this type of 
testing is to provide experimental evidence that a machine part or structure can sur-
vive a specific dynamic environment.

Vibration testing is also used in machinery diagnostics for maintenance. The 
idea here is continuous monitoring of the natural frequencies of a structure or 
machine. A shift in frequency or some other vibration parameter may indicate a 
pending failure or a need for maintenance. This use of vibration measurement is 
part of the general topic of condition monitoring of machinery and of structural 
health monitoring. It is similar in concept to observing the oil pressure in an au-
tomobile engine to determine if engine failure may occur or if maintenance is 
required.

The primary requirement of each of the aforementioned uses of vibration 
tests is a determination of a system’s natural frequencies. This chapter focuses on 
experimental modal analysis (EMA), which is the determination of natural frequen-
cies, mode shapes, and damping ratios from experimental vibration measurements. 
The fundamental idea behind modal testing is that of resonance introduced in 
Section 2.2. If a structure is excited at resonance, its response exhibits two distinct 
phenomena, as indicated in Figure 2.8. As the driving frequency approaches the 
natural frequency of the structure, the magnitude at resonance rapidly approaches 
a sharp maximum value, provided that the damping ratio is less than about 0.5. 
The second, often neglected phenomenon of resonance is that the phase of the re-
sponse shifts by 180° as the frequency sweeps through resonance, with the value of 
the phase at resonance being 90°. This physical phenomenon is used to determine 
the natural frequency of a structure from measurements of the magnitude and 
phase of the structure’s forced response as the driving frequency is swept through a 
wide range of values.

The vibration test methods presented in this chapter depend on several assump-
tions. First, it is assumed that the structure or machine being tested can be described 
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adequately by a lumped-parameter model. There are several other assumptions com-
monly made but not stated (or understated) in vibration testing. The most obvious of 
these is that the system under test is linear and is driven by the test input only in its 
linear range. This assumption is essential and should not be neglected.

Vibration testing and measurement for modeling purposes has grown into a 
large industry. This field is referred to as modal testing, modal analysis, or experi-

mental modal analysis. Understanding modal testing requires knowledge of several 
areas. These include instrumentation, signal processing, parameter estimation, and 
vibration analysis. These topics are presented in the following sections. The first 
few sections of this chapter deal with the hardware considerations and digital signal 
analysis necessary for making a vibration measurement for any purpose.

7.1 MEASUREMENT HARDWARE

The data acquisition and signal processing hardware has changed considerably over 
the past decades and continues to change rapidly as the result of advances in solid-
state and computer technology. Hence specific hardware capabilities change very 
quickly, and only generic hardware is discussed here. A vibration measurement gen-
erally requires several hardware components. The basic hardware elements required 
consist of a source of excitation, called an exciter, for providing a known or controlled 
input force to the structure, a transducer to convert the mechanical motion of the 
structure into an electrical signal, a signal conditioning amplifier to match the char-
acteristics of the transducer to the input electronics of the digital data acquisition 
system, and an analysis system (or analyzer) in which signal processing and modal 
analysis computer programs reside. This arrangement is illustrated in Figure 7.1; it 
includes a power amplifier and a signal generator for the exciter, as well as a trans-
ducer to measure, and possibly control, the driving force or other input. Each of these 
devices and their functions are discussed briefly in this section.

Exciter

Signal  analysis

Structure

Modal  analysis

Power
supply

Signal
generator

T

SC

T

SC Recorder

T � transducer

SC � signal conditioning

Figure 7.1  A schematic of hardware used in performing a vibration test.
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First consider the excitation system. This system provides an input motion or, 
more commonly, a driving force Fi(t), as in equation (4.130). The physical device 
may take several forms, depending on the desired input and the physical proper-
ties of the test structure. The two most commonly used exciters in modal testing 
are the shaker (electromagnetic or electrohydraulic) and the impulse hammer. The 
preferred device is often the electromagnetic exciter, which has the ability, when 
properly sized, to provide inputs large enough to result in easily measured re-
sponses. Also, the output is easily controlled electronically, sometimes using force 
feedback. The excitation signal, which can be tailored to match the requirements of 
the structure being tested, can be a swept sinusoidal, random, or other appropriate 
signal. A swept sine input consists of applying a harmonic force of constant mag-
nitude fi at a variety of different frequencies, ranging from a small value to larger 
values covering a frequency range of interest. At each incremental value of the 
driving frequency, the structure is allowed to reach steady state before the response 
magnitude and phase are measured. The electromagnetic shaker is basically a lin-
ear electric motor consisting of coils of wire surrounding a shaft in a magnetic field. 
An alternating current applied to the coil causes a force to be applied to the shaft, 
which, in turn, transfers force to the structure. The input electrical signal to the 
shaker is usually a voltage that causes a proportional force to be applied to the test 
structure, thus a signal generator can be used to impart a variety of different input 
signals to the structure.

Since shakers are attached to the test structure and since they have significant 
mass, care should be taken by the experimenter in choosing the size of shaker and 
method of attachment to minimize the effect of the shaker on the structure. The 
shaker and its attachment can add mass to the structure under test (called mass 

loading) as well as otherwise constraining the structure. Mass loading will lower 
the apparent measured frequency since ωn = 1k>m. Mass loading and other ef-
fects can be minimized by attaching the shaker to the structure through a stinger. 
A stinger consists of a short thin rod (usually made of steel or nylon) running from 
the driving point of the shaker to a force transducer mounted directly on the struc-
ture. The stinger serves to isolate the shaker from the structure, reduces the added 
mass, and causes the force to be transmitted axially along the stinger, controlling 
the  direction of the applied force more precisely.

In recent years, the impact hammer has become a popular excitation device. 
The use of an impact hammer avoids the mass loading problem and is much faster to 
use than a shaker. An impact hammer consists of a hammer with a force transducer 
built into the head of the hammer. The hammer is then used to hit (impact) the test 
structure and thus excite a broad range of frequencies. The impact hammer is in-
tended to apply an impulse to the structure as modeled and analyzed in Section 3.1. 
As indicated in Section 4.6, the impulse response contains excitations at each of 
the system’s natural frequencies. The peak impact force is nearly proportional to the 
hammerhead mass and the impact velocity. The load cell (force  transducer) in the 
head of the hammer provides a measure of the impact force.
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Figure 7.2 illustrates both time history and the corresponding frequency re-
sponse of a typical hammer hit. Note that the time history is not a perfect delta 
function (as in Figure 3.1) but rather has a finite time duration, T. Hence the fre-
quency response is not a flat straight line as indicated by the transform of an exact 
impulse, but rather has the periodic form given in Figure 7.2. The duration of the 
pulse and hence the shape of the frequency response is controlled by the mass and 
stiffness of both the hammer and the structure. In the case of a small hammer mass 
used on a hard structure (such as metal), the stiffness of the hammer tip determines 
the shape of the spectrum and, in particular, the cutoff frequencies ωc. The cutoff 

frequency is the largest value of frequency reasonably well excited by the hammer 
hit. As illustrated in the figure, ωc corresponds roughly to the point where the mag-
nitude of the frequency response falls more than 10 to 20 db from its maximum 
value. This means that at frequency higher than ωc, the test structure does not re-
ceive enough energy to excite modes above ωc. Thus ωc determines the useful range 
of frequency excitation.
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The upper frequency limit excited by the hammer is decreased by increasing 
the hammerhead mass and is increased with increasing stiffness of the tip of the 
hammer. The hammer hit is less effective in exciting the modes of the structure with 
frequencies larger than ωc than it is for those less than ωc. The built-in force trans-
ducer in impact hammers should be dynamically calibrated for each tip used, as this 
will affect the sensitivity. Although the impact hammer is simple and does not add 
mass loading to the structure, it is often incapable of transforming sufficient energy 
to the structure to obtain adequate response signals in the frequency range of in-
terest. Also, peak impact loads are potentially damaging, and the direction of the 
applied load is difficult to control. Nonetheless, impact hammers remain a popular 
and useful excitation device, as they generally are much faster to use than shakers, 
are portable, and are relatively inexpensive.

Next consider the transducers required to measure the response of the struc-
ture as well as the impact force. The most popular and widely used transducers 
are made from piezoelectric crystals. Piezoelectric materials generate electrical 
charge when strained. by various designs, transducers incorporating these materi-
als can be built to produce signals proportional to either force or local acceleration. 
Accelerometers, as they are called, actually consist of two masses, one of which is 
attached to the structure, separated by a piezoelectric material. The piezoelectric 
material acts like a very stiff spring. This causes the transducer to have a resonant 
frequency. The maximum measurable frequency is usually a fraction of the accel-
erometer’s resonance frequency (recall Figure 2.26). In fact, the upper frequency 
limit is usually determined by the so-called mounted resonance, since the connec-
tion of the transducer to the structure is always somewhat compliant. The dynamics 
of accelerometers are discussed in some detail in Section 2.6.

Strain gauges can also be used to pick up vibrational responses. A strain 

gauge is a metallic or semiconductor material that exhibits a change in electrical 
resistance when subjected to a strain. Strain gauges are constructed by bending a 
conducting wire back and forth in a serpentine fashion over a very small surface, 
which is then bonded to the device or structure to be measured. As the structure 
strains, the resistance of the serpentine wire changes. The gauge is made part of a 
Wheatstone bridge circuit, which is used to measure the resistance change of the 
gauge and hence the strain in the test specimen [see Figliola and beasley (1991)]. 
Strain gauges are also used to form load cells.

The output impedance of most transducers is not well suited for direct input 
into signal analysis equipment. Hence signal conditioners, which may be charge 
amplifiers or voltage amplifiers, match and often amplify signals prior to analyz-
ing the signal. It is very important that each set of transducers along with signal 
conditioning are properly calibrated in terms of both magnitude and phase over the 
frequency range of interest. While accelerometers are convenient for many applica-
tions, they provide weak signals if one is interested in lower-frequency vibrations 
incurred in terms of velocity or displacement. Even substantial low-frequency vi-
bration displacements may result in only small accelerations, since a harmonic dis-
placement of amplitude X has acceleration of amplitude -ω2X. Strain gauges and 
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potentiometers as well as various optical, capacitive, and inductive transducers are 
often more suitable than accelerometers for low-frequency motion measurement.

Once the response signal has been properly conditioned, it is routed to an 
analyzer for signal processing. There are several types of analyzers in use. The type 
that has become the standard is called a digital Fourier analyzer, also called the fast 
Fourier transform (often abbreviated FFT) analyzer; it is introduced briefly here. 
basically, the analyzer accepts analog voltage signals that represent the accelera-
tion (force, velocity, displacement, or strain) from a signal conditioning amplifier. 
This signal is filtered and digitized for computation. Discrete frequency spectra 
of individual signals and cross-spectra between the input and various outputs are 
computed. The analyzed signals can then be manipulated in a variety of ways to 
produce such information as natural frequencies, damping ratios, and mode shapes 
in numerical or graphic displays.

While almost all of the commercially available analyzers are marketed as 
turnkey devices, it is important to understand a few details of the signal process-
ing performed by these analysis units in order to carry out valid experiments. This 
forms the topic of the next two sections.

A relatively new instrument for obtaining high spatial density vibration mea-
surements is the scanning laser Doppler vibrometer. The SlDV uses the Doppler 
shift in a reflected laser beam to determine the velocity of the test object. The laser 
sensor is noncontacting, but often structures must be painted with reflective paint to 
produce a sufficient intensity of the reflected signal. The SlDV can measure vibra-
tion up to frequencies of 250 KHz and at amplitudes in the nanometer range. The 
system software and a video camera allow generating and viewing a mesh pattern of 
points on the structure. The laser is programmed to measure the vibration at all mesh 
points and display the vibration as time responses, Fourier transforms, frequency 
response functions (FRFs), spectral densities, coherence functions, or operational 
deflection shapes (ODSs). When used with a high-bandwidth actuator such as a pi-
ezoceramic patch, highly accurate vibration patterns or ODSs of a structure can be 
generated. The ODS can help in redesign of structures and detecting faults or dam-
age in structures.

7.2 DIGITAL SIGNAL PROCESSING

Much of the analysis done in modal testing is performed in the frequency domain, 
inside the analyzer. The analyzer’s task is to convert analog time-domain signals 
into digital frequency-domain information compatible with digital computing and 
then to perform the required computations with these signals. The method used 
to change an analog signal, x(t), into frequency-domain information is the Fourier 
transform [defined by equations (3.45) and (3.46)], or a Fourier series as defined by 
equations (3.20) to (3.23). The Fourier series is used here to introduce the digital 
Fourier transform (DFT).
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As pointed out in Section 3.3, a periodic time signal of period T can be 
represented by a Fourier series in time of the form given by equation (3.20) with 
Fourier coefficients, or spectral coefficients as defined by equations (3.21) to (3.23). 
Essentially, the spectral coefficients represent frequency-domain information about 
a given time signal. These equations are repeated in Window 7.1.

Window 7.1
Review of the Fourier Series of a Periodic Signal F(t) of Period T

 F(t) =
a0

2
 + a

∞

n = 1

1an cos nωTt + bn sin nωTt2  (3.20)

where

ωT =
2π

T

 a0 =
2π

T
 L

T

0

F(t)dt  (3.21)

 an =
2

T
 L

T

0

F(t)cos nωTt dt  n = 1, 2 c  (3.22)

 bn =
2

T
 L

T

0

F(t)sin nωTt dt  n = 1, 2 c  (3.23)

The Fourier coefficients an and bn given by equations (3.21) to (3.23) also 
represent the connection between Fourier analysis and vibration experiments. The 
analog output signals of accelerometers and force transducers, represented by x(t), 
are inputs to the analyzer. The analyzer, in turn, calculates the spectral coefficients 
of these signals, thus setting the stage for a frequency-domain analysis of the sig-
nals. Some signals and their Fourier spectra are illustrated in Figure 7.3. The ana-
lyzer first converts the analog signals into digital records. It samples the signals x(t) 
at many different equally spaced values and produces a digital record, or version, 
of the signal in the form of a set of numbers {x(tk)}. Here k = 1, 2, . . . , N, where the 
digit N denotes the number of samples and tk indicates a discrete value of the time.

This process is performed by an analog-to-digital (A>D) converter. This con-
version from an analog to a digital signal can be thought of in two ways. First, one 
can imagine a gate that samples the signal every ∆t seconds and passes through the 
signal x(tk). The process of A>D conversion can also be considered as multiplying 
the signal x(t) by a square-wave function, which is zero over alternate values of tk 
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and has the value of 1 at each tk for a short time. Some signals and their digital rep-
resentation are illustrated in Figure 7.3.

In calculating digital Fourier transforms, care must be taken in choosing the 
sampling time (i.e., the time elapsed between successive tk’s). A common error 
introduced in digital signal analysis caused by improper sampling time is called 
aliasing. Aliasing results from A>D conversion and refers to the misrepresentation 
of the analog signal by the digital record. basically, if the sampling rate is too slow 
to catch the details of the analog signal, the digital representation will cause high 
frequencies to appear as low frequencies. The following example illustrates two pe-
riodic analog signals of different frequency and phase that produce the same digital 
record.
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Figure 7.3  Several signals, their Fourier representations, and their digital 
representations.
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Example 7.2.1

Consider the signals x1(t) = sin[(π>4)t)] and x2(t) = -sin[(7π>4)t)], and suppose that 
these signals are both sampled at 1-s intervals. The digital record of each signal is given 
in the following table:

tk 0 1 2 3 4 5 6 7 8 ωi

x1 0 0.707 1 0.707 0 -0.707 -1 -0.707 0
1

8
 π

x2 0 0.707 1 0.707 0 -0.707 -1 -0.707 0 7

8
 π

As is easily seen from the table, the digital sample records of x1 and x2 are the same 
[i.e., x1(tk) = x2(tk) for each value of k]. Hence no matter what analysis is performed on 
the digital record, x1 and x2 will appear the same. Here the sampling frequency, ∆ω, is 1. 
Note that the difference between the frequency of the first signal, x1(t), and the sampling 
frequency is 18 - 1 = -

7
8, which is the frequency of the second signal x2(t).

n

To avoid aliasing, the sampling interval, denoted by ∆t, must be chosen small 
enough to provide at least two samples per cycle of the highest frequency to be cal-
culated. That is, to recover a signal from its digital samples, the signal must be sam-
pled at a rate at least twice the highest frequency in the signal. In fact, experience 
[see Otnes and Encochson (1972)] indicates that 2.5 samples per cycle is a better 
choice. This is referred to as the sampling theorem, or Shannon’s sampling theorem.

Aliasing can be avoided in signals containing many frequencies by subjecting 
the analog signal x(t) to an antialiasing filter. An antialiasing filter is a low-pass (i.e., 
only allows low frequencies through) sharp–cutoff filter. The filter effectively cuts 
off frequencies higher than about half the maximum frequency of interest, denoted 
by ωmax, and also called the Nyquist frequency. Most modern digital analyzers pro-
vide built-in antialiasing filters.

Once the digital record of the signal is available, the discrete version of the 
Fourier transform is performed. This transform provides a series representation 
of a discrete-time history value. This is accomplished by a digital Fourier transform 
or series defined by

 xk = x(tk) =
a0

2
+ a

N>2
i = 1

aai cos  
2πtk

T
+ bi sin 

2πtk

T
 b  k = 1, 2, c N (7.1)

where the digital spectral coefficients are given by

 a0 =
1

N
 a

N

k = 1

xk  (7.2)

 ai =
1

N
 a

N

k = 1

xk cos  
2πik

N
 (7.3)

 bi =
1

N
 a

N

k = 1

xk sin  
2πik

N
 (7.4)
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These are the digital versions of equations (3.21), (3.22), and (3.23), respectively. 
The task of the analyzer is to calculate equations (7.2) to (7.4) given the digital re-
cord x(tk), also denoted by xk, for the measured signals. The transform size or num-
ber of samples, N, is usually fixed for a given analyzer and is a power of 2. Some 
common sizes are 512 and 1024.

Writing out equations (7.2) to (7.4) for each of the N samples yields N linear 
equations in the N spectral coefficients 1a0, c, aN>2, b0,c, bN>22 . These equations 
can also be written in the form of matrix equations. In matrix form they become

 x = Ca (7.5)

where x is the vector of samples with elements xk and a is the vector of the spectral 
coefficients, a0, ai, and bi. The matrix C consists of elements containing the coeffi-
cients cos(2πitk>T) and sin(2πitk>T), as indicated in equation (7.1). The solution of 
equation (7.5) for the spectral coefficients is then given simply by

 a = C-1x (7.6)

The task of the analyzer is to compute the matrix C –1 and hence the coefficient a. 
The most widely used method of computing the inverse of this matrix C is called 
the fast Fourier transform (FFT), developed by Cooley and Tukey (1965). Note 
that while x represents the digital version, the spectral coefficient a represents the 
frequency content of the response (or input) signal.

To make digital analysis feasible, the periodic signal must be sampled over 
a finite time (N must obviously be finite). This can give rise to another problem 
referred to as leakage. To make the signal finite, one could simply cut the signal 
at any integral multiple of its period. Unfortunately, there is no convenient way to 
do this for complicated signals containing many different frequencies. Hence, if no 
further steps are taken, the signal may be cut off midperiod. This causes erroneous 
frequencies to appear in the digital representation because the digital Fourier trans-
form of the finite-length signal assumes that the signal is periodic within the sample 
record length. Thus the actual frequency will “leak” into a number of fictitious fre-
quencies. This is illustrated in Figure 7.4.

leakage can be corrected to some degree by the use of a window function. 
Windowing, as it is called, involves multiplying the original analog signal by a 
weighting function, or window function, (t), which forces the signal to be zero 
outside the sampling period. A common window function, called the Hanning win-

dow, is illustrated in Figure 7.5, along with the effect it has on a periodic signal. A 
properly windowed signal will yield a spectral plot with much less leakage. This is 
also illustrated in the figures.

As noted in this section, if the signal’s properties are precisely known (i.e., 
the frequency content), the choice of sampling rate and N would be obvious and 
correct. However, the reason a signal is being measured in the first place is to deter-
mine its frequency content; hence part of the art of modal analysis is choosing the 
sampling frequency and data size, N.
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7.3 RANDOM SIGNAL ANALYSIS IN TESTING

The transducer used to measure both the input and output during a vibration test 
usually contains noise (i.e., random components that make it difficult to analyze the 
measured data in a deterministic fashion). In addition, confidence in a measured 
quantity is increased by performing a number of identical tests and averaging the 
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Figure 7.5  Use of a window function, in this case a Hanning window, to reduce 
leakage in calculating the frequency content of a signal.
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results. This is fairly common practice when measuring almost anything. In fact, the 
stiffness of a single structure is determined by multiple measurements, not just one, 
as indicated in Figure 1.3 of Section 1.1. Thus, it is important to consider the random 
input vibration response developed in Section 3.5.

Recall the definition of the autocorrelation function of a signal and the associ-
ated power spectral density (PSD). These are reviewed in Window 7.2. Also recall  
that the PSD of the input or driving force can be related to the PSD of the response 
and the frequency response function of the system by

 Sxx(ω) = 0H(ω) 0 2Sff (ω) (7.7)

Window 7.2
Review of Some of the Definitions Used in Random Vibration Analysis

The autocorrelation function of the random signal x(t) is given by

 Rxx(τ) = lim
T S ∞

1

T L
T

0

x(t)x(t + τ)dt (3.50)

The power spectral density (PSD) of a signal is the Fourier transform of the 
signal’s autocorrelation:

 Sxx(ω) =
1

2π
 L

∞

-∞

Rxx(τ)e-jωτdτ (3.51)

as indicated by equation (3.62) and reviewed in Window 7.3. Equation (7.7) relates 
the dynamics of the test structure contained in H(ω) to measurable quantities (i.e., 
the PSDs). As pointed out at the end of Section 3.7, the common approach to mea-
suring the frequency response function is to average several matched sets of input 
force time histories and output response time histories. These averages are used to 
produce correlation functions that are transformed to yield the corresponding PSDs. 
Equation (7.7) is then used to calculate the magnitude of the frequency response 
function ∙H(ω) ∙ . The experimental vibration data are then taken from the plot of  
∙H(ω) ∙  as indicated in Figure 3.20, or by means to be discussed in Section 7.4.

The frequency response function can also be related to the cross-correlation 
between the two signals x(t) and f(t). The cross-correlation function, denoted Rxf(τ), 
for the two signals x(t) and f(t), is defined by

 Rxf (τ) = lim
T S ∞

 
1

T
 L

T

0

x(t)f(t + τ)dt (7.8)
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Window 7.3
Comparison between Calculation for the Response of a  

Spring–Mass–Damper System to Deterministic and Random Excitations

Frequency response function:

Impulse response function:

which has Laplace transform

For deterministic f(t): 

X(s) �  G(s) F(s)

and the Fourier transform of the impulse response function is just the 
frequency response function H(�). These quantities relate to the input 
and response by

transfer function � G(s) � 
1

ms2 � cs � k

G(j�) � H(�) �
1

k � m�2 � c�j

 h(t) �
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m�d

e���nt  sin �dt

�  G(s) 
1
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k

f(t)

x(t)c 
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L

Here x(t) is considered to be the response of the structure to the driving force f(t). 
Similarly, the cross-spectral density is defined as the Fourier transform of the cross 
correlation:

 Sxf (ω) =
1

2πL
∞

-∞

Rxf (τ)e-jωτdt (7.9)

These correlation and density functions also allow calculation of the transfer func-
tions of test structures. The frequency response function, H(jω), can be shown [see, 
e.g., Ewins (2000)] to be related to the spectral density functions by the two equations

 Sfx(ω) = H(jω)Sff(ω) (7.10)
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and

 Sxx(ω) = H(jω)Sxf(ω) (7.11)

These hold if the structure is excited by a random input f(t) resulting in the response 
x(t). Note that the cross-correlation functions include information about the phase 
and magnitude of the structure’s transfer function and not just the magnitude, as in 
the case of the correlation function of equation (7.7), repeated in the bottom right 
corner of Window 7.3.

The spectrum analyzer calculates (or estimates) the various spectral density 
functions from the transducer outputs. Then, using equation (7.10) or (7.11), the 
analyzer can calculate the desired frequency response function H(jω). Note that 
equations (7.10) and (7.11) use different power spectral densities to calculate the 
same quantity. This fact can be used to check the consistency of H(jω). The coher-

ence function, denoted by γ2, is defined to be the ratio of the two values of H(jω) 
calculated from equations (7.10) and (7.11). In particular, the coherence function is 
defined to be

 γ2
=

0 Sxf(ω) 0 2
Sxx(ω)Sff(ω)

 (7.12)

which always lies between 0 and 1. In fact, if the measurements are consistent, H(jω) 
should be the same value, independent of how it is calculated, and the coherence should 
be 1 (γ2

= 1). The coherence is a measurement of the noise in the signal. If it is zero, 
the measurement is of a pure noise; if the value of the coherence is 1, the signals x and 
f are not contaminated with noise. In practice, coherence is plotted versus frequency 
(see Figure 7.6) and is taken as an indication of how accurate the measurement process 
is over a given range of frequencies. Generally, the values of γ2

= 1 should occur at 
values of ω far from the structure’s resonant frequencies. Near resonance, the signals 
are large and magnify the noise. In practice, data with a coherence of less than 0.75 are 
not used and indicate that the test should be done again or the data should be examined 
over a smaller frequency range.
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Figure 7.6  A sample plot of a 
coherence function.
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7.4 MODAL DATA EXTRACTION

Once the frequency response of a test structure is calculated from equation (7.10) 
or (7.11), the analyzer is used to construct various vibration parameter information 
from the processed measurements. This is what is referred to as experimental modal 

analysis. In what follows, it is assumed that the frequency response function H(jω) 
has been measured via equation (7.10) or (7. 11) or their equivalents.

The task of interest is to compute the natural frequencies, damping ratios, and 
modal amplitudes associated with each resonant peak of the measured frequency 
response function. There are several ways to examine the measured frequency re-
sponse function to extract these data. To examine all of them is beyond the scope 
of this book and the interested reader should consult Ewins (2000). To illustrate the 
basic method, consider the somewhat idealized (compliance) frequency response 
function record of Figure 7.7, resulting from measurements taken between two 
points on a simple structure. Here it is assumed that a sinusoidal force of adjustable 
frequency is applied to one point on the structure and that the displacement re-
sponse is measured at a second point. The response is measured for many values of 
the driving frequency to produce the plot of Figure 7.7. The procedure is examined 
for a single-degree-of-freedom system as illustrated in Section 3.7 and Figure 3.20.

One of the gray areas in modal testing is deciding on the number of degrees of 
freedom to assign to a test structure. In many cases, simply counting the number of 
clearly defined peaks or resonances, three in Figure 7.7, determines the order, and the 
procedure continues with a three-mode model. However, this procedure is not accurate 
if the structure has closely spaced natural frequencies or repeated natural frequencies.

The easiest method to use on these data is the so-called single-degree-of-freedom 

curve fit (often called the SDOF method) approach. In this method, the frequency 
response function for the compliance is sectioned off into frequency ranges bracketing 
each successive peak. Each peak is then analyzed by assuming that it is the frequency 
response of a single-degree-of-freedom system. This assumes that in the vicinity of the 
resonance, the frequency response function is dominated by that single mode.

In other words, in the frequency range around the first resonant peak, it is as-
sumed that the plot is due to the response of a damped single-degree-of-freedom system 
due to a harmonic input at, and near, the first natural frequency. Recall from Section 3.7 
that the point of resonance corresponds to that value of the frequency for which the 
magnification curve has its maximum or peak value and the phase shift is 90°. Hence 
each of the frequencies ω1, ω2, and ω3 of the plot of Figure 7.7 are determined simply by 

�1 �2 �3
�

|H|

Figure 7.7  A sample magnitude plot of 
the frequency response function from a test 
article excited at one point and measured at 
another point.
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noting where the three peaks lie on the horizontal  (frequency) axis and is confirmed by 
examining the value of the phase at each of these frequencies (should be 90°).

The damping ratio associated with each peak is assumed to be the modal damp-
ing ratio, ζi, defined in Sections 4.5 and 6.7 in the modal coordinate system. To obtain 
the modal damping ratios, consider the frequency response functions (compliance) 
magnitude plot illustrated in Figure 7.8. For systems with light enough damping, so 
that the peak ∙H(ω) ∙  at resonance is well defined, the modal damping ratio ζ is re-
lated to the frequencies corresponding to the two points on the magnitude plot where

 0H(ωa) 0 = 0H(ωb) 0 =
0H(ωd) 012

 (7.13)

by ωb -  ωa = 2ζωd, so that

 ζ =
ωb - ωa

2ωd

 (7.14)

Here ωd is the damped natural frequency at resonance and ωa and ωb satisfy condi-
tion (7.13). The condition of equation (7.13) is also called the 3-dB down point, since 
H(ωd)>12 corresponds to H(ωd) at 3 db below its peak value when the magnitude is 
plotted on a log scale.

Equation (7.14) can be shown to apply for inertance (acceleration) transfer 
functions as well. The peak of the inertance frequency response magnitude plot also 
occurs at ωd. Often, because the damping is small, ωn, the natural frequency, and  
ωd, the damped natural frequency, are taken to be the same. In fact, for ζ = 0.01, 
ωd = ωn21 - ζ2

= 0.999949998ωn and for ζ = 0.1, ωd = 0.99498ωn, so that they 
are very nearly the same for an order-of-magnitude spread of damping ratios. both the 
natural frequency and the damping ratio can be determined  directly for accelerometer 
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Figure 7.8  The magnitude of the compliance frequency response function of a 
single-degree-of-freedom system, illustrating the calculation of the modal damping 
ratio by using the quadrature peak picking method for lightly damped systems.
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measurements and force input measurements by plotting the magnitude of the  inertance 
frequency response function and applying the method of Figure 7.8.

In the case of a multiple-degree-of-freedom system, as indicated by the three 
peaks of Figure 7.7, the number of peaks indicates the number of degrees of free-
dom. Each peak is then treated as if it resulted from a single-degree-of-freedom 
system. For example, the three natural frequencies of Figure 7.7 are determined by 
the positions of the peaks on the frequency axis, and the three damping ratios are 
determined by treating each peak as if it were from a single-degree-of-freedom sys-
tem, computing the 3-db down frequencies, and using equation (7.14) three times. 
This yields the three modal damping ratios ζ1, ζ2, and ζ3.

Example 7.4.1

Consider the experimentally determined compliance transfer function plotted in 
Figure 7.9 and calculate the number of degrees of freedom, modal damping ratios, and 
natural frequencies.
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Figure 7.9  A plot of the magnitude and phase versus driving frequency of a test 
specimen, illustrating the peak amplitude method of determining modal damping 
ratios and natural frequencies.
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Solution  Since the magnitude plot indicates two distinct peaks, the test system is as-
sumed to have two degrees of freedom. This is confirmed by examining the phase plot 
at the peaks. Since the phase is {90° at each peak, each of the peaks corresponds to a 
natural frequency. Reading the vertical axis yields

ω1 = 10 Hz  ω2 = 20 Hz

Next, since ∙H(ω1) ∙ = 0.0017, the 3-db down points are those two values of ω
where H(ωa) = H(ωb) = 0.0017>12 = 0.0012. From the plot, these values yield 
ωa = 9.95 Hz and ωb = 10.16 Hz. Using equation (7.14) yields

ζ1 =
ωb - ωa

2ω1

=
10.16 - 9.75

20
= 0.02

Repeating this procedure for the second peak yields

ζ2 =
ωb - ωa

2ω2

=
21.67 - 17.10

40
= 0.11

n

7.5 MODAL PARAMETERS BY CIRCLE FITTING

In Section 7.4, the frequency and damping ratios are essentially determined by visu-
ally examining the frequency response function. In this section a more systematic 
method is examined that can be programmed so that an analyzer can calculate the 
frequencies and damping ratios in a more automated fashion. This method also as-
sumes that a single mode dominates the behavior of the mobility transfer function 
in a frequency range around the natural frequency. If the real part of the mobility 
frequency response function is plotted versus the imaginary part of the frequency 
response function for a range of frequencies, a circle results. Plots of Re[(H(ω))] 
versus Im[H(ω)] are called Nyquist plots, or Nyquist circles, or Argand plane plots.

The mobility transfer function and corresponding frequency response func-
tion are presented in Section 7.3 and reviewed in Window 7.4. The real and imagi-
nary parts of the mobility frequency response function can be calculated to be

 Re(α) =
ω2c1k - ω2m22

+ (ωc)2
 (7.15)

and

 Im(α) =

ω1k - ω2m21k - ω2m22
+ (ωc)2

 (7.16)

respectively. The imaginary part is plotted versus the real part in Figure 7.10 for 
increasing values of ω. The plots of Figure 7.10 are formed by computing values 
for the pairs [Im(α), Re(α)] for each value of ω. This triple of values—ω, Im(α), 
Re(α)—correspond to information available in digital forms in the analyzer used 
to manipulate measured data.
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Window 7.4
Mobility Frequency Response Function

Recall from Table 3.2 that the mobility transfer function is the ratio of the 
laplace transform of the response velocity to the force input. From equation 
(3.87) this is

sX(s)

F(s)
= sH(s) =

s

ms2
+ cs + k

for a single-degree-of-freedom system. Substitution of s = jω yields the mo-
bility frequency response function defined by

α(ω) = jωH(ω) =
jω1k - ω2m2 + jωc

which is a complex-valued function usually denoted by α(ω). However, α(ω) 
is used to denote the frequency response function associated with any transfer 
function.

The imaginary part is plotted versus the real part for equally spaced incre-
ments of frequency. That is, the frequency range of interest is divided up into 
equally spaced values of the driving frequency ω (say, every 1 Hz or every 0.1 Hz). 
At each of the values of ω, the quantities Re(α) and Im (α) are calculated from the 
measured data in the analyzer, and these are plotted as indicated in Figure 7.10(a). 
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�(5)

�(4)

�(2)

X(2)�(2)
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1
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1

Increasing values of
the driving frequency

� =    k/m

Figure 7.10  (a) A plot of the imaginary part of the mobility frequency response func-
tion versus the real part for increasing values of ω, starting at ω = 0. (b) Receptance 
transfer function. The values in parentheses correspond to numbered data points. 
These are called Nyquist plots. The plots here are for underdamped systems.
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For a single-degree-of-freedom system, equations (7.15) and (7.16) predict that 
these points will all lie on a circle tangent to the origin centered on the Re(α) axis. 
The equally spaced driving frequencies are labeled ω(1), ω(2), and so on in the fig-
ure. Note that these points are not equally spaced around the circle, but are at equal 
increments of frequency. Note also on this plot that the input force magnitude is 
lined up along the Re(α) axis and that the response of magnitude X lags the force 
by the phase angle θ. These quantities are also marked on the plot of Figure 7.10 for 
the second value of the driving frequency [these are labeled X(2), θ(2)]. Thus, the 
distance from the origin to any point on the circle drawn through the data points is 
the magnitude of the response. Since resonance is defined as the driving frequency 
at which the response magnitude X is the largest, the point on the circle farthest 
from the origin corresponds to the resonant condition. Resonance is also defined, 
for small damping, as the condition when the driving frequency and the system’s 
natural frequency coincide. Hence, the point labeled ω corresponds to the system’s 
natural frequency, which is calculated from equations (7.15) and (7.16) evaluated at 
the point of intersection of the circle and the Re(α) axis.

The fact that the Nyquist plot of the mobility frequency response function is a 
circle can be seen by defining A = (α) -  (1>2c) and B = Im(α) and by using equa-
tions (7.15) and (7.16), so that

A2
+ B2

= cRe(α) -  
1

2c
 d 2 + 1(Im(α)22

= c  1

2c
 d 2

which is the equation of a circle of radius (1>2c) centered at the point [Im(α) = 0, 
Re(α) = 1>2c]. Note from equation (7.16) that at the point where the circle intersects 
the Re(α) axis, Im(α) = 0, so that ω = 2k>m, which is the condition for resonance. 
If the frequency at the point where the circle crosses the axis is not necessarily a point 
that was measured or plotted, the value of the resonant frequency can be determined 
by fitting a circle to the points ω(i) and numerically determining the value of ω cor-
responding to the intersection of the axis and the circle. This also gives the value of 
the damping coefficient from the simple relationship Re(α) = 1>c at the value of ω 
corresponding to resonance.

Figure 7.10(b) shows the Nyquist circle for the receptance transfer function 
(i.e., displacement measurements) for the same system. Most analyzers allow the 
user to plot any of the transfer functions given in Table 3.1 and their correspond-
ing Nyquist plots. The point corresponding to resonance on the receptance plot 
of a single-degree-of-freedom system given in Figure 7.10(b) can be characterized 
in four different ways. The point corresponding to the natural frequency can be 
thought of as

 1. The point on the circle corresponding to a maximum distance from the origin.

 2. The point lying halfway between the two adjacent frequencies forming the 
largest arc length on the circle. The arc between ω(3) and ω(4) is the largest in 
the example given in Figure 7.10(b).
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 3. The point on the circle a maximum distance away from the Re(α) axis.

 4. The point on the circle intersecting the line Im(α) axis.

For single-degree-of-freedom systems, each of these points is, of course, the 
same. However, for multiple-degree-of-freedom systems several changes occur. 
First, the Nyquist circle becomes many circles (roughly one for each mode) and the 
circles drift from being tangent to the origin centered on the Im(α) axis. As this hap-
pens, the four points just listed no longer coincide. This is illustrated in Figure 7.11. 
The single point labeled ω in Figure 7.10(b) becomes the four points labeled 1, 2, 3, 
and 4 in Figure 7.11(a) as the circle moves away from the origin. These labels cor-
respond numerically to the preceding list, characterizing the resonance point. Any 
one of these four points could be used to define the natural frequency for the mode 
described by the circle. The most common choice, and the choice least affected by 
the presence of the other modes, is to use point 2 (i.e., the point halfway between 
adjacent frequencies defining the largest arc length).

Referring to Figure 7.11(b), the procedure for using the circle is as follows: 
First, the analyzer computes the points marked x in the figure from Re(α) and 
Im(α) evaluated at equal intervals of the driving frequency. A numerical curve-fit 
procedure is then used to calculate the best circle through these points, the center 
of the circle (O), and the arc lengths between each point x. This determines point 
2 as defined by the largest arc length. The equations for Re(α) and Im(α) are then 
used to calculate the value for the natural frequency, denoted by ω3 here, since it 
corresponds to the third mode. The points ωa and ωb and O are also calculated and 
used to derive the angle α.
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mode number

Increasing
frequency

3

(a) (b)

4
2

1

O

Im(�)

Re(�)

�b

�a

�

2

O

Figure 7.11  Nyquist plot (receptance or compliance) for a three-degree-of-
freedom lightly damped system. (a) Four points that could be used to define the 
frequency of the third mode, defined by the circle centered at O. (b) Third mode 
plotted without the other modes and the geometry label that is used to determine 
the modal damping ratio. Point 2 corresponds to the natural frequency for the 
third mode. The points labeled ωa and ωb are adjacent frequencies that form the 
largest arc length, and α is the angle between the radii defined by ωa and ωb. The x’s 
denote measured points of equally spaced frequencies.
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As long as the angle a>2 6 45°, which it will be for any reasonable amount of 
data, the angle α is related to the modal damping ratio ζ3 and natural frequency ω3 by

 tan
α

2
=

1 - (ω>ω3)
2

2ζ3ω>ω3

 (7.17)

Applying equation (7.17) to ωa yields

  tan 
α

2
=

(ωa>ω3)
2

- 1

2ζ3ωa>ω3

 (7.18)

and applying equation (7.17) to ωb yields

  tan 
α

2
=

1 - (ωb>ω3)
2

2ζ3ωb>ω3

 (7.19)

Equations (7.18) and (7.19) can be added to yield (after some manipulation)

 ζ3 =
ωb

2
- ωa

2

2ω33ωa tan(α>2) + ωb tan(α>2)4  (7.20)

which yields an expression for the damping ratio for the mode under study.
To check this result, note that if the half-power points used in Section 7.4 

are taken to be those frequencies ωa and ωb, where α = 90°, equation (7.20) 
 reduces to

 ζi =
ωb - ωa

2ωi

 (7.21)

which matches the quadrature formula given to equation (7.14) of Section 7.4.
The method of using the Nyquist circle for determining natural frequencies 

and damping ratios is first to divide the frequency response function into segments 
by looking at the magnitude plot to determine regions of ω for which the frequency 
response looks approximately like that of a single-degree-of-freedom system (i.e., 
take a frequency range around each peak). The data points comprising each peak 
are then chosen to use in generating a Nyquist circle for that mode. Each frequency 
range must contain at least three points.

The circle generated by these points will contain noise, and so on, and will 
not be perfect circles. To rectify this, the data points are curve fit to a circle using a 
simple least squares method. This yields the equation of the (“best”) circle through 
the data points. This circle is then used to calculate ωi and ζi from the preceding 
formulas. Since a curve-fit procedure is used, this method is called the circle fit 
method of extracting modal parameters. The method was formulated by Kennedy 
and Pancu (1947).
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7.6 MODE SHAPE MEASUREMENT

Determining the mode shapes from experimentally measured transfer functions is 
slightly more complicated and involves the measurement of several transfer func-
tions. First, the concept of a transfer function matrix, or receptance matrix, needs to 
be established. To this end, consider the response of the multiple-degree-of-freedom 
system as described by equation (4.122) to a harmonic force input represented in a 
complex form by fejωt. The equation of motion becomes

 Mx
$

+ Cx
#

+ Kx = fejωt (7.22)

The forced response can be constructed by assuming that the solution x(t) is har-
monic, of the form x(t) = uejωt. Substitution of this form into equation (7.22) yields

 1K - ω2M + jωC2u = f (7.23)

after rearranging terms and factoring out the nonzero scalar ejωt. Equation (7.23) 
relates the magnitude of the response vector (i.e., the vector u) to the magnitude of 
the input vector f, both of which are constants. Solving equation (7.23) yields

 u = 1K - ω2M + jωC2-1f (7.24)

The inverse of the complex matrix coefficient is the receptance matrix, denoted α(ω) 
and defined by

 α(ω) = 1K - ω2M + jωC2-1 (7.25)

so that equation (7.24) becomes simply u = α(ω)f. A two-degree-of-freedom exam-
ple of the receptance matrix is used in Section 5.4 on damped absorbers to calculate 
equation (5.35). An undamped version of α(ω) for a two-degree-of-freedom system 
is given by equation (5.18).

The receptance matrix can be further analyzed by recalling the transforma-
tion used in Chapter 4 to derive modal coordinates. In particular, recall that the 
modal stiffness matrix can be represented in diagonal form by

 ΛK = diag3ωi
24 = PTM-1>2KM-1>2P (7.26)

where P is the matrix of normalized eigenvectors of the matrix M-1>2KM-1>2. 
Similarly, the modal damping matrix can be written as

 Λc = diag32ζiωi4 = PTM-1>2CM-1>2P (7.27)

if the damping is assumed to be proportional. Multiplying equation (7.26) by M1>2P 
from the left and PTM1>2 from the right yields

 K = M1>2PΛKPTM1>2 (7.28)
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since PTP = I. Similarly, the damping matrix can be written from equation (7.27) as

 C = M1>2PΛCPTM1>2 (7.29)

Substitution of equations (7.28) and (7.29) for C and K into equation (7.25) for the 
receptance matrix yields

  α(ω) = 3M1>2P1ΛK - ω2I + jωΛC2PTM1>24-1 (7.30)

  = 3S(ΛK - ω2I + jωΛC)ST4-1  (7.31)

  = 3S diag(ωi
2

- ω2
+ 2ζiωiωj)ST4-1  (7.32)

where S = M1>2P. Here the inside matrix is a combination of diagonal matrices 
and hence is diagonal. Recall from matrix theory that (AB)-1

= B-1A-1 (see 
Appendix C), so that equation (7.32) can be written as

 α(ω) = S-Tdiag c 1

ωi
2

- ω + 2ζiωiωj

dS-1 (7.33)

since the inverse of a diagonal matrix is obtained simply by inverting its nonzero 
diagonal elements. Note that this formulation assumes proportional damping.

Equation (7.33) for the receptance matrix can be expressed as a summation of 
n matrices rather than the product of three matrices by realizing that the columns of 
S-T are the mode-shape vectors of the undamped system, denoted ui, of equation 
(4.164). Equation (7.33) can thus be written as

 α(ω) = a
n

i = 1
 c uiui

T1ωi
2

- ω22 + (2ζiωiω)j
d  (7.34)

where uiui
T is the outer product of two n * 1 mode-shape vectors. This outer prod-

uct results in an n * n matrix. This representation provides a connection between 
the receptance matrix and the system’s mode shapes, which can be exploited in test-
ing to provide a measurement of the test article’s mode shapes.

The element of the receptance matrix located at the intersection of the sth 
row and rth column α(ω) is essentially the transfer function between the response 
at point s, us, and the input at point r, fr, when all other inputs are held at zero. The 
srth element of α(ω) is

 αsr(ω) = a
n

i = 1

 
3uiui

T4 sr

(ωi
2

- ω2) + 12ζiωiω2 j (7.35)

which relates the transfer function between a given input and output, αsr(ω), to 
elements of the mode shapes ui. This interpretation of αsr(ω) is a generalization of 
the single-degree-of-freedom concept of a transfer function. Since α(ω) is a matrix, 
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it cannot be written as the ratio of an output to an input. However, each element of 
α(ω) is a transfer function:

 
us

fr

= 3α(ω)4 sr = Hsr(ω) (7.36)

where Hsr(ω) is the transfer function between an input at point r and an output at 
point s. An example of equation (7.36) is the ratio x1>F0k used in Sections 5.3 and 
5.4 to discuss absorbers.

If it is assumed that the modes, or peaks, of the system are well spaced, the 
summation in equation (7.35) evaluated at a natural frequency will be dominated 
by one term, the term corresponding to that frequency. This can be seen by sub-
stituting ω = ωi into equation (7.35) and taking the magnitude. This yields the 
approximation

 0αsr(ωi) 0 =
0 uiui

T 0 sr0 (ωi
2

- ωi
2) - 2ζiωiωi j 0 =

0 uiui
T 0 sr

2ζiωr
2

 (7.37)

where it is assumed that the contributions from the other terms in the summation 
are all much smaller because of the nonzero term ωi

2
- ω2 in their denominators. 

Equation (7.37) can be rearranged to yield

 0 uiui
T 0 sr = 0 2ζiωi

2 0 0Hsr(ωi) 0  (7.38)

where 0Hsr(ωi) 0 = 0αsr(ωi) 0  is the magnitude of the frequency response function 
measured between points s and r and evaluated at the ith natural frequency. 
Equation (7.38) holds for proportionally damped systems with underdamped, widely 
spaced modes. This equation relates the measured damping ratio, ζi, measured natu-
ral frequency, ωi, and the measured magnitude of the transfer function, 0Hsr(ωi) 0 , to 
the ith mode shape, ωi, and hence provides a measure of the mode shape of the test 
structure.

Equation (7.38) only provides a measurement of the magnitude of one 
 element of the matrix 3uiui

T4 sr. The phase plot of H(ωi) is used to determine the 
sign of the element 3uiui

T4 sr. Equation (7.37) is a mathematical statement that the 
ith peak in the transfer function plot of Figure 7.8 results from only a single-degree-
of-freedom system. Note that the matrix uiui

T has n2 elements but that only n of 
them are unique where n is the number of measured natural frequencies. Hence n 
measurements of 0Hsr(ωi) 0  must be made. This is accomplished by stepping through 
the n elements of the vector f one at a time so that r ranges from 1 to n. This 
amounts to measuring the response at point s with first an input at point 1, then at 
point 2, and so on, until all n input positions have been used. This provides a mea-
surement of one row of the matrix uiui

T. From this one row, the entire vector ui can 
be determined as the following example illustrates. Note that this process could be 
interchanged so that the driving point is fixed and the measurement point is moved. 
The following example illustrates this procedure.



Sec. 7.6    Mode Shape Measurement 599

Example 7.6.1

Consider a simple beam of Figure 7.12. A transfer function measurement made by ap-
plying a force at point 1 and measuring the response at point 1 (called the driving point 
frequency response) yields three distinct peaks, indicating that the system has three 
natural frequencies and can be modeled by a three-degree-of-freedom system. This 
initial measurement suggests that the beam be measured at two other points in order to 
establish enough data to determine the mode shapes. These other two points are marked 
on the beam of Figure 7.12. Since a shaker is used, it is easier to move the accelerometer 
to obtain the required two additional transfer functions. Alternatively, a multichannel 
frequency analyzer can be used with two additional accelerometers to obtain simultane-
ously the required three transfer functions: H11(ω), H21(ω), and H31(ω). This is the proce-
dure illustrated in Figure 7.12. Plots of the three transfer functions are given in Figure 7.13.

Force
transducer

Shaker
(input)

Stinger

FFT

Accelerometer
at point 1

32

Figure 7.12  A cantilevered beam labeled with three measurement and driving points.

From the driving point transfer function H11(ω), the values of the modal damp-
ing ratio and natural frequencies are obtained using the peak method illustrated in 
Example 7.4.1. They are

  ω1 = 10 rad>s  ζ1 = 0.01 

  ω2 = 20 rad>s  ζ2 = 0.01 (7.39)

  ω3 = 32 rad>s  ζ3 = 0.05 

These values can be checked against similar calculations of the remaining two trans-
fer functions H21(ω) and H31(ω). To determine the mode-shape vectors, the value of  
∙H11(ω1) ∙  is measured to be ∙H11(ω1) ∙ = 0.423 and the phase of H11(ω1) is noted to 
be phase [H11(ω1)] = -90°. In addition, the magnitude and phase of the remaining two 
transfer functions yield

  0H21(ω1) 0 = 0.917  phase3H21(ω1)4 = -90° (7.40)

  0H31(ω1) 0 = 0.317  phase3H31(ω1)4 = -90° 

From equation (7.38) and the measured values of ζ1, ω1, H11(ω1), H21(ω1), and H31(ω1), 
the first row of the matrix u1u1

T is known:

 0 u1u1
T 0 11 = 0.846  0 u1u1

T 0 21 = 1.834  0 u1u1
T 0 31 = 4.633 (7.41)
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This, along with the phase information, allows determination of the vector u1. To see 
this, let u1 = [a1   a2   a3]T, so that

uiui
T

= C a1
2 a1a2 a1a3

a2a1 a2
2 a2a3

a3a1 a3a2 a3
2
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Figure 7.13  (cont’d on next page) Instrumentation required to construct the necessary 
frequency response curves to allow computation of the mode shapes for a three-degree-of-
freedom model of the test specimen. The peaks of the three transfer functions determine the 
values of the receptance matrix and hence the system mode shapes.
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Note that this matrix is symmetric. Hence, from the values given in equation (7.41), the 
elements of the matrix 0 uiui

T 0  must satisfy

 a1
2

= 0.846  a1a2 = 1.834  a1a3 = 4.633 (7.42)

This forms a set of three equations in three unknowns that is readily solved to yield

 a1 = 0.920  a2 = 1.993  a3 = 5.036 (7.43)

Using the phase as either a +  or -  sign [i.e., H(ω1) is either in phase or out of phase], 
the phase is either -90° or +90° at resonance. If phase [Hij(ω1)] = +90°, the element 
associated with 3u1u1

T4 ij is assigned a positive value. If the phase is –90°, the element is 
assigned a negative value. Examining the phase plots of Figure 7.13 and the numerical 
values given in equation (7.43), the vector u1 becomes

u1 = Ca1

a2

a3

S = C -0.920

-1.993

-5.036
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Figure 7.13  (cont’d)
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Figure 7.14  The top view of the cantilever beam used in the experiment, showing the 
measurement points. The points are numbered starting with 1 on the left and ending with 5 at 
the tip. Point 2 is the driving point.

Next, consider the ω2 = 20 rad>s peak in each of the three transfer functions of Figure 
7.13. These along with equation (7.38) yield 0 1u2u2

T2 0 11 = 7.12, 0 1u2u2
T2 0 21 = 7.72, and 0 1u2u2

T2 0 31 = 15.681. Again, using these values and the phase information  yields

u2 = C -2.67

-2.89

5.873

S
Similarly, the measurement of the ω3 = 32 rad>s, the corresponding phase values, and 
the modal data in equation (7.38) yield

u3 = C -4.22

2.99

-15.311

S
Hence, the three mode shapes u1, u2, u3 are determined.

n

The method of determining the mode shapes, natural frequencies, and 
damping ratios illustrated in Example 7.6.1 is only one of many methods available 
for extracting modal data from frequency response functions constructed from 
test data. These are discussed in Ewins (2000). The notation used here is consis-
tent with that used in Chapters 4 and 5. However, the modal analysis and testing 
community has begun to try to standardize the notation, and it will likely differ 
from that used here.

Example 7.6.2

This example is of a laboratory experiment using a hammer as the force excitation 
device and a laser vibrometer as the measurement sensor. The laser, of course, is non-
contacting and the hammer does not provide mass loading, so there should be little ef-
fect of the measurement hardware on the dynamics of the beam being measured. A top 
view of the experiment along with measurement points is shown in Figure 7.14.
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Figure 7.15(a)  The transfer function between points 1 and 2 in Figure 7.14.

The data taken is formed into magnitude plots and these are given in Figures 
7.15(a) through 7.15(e) with the last number indicating where the transfer function was 
measured. The transfer functions in Figures 7.15 are mobility transfer functions (veloc-
ity out, force in) and the units on the magnitude are volts. The laser sensor constant is 
125 mm>s>v. The experiment was conducted on a clamped–free beam made of alumi-
num. The beam dimensions were 0.5128 m in length, 25.5 mm in height, and 3.2 mm in 
width. The modulus of elasticity was 6.9 * 1010 N>m2 and the density was 2715 kg>m3. 
The cross-sectional area is A = 8.16 m2 and I = 6.96 * 10-11 m4. The excitation to the 
structure was provided with an impact hammer (Kistler type: 9722A500, s>n 014019). 
The impulse signal was fed to a signal conditioner (Dytran model: 4114b1) and then 
passed to the DSP Siglab unit. Siglab is a signal processing plug-in compatible with 
MATlAb. The velocity readings were made by a laser vibrometer composed of a sen-
sor head and a vibrometer controller (model OFV 303 and OFV 3001, respectively, with 
resolution of 125 mm>s>V), for all five points. The data collected by the laser vibro-
meter was also fed into a Siglab DSP board.

Compute the natural frequencies using Table 6.6 and the theory presented in 
Section 6.5, and compare the results to the measured natural frequencies.
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Figure 7.15(c)  The transfer function between points 2 and 3 in Figure 7.14.
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Figure 7.15(b)  The driving point transfer function between points 2 and 2 in Figure 7.14.
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Figure 7.15(d)  The transfer function between points 2 and 4 in Figure 7.14.
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Figure 7.15(e)  The transfer function between points 2 and 5 in Figure 7.14.
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Solution  From looking at Figures 7.15, examining the peaks, and using a peak-picking 
approach, locations of the first four natural frequencies appear to be

f1 = 10.000  f2 = 62.1875  f3 = 172.8125  f4 = 335.5626 Hz

The frequencies for a beam are given by equation (6.101) as

ωn = βn
2B EI

ρA
, n = 1, 2, 3 c

Here βn is determined from Table 6.6 for cantilevered boundary conditions. Using the 
values from Table 6.6 and the data given, the first four analytical frequencies are

f1 = 9.9105 f2 = 62.1082  f3 = 173.0946  f4 = 340.7837 Hz

Thus, the theory and the experiment agree reasonably well.
n

7.7 VIBRATION TESTING FOR ENDURANCE AND DIAGNOSTICS

A part manufactured for use in a machine or structure must obviously be able to 
function in its operating environment. In particular, the device under consideration 
must be able to withstand all the dynamic loads that might be applied to it and 
it must continue to function. Often, the behavior of a device over time cannot be 
predicted analytically with 100% accuracy. Hence sample devices are subjected to 
dynamic loads in various controlled testing environments. For example, an elec-
tronic module might be dropped from a height of 10 feet twenty times and still be 
expected to function. A valve might be mounted on a shaker and driven with a ran-
dom input for 12 hours, after which it must still open and close. The idea here is very 
simple: Characterize the dynamic environment that a given device will experience 
during its normal use; condense this into a worst-case series of laboratory tests; ap-
ply the loads to the device and then see if it still works.

The most difficult part of this procedure is estimating a reasonable description 
of the dynamic loads that a given device is likely to experience during its useful ser-
vice life. The next problem is to devise a test procedure that faithfully reproduces 
the dynamic input data specified for the devices. The basic elements are similar to 
those used in experimental modal analysis: shakers, accelerometers, and some kind 
of recording device. In addition, a feedback device is often applied to the shaker to 
make sure that it produces the desired force and frequency. The entire test system 
is then coupled to a computer control system, which both records data and controls 
the input to the shaker.
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The control computer can be used to program the shaker to perform long 
hours of testing at a variety of loads and frequencies and signal inputs. For example, 
a load may call for a device to be driven at 10 G for 3 hours at 10 Hz, then 3 hours at 
50 Hz followed by 3 hours of random vibration of a specified strength. A schematic 
of a computer-controlled vibration testing device is given in Figure 7.16. In the 
figure, the test profile data containing timing and signal information is fed to the 
control computer, which assigns the appropriate signal to the power supply, which 
in turn drives the shaker. The force output of the shaker is monitored by a load cell. 
This signal is returned to the computer which matches the signal to the required test 
profile. If there are some differences, the computer adjusts its output to the shaker 
accordingly. The acceleration of the test article is also measured if transmissibility 
values are needed and to provide a record of the test. All signals are stored in the 
computer data storage section to provide evidence that the tests were performed 
and exactly what the responses and inputs were.

Another use of vibration testing is diagnostics or machine health monitoring. 
The basic idea here is that periodic measurements of frequency and damping may 
yield information regarding changes in the integrity of a structure or predict the 
pending failure of a machine. If a system’s frequencies are measured and moni-
tored over a period of time and a change is observed, then since ωn = 1k>m, some 
change in the system’s mass or stiffness must be the cause. A change in stiffness 
could imply a cracked or malfunctioning part and a change in mass might reflect 
excessive wear.

Example 7.7.1

A static deflection test is performed on a cantilevered aluminum beam, both with and 
without a small cut in the aluminum. The results indicate that with the cut, the modulus 
is measured to be 10% lower than its nominal value of 71 * 1010 N>m2. based on this 
information, the fundamental frequency of aircraft wings is measured after each flight 
to see if any fatigue cracks are present. What sort of frequency shift would be expected 
to detect a crack?

Test profile
data

Input signal to shaker

Test
article Mounting

platform

Accelerometer

Shaker

Load cell

Power supply

Sample of response

Data
storage

Control
computer

Figure 7.16  A schematic of a computer-controlled vibration endurance test.
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Solution  From Table 6.6 the first natural frequency of a cantilevered Euler– bernoulli 
beam is

ω1 =
1.8751

l2 B EI

ρA

For a 2-m long wing with estimated parameters

 I = 5 * 10-5 m4

 A = 0.05 m2

the nominal value of the wing frequency will be (ρ = 2.7 * 103 kg>m3)

ω1 =
1.871

(2)2 C 171 * 10102 15 * 10-5212.7 * 1032(0.05)
≈ 240 rad>s

If E changes by 10% (i.e., is reduced to 63.9 * 1010) the new frequency becomes

ω1 =
1.871

(2)2 C 163.9 * 10102 15 * 10-5212.7 * 1032(0.05)
≈ 228 rad>s

Thus the change in frequency is both noticeable and possible to measure, forming a 
reasonable diagnostic.

n

In some cases the vibration response is examined as a signature of the device. 
If the time history of the response changes over time, it is possible that the change 
has been caused by some deterioration of the part. The use of these ideas is an 
emerging technology and engineers are involved in trying to make strong connec-
tions between certain types of changes (such as frequency) and the condition or 
health of the device.

As an example of health monitoring, consider the plot of Figure 7.17. The 
plot consists of a record of displacement measurements of a bearing housing of a 
rotating shaft on a machine made over several months. The measurements over 
time indicate a trend. The increase (changes in normal operating deflections) in 
later months is thought to show that something is changing in the bearing system so 
that maintenance or repair is required. The other way to examine this is to stop the 
machine and physically look for damage or wear. If the machine is required for pro-
duction, stopping the machine to dismantle it could be very expensive. Using vibra-
tion monitoring techniques, such as indicated in Figure 7.17, the routine of stopping 
the machine periodically to check it or waiting for it to fail can be avoided. A more 
complete discussion of machine health monitoring can be found in Wowk (1991).
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7.8 OPERATIONAL DEFLECTION SHAPE MEASUREMENT

An operational deflection shape (ODS) is a vibration response pattern of a structure 
that is excited by sinusoidal forces. Here we will restrict our study to the simplest 
case of forces applied at a single excitation frequency and where all forces have 
the same or opposite phase. The ODSs can be studied to decide design changes to 
 reduce vibration and noise of a structure, and also to detect damage in structures. 
The mathematical description of the ODS and the differences between ODS and 
mode shapes are described next.

Using equation (7.25), the steady-state forced displacement of a structure can 
be written as

 x(t) = Re1α(ω)fejωt2  (7.44)

The velocity response is

 v(t) = Re1 jωα(ω)fejωt2  (7.45)

The velocity ODS will be considered here because they can be measured using the 
SlDV. The ODS is defined by evaluating equation (7.45) at different angles or 
times during a steady-state sinusoidal response. The angles are defined to be

 θa = ωta (7.46)

where ω is one excitation frequency. The ODS can be evaluated at specified angles, 

θa =
2πa

b
, where b is the number of points in one cycle of vibration to evaluate 
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Figure 7.17  A record of average displacement of a housing for the bearing 
of a rotating shaft over a period of months.
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the ODS, and a = 0, 1, 2, . . . , b -  1. Therefore, the times to evaluate the ODS are 

given by

 ta(ω) =
2πa

bω
 (7.47)

The velocity ODS is given by

 v aθa

ω
b = Re1jωα(ω)fejθa2  (7.48)

The ODS can be plotted as mesh plots or fringe contours by the software supplied 
with the laser measurement system, or by MATlAb algorithms. Equation (7.48) 
can be used to study the ODS in terms of the force vector, excitation frequency, and 
angle of the response.

Another way to understand the ODS is to write it in terms of modal param-
eters, that is, mode shapes and damping ratios. To do this the damping must be 
modal or proportional so that the modes are real and the equations can decouple. 
by substituting equation (7.34) into equation (7.48), the velocity ODS becomes

 v aθa

ω
b = ωa

n

i = 1

 
ui(ui

Tf) 1(ωωi2ζi) cos θa + (ωi
2

- ω2) sin θa21(ωi
2

- ω2)2
+ (ωωi2ζi)22  (7.49)

Equation (7.49) can be used to study the ODS in terms of the mode shapes, force 
vectors, excitation frequencies, damping ratios, and the angle of the response. From 
(7.49) it is obvious that there are a large number of ODSs that can occur. Note that 
the velocity ODS depends on all of the mode shapes of the structure. If the damping 
ratios are small and the structure is excited at its ith natural frequency, that is, ω =

ωi, then the denominator of equation (7.49) will be small and the ith term (modal re-
sponse) in the series may be the largest contribution to the response. The response 
in each mode, however, also depends on the degree of orthogonality between that 
mode and the forcing vector. If 1ui

Tf2 = 0, then there will be no response in the 
ith mode. The effect of the force is the major difference between mode shapes and 
operational deflection shapes. The mode shapes are computed from the FRF matrix 
and do not depend on the forcing function magnitude or location. Conversely, the 
ODS depends on the location and relative magnitudes of the forces acting at differ-
ent locations on the structure. In practice, if a single input is used and the structure 
is excited at a resonance, and damping is small, then the mode shapes and ODS are 
similar. However, other cases can occur where (1) the ODSs have nonstationary 
nodal points and (2) all parts of the ODS do not reach their maximum displace-
ments and do not pass through equilibrium at the same time. This nonmodal behav-
ior may be observed when two or more excitations are used or when multiple mode 
shapes that are close in frequency  participate in the response.
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The ODSs can be more difficult to understand than mode shapes, but they 
represent the actual structural response from all modes combined and damping 
is included. No assumptions or approximation other than linearity and the FFT 
operation are used. because of their sensitivity, a recent application is to measure 
ODSs to detect cracks or other damage to structures. Changes in the ODS over 
time can indicate damage, and if higher-frequency ODSs are used, the damage site 
can often be located. A research topic is how to apply forces to a structure to obtain 
the maximum sensitivity of ODS to damage.

PROBLEMS

Section 7.2 Problems (7.1 through 7.5)

 7.1. A low-frequency signal is to be measured by using an accelerometer. The signal is 
physically a displacement of the form 5 sin(0.2t). The noise floor of the accelerometer 
(i.e., the smallest magnitude signal it can detect) is 0.4 volt>g. The accelerometer is cali-
brated at 1 volt>g. Can the accelerometer measure this signal?

 7.2. Referring to Chapter 3, calculate the response of a single-degree-of-freedom system 
to a unit impulse and then to a unit triangle input lasting T seconds. Compare the two 
responses. The differences correspond to the differences between a “perfect” ham-
mer hit and a more realistic hammer hit, as indicated in Figure 7.2. Use ζ = 0.01 and 
ωn = 4 rad>s for your model.

 7.3. Compare the laplace transform of δ(t) with the laplace transform of the triangle input 
of Figure 7.2 and Problem 7.2.

 7.4. Plot the error in measuring the natural frequency of a single-degree-of-freedom system 
of mass 10 kg and stiffness 350 N>m if the mass of the excitation device (shaker) is in-
cluded and varies from 0.5 to 5 kg.

 7.5. Calculate the Fourier transform of f(t) = 3 sin 2t -  2 sin t -  cos t and plot the spectral 
coefficients.

Section 7.3 (Problems 7.6 through 7.9)

 7.6. Represent 5 sin 3t as a digital signal by sampling the signal at π>3, π>6, and π>12 seconds. 
Compare these three digital representations.

 7.7. Compute the Fourier coefficient of the signal ∙ 120 sin 120 π ∙ .

 7.8. Consider the periodic function

x(t) = e -5 0 6 t 6 π

5 π 6 t 6 2π

and x(t) = (t +  2π). Calculate the Fourier coefficients. Next plot x(t): x(t) represented 
by the first term in the Fourier series, x(t) represented by the first two terms of the 
series, and x(t) represented by the first three terms of the series. Discuss your results.
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 7.9. Consider a signal x(t) with maximum frequency of 500 Hz. Discuss the choice of record 
length and sampling interval.

Section 7.4 (Problems 7.10 through 7.19)

 7.10. Consider the magnitude plot of Figure P7.10. How many natural frequencies does this 
system have and what are their approximate values?
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Figure P7.10  A sample magnitude plot of H(ω) for a simple structure.

 7.11. Consider the experimental transfer function plot of Figure P7.11. Use the methods of 
Example 7.4.1 to determine ζi and ωi.
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Figure P7.11  Experimental plot of phase and magnitude of a simple laboratory structure.
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 7.12. Consider a two-degree-of-freedom system with frequency ω1 = 10 rad>s, ω2 = 15 rad>s, 
and damping ratios ζ1 = ζ2 = 0.01. With S =

112
J1 - 1

1 1
R , calculate the transfer 

function of this system for an input at x1 and a response measurement at x2.

 7.13. Plot the magnitude and phase of the transfer function of Problem 7.12 and see if you 
can reconstruct the modal data (ω1, ω2, ζ1, and ζ2) from your plot.

 7.14. Consider equation (7.14) for determining the damping ratio of a single mode. If the 
measurement in frequency varies by 1%, how much will the value of ζ change?

 7.15. Discuss the problems of using equation (7.14) if the natural frequencies of the structure 
are very close together.

 7.16. Discuss the limitation of using equation (7.15) if ζ is very small. What happens if ζ is 
very large?

 7.17. Consider the two-degree-of-freedom system described byJ1 0

0 1
R Jx

$
1

x
$

2

R + J0 0

0 c
R Jx

#
1

x
#
2

R + J 2 - 1

-1 2
R Jx1

x2

R = Jf0 sin ωt

0
R

and calculate the transfer function ∙ X >F ∙  as a function of the damping 
parameter c.

 7.18. Plot the transfer function of Problem 7.17 for the four cases: c = 0.01, c = 0.2,  
c = 1, and c = 10. Discuss the difficulty in using these plots to measure ζi and ωi for 
each value of c.

 7.19. Use a numerical procedure to calculate the natural frequencies and damping ratios of 
the system of Problem 7.18. label these on your plots from Problem 7.18 and discuss the 
possibility of measuring these values using the methods of Section 7.4.

Section 7.5 (Problems 7.20 through 7.24)

 7.20. Using the definition of the mobility transfer function of Window 7.4, calculate the Re 
and Im parts of the frequency response function and hence verify equations (7.15) 
and (7.16).

 7.21. Using equations (7.15) and (7.16), verify that the Nyquist plot of the mobility frequency 
response function does in fact form a circle.

 7.22. Consider a single-degree-of-freedom system of mass 10 kg, stiffness 1000 N>m, 
and damping ratio of 0.01. Pick five values of ω between 0 and 20 rad>s and plot 
five points of the Nyquist circle using equations (7.15) and (7.16). Do these form a 
circle?
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 7.23. Derive equation (7.20) for the damping ratio from equations (7.18) and (7.19). Then 
verify that equation (7.20) reduces to equation (7.21) at the half-power points.

 7.24. Consider the experimental curve-fit Nyquist circle of Figure P7.24. Determine the 
modal damping ratio for this mode.

2 Hz

4 Hz

6 Hz

8 Hz

9 Hz10 Hz

Re

Im

Figure P7.24  Experimentally determined Nyquist circle consisting of five data 
points. The 9-Hz point is constructed as halfway along the longest arc.

Section 7.6 (Problems 7.25 through 7.31)

 7.25. Referring to Section 5.4 and Window 5.3, calculate the receptance matrix of equa-
tion (7.25) for the following two-degree-of-freedom system without using the system’s 
mode shapes.J2 0

0 1
R Jx

$
1

x
$

2

R + J 3 - 1

-1 1
R Jx

#
1

x
#
2

R + J 6 - 2

-2 2
R Jx1

x2

R = Jf0

0
R  sin ωt

 7.26. Repeat Problem 7.25 using the undamped mode shapes. Note that the system has pro-
portional damping since C = αM + βK, where α = 0, α = 1>2. Use this result and 
the result of Problem 7.25 to verify equation (7.33).

 7.27. Compare equation (7.36) to equations (5.19) and (5.20) for the undamped vibration 
absorber problem and with equation (5.29) for the damped vibration absorber.

 7.28. Consider the damped vibration absorber equation given by (5.29) and write out the 
four terms of the matrix Hsr(ω) given in equation (7.36). Physically interpret each term 
of Hsr by relating the input and output points to Figure 5.19. 

 7.29. Consider the transfer function of Figure P7.29 and determine the natural frequencies.
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Figure P7.29  A sample magnitude and phase plot of a simple structure.

 7.30. Try to determine the modal damping ratios from the plot of Figure P7.29.

 7.31. The first row of the matrix 3uiui
T4  is measured to be31 -1 3 -0.25 44

Construct the entire matrix.

MATLAB ENGINEERING VIBRATION TOOLBOX

If you have not yet used the Engineering Vibration Toolbox, return to the end of 
Chapter 1 or Appendix G for a brief introduction. The files contained in the folder 
VTb7 may be used to help solve the following Toolbox problems. Some of these 
files contain real experimental data for those who do not have access to labs. The file 
VTb7_3.m contains experimental data, and updates of data are occasionally added to 
the Toolbox. The M-files from earlier chapters may also be useful. Alternately, the 
codes may be used directly following the introductions given in Sections 1.9, 1.10, 2.8, 
2.9, 3.8, 3.9, 4.9, and 4.10 and Appendix F.



616 Vibration testing and Experimental Modal Analysis     Chap. 7

TOOLBOX PROBLEMS

 TB7.1. Open file VTb7_1. This is a demonstration program that inputs a periodic signal, digi-
tizes it, calculates its digital Fourier transform, and plots out both the digital record and 
its PSD. You may also use this to try some DFTs of your own. The basic MATlAb func-
tion used here is fft(x), which performs a digital Fourier transform of the data vector x.

 TB7.2. Open file VTb7_1. This is a demonstration file that performs a crude power spectral 
density calculation (Sxx). For a given function x(t), the digital Fourier transform is 
computed followed by the computation of Sxx. both x(t) and Sxx(ω) are plotted.

 TB7.3. Open file VTb7_2.This file calculates H(jω) from the input data f(t) and the output 
data x(t). A plot of H(ω) versus ω as well as a phase plot are given. The sample time 
history data file VTb7_2ex.mat can be loaded to run this program.

 TB7.4. Subfolder>directory VTb7_3 contains several data files containing force transducer 
and accelerometer data from actual laboratory experiments on a clamped–free beam, 
as illustrated in Figure 7.12. The data are manipulated to produce frequency response 
information (both magnitude and phase) like those of Figure 7.13. Plot these data and 
use the techniques of Section 7.6 to extract the modal parameters. Use the command 
abs to get the magnitude of H(jω) or type help vtb7 for help. (Note: FRF curve fits 
and MDOF curve fits can be downloaded from Professor Slater’s website.)

 TB7.5. Subfolder>directory VTb7_3 contains experimental data presented as Nyquist plots. 
Plot these data and use the techniques of Section 7.5 to determine the natural fre-
quencies and damping ratios. Type help vtb7 for help.
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This chapter introduces the finite 

element method for vibration analysis. 

The finite element method is extremely 

useful for modeling complicated 

structures and machines such as the 

bridge and wing pictured here. in 

finite element analysis, the vibration of 

the structure is approximated by the 

motion of the points of connection 

of the lines illustrated in the finite 

element model of the airplane wing 

illustrated here. Such animations are 

valuable in locating troublesome 

vibration, in design, and in predicting 

the response of such devices before 

they are actually constructed and 

tested. The finite element methods 

presented here are often used in 

conjunction with the modal analysis 

test methods of Chapter 7 and the 

analysis methods of Chapter 4 for 

multiple-degree-of-freedom systems. 

Finite Element method8
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The finite element method is a powerful numerical technique that uses variational 
and interpolation methods for modeling and solving boundary-value problems such 
as described in Chapter 6, associated with distributed-parameter vibration  problems 
(e.g., bars, beams, and plates). The method is also extremely useful for complicated 
devices and structures with unusual geometric shapes (e.g., trusses, frames, and ma-
chine parts). The finite element method is very systematic and modular. Hence the 
finite element method may easily be implemented on a digital computer to solve a 
wide range of practical vibration problems simply by changing the input to a com-
puter program. In fact, several large commercial finite element codes are available. 
These commercial codes can be run on almost every type of computer, ranging from 
laptops to large super computers.

The finite element method approximates a structure in two distinct ways. The 
first approximation made in finite element modeling is to divide the structure up 
into a number of small, simple parts. These small parts are called finite elements, 
and the procedure of dividing up the structure is called discretization. Each element 
is usually very simple, such as a bar, beam, or plate, which has an equation of mo-
tion that can easily be solved or approximated. Each element has endpoints called 
nodes, which connect it to the next element. The collection of finite elements and 
nodes is called a finite element mesh or finite element grid.

The equation of vibration for each individual finite element is then deter-
mined and solved. This forms the second level of approximation in the finite ele-
ment method. The solutions of the element equations are approximated by a linear 
combination of low-order polynomials. Each of these individual polynomial solu-
tions is made compatible with the adjacent solution (called continuity conditions) 
at nodes common to two elements. These solutions are then brought together in an 
assembly procedure, resulting in global mass and stiffness matrices, which describe 
the vibration of the structure as a whole. This global mass and stiffness model repre-
sents a lumped-parameter approximation of the structure that can be analyzed and 
solved using the methods of Chapter 4. The vector x(t) of displacements associated 
with the solution of the global finite element model corresponds to the motion of 
the nodes of the finite element mesh.

The finite element procedure is best illustrated by examining some of the 
simple beams discussed in Chapter 6. because simple structures have closed-form 
solutions, developing the finite element approximation on such structures pro-
vides an easy comparison with a more exact solution. However, the power and 
usefulness of the finite element method is not found in examining simple struc-
tures with closed-form solutions, but rather in modeling and solving complicated 
parts and structures that do not have closed-form solutions.

As a final introductory comment, note that the word node in finite element 
analysis means something completely different from a node in vibration analysis. 
This is an unfortunate situation that must be kept in mind. A node in vibration 
analysis refers to a node of a mode shape (i.e., a place where no motion occurs). 
In finite element analysis, a node is a point on the structure representing the 
boundary between two elements, corresponding to the coordinate or point on 
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the structure that represents the motion of the structure as a whole. The nodes in 
finite element methods are used to capture the global motion of the structure as 
it vibrates.

The phrase finite element method is often abbreviated “FEM.” This abbrevia-
tion can also denote the phrase finite element model. Another often used abbreviation 
is “FEA,” which denotes finite element analysis. Sometimes the abbreviation “FE” is 
used to denote finite elements.

8.1 EXAMPLE: THE BAR

The longitudinal vibration of a bar provides a simple example of how a finite ele-
ment model is constructed as well as how it is used to approximate the vibration of 
a distributed-parameter system with that of a lumped-parameter system (FEM). 
Recall the longitudinal vibration of a bar introduced in Section 6.3, which is re-
viewed in Window 8.1. Two finite element models of such a bar in a cantilevered 
configuration are illustrated in Figure 8.1. Note that the figure illustrates two differ-

ent finite element grids of the same bar. Consider first the single-element model of 
Figure 8.1(a). The static (time-independent) displacement of this bar element must 
satisfy the equation

 EA 
d2u(x)

dx2
= 0 (8.1)

for each value of x in the interval from 0 to l. Equation (8.1) can be integrated di-
rectly to yield

 u(x) = c1x + c2 (8.2)

where c1 and c2 are constants of integration with respect to x. Hence, although c1 
and c2 are called constants, they could be functions of another variable, such as t. 
Equation (8.2) for the time-dependent displacement follows from the static de-
flection equation and is known because the structure being modeled is so simple. 
For more complicated structures, the functional form of expression (8.2) must be 
guessed, usually as some low-order polynomial. As pointed out in the introduction, 
the finite element method proceeds with two levels of approximation. One approxi-
mation involves deciding which model of Figure 8.1 to use (i.e., which mesh and size 
of mesh, where to put elements and nodes, etc.). The second level of approximation 
is the choice of polynomials to use in equation (8.1).

At each node, the value of u is allowed to be time dependent, hence the use 
of the labels u1(t) and u2(t) in Figure 8.1(a). The time-variable functions u1(t) and 
u2(t) are called the nodal displacements of the model and will eventually be solved 
for and used to describe the longitudinal vibration of the bar. The spatial function 
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Window 8.1
Review of the Vibration of an Undamped Cantilevered  

Bar in Longitudinal Vibration from Example 6.3.1

1

1

2

Element

u1(t)

u(x, t)

u2(t)

x

Nodes

l

(a)

1

2 31

2 3 4

Elements

u1(t)

u(x, t)

u4(t)
u2(t) u3(t)

x

Nodes

l

(b)

Figure 8.1  Two different finite element grids of the same cantilevered bar of length l 
in longitudinal vibration. (a) Single-element, two-node mesh. (b) Three-element, four-
node mesh.
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Equation of motion:
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Initial conditions:

Solution:
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Mode shapes:
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2l

E

sin  (             x) ,
2l

2n 1

u(x, 0) u0 (x) at t  0, ut(x, 0) u0 (x) at t  0
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n �1
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u(x) and the temporal functions u1(t) and u2(t) are related through using the nodes 
as boundaries to evaluate the spatial constants in equation (8.2). At x = 0, equa-
tion (8.2) becomes

u(0) = u1(t) = c1(0) + c2  t Ú 0

so that c2 = u1(t). Similarly, at x = l, equation (8.2) yields

u(l) = u2(t) = c1l + c2

so that c1 = [u2(t) -  u1(t)]> l. Substitution of these (time-dependent) values of c1 
and c2 into the expression for u(x) given by equation (8.2) yields the approximation 
of the displacement u(x, t), given by

 u(x, t) = a1 -
x

l
 bu1(t) +

x

l
 u2(t) (8.3)

If u1(t) and u2(t) were known at this stage, equation (8.3) would provide an approxi-
mate solution to the bar equation. The coefficient functions (1 -  x> l) and (x> l) are 
called shape functions, because they determine the spatial distribution or shape of 
the solution u(x, t).

Next, consider the energy associated with the approximation given by equation 
(8.3). The strain energy of a bar is given by the integral [see, e.g., Shames (1989)]

 V(t) =
1

2 L
l

0

EA c 0u(x, t)

0x
d 2dx (8.4)

Substituting the approximate solution for u(x, t) given by equation (8.3) into equa-
tion (8.4) yields

 V(t) =
1

2 L
l

0

EA

l2
3-u1(t) + u2(t)42dx =

EA

2l
1u1

2
- 2u1u2 + u2

22  (8.5)

The last expression can be recognized as proportional to the product of the trans-
pose of the vector u(t) defined by

 u(t) = Ju1(t)

u2(t)
R  (8.6)

with the matrix K and the vector u(t), where

 K =
EA

l
 J 1 -1

-1 1
R  (8.7)
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that is, V(t) =
1
2uTKu. Equation (8.7) defines the stiffness matrix associated with 

the single element of Figure 8.1(a).
The kinetic energy of the element can be calculated from the integral

 T(t) =
1

2 L
l

0

Aρ(x) c 0u(x, t)

0t
d 2dx (8.8)

where ρ(x) is the density of the bar as discussed in Section 6.3 and reviewed in 
Window 8.1. Using the approximation for u(x, t) given by equation (8.3), the ap-
proximate velocity becomes

 
0u(x, t)

0t
= a1 -

x

l
 bu

#
1(t) +

x

l
u
#

2(t) (8.9)

Assuming a constant density [i.e., ρ(x) = ρ] and substituting equation (8.9) into 
equation (8.8) yields

 T(t) =
1

2
 
ρAl

3
 1u# 1

2
+ u

#
1u

#
2 + u

#
2
22  (8.10)

looking at this expression as a matrix-based quadratic form yields that equation 
(8.10) can be factored into the velocity vector u

#
(t) = [u

#
1(t) u

#
2(t)]T, the matrix M 

defined by

 M =
ρAl

6
 J2 1

1 2
R  (8.11)

and the vector u
# T as

 T(t) =
1
2 u

# TMu
#
 (8.12)

The matrix M defined by equation (8.11) is the mass matrix associated with the 
single finite element of 1(a).

The equations of vibration can be obtained from the preceding expres-
sions for the kinetic energy T(t) and strain energy V(t) by using the variational or 
lagrangian approach introduced in Section 4.7. Recall that the equations of motion 
can be calculated from the energy in the structure from

 
0

0t
 a 0T

0u
#

i

b -
0T

0ui

+
0V

0ui

= fi(t)  i = 1, 2, c, n (8.13)

where ui is the ith coordinate of the system, which is assumed to have n degrees of 
freedom, and where fi is the external force applied at coordinates ui (for the prob-
lem at hand, fi = 0). Here the energies T and V are the total kinetic energy and 
strain energy, respectively, in the structure.
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Examination of the boundary conditions in Figure 8.1(a) indicates that the 
time response at the clamped end must be zero. Hence the total kinetic energy 
becomes

T(t) =
1

2
 
ρAl

3
 1u# 2

22
and the total strain energy becomes

V(t) =
1

2
 
EA

l
 u2

2

Substitution of these two energy expressions into the lagrange equation given in 
(8.13) yields

 
ρAl

3
 u
$

2(t) +
EA

l
 u2(t) = 0 (8.14)

This becomes

 u
$

2(t) +
3E

ρl2
 u2(t) = 0 (8.15)

which constitutes a simple finite element model of the cantilevered bar using only 
one element.

This finite element model of the bar can now be solved, given a set of initial 
conditions, for the nodal displacement u2(t). The solution to equation (8.15) is (see 
Window 8.2)

 u2(t) = Cu0
2

+ au
#

0

ωn

b2

 sin aωnt + tan-1 
ωnu0

u
#

0

b  (8.16)

Window 8.2
Review of the Solution for the Free Response  

of an Undamped Single-Degree-of-Freedom System

From Section 1.1, equation (1.10), recall that the solution of x
$
(t) + ωn

2x(t) = 0 
subject to initial conditions x(0) = x0, x

#
(0) = v0 is

x(t) = Cx0
2

+ a v0

ωn

b2

 sin aωnt + tan-1 
ωnx0

v0
b
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where u0 is the initial nodal displacement, u
#

0 is the initial nodal velocity, and, from 
the coefficient of u2(t) in equation (8.15), the natural frequency ωn is

ωn =
1

l
 A3E

ρ

This solution for u2(t) can be combined with equation (8.3) to yield the approximate 
solution for the transient displacement of the bar. The bar displacement becomes

 u(x, t) = Bu0
2

+ au
#

0

ωn

b2

 
x

l
 sin ca1

l
 B 3E

ρ
b t + tan-1 

ωnu0

u
#

0

d  (8.17)

This describes a vibration of frequency (1>l)23E>ρ, in contrast to the exact so-
lution given in Window 8.1, which describes vibration at an infinite number of 
frequencies.

Example 8.1.1

Compare the solution of the clamped–free bar of Window 8.1 obtained by the methods 
of Chapter 6 with the solution obtained by the finite element approach as given by 
equation (8.17).

Solution  The solution given by the finite element approach contains a time oscilla-
tion at only one frequency, oscillating in only one spatial mode shape, whereas the 
exact solution consists of an infinite number of mode shapes oscillating at an infinite 
number of frequencies superimposed on one another (depending, of course, on the ini-
tial conditions). The single undamped natural frequency of the finite element model is

ωFEM =
1

l
 B 3E

ρ
=

1.732

l
 BE

ρ

whereas the first natural frequency of the exact solution is ω1 = (π>2l)2E>ρ or 
approximately

ω1 =
1.57

l
 BE

ρ

This is smaller than the frequency predicted by the FEM. The second (exact) natural 
frequency is approximately

ω2 =
4.712

l
 BE

ρ

which is larger than ωFEM. In addition, the exact first mode shape is different, yet 
has some of the same characteristics as the FEM shape function. This is illustrated in 
Figure 8.2.

If the bar is excited only in its first mode, the shape of vibration for the finite ele-
ment model is a fairly reasonable approximation to the exact mode shape in the sense 
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that it captures the basic behavior of the first mode. However, examination of the 
 second exact mode shape in Figure 8.2 illustrates that the FEM is a terrible representa-
tion of the exact response if the bar is excited in the second mode.

n

Example 8.1.1 indicates that the finite element approximation is useful only 
in a certain context. However, the next section illustrates that the FEM can often 
be increased in size to produce a more accurate description of the structure under 
consideration.

8.2 THREE-ELEMENT BAR

Consider increasing the size of the finite element model of the bar in Section 8.1 to 
four nodes and three elements, as indicated in Figure 8.1(b). Each element of the 
bar will again have a strain energy relationship as calculated in equation (8.5), with 
two differences. The first difference is that the length of the element becomes l>3, 
instead of l, and the second is that the node coordinates are different in each of the 
three elements. Taking these changes into consideration and using matrix notation, 
the strain energy for element 1 is

 V1(t) =
3EA

2l
 J 0

u2

R T

 J 1 -1

-1 1
R  J 0

u2

R  (8.18)

For element 2 the strain energy becomes

 V2(t) =
3EA

2l
 Ju2

u3

R T

 J 1 -1

-1 1
R  Ju2

u3

R  (8.19)

1

10
x/l

1.0

1.0
0.0 x/l

sin     x
�

2l

sin       x
3�

2l

(a) (b)

Figure 8.2  A plot of the normalized magnitude versus the normalized length of 
(a) the FEM shape function and (b) the first mode shape [sin(πx>2l)] of the exact 
solution, both for a clamped–free bar. Part (b) also shows the second mode shape 
[sin(3πx>2l)].
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and for element 3 it becomes

 V3(t) =
3EA

2l
 Ju3

u4

R T

 J 1 -1

-1 1
R  Ju3

u4

R  (8.20)

The total strain energy is the sum

  V(t) = V1(t) + V2(t) + V3(t)  

  =
3EA

2l
 e J 0

u2

R T

 J 1 -1

-1 1
R  J 0

u2

R  

   + Ju2

u3

R T

 J 1 -1

-1 1
R  Ju2

u3

R + Ju3

u4

R T

 J 1 -1

-1 1
R  Ju3

u4

R f  

  =
3EA

2l
 12u2

2
- 2u2u3 - 2u3

2
- 2u3u4 + u4

22  (8.21)

The vector of derivatives of this total strain energy indicated in the lagrangian 
given by equation (8.13) becomes

F 0V

0u2

0V

0u3

0V

0u4

V =
3EA

l
 C 2u2-u3

-u2 + 2u3-u4

-u3 + u4

S =
3EA

l
 C 2 -1 0

-1 2 -1

0 -1 1

S  Cu2(t)

u3(t)

u4(t)

S  (8.22)

In a similar fashion, the total kinetic energy can be written as

T(t) =
ρAl

36
 e J 0

u
#

2

R T

 J2 1

1 2
R  J 0

u
#

2

R + Ju
#

2

u
#

3

R T

 J2 1

1 2
R  Ju

#
2

u
#

3

R + Ju
#

3

u
#

4

R T

 J2 1

1 2
R  Ju

#
3

u
#

4

R f  

(8.23)

The first term in the lagrange equation (8.13) then becomes

 
d

dt
 F 0T

0u
$

2

0T

0u
$

3

0T

0u
$

4

V =
ρAl

18
 C4 1 0

1 4 1

0 1 2

S  Cu
$

2(t)

u
$

3(t)

u
$

4(t)

S  (8.24)

Combining equations (8.24) and (8.22) with equation (8.13) yields the familiar form

 Mu
$
(t) + Ku(t) = 0 (8.25)
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where u(t) = [u2 u3 u4]T is the vector of nodal displacements. Here the coefficient

 M =
ρAl

18
 C4 1 0

1 4 1

0 1 2

S  (8.26)

is the global mass matrix and the coefficient

 K =
3EA

l
 C 2 -1 0

-1 2 -1

0 -1 1

S  (8.27)

is the global stiffness matrix defining the dynamic finite element model of the bar. 
Equation (8.25) can be solved and analyzed by the methods of Section 4.4. Note 
that equation (8.25) is both dynamically and statically coupled.

Example 8.2.1

Compare the natural frequencies of the finite element model of Figure 8.1(b) with 
those of the distributed-mass model given in Window 8.1.

Solution  The natural frequencies of the three-element finite element model of 
the clamped–free bar are determined by substituting the global stiffness matrix of 
equation (8.27) and the global mass matrix of equation (8.26) into equation (8.25). 
Following the procedures of Section 4.4 yields the characteristic equation

 detc 3EA

l
 C 2 -1 0

-1 2 -1

0 -1 1

S  -  ω2 
ρAl

18
 C4 1 0

1 4 1

0 1 2

S s = 0 (8.28)

Assuming that the beam is made of aluminum and is 1 m in length, then l = 1 m,  
ρ = 2700 kg>m3, and E = 7.0 * 1010 N>m2. Note that the value of A is not required. 
Equation (8.28) can be solved for the values of ω2 using MATlAb to yield the natural 
frequencies

 ω1 = 8092 rad>s
 ω2 = 26,458 rad>s
 ω3 = 47,997 rad>s

On the other hand, the first three natural frequencies for the beam from the distributed-
parameter solution given in Window 8.1 are

  ω1 = 7998 rad>s (0.55,)  

  ω2 = 23,994 rad>s (9.64,) 

  ω3 = 39,900 rad>s (19.3,) (8.29)



628 Finite Element Method    Chap. 8

The numbers in parentheses in equations (8.29) are percents of the difference between 
the actual natural frequencies of the aluminum beam, as calculated from the distrib-
uted model, and the three corresponding natural frequencies of the three-element 
finite element model of the same beam. Note that the first natural frequency of the 
three-element model calculated here is much closer to the actual value than the natu-
ral frequency calculated in Example 8.1.1 from a one-element model. The value for ω
from a one-element bar is 8819 rad>s. It is a rule of thumb in finite element analysis 
that many more (usually at least twice as many) elements must be used than the num-
ber of accurate frequencies required.

n

In the preceding analysis, each element is of the same length. However, the 
finite element method does not require the sizes of the various elements to be 
uniform. In fact, for complicated structures it is often necessary to choose a nonuni-
form size. The following example illustrates the use of a nonuniform element size.

Example 8.2.2

Consider the longitudinal vibration of a clamped bar and calculate two natural fre-
quencies using the two-element mesh arrangement suggested in Figure 8.3. Compare 
these frequencies to the exact frequencies given in Window 8.1.

0

ba

l/3 l

u1(t) u2(t) u3(t)

x E, �

Figure 8.3  A bar of length l, area A, modulus E, and density ρ divided into two 
elements of dissimilar length.

Solution  The energy expressions for the first element are identical to the energy 
expressions calculated for the three-element model of a cantilevered bar analyzed pre-
viously. In particular, equation (8.18) yields that the potential energy in element 1 is

 V1(t) =
3EA

2l
 u2

2(t) (8.30)

and equation (8.23) yields that the kinetic energy in element 1 is

 T1(t) =
ρAl

18
 u
#

2
2(t) (8.31)

Following the example of Section 8.1, the energy in the second element can be calcu-
lated from the assumed form of the solution given by

 u(x, t) = c3(t)x + c4(t) (8.32)
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This displacement equation must satisfy u(l>3, t) = u2(t) and u(l, t) = u3(t), which 
yields the coupled algebraic equations

  u2(t) =
l

3
 c3(t) + c4(t) 

  u3(t) = lc3(t) + c4(t)  (8.33)

Equations (8.33) can be solved for c3(t) and c4(t) in terms of u2(t) and u3(t) to yield

 c3(t) = -
3

2l
 3u2(t) - u3(t)4  and  c4(t) =

1

2
 33u2(t) - u3(t)4  (8.34)

Substitution of these values of c3(t) and c4(t) into equation (8.32) yields

 u(x, t) =
3

2
 a1 -  

x

l
bu2(t) +

1

2
 a3x

l
 - 1bu3(t) (8.35)

which can be used to calculate the energy expressions for the second element.
The potential energy in the second element becomes

  V2(t) =
EA

2
 L

l

l>33ux(x, t)42dx =
EA

2
 L

l

l>3a 3

2l
b23u3 - u242dx 

  =
EA

2l
 a3

2
b 3u2

2(t) - 2u2(t)u3(t) + u3
2(t)4  (8.36)

Adding the potential energy in each element as given by equations (8.30) and (8.36) 
yields the total potential energy in the bar:

 V(t) =
EA

2l
 a3

2
b 33u2

2(t) - 2u2(t)u3(t) + u3
2(t)4  (8.37)

This can be written in matrix form as

 V(t) =
EA

2l
 a3

2
b  Ju2

u3

R T J 3 -1

-1 1
R  Ju2

u3

R  (8.38)

which implies that the stiffness matrix has the value

 K =
EA

l
 a3

2
b  J 3 -1

-1 1
R  (8.39)

The kinetic energy in the second element becomes

  T2(t) =
Aρ

2
 L

l

l>33ut(x, t)42 dx  

  =
Aρ

8l2
 L

l

l>339(l - x)2u
#

2
2

+ 6(3x - l)(l - x)u
#

2u
#

3 + (3x - l)2u
#

2
34dx 

  =
Aρl

9
 3u# 2

2
+ u

#
2u

#
3 + u

#
3
24  (8.40)
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where ut(x, t) is calculated from equation (8.35). Adding equations (8.31) and (8.40), 
the total kinetic energy in the bar becomes

 T(t) = T1(t) + T2(t) =
Aρl

18
 33u

#
2
2(t) + 2u

#
2(t)u

#
3(t) + 2u

#
3
2(t)4  (8.41)

In matrix form this becomes simply

 T(t) =
1

2
 
Aρl

18
 Ju

#
2

u
#

3

R T

 J6 2

2 4
R  Ju

#
2

u
#

3

R  (8.42)

so that the system mass matrix is identified as

 M =
Aρl

18
 J6 2

2 4
R  (8.43)

Using the kinetic energy and potential energy in the Euler–lagrange equation yields 
that the equations of motion are

 
ρl

p
 J3 1

1 2
R  Ju

$
2

u
$

3

R +
3E

2l
 J 3 -1

-1 1
R  Ju2

u3

R = J0

0
R  (8.44)

Using the methods of Section 4.3, the natural frequencies of equation (8.44) are

ω1 = (1.6432) 
1

l
 BE

ρ
  a1.5708 

1

l
 BE

ρ
b

ω2 = (5.1962) 
1

l
 BE

ρ
 a4.7124 

1

l
 BE

ρ
b

where the number in parentheses indicates the exact value from the solution given in 
Window 8.1. Although not illustrated here, the best use of nonuniform elements is for 
those applications where the geometry or physical parameters are variable along x.

n

8.3 BEAM ELEMENTS

Many parts and structures cannot be modeled by axial vibration only. Hence a finite 
element is needed to describe transverse vibration as well. Window 8.3 summarizes 
the vibration analysis for an Euler–bernoulli beam as discussed in Section 6.5. 
Figure 8.4 indicates the coordinate system and variables used in the finite element 
analysis of a free–free beam for transverse vibration. The coordinates used in the 
finite element model of the beam are the two linear coordinates u1(t) and u3(t) and 
the two rotational coordinates u2(t) and u4(t). One of each type is required to de-
scribe the motion of each node. That is, each node is modeled as having two degrees 
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Window 8.3
Review of the Transverse Vibration Analysis of  

an Undamped Pinned–Pinned Beam

A, E, �, I
x

u(x, t)

Displacement: u(x, t) Velocity:     ut(x, t)

utt(x, t)

�Autt(x, t) � EIuxxxx(x, t) � 0 

Elastic modulus:     E

u(0, t) � uxx(0, t) � 0, pinned end at x � 0

u(l, t) � uxx(l, t) � 0, pinned end at x � l

u(x, t) � �      An 
sin(�nt � �n) sin

where An 
and �n are constants determined 

by the initial conditions: u(x, 0) and ut(x, 0)

A Length:      l

Acceleration:

Cross-sectional area:

Equation of motion:

Boundary conditions:

Solution:

Natural frequencies:

Mode shapes:

n�1
� n�x

l

n�x
l

Xn(x) � sin          ,   n � 1, 2,...

l

n�  2

l
EI
�A

�n 
�(      )            ,  n � 1, 2,...

u1(t) u3(t)

u4(t)
u2(t)

u(x, t)

x

Node 1 Node 2A, E, �, I

l

Figure 8.4  A single finite element model of a beam illustrating the two transverse 
coordinates u1(t) and u3(t) and the two rotational coordinates u2(t) and u4(t) 
required to describe the vibration of this element.
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0

2

0x2
 cEI 

0
2u(x, t)

0x2
 d = 0 (8.45)

For constant values of EI this becomes uxxxx = 0, which may be integrated to yield

 u(x, t) = c1(t)x3
+ c2(t)x2

+ c3(t)x + c4(t) (8.46)

where, as before, the ci(t) are constants of integration with respect to the spatial 
variable x [recall equations (8.1) and (8.2) for the bar]. Equation (8.46) is used to 
approximate the transverse displacement within the element.

Proceeding as in Section 8.1 for the bar, the unknown nodal displacements 
ui(t) must satisfy the boundary conditions

  u(0, t) = u1(t)  ux(0, t) = u2(t) 

 u(l, t) = u3(t)  ux(l, t) = u4(t) (8.47)

These relationships along with equation (8.46) are combined and solved for the 
constants of integration in equation (8.46). This yields

  c4(t) = u1(t)  c3(t) = u2(t) 

 c2(t) =
1

l2
 33(u3 - u1) - l(2u2 + u4)4  (8.48)

 c1(t) =
1

l3
 32(u1 - u3) + l(u2 + u4)4  

Substitution of equations (8.48) into equation (8.46), and rearranging terms as co-
efficients of the unknown nodal displacement (again recall Section 8.1), yields the 
result that the approximate displacement u(x, t) for the element can be expressed as

  u(x, t) = c 1 - 3
x2

l2
+ 2

x3

l3
du1(t) + l c x

l
- 2

x2

l2
+

x3

l3
du2(t) 

  + c 3x2

l2
- 2

x3

l3
du3(t) + l c -

x2

l2
+

x3

l3
du4(t)  (8.49)

As before, the coefficient of each ui(t) defines the shape functions for the trans-
verse beam element.

The mass and stiffness matrices can be calculated following exactly the 
same procedure as followed for the bar. In the case of the beam, the mass matrix 

of freedom. One of these accounts for the slope and the other for the lateral motion. 
The transverse static displacement must satisfy
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calculation results from substituting equation (8.49) into the formula for kinetic 
energy:

 T(t) =
1
2 1 l

0ρA3ut(x, t)42dx (8.50)

and recognizing that this can be written in the form

 T(t) =
1
2 u

# TMu
#
 (8.51)

where M is the desired mass matrix. The vector u
#
 is the time derivative of the 4 * 1 

vector u(t) of nodal displacements defined by

 u(t) = Du1(t)

u2(t)

u3(t)

u4(t)

T  (8.52)

After performing the integrations and factoring out the nodal displacement vector, 
the mass matrix for the beam of Figure 8.4 becomes

 M =
ρAl

420
 D 156 22l 54 -13l

22l 4l2 13l -3l2

54 13l 156 -22l

-13l -3l2
-22l 4l2

T  (8.53)

The stiffness matrix calculation proceeds in a similar fashion, again following the 
example of the bar in Section 8.1. The strain energy for the beam results from sub-
stituting the assumed solution form given by equation (8.49) into the formula for 
the strain energy given by

 V(t) =
1
2 1 l

0EI3uxx(x, t)42dx (8.54)

The result can be factored into the form

 V(t) =
1
2 uTKu (8.55)

where u is as defined previously. This defines the stiffness matrix K to be

 K =
EI

l3
 D 12 6l -12 6l

6l 4l2
-6l 2l2

-12 -6l 12 -6l

6l 2l2
-6l 4l2

T  (8.56)
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The mass and stiffness matrices of equations (8.53) and (8.56) define the beam  finite 
element for transverse vibration.

Example 8.3.1

Use the beam finite element mass and stiffness matrices defined previously to calculate 
the natural frequencies of a simply supported beam. Use a single element. Compare 
these with the frequencies obtained for a simply supported beam in Chapter 6 and 
reviewed in Window 8.3.

l

u(x, t)

u4(t)

u3(t)u1(t)

u2(t)

Figure 8.5  The coordinates of a simply supported beam modeled as a single finite 
element.

Solution  The simply supported boundary condition allows the slope at the boundary 
to vary but fixes the displacement to be zero at the boundary. Examining Figure 8.5, 
the pinned boundary condition requires that both u1(t) and u3(t) be zero. This is accom-
plished by setting these terms to zero in the kinetic and potential energy expression. 
Setting u1(t) and u3(t) to zero has the effect of deleting the rows and columns of the 
mass and stiffness matrices corresponding to u1(t) and u3(t). Deleting the first and third 
row and column results in the dynamic equation

 
ρAl

420
 J 4l2

-3l2

-3l2 4l2R  Ju
$

2(t)

u
$

4(t)
R +

EI

l3
 J4l2 2l2

2l2 4l2R  Ju2(t)

u4(t)
R = J0

0
R  (8.57)

The preceding can be written as

 J 4 -3

-3 4
R  u

$
+

840EI

ρAl4
 J2 1

1 2
Ru = 0 (8.58)

where u is now interpreted as u = [u2(t) u4(t)]T. Following the procedures of 
Section 4.2 (i.e., let u = xeωt and solve for ω), equation (8.58) yields the two natural 
frequencies

  ω1 = 10.95A EI

ρAl4
  a9.87A EI

ρAl4
b  

  ω2 = 50.20A EI

ρAl4
  a39.48A EI

ρAl4
b  (8.59)

The numbers in parentheses are the actual values calculated using the distributed-mass 
models and methods of Chapter 6. The first frequency is within 11% of the actual 
value, while the second frequency is only within 28% of the actual value. As stated 
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previously, it is generally thought that it is required to take at least twice as many 
 degrees of freedom in the finite element model as the number of frequencies required.

n

The next step in applying the finite element method is to incorporate more 
than one element in the analysis of the beam. In the case of the bar, Section 8.2, 
the equations of motion for multiple-element structures were obtained by return-
ing to the energy computation and the Euler–lagrange formula. Such equations 
become too lengthy for the more complicated beam element, so an alternative but 
equivalent method of superimposing individual element matrices is used to obtain 
the global mass and stiffness matrices. The procedure is presented by repeating the 
three-element-bar example of Section 8.2.

Example 8.3.2

Consider again the three-element model of the longitudinal vibration of the bar of 
Figure 8.1(b) repeated in Figure 8.6. Here the local mass and stiffness matrix for each 
element is obtained from the basic element matrices given by equations (8.7) and 
(8.11) with l replaced by l>3. The resulting mass and the stiffness matrices are

x

1 2 3

l/30 ll/3 l/3

u1(t) u2(t) u3(t) u4(t)

Figure 8.6  A cantilevered bar modeled with three finite elements and four nodes.

 M1 =
ρAl

18
 J2 1

1 2
R  K1 =

3EA

l
 J 1 -1

-1 1
R  (8.60)

corresponding to local coordinates u1(t) and u2(t). The local equation of motion then 
becomes

 
ρAl

18
 J2 1

1 2
R  Ju

$
1

u
$

2

R +
3EA

l
 J 1 -1

-1 1
R  Ju1

u2

R = J0

0
R  (8.61)

Similarly, for element 2,

 M2 =
ρAl

18
 J2 1

1 2
R  K2 =

3EA

l
 J 1 -1

-1 1
R  (8.62)

with local coordinates u2 and u3. Element 3 has mass and stiffness matrices

 M3 =
ρAl

18
 J2 1

1 2
R  K3 =

3EA

l
 J 1 -1

-1 1
R  (8.63)
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and local coordinates u3 and u4. These three sets of matrices and their corresponding 
equations [i.e., three sets of equations identical to equation (8.61) with different sets 
of modal displacements ui(t)] can be assembled together by superimposing them to 
yield

ρAl

18
 D2 1 0 0

1 2 + 2 1 0

0 1 2 + 2 1

0 0 1 2

T Du
$

1

u
$

2

u
$

3

u
$

4

T +
3EA

l
 D 1 -1 0 0

-1 1 + 1 -1 0

0 -1 1 + 1 -1

0 0 -1 1

T  Du1

u2

u3

u4

T = D0

0

0

0

T
(8.64)

Here each of the local matrices from each of the individual elements is overlapped 
with that of adjacent elements. Equation (8.64) represents the global finite element 
model of the bar with global coordinates vector u(t) = [u1(t) u2(t) u3(t) u4(t)]T 
and defines the global mass and stiffness matrices, whereas M1, M2, M3, K1, K2, and 
K3 are called local mass and stiffness matrices. The coordinates ui(t) taken separately 
in pairs are called local coordinates, while the vector u(t) defines the global coordinate 
system.

To finish this modeling exercise, the boundary conditions must be accounted for. 
Since the bar is clamped at u1(t), this coordinate is eliminated in equation (8.64) by 
striking out the row and column associated with it, resulting in

 M =
ρAl

18
 C4 1 0

1 4 1

0 1 2

S  K =
3EA

l
 C 2 -1 0

-1 2 -1

0 -1 1

S  (8.65)

These are in perfect agreement with the global mass and stiffness matrices derived 
using a complete energy calculation for a three-element model of the clamped bar in 
Section 8.2 as given in equations (8.26) and (8.27), respectively.

n

It is important to note that the method of superposition used in the example to as-
semble the global mass and stiffness matrices yields the same results as the more 
rigorous variational approach used in Section 8.2. Since the superposition method 
is much easier to use, this approach of assembling global mass and stiffness matri-
ces will be used to examine multiple-element beam problems. An example is again 
used to illustrate the procedure.

Example 8.3.3

Derive the global mass and stiffness matrices for a clamped–free beam of Figure 8.7 
using two elements and three nodes.
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Solution  The equations for the first element are obtained directly from equations 
(8.53) and (8.56) for a general beam element of length l, by replacing l with l>2 in these 
equations.

Thus the equation for the finite element in Figure 8.7 becomes

ρAl

840
 D 156 11l 54 -

13
2  l

11l l2  13
2  l -

3
4 l2

54  13
2  l 156 -11l

-  13
2  l -

3
4 l2

-11l l2

T  Du
$

1

u
$

2

u
$

3

u
$

4

T  

 +
8EI

l3
 D 12 3l -12 3l

3l l2
-3l 0.5l2

-12 -3l 12 -3l

3l 0.5l2
-3l l2

T  Du1

u2

u3

u4

T = D0

0

0

0

T  (8.66)

At this point it is possible to apply the clamped boundary condition, as it affects only this 
first element. The clamped end requires that both the deflection and slope at x = 0 must 
vanish so that u1 = u2 = 0. Striking out the rows and columns associated with these two 
coordinates yields

 
ρAl

840
 J 156 -11l

-11l l2R  Ju
$

3

u
$

4

R +
8EL

l3
 J 12 -3l

-3l l2R  Ju3

u4

R = J0

0
R  (8.67)

The equations for the second element are identical to equation (8.66) with the vector 
[u1 u2 u3 u4]T replaced with [u3 u4 u5 u6]T or

ρAl

840
 D 156 11l 54 -

13
2  l

11l l2  13
2  l -

3
4 l2

54  13
2  l 156 -11l

-  13
2  l -

3
4 l2

-11l l2

T  Du
$

3

u
$

4

u
$

5

u
$

6

T +
8EI

l3
 D 12 3l -12 3l

3l l2
-3l 0.5l2

-12 -3l 12 -3l

3l 0.5l2
-3l l2

T  Du3

u4

u5

u6

T = 0 (8.68)

0

l/2 l

u1(t)

u2(t)

u3(t)

u4(t)

u5(t)

u6(t)

Figure 8.7  A two-element, three-node 
mesh of a cantilevered beam illustrating 
the nodal coordinates.
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Combining equations (8.67) and (8.68) using the superposition of like coordinates 
yields the global equation

ρAl

840
 D 312 0 54 -6.5l

0 2l2 6.5l -0.75l2

54 6.5l 156 -11l

-6.5l -0.75l2
-11l l2

T  Du
$

3

u
$

4

u
$

5

u
$

6

T  

 +
8EI

l3
 D 24 0 -12 3l

0 2l2
-3l  12 l2

-12 -3l 12 -3l

3l  12 l2
-3l l2

T  Du3

u4

u5

u6

T = 0 (8.69)

which constitutes the two-element finite element model of a cantilevered beam. Note 
that the matrix element in the 1–1 position in equation (8.69) is the sum of the element 
in the 1–1 position of equation (8.67) and the element in the 1–1 position of equation 
(8.68). This is also true for the elements in the mass and stiffness matrices in the 2–1, 
1–2, and 2–2 positions. These four positions correspond to the common coordinates, u3 
and u4, between the two finite elements.

n

8.4 LUMPED-MASS MATRICES

In this section an alternative procedure for constructing the mass matrix is consid-
ered. In Section 8.3, the mass matrix was constructed by using the shape functions 
derived from the static displacement of a given element along with the definition of 
kinetic energy. Mass matrices constructed in this fashion are called consistent-mass 

matrices, because they are derived from a set of shape functions and displacement 
functions consistent with the stiffness matrix calculation.

Recall from the exercises and examples that the integrations required for the 
mass matrix involve higher-order polynomials than those required for the stiffness 
matrix. Hence an alternative to performing these calculations is to use a lumped-
mass approximation. This involves a simple lumping of the mass of the structure at 
the nodes of the finite element model in proportion to the number of elements in 
the model. Such mass matrices are called inconsistent-mass matrices.

The lumped-mass approach has an advantage in that it generally produces 
lower-frequency estimates and is very easy to calculate. The lumped-mass matrices 
are diagonal, making computation easier. However, the lumped-mass method has 
several disadvantages. First, it can cause errors through a loss of accuracy. If the 
element under consideration has a rotational coordinate, such as the slope coordi-
nates of the beam element, this coordinate has no mass assigned to it and the result-
ing mass matrix becomes singular (i.e., M-1 does not exist). Such systems require 
special methods to solve.
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The lumped-mass matrix is obtained by simply placing a lumped mass at each 
node equal to the appropriate proportions of the total mass of the system. For ex-
ample, consider the bar element of Section 8.1. The total mass of the bar element of 
length l is ρAl. Placing one-half of this at each of the two nodes yields

 M =
ρAl

2
 J1 0

0 1
R  (8.70)

This is the lumped-mass matrix for the bar element.
Next consider the beam element of Section 8.3. The mass of an element of 

length l is ρAl. If this mass is divided evenly among the two transverse coordinates 
(u1 and u3), the mass matrix becomes

 M =
ρAl

2
 D1 0 0 0

0 0 0 0

0 0 1 0

0 0 0 0

T  (8.71)

Note that since the rotational coordinates (u2 and u4) are not assigned any mass, 
the diagonal-mass matrix has two zeros along its diagonal and hence is singular. 
The singularity of the mass matrix can cause great difficulties in computing and 
interpreting the eigenvalues and hence the corresponding natural frequencies. The 
singular nature of the beam mass matrix can be removed by assigning some inertia 
to the rotational coordinates u2 and u4. This is done by computing the mass moment 
of inertia of half of the beam element about each of its ends. For a uniform beam 
this becomes

 I =
1

3
 aρAl

2
b  a l

2
b2

=
ρAl3

24
 (8.72)

Assigning this inertia to u2 and u4, the beam element lumped-mass matrix becomes

 M =
ρAl

2
 diag c (1) a l2

12
b (1) a l2

12
b d  (8.73)

This diagonal lumped-mass matrix is nonsingular and, when combined with the 
beam stiffness matrix, can easily be solved for the system’s natural frequencies us-
ing the methods of Chapter 4.

Example 8.4.1

Compute the frequencies of a clamped–clamped bar of length l, modulus E, cross 
section A, and density ρ using two elements and both a consistent-mass and lumped-
mass matrix. Compare the natural frequencies between the two systems and to the 
exact frequencies obtained by the methods of Chapter 6. The bar is illustrated in 
Figure 8.8.
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Solution  The stiffness and consistent-mass matrices for a bar element are given by 
equations (8.7) and (8.11), respectively. Substituting l>2 in for l yields the following 
equation for each element:

element 1:  
ρAl

12
 J2 1

1 2
R Ju

$
1

u
$

2

R +
2EA

l
 J 1 -1

-1 1
R  Ju1

u2

R = J0

0
R  (8.74)

element 2:  
ρAl

12
 J2 1

1 2
R Ju

$
2

u
$

3

R +
2EA

l
 J 1 -1

-1 1
R  Ju2

u3

R = J0

0
R   (8.75)

These two equations are combined to form the global equation by striking out the first 
column and row of (8.74) because of the clamped boundary (see Figure 8.8) at u1(t), 
and the last row and column of equation (8.75) because of the clamped boundary at 
u3(t) (i.e., at x = 1). This yields the single-degree-of-freedom system

 
ρAl

12
 [2 + 2]u

$
2 +

2EA

l
 [1 + 1]u2 = 0 (8.76)

Solving for ω2 yields

 ω = 213A E

ρl2
≅ 3.464A E

ρl2
 (8.77)

Next consider making the same calculation with the lumped-mass matrix of equation 
(8.70). Substitution of l>2 for l in equation (8.70) and repeating equations (8.74) and 
(8.75) yields

element 1:  
ρAl

4
 J1 0

0 1
R  Ju

$
1

u
$

2

R +
2EA

l
 J 1 -1

-1 1
R  Ju1

u2

R = J0

0
R  (8.78)

element 2:  
ρAl

4
 J1 0

0 1
R  Ju

$
2

u
$

3

R +
2EA

l
 J 1 -1

-1 1
R  Ju2

u3

R = J0

0
R  (8.79)

Here the lumped-mass matrix is equation (8.70) with l replaced by l>2.
Again using the assembly procedure and applying the boundary conditions 

yields the single-degree-of-freedom model

 
ρAl

4
 [1 + 1]u

$
2 +

2EA

l
 [1 + 1]u2 = 0 (8.80)

l0

u1(t)
u2(t)

u3(t)

Figure 8.8  The coordinates for a two-element model of a clamped–clamped bar.
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Solving this single-degree-of-freedom system for ω yields

 ω = 212A E

ρl2
≅ 2.8284A E

ρl2
 (8.81)

The first natural frequency of a clamped–clamped bar is given in Chapter 6 as

ω1 = πA E

ρl2
≅ 3.14159A E

ρl2

Note that the frequency estimates with the two different mass models are each 
about 10% away from the actual value as determined by the distributed-parameter 
model. The inconsistent-mass matrix yields an approximate value that is 10% lower, 
and the consistent-mass matrix yields an estimate that is about 10% higher than the 
actual value.

n

8.5 TRUSSES

The power of finite element analysis is its ability to model complicated structures of 
odd geometry using simple elements such as bar, beam, and torsional rod elements. 
While the analysis of such structures is well beyond the scope of this introduction, 
an analysis of a truss structure is presented here to illustrate the main features of us-
ing finite element analysis on a more complicated structure.

Consider the simple truss structure of Figure 8.9. Note in particular that the 
coordinate system for each of the two elements (u1, u2, u3, and u4) is pointing in dif-
ferent directions. The truss element model describes vibration only along its axis, 
while the combined structure can vibrate in both the X and Y directions. To accom-
modate this situation, a global coordinate system aligned with the X–Y coordinate 
direction is defined. The final model for the full structure will be defined relative to 
the global X–Y coordinate. This is accomplished by defining global coordinates for 
each of the structure’s nodes. These are denoted by capital Ui in the figure and are 
called global joint displacements.

The geometric configuration of the frame can be used to establish a relation-
ship between the local nodal displacement ui and the global joint displacements Ui. 
From the figure, u3 and u4 can be related to U3, U4, U5, and U6 by examining the 
projections of the global coordinates along the local coordinate direction (e.g., u3 
and u4). This yields the relationships

 u3(t) = U3 cos θ + U4 sin θ 

 u4(t) = U5 cos θ + U6 sin θ (8.82)
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where θ is the angle between the global system, X–Y, and the local coordinate sys-
tem that is aligned along each of the two bars. Equation (8.82) can be written as the 
product of a matrix and vector:

  Ju3(t)

u4(t)
R = J  cos θ sin θ 0 0

0 0  cos θ sin θ
R DU3(t)

U4(t)

U5(t)

U6(t)

T  (8.83)

or written symbolically as

 u2(t) = ΓU2(t) (8.84)

where Γ denotes the coordinate transformation matrix between the local and global 
coordinate systems and U2 is that part of the global coordinate vector U containing 
those coordinates associated with the second element (i.e., U2 = [U3 U4 U5 U6]T). 
The vector u2 is the collection of local coordinates (i.e., u2 = [u3 u4]T).

The kinetic and potential energy of element 2 in the figure can now be written 
in two ways, which must be equivalent. That is, the energy written in terms of either 
coordinate system must be the same. Equating the strain energy in the local coordi-
nate system with that of the global coordinate system yields

 V(t) =
1
2 uTKeu =

1
2 UTΓTKeΓU (8.85)

Element 1

Element 2

30�

Node 2

Node 1

Node 3

l
2

l

l

Y

X
u4 u3

u3

u2u1

U6

U4

U3
U3 

� u3 
cos �

U2

U1

U5

(b)(a)

�

Figure 8.9  (a) A two-member framed structure mounted to a wall through pinned 
connections. Each of the two members is modeled as a bar. The two bars are pinned 
together. (b) A coordinate system.
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where Ke is the element stiffness matrix of the local coordinate system. In this case 
the element stiffness matrix in the local coordinate system is that of a bar. Hence 
the stiffness matrix in the global coordinate system for element 2 becomes

 K(2) = ΓTKeΓ (8.86)

Note that the stiffness matrix in the global coordinate system is the product of the 
three matrices: the element stiffness matrix, the transformation matrix, and its 
transpose.

For the example of element 2 of Figure 8.9, the element stiffness matrix in 
global coordinates becomes

K(2) =
EA

l
 D  cos θ 0

sin θ 0

0  cos θ

0 sin θ

T  J 1 -1

-1 1
R  J  cos θ sinθ 0 0

0 0  cos θ sinθ
R  (8.87)

where Ke, the general bar element stiffness matrix in the local coordinate system, is 
given by equation (8.7). Performing the indicated matrix products yields

 K(2) =
EA

l
 D  cos 2θ  sin θ cos θ -cos 2θ -sin θ cos θ

 sin θ cos θ sin2θ -sin θ cos θ -sin2θ

-cos 2θ -sin θ cos θ  cos 2θ  sin θ cos θ

-sin θ cos θ -sin2θ  sin θ cos θ sin2θ

T  (8.88)

which is a 4 * 4 matrix corresponding to the global coordinates U2. Following this 
procedure for the other member of the truss, the global stiffness matrix for element 
1 becomes

 K(1) =
EA

l
 D  cos 2θ  sin θ cos θ -cos 2θ  sin θ cos θ

-sin θ cos θ sin2θ  sin θ cos θ -sin2θ

-cos 2θ  sin θ cos θ  cos 2θ -sin θ cos θ

 sin θ cos θ -sin2θ -sin θ cos θ sin2θ

T  (8.89)

which corresponds to the global coordinate vector.

 U(1) = DU1(t)

U2(t)

U5(t)

U6(t)

T  (8.90)
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To combine the two-element matrices in the global coordinates [i.e., K(1) and K(2)] into  
a global matrix in the full global coordinate  U = [U1 U2 U3 U4 U5 U6]

T,  

K(1) is expanded to

K=
(1) =

EA

l
 F cos2θ -sinθ cos θ 0 0 -cos2θ sinθ cos θ

sinθ cos θ sin2θ 0 0 sinθ cos θ -sin2θ

0 0 0 0 0 0

0 0 0 0 0 0

-cos2θ sinθ cos θ 0 0 cos2θ -sinθ cos θ

sinθ cos θ -sin2θ 0 0 sin θ cos θ sin2θ

V  (8.91)

Here zeros have been added to those positions corresponding to the missing coordi-
nates U3 and U4. Similarly, K(2) is expanded to become compatible with the size of 
the full global vector U. This yields

K=
(2) =

EA

l
 F0 0 0 0 0 0

0 0 0 0 0 0

0 0 cos2θ sin θ cos θ -cos2θ -sin θ cos θ

0 0 sin θ cos θ sin2θ -sin θ cos θ -sin2θ

0 0 -cos2θ -sin θ cos θ cos2θ sin θ cos θ

0 0 -sin θ cos θ -sin2θ sinθ cos θ sin2θ

V  (8.92)

The two terms K=
(1)U and K=

(2)U can be added to yield the full global stiffness matrix 
in the full global coordinate system U.

For the example of Figure 8.9, the sum of equations (8.91) and (8.92) yields 
the global stiffness matrix (for the case that each rod of the frame has the same 
physical parameters, θ = 30°) defined by

 KU = (K=
(1) + K=

(2))U

 =
EA

l
 F 0.75 -0.4330 0 0 -0.75 0.4330

-0.4330 0.25 0 0 0.4330 -0.25

0 0 0.75 0.4330 -0.75 - 0.4330

0 0 0.4330 0.25 -0.4330 -0.25

-0.75 0.4330 -0.75 -0.4330 1.5 0

0.4330 -0.25 -0.4330 -0.25 0 0.5

V  FU1

U2

U3

U4

U5

U6

V  

(8.93)

Note that the effective stiffness corresponding to coordinates U5 and U6 has in-
creased. This corresponds to the point where the two beams join together at a 
common node. before equation (8.93) can be used as part of a vibration analysis, 
the boundary conditions must be applied. Examining Figure 8.9, it is clear that the 
pinned boundary condition at the connection of the two elements to ground requires 
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that U1 = U2 = U3 = U4 = 0. Hence after applying the boundary conditions, the 
global stiffness matrix reduces to

 K =
EA

l
 J1.5 0

0 0.5
R  (8.94)

which is obtained by deleting those rows and columns of the coefficient matrix in 
equation (8.93) corresponding to U1, U2, U3, and U4. Similarly, the global displace-
ment vector reduces to U = [U5 U6]T.

Next consider assembling a consistent-mass matrix for this truss from the local 
mass matrix of the bar element given by equation (8.11) and from the frame geom-
etry captured by the transformation Γ. Following the steps used in determining the 
global stiffness matrix, the kinetic energy of bar element number i (here l = 1, 2) 
as stated in global coordinates is equated to the kinetic energy of the same element 
stated in the local coordinate system. Using the notation defined previously, this 
yields

T(i) =
1
2 uTMiu =

1
2 UTM(i)U

where Mi is the element mass matrix given by equation (8.11) and Γ is the coordi-
nate transformation between the local coordinate u and the global coordinates U, 
as given by equation (8.83). Thus the mass matrix in the global coordinates for the 
elements is of the form

M(i) = ΓTMiΓ

Each of these matrices, M(1) and M(2) in the case of the example Figure 8.9, is then 
expanded by adding zeros as indicated in equations (8.91) and (8.92) for the cor-
responding stiffness matrices. The expanded matrices are combined (added) as in 
equation (8.93) to produce a 6 * 6 matrix corresponding to the full global coor-
dinate system. This 6 * 6 mass matrix is then collapsed by applying the boundary 
conditions to the global coordinates to produce a 2 * 2 mass matrix compatible 
with the stiffness matrix of equation (8.94).

Alternatively, a lumped-mass matrix, as defined in Section 8.4, can be defined. 
In this case a reasonable choice for a lumped-mass matrix is to assign the mass of 
each element to each of the two remaining coordinates. Since the mass of each bar 
(of length l) is ρAl, a reasonable lumped-mass matrix is

 M = ρAlJ1 0

0 1
R  (8.95)

Problem Tb8.6 at the end of the chapter addresses the difference between the 
lumped-mass matrix as defined by equation (8.95) and the consistent-mass matrix 
suggested above.
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The vibration problem using the finite element approach for the simple truss 
of Figure 8.9 becomes

 ρAl J1 0

0 1
R  JU

$

5

U
$

6

R +
EA

l
 J1.5 0

0 0.5
R  JU5

U6

R = J0

0
R  (8.96)

Thus in this case with a lumped-mass matrix, the vibration of the truss system of 
Figure 8.9 is modeled as the independent motion of the tip in the x and y directions 
of frequency.

ω1 =
1

l
 A0.5E

ρ

ω2 =
1

l
 A1.5E

ρ

The model in equation (8.96) provides a crude result in the sense that the motions 
of U6 and U5 are decoupled. The model can be improved by choosing to model each 
of the two bars with more elements. This is addressed in the Toolbox problems at 
the end of the chapter.

8.6 MODEL REDUCTION

A difficulty with many design and analysis methods is that they work best for sys-
tems with a small number of degrees of freedom. Unfortunately, many interesting 
problems have a large number of degrees of freedom. In fact, to obtain accurate 
results with finite element models, the number of elements and hence the order of 
the vibration is increased. Thus finite element models of practical structures and 
machines are often very large. One approach to this dilemma is to reduce the size 
of the original model by essentially removing those parts of the model that affect its 
dynamic response the least. This process is called model reduction or reduced-order 

modeling. It is an attempt to reduce the size of an FEM but still retain the dynamic 
character of the system.

Quite often the mass matrix of a system may be singular or nearly singular, 
due to some elements being much smaller than others. In fact, in the case of finite 
element modeling, the mass matrix may contain zeros along a portion of the diago-
nal. Coordinates associated with zero or relatively small mass are likely candidates 
for being removed from the model. Another set of coordinates that are likely 
choices for removal from the model are those that do not respond when the struc-
ture is excited. Stated another way, some coordinates may have more significant 
responses than others. The distinction between significant and insignificant coor-
dinates leads to a convenient formulation of the model reduction problem due to 
Guyan (1965).



Sec. 8.6    Model Reduction 647

Consider the undamped, forced-vibration, finite element model and partition 
the mass and stiffness matrices according to significant displacements denoted by u1 
and insignificant displacements u2. This yields

 JM11 M12

M21 M22

R  Ju
$

1

u
$

2

R + JK11 K12

K21 K22

R  Ju1

u2

R = Jf1

f2

R  (8.97)

Note here that the coordinates u(t) have been rearranged so that those having the 
least significant displacements associated with them appear last in the displace-
ment vector, u = 3u1

T u2
T4 . Next consider the potential energy of the system de-

fined by the scalar V =
1
2 uTKu or, in partitioned form,

 V =
1

2
 Ju1

u2

R T JK11 K12

K21 K22

R  Ju1

u2

R  (8.98)

Similarly, the kinetic energy of the system can be written as the scalar T =
1
2 u

# TMu
#
, 

which becomes

 T =
1

2
 Ju

#
1

u
#

2

R T JM11 M12

M21 M22

R  Ju
#

1

u
#

2

R  (8.99)

in partitioned form. Since each coordinate ui is acted on by a force fi, the condition 
that there is no force in the direction of the insignificant coordinates u2 requires 
that f2 = 0 and that 0V>0u2 = 0. This yields

 
0

0u2

 1u1
TK11u1 + u1

TK12u2 + u2
TK21u1 + u2

TK22u22 = 0 (8.100)

Hence the constraint relation between u1 and u2 must be (since K12 = K21
T )

 u2 = -K22
-1K21u1 (8.101)

Expression (8.101) suggests a coordinate transformation (which is not a similarity 
transformation) from the full coordinate system to the reduced coordinate system u1. 
If the transformation matrix Q is defined by

 Q = J I

-K22
-1K21

R  (8.102)

then if u = Qu1 is substituted into equation (8.97) and this expression is premulti-
plied by QT, a new reduced-order system of the form

 QTMQu
$

1 + QTKQu1 = QTf (8.103)
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results. The vector QTf now has the dimension of u1. Equation (8.103) represents 
the reduced-order form of equation (8.97), where

 QTMQ = M11 - K21
T K22

-1M21 - M12K22
-1K21 + K21

T K22
-1M22K22

-1K21 (8.104)

and

 QTKQ = K11 - K12K22
-1K21 (8.105)

These last expressions are frequently used to reduce the order of finite element 
vibration models in a systematic and consistent manner. Such model  reduction 
schemes are used when a finite element model has coordinates (represented 
by u2) that do not contribute substantially to the response of the system. 
Model reduction can greatly simplify design and analysis problems under certain 
circumstances.

If some of the masses in the system are negligible or zero, the preceding for-
mulas can be used to reduce the order of the vibration problem simply by setting 
M22 = 0 in equation (8.104). This is essentially the model reduction technique re-
ferred to as mass condensation.

Example 8.6.1

Consider a four-degree-of-freedom system finite element model with mass matrix

M =
1

420
 D 312 54 0 -13

54 156 13 -22

0 13 8 -3

-13 -22 -3 4

T
and stiffness matrix

K = D 24 -6 0 6

-6 12 -6 -6

0 -6 10 4

6 -6 4 4

T
Note that this system is both dynamically and statically coupled. To remove the effect 
of the last two coordinates, the submatrices of equation (8.97) are easily identified as

 M11 =
1

420
 J312 54

54 156
R   M12 =

1

420
 J 0 -13

13 -22
R = M21

T

 M22 =
1

420
 J 8 -3

-3 4
R   K22 = J10 4

4 4
R

 K11 = J 24 -6

-6 12
R   K12 = J 0 6

-6 -6
R = K21

T
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Using equations (8.104) and (8.105) yields

 QTMQ = J1.012 0.198

0.198 0.236
R

 QTKQ = J9 3

3 3
R

These matrices form the resulting reduced-order model of the structure.
n

PROBLEMS

Section 8.1 (Problems 8.1 Through 8.7)

 8.1. Consider the one-element model of a bar discussed in Section 8.1. Calculate the finite 
element of the bar for the case that it is free at both ends rather than clamped.

 8.2. Calculate the natural frequencies of the free–free bar of Problem 8.1. To what does the 
first natural frequency correspond? How do these values compare with the exact val-
ues obtained from the methods of Chapter 6?

 8.3. Consider the system of Figure P8.3, consisting of a spring connected to a clamped–free 
bar. Calculate the finite element model and discuss the accuracy of the frequency pre-
diction of this model by comparing it with the method of Chapter 6.

u2(t)

u1(t)

l

E, �

k

Figure P8.3  A one-element model of a 
cantilevered bar connected to a spring.

 8.4. Consider a clamped–free bar with a force f(t) applied in the axial direction at the free 
end as illustrated in Figure P8.4. Calculate the equations of motion using a single-
element finite element model.

u2(t)

f(x, t)

u1(t)

l

E, �

Figure P8.4  A cantilevered bar with an 
externally applied axial force.
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 8.5. Compare the solution of a cantilevered bar modeled as a single finite element with 
that of the distributed-parameter method summarized in Figure 8.1 truncated at three 
modes by calculating (a) u(x, t) and (b) u(l>2, t) for a 1-m aluminum beam at t =  0.1, 1, 
and 10 s using both methods. Use the initial condition u(x, 0) = 0.1x m and ut(x, 0) = 0.

 8.6. Repeat Problem 8.5 using a five-mode model. Can you draw any conclusions?

 8.7. Repeat Problem 8.5 using only the first mode in the series solution and the initial condition 
u(x, 0) = 0.1 sin(πx>2l), ut(x, 0) = 0. For this initial condition, the first mode is exact. Why?

Section 8.2 (Problems 8.8 Through 8.20)

 8.8. Consider the bar of Figure P8.3 and model the bar with two elements. Calculate the 
frequencies and compare them with the solution obtained in Problem 8.3. Assume 
 material properties of aluminum, a cross-sectional area of 1 m, and a spring stiffness of 
1 * 106 N>m.

 8.9. Repeat Problem 8.8 with a three-element model. Calculate the frequencies and com-
pare them with those of Problem 8.8.

 8.10. Consider Example 8.2.2. Repeat this example with node 2 moved to l>2 so that the 
mesh is uniform. Calculate the natural frequencies and compare them to those ob-
tained in the example. What happens to the mass matrix?

 8.11. Compare the frequencies obtained in Problem 8.10 with those obtained in Section 8.2 
using three elements.

 8.12. As mentioned in the text, the usefulness of the finite element method rests in problems 
that cannot readily be solved in closed form. To this end, consider a section of an air 
frame sketched in Figure P8.13 and calculate a two-element finite model of this struc-
ture (i.e., find M and K) for a bar with

A(x) =
π

4
 ch1

2
+ ah2 - h1

l
b2

x2
+ 2h1ah2 - h1

l
bx d

 8.13. let the bar in Figure P8.13 be made of aluminum 1 m in length with h1 = 20 cm 
and h2 = 10 cm. Calculate the natural frequencies using the finite element model of 
Problem 8.12.

u1(t)

u2(t)
u3(t)

h2
h1 E, �

Figure P8.13  A tapered bar model of a 
wing section in longitudinal vibration.

 8.14. Repeat Problems 8.12 and 8.13 using a three-element four-node finite element model.

 8.15. Consider the machine punch of Figure P8.15. This punch is made of two materials and 
is subject to an impact in the axial direction. Use the finite element method with two 
 elements to model this system and estimate (calculate) the first two natural frequencies. 
Assume E1 = 8 * 1010 Pa, E2 = 2.0 * 1011 Pa, ρ1 = 7200 kg>m3, ρ2 = 7800 kg>m3,  
l = 0.2 m, A1 = 0.009 m2, and A2 = 0.0009 m2.
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x

El, �l, Al

E2, �2, A2

l /2

Roller

Roller

Material flow

Tool
head

Hydraulic

actuator

l

Figure P8.15  A bar made of two materials of two sizes used for a punch. Material 
passes around the rollers. At appropriate points on the material, the roller stops 
and the toolhead is actuated in the x direction and impacts the bar, causing a hole 
to be punched in the material. The punch itself (E2) is made of hardened steel while 
the base is made of cast iron (E1).

 8.16. Recalculate the frequencies of Problem 8.15 assuming that it is made entirely of one 
material and size (i.e., E1 = E2, ρ1 = ρ2, and A1 = A2), say steel, and compare your 
results to those of Problem 8.15.

 8.17. A bridge support column is illustrated in Figure P8.17. The column is made of concrete 
with a cross-sectioned area defined by A(x) = A0e- x> l, where A0 is the area of the 
column at ground. Consider this pillar to be cantilevered (i.e., fixed) at ground level 
and to be excited sinusoidally at its tip in the longitudinal direction due to traffic over 
the bridge. Calculate a single-element finite element model of this system and compute 
its approximate natural frequency.

l
A(x)

x

x

0

f0 sin �t

(a) (b)

Support piling

Ground
level

Bridge

Road

Figure P8.17  (a) A schematic of a highway bridge over a ravine. Traffic over the 
bridge causes a harmonic motion in the up-and-down direction (labeled x here). 
(b) The vibration of the column holding up the bridge. The pillars are modeled as 
bars of odd cross section.

 8.18. Redo Problem 8.17 using two elements. What would happen if the “traffic” frequency 
corresponds with one of the natural frequencies of the support column?
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 8.19. Problems 8.17 and 8.18 represent approximations. As pointed out in Problem 8.18, it 
is important to know the natural frequencies of this column as precisely as possible. 
Hence consider modeling this column as a uniform bar of average cross section, calcu-
late the first few natural frequencies, and compare them to the results in Problems 8.17 
and 8.18. Which model do you think is closest to reality?

 8.20. Torsional vibration can also be modeled by finite elements. Referring to Figure P8.20, 
calculate a single-element mass and stiffness matrix for the torsional vibration follow-

ing the steps of Section 8.1. 1Hint: θ(x, t) = c1(t)θ + c2(t), T(t) =
1
2 11

0 ρIρ3θt(x, t)42 dx, 

and V(t) =
1
2 11

0 GIρ3θx(x, t)42dx.2

0 l

x

u1(t) �(x, t) u2(t)

�, Ip, G, A

Figure P8.20  Coordinate system used 
for finite element analysis of torsional 
vibration.

Section 8.3 (Problems 8.21 Through 8.33)

 8.21. Use equations (8.47) and (8.46) to derive equation (8.48) and hence make sure that the 
author and reviewer have not cheated you.

 8.22. It is instructive, though tedious, to derive the beam element deflection given by equa-
tion (8.49). Hence derive the beam shape functions.

 8.23. Using the shape functions of Problem 8.22, calculate the mass and stiffness matrices 
given by equations (8.53) and (8.56). Although tedious, this involves only simple inte-
gration of polynomials in x.

 8.24. Calculate the natural frequencies of the cantilevered beam given in equation (8.69) us-
ing l = 1 m and compare your results with those listed in Table 6.6. 

 8.25. Calculate the finite element model of a cantilevered beam 1 m in length using three 
elements. Calculate the natural frequencies and compare them to those obtained in 
Problem 8.23 and with the exact values listed in Table 6.6.

 8.26. Consider the cantilevered beam of Figure P8.26 attached to a lumped spring–mass 
 system. Model this system using a single finite element and calculate the natural fre-
quencies. Assume m = (ρAl)>420.

l

x k �

m

u5(t)
0

E, I, �

l3
EI

Figure P8.26  A cantilevered beam with a 
spring–mass system attached to its end.
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 8.27. Repeat Problem 8.26 using two finite elements for the beam and compare the frequencies.

 8.28. Calculate the natural frequencies of a clamped–clamped beam for the physical param-
eters l = 1 m, E = 2 * 1011 N>m2, ρ = 7800 Kg>m3, I = 10-6 m4, and A = 10-2 m2, 
using the beam theory of Chapter 6 and a four-element finite element model of the 
beam.

 8.29. Repeat Problem 8.28 with two elements and compare the frequencies with the four-
element model. Calculate the frequencies of a clamped–clamped beam using one ele-
ment. Any comment?

 8.30. Estimate the first natural frequency of a clamped–simply supported beam. Use a single 
finite element.

 8.31. Consider the stepped bar of Figure P8.31 clamped at each end. both pieces are made of 
aluminum. Use two elements, one for each step, and calculate the natural frequencies.

0.25 m 0.40 m

A � 625 mm2A � 2500 mm2

E, � E, �

Figure P8.31  A clamped two-step aluminum 
beam.

 8.32. Use a two-element model of nonuniform length to estimate the first few natural 
frequencies of a clamped–clamped beam. Use the spacing indicated in Figure P8.32. 
Compare the result to the actual frequencies and to those of Problems 8.28 and 8.29.

l /4 3l /4

Figure P8.32  A clamped beam modeled with 
two nonuniform finite elements.

 8.33. Calculate the first natural frequency of a clamped–pinned beam using first one, then 
two elements.

Section 8.4 (Problems 8.34 Through 8.43)

 8.34. Refer to the tapered bar of Figure P8.13. Calculate a lumped-mass matrix for this system 
and compare it to the solution of Problem 8.13. Since the beam is tapered, be careful 
how you divide up the mass.

 8.35. Calculate and compare the natural frequencies obtained for a tapered bar by using 
first, the consistent-mass matrix (Problem 8.12), and second, the lumped-mass matrix 
(Problem 8.34).

 8.36. Consider again the machine punch of Problem 8.16 and Figure P8.15. Calculate the 
natural frequencies of this system using a lumped-mass matrix and compare the results 
to those obtained with the consistent-mass matrix.



654 Finite Element Method    Chap. 8

 8.37. Consider again the bridge support of Figure P8.17 discussed in connection with 
Problem 8.17. Develop a four-element finite element model of this structure using a 
lumped-mass approximation and calculate the natural frequencies. Use constant area 
elements.

 8.38. Consider the torsional vibration problem illustrated in Figure P8.20 and discussed in 
Problem 8.20. Calculate a lumped-mass matrix for the single element.

 8.39. Estimate the first three natural frequencies of a clamped–free bar of length l in torsional 
vibration by using a lumped-mass model and four elements.

 8.40. Calculate the natural frequencies of a pinned–pinned beam of length l using one element 
and the consistent-mass matrix of equation (8.73).

 8.41. Calculate the natural frequencies of a pinned–pinned beam of length l using one element 
and the lumped-mass matrix of equation (8.73). Compare your results to those obtained 
with a consistent-mass matrix of Problem 8.40.

 8.42. Calculate a three-element finite element model of a cantilevered beam (see Problem 
8.25) using a lumped mass that includes rotational inertia. Also calculate the sys-
tem’s natural frequencies and compare them with those obtained with a consis-
tent-mass matrix of Problem 8.25 and with the values obtained by the methods of 
Chapter 6.

 8.43. Repeat Problem 8.42 using a lumped-mass matrix that neglects the rotational degree of 
freedom. Discuss any problems you encounter when trying to solve the related eigen-
value problem.

Section 8.5 (Problems 8.44 Through 8.49)

 8.44. Derive a consistent-mass matrix for the system of Figure 8.9. Compare the natural fre-
quencies of this system with those calculated with the lumped-mass matrix computed 
in Section 8.5.

 *8.45. Consider the two-beam system of Figure P8.45. Use VTb8_1 to create a two- 
element, rod>beam element model and compute the first three natural frequencies. Use 
A =  0.0004 m2, I = 1.33 * 10-8 m4, and the properties of aluminum. Assume that nodes 
1 and 3 are clamped.

1 m

2 m

2 m

1

2

3

Figure P8.45  A clamped two-element beam 
system.

 *8.46. Follow the procedure of Problem 8.45 using two elements for each beam. Compare 
the natural frequencies and mode shapes of the four-element model produced here 
to those of the two-element model of Problem 8.45. State which model is better 
and why.
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 8.47. Determine a finite element model of the three-bar truss of Figure P8.47 using a lumped-
mass matrix.

3l
5

4l
5

l

Figure P8.47  A pinned three-element truss.

 8.48. Determine a finite element model for the three-bar truss of Figure P8.47 using a 
 consistent-mass matrix.

 8.49. Compare the frequencies obtained for the system of Problem 8.48 with those of 
Figure P8.47.

Section 8.6 (Problems 8.50 Through 8.54)

 8.50. Consider the machine punch of Figure P8.15. Recalculate the fundamental natural fre-
quency by reducing the model obtained in Problem 8.16 to a single-degree-of-freedom 
using Guyan reduction.

 8.51. Compute a reduced-order model of the three-element model of a cantilevered bar 
given in Example 8.3.2 by eliminating u2 and u3 using Guyan reduction. Compare the 
frequencies of each model to those of the distributed model given in Window 8.1.

 8.52. Consider the system defined by the matrices

M = D2 0 0 0

0 0 0 0

0 0 2 0

0 0 0 0

T  K = D 20 -1 0 0

-1 20 -3 0

0 -3 20 -17

0 0 -17 17

T
Use mass condensation to reduce this to a two-degree-of-freedom system with a 
nonsingular-mass matrix.

 8.53. Recall the punch-press problem modeled in Figure 4.28 and treated in Example 4.8.3. 
The mass and stiffness matrices are given by 

M = C0.4 * 103 0 0

0 2.0 * 103 0

0 0 8.0 * 103

S K = C 30 * 104
-30 * 104 0

-30 * 104 38 * 104
-8 * 104

0 -8 * 104 88 * 104

S
Recalling that the only external force acting on the machine is at the x1(t) coordinate, 
reduce this to a single-degree-of-freedom system using Guyan reduction to remove x2 
and x3. Compare this single frequency with those of Example 4.8.3. 

 8.54. Consider the beam example given in Example 7.6.2. Using the values given there (an alu-
minum beam, 0.5128 m * 25.5 mm * 3.2 mm, E = 6.9 * 1010 N>m2, ρ = 2715 kg>m3,  
A = 8.16 m2, and I = 6.96 * 10-11 m4), compute the first four natural frequencies as 
accurately as possible and compare them to both the analytical values and the mea-
sured values.  
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MATLAB ENGINEERING VIBRATION TOOLBOX

If you have not yet used the Engineering Vibration Toolbox program, return to the 
end of Chapter 1 or Appendix G for a brief introduction to MATlAb. The finite 
element modeling method introduced in this chapter is ideally suited for computer 
implementation. Toolbox folder>directory VTb_8 contains a finite element pro-
gram. This interactive program calls for the user to input node locations, followed 
by the physical parameters between the nodes (i.e., E, A, I, G, and ρ). The code is 
based on a two-dimensional Timoshenko beam. The file contains an example of 
how to use the program for an aluminum beam with five elements. The following 
problems should help clarify the finite element procedure.

TOOLBOX PROBLEMS

 TB8.1. Use the file VTb_8 to solve for the frequencies of a cantilevered aluminum bar us-
ing five elements. Compare the frequencies to those of the analytical solution of the 
distributed-parameter model.

 TB8.2. Use file VTb_8 to solve for the natural frequencies of a pinned–pinned beam of 
Window 8.3 using 10 elements. Compare your results with the analytical solution.

 TB8.3. Recalculate the frequencies of the machine punch of Figure P8.15 using four elements 
for each bar. How does your result compare with those obtained in Problem 8.16?

 TB8.4. Write a MATlAb file to perform mass condensation.

 TB8.5. Use file VTb_8 to calculate the consistent-mass matrix of the two-bar truss system 
of Section 8.5. Compute the frequencies of this system and compare them to those 
calculated in Section 8.5.

 TB8.6. Use VTb_8 to create a finite element model of the bridge in Figure PTb8.6. The 
bridge is made of steel, and the beam cross sections are 0.1 m wide and 0.15 m high. 
The x and y displacements of nodes 1 and 5 are constrained to be zero. Find the first 
seven natural frequencies and mode shapes. Removing the center diagonal members, 
find the first seven natural frequencies and mode shapes again. What is the most sig-
nificant result of removing the center diagonal members? Can you explain why the 
seventh natural frequency and mode shape do not change?

5 m
32

6 7 8

1 4 5

5 m

Figure PTB8.6  A 13-element bridge 
model.
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Complex numbers occur naturally in vibration analysis from the solution of dif-
ferential equations through their algebraic characteristic equations. In particular, 
solution of the damped single-degree-of-freedom system given by equation (1.36) is 
dependent on the values of λ satisfying the algebraic equation

 mλ2
+ cλ + k = 0 (A.1)

This is the familiar quadratic equation that has the solution

 λ = -
c

2m
{

1

2m
 2c2

- 4mk (A.2)

The roots given in equation (A.2) are complex valued if c2 -  4mk 6 0 (the under-
damped case). In this case the formula given in equation (A.2) calls for the square 
root of a negative number. Stated algebraically, equation (A.1) in the underdamped 
case calls for a number j (sometimes denoted i) such that

 j2
= -1 (A.3)

or symbolically, the “imaginary number” j is defined to be

 j = 1-1 (A.4)

This representation allows the expression of the two roots of equation (A.1) as the 
two pairs of real numbers

 a-
c

2m
, -

1

2m
 24mk - c2b   and  a-

c

2m
, 

1

2m
 24mk - c2b  (A.5)

which are written as

 -
c

2m
-

1

2m
 24mk - c2 j  and -

c

2m
+

1

2m
 34mk - c2  j (A.6)

where 4mk - c2
7 0.

With the preceding as motivation, a general complex number, x, is written as  
x = a + bj. The real number a is referred to as the real part of the number x 
and the real number b is referred to as the imaginary part of the number x. Such 
complex-valued numbers are represented in a plane, called the complex plane, as 
illustrated in Figure A.1. The notation Re x, is used to denote the real part of the 
number x (i.e., Re x = a) and Im x is used to denote the value of the imaginary part 
of x (i.e., Im x = b).

Complex numbers  
and Functionsa
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The complex numbers a + bj and a - bj are called conjugates of each other. 
The notation x, or x*, is used to denote the conjugate of the complex number x. 
That is, if x = a + bj, then x = x* = a - bi. The roots of equation (A.1) appear 
as a complex conjugate pair in the underdamped case. Another useful property of 
complex numbers is their absolute value or modulus, denoted 0 x 0 . The modulus of a 
complex number is the distance from the origin in Figure A.1 to the point x:

 0 x 0 = 0 a + bj 0 = 2a2
+ b2 (A.7)

The modulus is illustrated in Figure A.1, as is the conjugate of the root λ. Note that 
conjugate pairs of numbers fall on the same vertical lines as they have the same real 
part. Also notice that a complex number and its conjugate both have the same mod-
ulus (i.e., 0 x 0 = 0 x* 0 ).

Complex numbers may be manipulated using real arithmetic following rules 
similar to those for vectors. Addition of two complex numbers is defined simply by 
adding the real parts and imaginary parts as separate entities. In particular, if x =  

a + bj and y = c + dj, then

 x + y = (a + c) + (b + d)j (A.8)

In a consistent fashion, if β is a real number, then

 βx = βa + βbj (A.9)

expresses the product of a real number and a complex number.
Multiplication of two complex numbers is defined by starting with two basic 

definitions:

(a)(j) = aj

where a is real, and

(j)(j) = -1

Figure A.1  A complex plane used to repre sent a complex 
number x and the roots of equation (A.1): -(b>2m) { (1>2m) 24km - c2j. This plot is called an Argand diagram.

�

�*

x

ab
2m

Im x

Re x

�x� � �a2 � b2

2m

�4km � c2

�
2m

�4km � c2

b

�
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Then the product of two general complex numbers x and y becomes

 (x)(y) = (a + bj)(c + dj) = (ac - bd) + (ad + bc)j (A.10)

so that Re(xy) = (ac - bd) and Im(xy) = (ad + bc). The product of x and its con-
jugate x becomes a real number, that is,

xx = (a + bj)(a - bj) = a2
+ b2

This is consistent with definitions of the modulus of x defined by equation (A.7) with

 0 x 0 2 = a2
+ b2

= xx* (A.11)

which is a real number.
With addition defined (hence subtraction) and multiplication defined, it is 

important to define the division of one complex number by another. First note that 
the multiplicative identity of a complex number is simply the real number 1 (i.e.,  
1x = x for any complex number x). The inverse of the complex number x = a + bj 
is given by

 (a + bj)-1
=

1

a + bj
=

1

a2
+ b2

 (a - bj) (A.12)

provided that x = a + bj ∙ 0. Note that

(a + bj)-1(a + bj) =
1

a2
+ b2

 (a - bj)(a + bj) = 1

the multiplicative inverse. Equation (A.12) allows the formulation of division of two 
complex numbers. To see this, consider the division of y by x:

 
y

x
=

c + dj

a + bj
= (c + dj)(a + bj)-1 (A.13)

Invoking equation (A.12) for the inverse of x yields

 
y

x
= (c + dj) 

1

a2
+ b2

 (a - bj) =
1

a2
+ b2

 [(ac + bd) + (ad - cb)j] (A.14)

for x ∙ 0. Note that x = 0 if and only if both a and b are zero.
Note that the imaginary number j was used in equation (A.6) to manipulate the 

square root of a negative number. Specifically, for c2
- 4mk 6 0, the 4mkx - c2

7 0 
and the discriminant in equation (A.2) becomes

 2c2
- 4mk = 3(-1)(4mk - c2) = (24mk - c2)(1-1) 

 = (24mk - c2)j (A.15)
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which yields the complex number representation of the roots of the characteris-
tic equation for a single-degree-of-freedom underdamped system. Note also from 
the definition of addition that the real and imaginary parts of a complex number are 
determined by simple arithmetic. If x = a + bj, then

 Re x = a =
x + x

2
 

 Im x = b =
x - x

2j
 (A.16)

Applying these formulas to the roots λ of the characteristic equation for an under-
damped single-degree-of-freedom system yields

  Re λ = -
c

2m
 

  Im λ = -
24mk - c2

2m
 (A.17)

where λ satisfies equation (A.1).
A complex number can also be represented in terms of a polar coordinate 

system as illustrated in Figure A.2. Here θ is the angle between the line between 
the origin and the point (a, b). Note that r = 0 x 0 = 2a2

+ b2 and θ =  tan-1(b>a). 
With this in mind, x can be written as

 x = a + bj = r(cos θ + j sin θ) (A.18)

This polar representation can be used to write the exponential as

 ejt
= cos t + j sin t (A.19)

equation (A.19) can be manipulated to yield

 cos t =
1

2
 (ejt

+ e-jt) 

 sin t =
1

2j
 (ejt

- e-jt) (A.20)

(a, b)

Im x

Re x

r

� Figure A.2  An Argand plot illustrating the polar 
representation of a complex number x = a + bj.
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These equations are referred to as Euler formulas and can be derived by writing the 
exponential ejt as a power series and recalling the series expressions for sin t and cos t. 
The hyperbolic functions can be written as

 cosh t =
1

2
 (et

+ e-t) 

 sinh t =
1

2
 (et

- e-t) (A.21)

which are comparable to the Euler formulas for the trigonometric functions.
The foregoing algebraic formulation for complex numbers can be extended to 

functions of a complex variable. An example of a function of a complex variable is 
given by equation (A.6) [i.e., f(x) = 0 x 0 = (a2

+ b2)1>2]. This is a real-valued func-
tion of a complex variable since x is complex and f(x) is real. In general, however, a 
function of a complex number will also be complex. A theory of limits, differentia-
tion, and integration can be defined, with a few cautions, following that of functions 
of a real variable. One major difference is that the real and imaginary parts of a 
complex function may have continuous derivatives of all orders at a point, yet the 
function itself may not be differentiable. Hence one needs to proceed with caution 
in examining the calculus of complex functions.

There are several graphical representations of a complex function that are 
useful in vibration analysis. First note that if x is a complex variable, then f(x) is also 
potentially complex and will be of the general form

 f(x) = u(x) + v(x)j (A.22)

where u(x) and (x) are real-valued functions. Multiplication of complex functions 
follows that of complex numbers as given by equation (A.10). The conjugate func-
tion is just

 f (x) = u(x) - v(x)j (A.23)

and all of the formulas for arithmetic of complex numbers developed previously ap-
ply to the arithmetic of complex functions. In particular,0 f(x) 0 = 2f f = 2u2(x) + v

2(x)

and for values of x such that f(x) ∙ 0,

 
1

f(x)
=

1

u2(x) + v
2(x)

 [u(x) - v(x)j] (A.24)

which satisfies the relation f(x)[1>f(x)] = 1.
The graphical representation of a complex function becomes difficult because 

both the argument and the function require two dimensions to represent graphi-
cally. One approach is to plot u(x) versus (x), as indicated in Figure A.3 for several 
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different values of the complex variable x. These are called Nyquist plots and are 
used extensively in analyzing vibration measurement data. Another method of 
plotting complex functions is to examine the magnitude and phase separately using 
the polar form suggested in Figure A.2. In the case that |f(x)| is plotted versus b, 
the imaginary part of x, the plot is called a bode magnitude plot. Similarly, a plot 
of θ(x) is tan-1[ (x)>u(x)] versus the imaginary part of x, called a bode phase plot. 
These plots are also used extensively in analyzing vibration test data as discussed in 
Sections 1.6 and 7.4.

Im f(x)

Re f(x)

x4

x3

x2

x1

Figure A.3  The imaginary part of a 
complex function plotted versus the real part 
for several values of the variable x. Such 
plots are called Nyquist diagrams.
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An integral transform is the procedure of integrating the time dependence of a 
function into becoming a function of an alternative variable, or parameter, which 
can be manipulated algebraically. A common integral transform is the laplace 
transform. laplace transforms are viewed here as a method of solving differential 
equations of motion by reducing the computation to that of integration and alge-
braic manipulation. Transforms provide both an alternative solution technique for 
vibration problems and an important analytical tool in the analysis and measure-
ment of vibrating systems.

The definition of a laplace transform of the function f(t) is

 L[ f(t)] = F(s) = L
∞

0

f(t)e-stdt (b.1)

for an integrable function f(t) such that f(t) = 0 for t 6 0. The variable s is complex 
valued. The laplace transform changes the domain of the function from the posi-
tive real number line (t) to the complex number plane (s). The integration in the 
laplace transform changes differentiation into multiplication. From the definition 
of the laplace transform, it is a simple matter to see that the procedure is linear. 
Thus the transform of a linear combination of two functions is the same linear 
combination of the transform of these functions. The laplace transform of various 
functions can be calculated in closed form by using equation (b.1). In addition, the 
laplace transform of a derivative of an arbitrary function can easily be calculated in 
symbolic form. In particular, the laplace transform of x

#
(t) is just

 L[x
#
(t)] = sX(s) - x(0) (b.2)

where the capital X denotes a transformed version of x(t). Similarly,

 L[x
$
(t)] = s2X(s) - sx(0) - x

#
(0) (b.3)

Here x(0) and x
#
(0) are the initial values of the function x(t). Note that in the trans-

formed domain, often called the s-domain, differentiating a variable X(s) corresponds 
to simple multiplication [i.e., sX(s)], and integration in the time domain corresponds 
to dividing by s in the transform domain.

Table b.1 lists some common functions of time preceded by their laplace 
transforms as calculated using equation (b.1) for the case that all of the initial 
conditions are set to zero. The table provides a method of quickly finding the 
laplace transforms given a particular function of time by reading from right to left. 
However, reading the table from left to right provides the ability to determine a 

laplace TransformsB
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TABLE B.1  PARtIAl lISt oF FunCtIonS AnD tHEIR lAPlACE tRAnSFoRMS 

wItH ZERo InItIAl ConDItIonS AnD t 7 0

F(s) f(t)

(1) 1 δ(t0) unit impulse at t0

(2) 1

s
1, unit step

(3) 1

s + a
    a 1

s - a
 b e–at   (eat)

(4) 1

(s + a)(s + b)

1

b - a
 (e-at

- e-bt)

(5) ω

s2
+ ω2

sin ωt

(6) s

s2
+ ω2

cos ωt

(7)
1

s(s2
+ ω2)

1

ω2
 (1 - cos ωt)

(8)
1

s2
+ 2ζωs + ω2

1

ωd

 e-ζωt sin ωdt, ζ 6 1, ωd = ω21 - ζ2

(9)
ω2

s(s2
+ 2ζωs + ω2)

1 -
ω

ωd

 e-ζωt sin (ωdt + ϕ), ϕ = cos-1ζ, ζ 6 1

(10) 1

sn

tn - 1

(n - 1)!
, n = 1, 2 c

(11)
n!

(s - ω)n + 1
tneωt, n = 1, 2 c

(12)
1

s(s + ω)

1

ω
 (1 - e-ωt)

(13)
1

s2(s + ω)

1

ω2
 (e-ωt

+ ωt - 1)

(14)
ω

s2
- ω2

sinh ωt

(15)
s

s2
- ω2

cosh ωt

(16)
1

s2(s2
+ ω2)

1

ω3
 (ωt - sin ωt)

(17)
1

(s2
+ ω2)2

1

2ω3
 (sin ωt - ωt cos ωt)

(18)
s

(s2
+ ω2)2

t

2ω
 sin ωt

(19)
s2

- ω2

(s2
+ ω2)2

t cos ωt
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function, x(t), from its laplace transform X(s). This gives rise to the concept of an 
inverse laplace transform, denoted L–1, which is formally defined by

 L-1[X(s)] = x(t) (b.4)

which can be computed by using Table b.1.
The procedure for using laplace transforms to solve equations of motion ex-

pressed as an inhomogeneous ordinary differential equation is to take the laplace 
transform of both sides of the equation, treating the time derivatives symbolically 
using equations (b.2) and (b.3) and using Table b.1 to compute the laplace trans-
form of the driving force. This renders an algebraic equation in the variable X(s), 
which is easily solved by simple manipulation. The inverse laplace transform is 
applied to the resulting expression for X(s) by using Table b.1 again, resulting in 
the time response.

As an example of using laplace transforms to solve a homogeneous differential 
equation, consider the undamped single-degree-of-freedom system described by

 x
$
(t) + ωn

2x(t) = 0, x(0) = x0, x
#
(0) = v0 (b.5)

Taking the laplace transform of x
$

+ ωn
2x = 0 results in

 s2X(s) - sx0 - v0 + ωn
2X(s) = 0 (b.6)

by direct application of equation (b.3) and the linear nature of the laplace trans-
form. Algebraically solving equation (b.6) for X(s) yields

 X(s) =
x0 + sv0

s2
+ ωn

2
 (b.7)

F(s) f(t)

(20)
ω1

2
- ω2

2

(s2
+ ω1

2)(s2
+ ω2

2)

1

ω2
 sin ω2t -

1

ω1
 sin ω1t

(21)
(ω1

2
- ω2

2)s

(s2
+ ω1

2)(s2
+ ω2

2)
cos ω2t – cos ω1t

(22)
ω

(s + a)2
+ ω2

e–at sin ωt

(23)
s + a

(s + a)2
+ ω2 e–at cos ωt

(24) F(s – a) eat f(t)

(25) e–asF(s) f(t – a) Φ (t – a)

TABLE B.1  ContInuED
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Using L–1[X(s)] = x(t) and entries (6) and (5) of Table b.1 yields that the solution is

 x(t) = x0 cos ωnt +
0

ωn

 sin ωnt (b.8)

The same procedure works for calculating the forced response. However, in the 
forced response, calculating the algebraic solution for X(s) often results in quotients 
of polynomials in s. These polynomial ratios may not be found in tables directly, 
but such quotients may be resolved into simple terms by using the method of partial 

fractions.
The method of partial fractions is one of finding unknown coefficients of 

terms used in combining simple fractions by computing the lowest common de-
nominator. For instance, consider a function X(s) given by

 X(s) =
s + 1

s(s + 2)
 (b.9)

which does not appear in Table b.1, rendering it difficult to invert. This quotient of 
polynomials can be written as

 
s + 1

s(s + 2)
=

A

s
+

B

s + 2
 (b.10)

where A and B are unknown constant factors. Clearing the fractions in equation (b.10) 
yields

 s + 1 = (A + B)s + 2A (b.11)

after a little manipulation. Since the coefficients on each side of the equality must 
match, equation (b.11) implies that

 A + B = 1 (from the coefficient of s)

 2A = 1 (from the coefficient of s0)

so that A = B =
1

2
 . Thus X(s) may be written as

 X(s) =
1

2s
+

1

2
 

1

s + 2
 (b.12)

Inverting X(s) is easily performed by using entries (2) and (3) in Table b.1. This 
yields that

 x(t) =
1

2
 (1 + e-2t) (b.13)

providing the desired time response.
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The partial fraction method requires that repeated linear factors and qua-
dratic factors have additional coefficients. For example, if the polynomial in the 
denominator has a repeated linear factor such as (s + ω)2, an additional term is 
needed. To see this, suppose that X(s) = ω2>[s(s + ω)2]; then the partial fraction 
expansion becomes

 
ω2

s(s + ω)2
=

A

s
+

B

s + ω
+

C

(s + ω)2
 (b.14)

Multiplying both sides by s(s + ω)2 and solving for the coefficients A, B, and C by 
comparing coefficients of powers of s yields A = 1, B = -1, and C = -ω, so that

 
ω2

s(s + ω)2
=

1

s
 -  

1

s + ω
 -  

ω

(s + ω)2
 (b.15)

For quadratic factors such as (s2
+ 2s + 5) the numerator of the expansion must 

contain a first-order polynomial element of the form As + B. For example, con-
sider X(s) = (s + 3)>[(s + 1)(s2

+ 2s + 5)]. Its partial fraction expansion is

 
s + 3

(s + 1)(s2
+ 2s + 5)

=
A

s + 1
+

Bs + C

s2
+ 2s + 5

 (b.16)

Multiplying by (s + 1)(s2
+ 2s + 5) yields

s + 3 = (A + B)s2
+ (2A + B + C)s + (5A + C)

after grouping terms as coefficients of the powers of s. Comparing coefficients of s yields

A + B = 0, 2A + B + C = 1, 5A + C = 3

which has the solution A =
1

2
, B = -  

1

2
, C =

1

2
 . Thus the partial fraction expan-

sion in equation (b.16) becomes

 X(s) =
1

2(s + 1)
 +

1 - s

2(s2
+ 2s + 5)

=
1

2(s + 1)
 -  

s + 1 - 2

2(s2
+ 2s + 5)

  =
1

2(s + 1)
 -  

1

2
 

s + 1

(s + 1)2
+ 4

+
2

2(s2
+ 2s + 5)

 (b.17)

This can easily be inverted by using entries (3), (23), and (8) of Table b.1, respec-
tively, to yield

 x(t) =
1

2
 e-t

-  
1

2
 e-t cos 2t + e-t sin 2t (b.18)

since the denominator in the last fraction in equation (b.17) implies that 2ζωn = 2 
and ωn

2
= 5. Hence ωn = 15, ζ = 1>15, and ωd = 2.
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Some matrix definitions and manipulations useful in vibration analysis are summa-
rized in this appendix. A matrix is an array of numbers (real or complex) arranged 
in rows and columns according to the following scheme:

A = D a11 a12 g a1n

a21 a22 g a2n

f
am1 am2 amn

T
where A denotes the matrix as a single entity and aij denotes the element in the ij 
position (i.e., the element at the intersection of the ith row and jth column). Such a 
matrix A is said to be of order m * n and to have m rows and n columns. A majority 
of the matrices used in vibration analysis are square (i.e., m = n), having the same 
number of rows and columns, or are rectangular, consisting of a single row (1 * n) or 
a single column (n * 1), which is then called a row vector or column vector, respec-
tively. However, in the analysis of vibration measurements, other size rectangular 
matrices occur.

Matrix arithmetic can be defined only if the matrices to be combined are of 
compatible dimensions. The sum of two matrices, A and B (i.e., C = A + B), is 
defined if A and B are of the same size (say m * n), by

 cij = aij + bij (C.1)

for each value of i between 1 and m and each value of j between 1 and n. This defini-
tion of matrix addition is simply to create a new matrix C of the same size with ele-
ments formed by the sum of the corresponding elements of the two matrices A and 
B. Multiplication of a matrix by a scalar α is defined on a per-element basis (i.e., the 
product of the scalar α and the matrix A, denoted αA, has elements αaij).

The product of two matrices is only defined in a specific order for matrices of 
a compatible size. In particular, the matrix product C = AB is defined in terms of 
the elements of the matrix C by

 Cij = a
p

k = 1

aikbkj (C.2)

where p is the common size of each matrix. Here, if the matrix A is m * p, the 
matrix B must be p * n in order for the definition to be consistent. Thus not all 
matrices can be multiplied together. The matrix C resulting from equation (C.2) 
will be of the size m * n.

matrix BasicsC
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One extremely common matrix product in vibration analysis is that of a 
square matrix times a column vector. A matrix is square if it has the same number 
of rows and columns (i.e., the special case m = n). If A is an n * n matrix and x is 
an n * 1 vector, the product y = Ax is the n * 1 vector with ith element given by

 yi = a
n

j = 1

aijxj (C.3)

here i = 1, 2,…, n. Another useful matrix manipulation in vibration analysis is the 
concept of the transpose of a matrix. The transpose of the matrix A is formed from 
A by interchanging the rows and columns of the matrix A. In particular, if A has el-
ements aij, the transpose of A, denoted AT, has elements aji. If A is n * m, then AT 
will be m * n. If x is a column vector (n * 1), then xT is a 1 * n row vector. The 
transpose operation on a matrix (or a vector) satisfies the following rules:

  (A + B)T
= AT

+ BT (C.4)

  (αA)T
= αAT  (C.5)

  (AB)T
= BTAT  (C.6)

  (A)T
= A  (C.7)

where A and B are any two matrices for which the indicated operations can be de-
fined and α is a scalar.

The product of two vectors can be defined in two different ways, both of 
which are useful in vibration analysis. First consider the product yTx, where both x 
and y are n * 1 column vectors. Following the definition given in equation (C.2), 
this product becomes

 yTx = a
n

i = 1

yixi (C.8)

This corresponds to the familiar “dot product” and is also called the inner product 
or scalar product. The phrase scalar product arises because the product yTx results 
in a scalar. The scalar product is useful in defining the magnitude of mode shapes in 
vibration analysis. A second product of two column vectors can be defined by tak-
ing the product of a column vector times a row vector. This product, called an outer 

product, produces an n * n matrix:

 yxT
= E y1x1 y1x2 g y1xn

y2x1 y2x2 g y2xn

f f g f
ynx1 ynx2 g ynxn

U  (C.9)

The outer product is extremely useful for analyzing vibration measurements.
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Returning to the inner product, if the inner product of a vector x and itself is 
formed, the result leads to the interpretation of the length of a vector. The length 
of a vector is an example of a vector norm. In particular, if x is an n * 1 vector, the 
norm of x is defined by

 7x 7 = (xTx)1>2 (C.10)

If the norm of a vector is the number 1, the vector is called a unit vector and is said 
to be normalized. If the inner product of two vectors is zero, they are said to be 
orthogonal.

Often vectors occur in sets. If a set of n * 1 vectors xi satisfies the relation

 xi
Txj = b0 i ∙ j

1 i = j
R  (C.11)

for all vectors in the set, the unit vectors are each orthogonal to each other. Such a 
set of vectors is called orthonormal. Another useful property of sets of vectors is the 
concept of linear independence. A set of n, n * 1 vectors xi is linearly dependent if 
there exist n scalars α1, α2, …, αn that are not all zero, such that

 α1x1 + α2x2 + c + αnxn = 0 (C.12)

Essentially, this statement means that there is at least one vector in the set that 
can be written as a linear combination of some of the other vectors in the set. If 
such a set of scalars cannot be found, the set of vectors {xi} is said to be linearly 

independent. linearly independent vectors are very useful for expressing the 
solution of multiple-degree-of-freedom vibration problems. A familiar example 
of an orthonormal, linearly independent set of vectors are the three unit vec-
tors (in, jn, kn) used in statics and dynamics to analyze motion and forces in three 
dimensions.

Vectors can be differentiated by defining the derivatives in terms of each ele-
ment. In this way the derivatives of a vector are simply

 
d

dt
 (x) = D x

#
1

x
#
2

f
x
#
n

T  (C.13)

where the overdot denotes the usual time derivatives of each element. Such deriva-
tives are used in representing the equations of motion for multiple-degree-of-freedom 
systems.

A majority of the matrices used in vibration analysis are square and have the 
same number of rows as columns. Some special square matrices are the identity 

matrix, I, which has its element δij, and the zero matrix, which has a zero as each of 
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its elements. These special matrices satisfy the following conditions for any square 
matrix A:

  AI = A 

  IA = A 

  0A = 0  

  A0 = 0  (C.14)

The identity matrix I is, of course, the multiplicative identity for the set of square ma-
trices, and the zero matrix is the additive identity. A matrix that has zeros as all of its 
elements except those along the diagonal (i.e., aii) is called a diagonal matrix. Diagonal 
matrices can be manipulated almost like scalars and are often used in modal analysis.

The determinant of a matrix A is defined by the formula

 det (A) = a
n

j = 1

(-1)1 + ja1j det (A1j) (C.15)

where a1j is the element in the (1 – j)th position of the matrix A, and A1j is the (n – 1) *  
(n – 1)th matrix formed from the matrix A by deleting the first row and jth column of 
the matrix A. For a 1 * 1 matrix (i.e., a scalar), the determinant of A is just

 det  (A) = a

the value of the scalar. For a 2 * 2 matrix the determinant becomes

  det  (A) = a11a22 - a12a21 (C.16)

The expression given by equation (C.15) can be used to calculate the determinant 
of a 3 * 3 matrix in terms of the determinant formula for a 2 * 2 matrix given pre-
viously, and so on. Note that the determinant is a scalar value.

The matrix Aij formed by deleting the ith row and jth column of the matrix A 
is called a minor of A. let αij denote the scalar found by taking the det (Aij) with a 
particular sign:

 σij = (-1)i + jdet (Aij) (C.17)

Then the matrix defined by forming the elements αij into a matrix is called the ad-

joint of A, denoted adj A. The matrix A–1 such that A–1A = I is called the inverse of 
the matrix A and can be calculated from the adjoint by

 A-1
=

adj A

det (A)
 (C.18)

Note from this calculation that the matrix A does not have an inverse if det (A) = 0. 
In this case, A is said to be singular. If A–1 does exist [i.e., if det (A) ∙ 0], the matrix 
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A is called nonsingular. The following is a list of properties of the matrix inverse and 
determinant:

 (A-1)T
= (AT)-1

 (AB)-1
= B-1A-1

 det (AB) = det (A) det (B)

 det (AT) = det (A)

  det (αA) = α det (A)  where α is a scalar

Each of these expressions can be derived from the definitions given previously.
Some special and important types of matrices in vibration analysis are summa-

rized in the following list; that is, a matrix A is

symmetric if A = AT

skew symmetric if A = –AT

positive definite if xTAx 7 0 for all x ∙ 0

nonnegative definite if xT Ax Ú  0 for all x ∙ 0 (also called semidefinite)

indefinite if (xT Ax)(yTAy) 6 0 for some x and y

orthogonal if ATA = I

If a matrix A is not symmetric, it can be written as the sum of a symmetric matrix, 
As, and a skew symmetric matrix, Ass, defined by

 As =
AT

+ A

2
  Ass =

A - AT

2
 (C.19)

Another useful matrix definition is that of the trace of a matrix. The trace of the 
matrix A, denoted tr(A), is simply the sum of the diagonal elements of A:

 tr (A) = a
n

i = 1

aij (C.20)

which is a scalar.
The frequency response methods used in steady-state vibration analysis and 

modal testing methods often result in complex-valued matrices. In this situation 
the matrix transpose used previously is replaced with a conjugate transpose. In par-
ticular, let aij denote the complex conjugate of the number aij, then define A* as the 
conjugate transpose by

 A* = AT (C.21)

which has elements aij. In the complex-valued case, a matrix A is said to be Hermitian if

A* = A

and unitary if

A* A = I
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In the case of a complex-valued vector, the inner product becomes

 x * y = a
n

i = 1

xi yi (C.22)

and a complex-valued matrix A is positive definite if

 x*Ax 7 0 (C.23)

for all nonzero complex vectors x.
Next consider the matrix eigenvalue problem. let A be a square matrix (n * n). 

A scalar λ is an eigenvalue of the matrix A, with eigenvector x, x ∙ 0, if

 Ax = λx (C.24)

is satisfied. Note that λ can be zero but x cannot. Also note that if x is an eigenvector, 
so is αx, where α is any scalar. As was developed in Chapter 4, the natural frequencies 
and mode shapes of an undamped system are calculated by solving a matrix eigen-
value problem. If the matrix A is known to be symmetric (i.e., A = AT), the eigen-
values of A are real numbers and the eigenvectors are real valued. If, in addition, A is 
positive definite, the eigenvalues must be positive numbers. If A is size n * n, then A 
will have n eigenvalues and n eigenvectors. In particular, if A is symmetric (and real), 
the eigenvectors xi form a linearly independent set. Furthermore, these eigenvectors 
can be normalized to form an orthonormal linearly independent set. These normal-
ized eigenvectors can be used to define an orthogonal matrix P by

 P = [x1 x2 c xn] (C.25)

such that

 PTP = I and PT AP = diag (λi)I (C.26)

This last expression is the foundation of the modal analysis method used so exten-
sively in vibration theory.

The eigenvector defined in equation (C.24) is called a right eigenvector. A left 

eigenvector can also be defined by

 yTA = λyT y ∙ 0 (C.27)

For symmetric matrices, the left and right eigenvectors are the same. For matrices 
that are not symmetric, these vectors may or may not be the same. In fact the eigen-
values, and hence the eigenvectors, of a nonsymmetric matrix may or may not be 
complex valued. The concept of an eigenvalue and eigenvector can be generalized 
by introducing a lambda matrix, or matrix polynomial. In particular, the solution of 
the equations of motion for a lumped-parameter multiple-degree-of-freedom sys-
tem with damping generates the matrix polynomial problem of calculating a scalar 
λ and a nonzero vector x satisfying

 (Mλ2
+ Cλ + K) x = 0 (C.28)
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The matrix (Mλ2
+ Cλ + K) is called a matrix polynomial (it is viewed as a polyno-

mial in λ, with matrix coefficients). If M, C, and K are n * n matrices, there are 2n 
values of λ and 2n values of x satisfying equation (C.28). A particularly simple case to 
solve is that where M, C, and K are symmetric, real-valued matrices satisfying CM–1 
K = KM–1 C (which in general is not true). In this special case, the eigenvectors 
of the case C = 0 will also satisfy (C.28). For a more complex discussion of matrix 
methods in vibration analysis, see Inman (2006) and Golub and Van loan (1996).

The vibration problem for a multiple-degree-of-freedom system, or a finite ele-
ment model of a system, can be expressed as an eigenvalue problem in several ways. 
In Section 4.2 the undamped vibration problem is related to the symmetric eigenvalue 
problem by calculating the inverse-square root of the positive definite mass matrix M. 
In particular, if the equations of motion are stated in matrix>vector form as

 Mx
$

+ Kx = 0 (C.29)

where M is the mass matrix and K is the n * n, symmetric positive semidefinite 
stiffness matrix, then there are four different eigenvalue problems that can be used 
to solve for the natural frequencies and mode shapes. As before, x is an n * 1 vec-
tor of displacements and x

$
 is the second time derivative of x.

The first approach considered is the standard approach of multiplying equa-
tion (C.29) from the left by the inverse of the matrix M. This yields

 x
$

+ M-1Kx = 0 (C.30)

First the matrix M–1 must be calculated. In many cases M is a diagonal matrix (i.e., 
M = diag[m1 m2 … mn] and the inverse becomes simply

 M-1
= Q 1

m
 0 0 g g 0

0
1

m2
0 g g 0

g 0
1

m3
0 g g

g g g g g g
g g g g g g

0 g g g g  
1

mn

q (C.31)

In this case, calculating the matrix M–1K becomes a simple matrix multiplication. 
If K is a banded matrix, M–1K will also be banded. However, the product is usually 
not symmetric, even though both K and M are symmetric matrices, and computing 
the eigenvalues of a symmetric matrix is more efficient than calculating the eigen-
value problem of an asymmetric matrix.

If the matrix M is not diagonal (i.e., if the system is dynamically coupled), the 
inverse can be computed using the eigenvalue problem for the matrix M. let vi denote 
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the eigenvector of the matrix M and let μi denote the associated eigenvalues. Then the 
statement of the eigenvalue problem for the matrix M becomes

 Mvi = μivi  vi ∙ 0 (C.32)

Since M is symmetric and positive definite, each of the μi is greater than zero and 
each vi can be normalized such that they form an orthonormal set. The n * n matrix 
V formed by taking the vectors vi as its columns (similar to equation (4.49), i.e., V =   
[v1 v2 c vn]) is called orthogonal because VT

= V –1, so that VT V = I, the n *

n identity. The matrix V also diagonalizes the matrix M, so that

VTMV = diag (μ1, μ2, c, μn)

Thus the matrix M can be decomposed into

 M = V diag (μ1, μ2, c, μn)VT (C.32)

This decomposition can be used to calculate the inverse of the matrix M using the 
identity (AB)–1

= B–1A–1, via

 M-1
= V diag a 1

μ1
, 

1

μ2
, c, 

1

μn
bVT (C.34)

Hence one way to compute the inverse of the matrix M is to solve the eigenvalue 
problem associated with M by the power method and use equation (C.34) to con-
struct the inverse.

It is also useful to note that for any symmetric matrix, the formula for a func-
tion of a matrix is given in the same form as equation (C.34). That is, if f( # ) is any 
real function for which f (μi) is defined,

 f(M) = V diag [ f(μ1), f(μ2), c, f(μn)]VT (C.35)

defines the function f of the symmetric matrix M. In particular, the matrix M –1>2 was 
used extensively in Chapter 4. Using this function of a matrix definition, the matrices 
M–1>2 and M1>2 can be calculated from the eigenvalues and eigenvectors of M by

 M1>2
= V diag (μ1

1>2, μ2
1>2, c, μn

1>2)VT (C.36)

and

 M-1>2
= V diag (μ1

-1>2, μ2
-1>2, c, μn

-1>2)VT (C.37)

This formulation allows the extension of the material of Chapter 4 to dynamically 
coupled systems. Again, in the case of only static coupling, the matrix M is diagonal 
and computation of M1>2 or M1>2 is trivial. For instance, if M = diag (μ1, μ2, c, μn), 
M-1>2

= diag (μ1
-1>2, μ2

-1>2, c, μn
-1>2) as was used in Chapter 4.

The use of equation (C.34) to calculate the inverse of a matrix is not a very 
numerically efficient method. A better way to calculate M–1 is to view the calcula-
tion as the solution of the set of linear equations

 MA = K (C.38)
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where A and K are vectors or matrices, K is known, and A is unknown. This can 
be solved by a Gaussian elimination (think of the case where A and K are vectors) 
and back substitution. Gaussian elimination is essentially a systematic version of 
the method of elimination often taught in high school algebra classes and involves a 
series of steps, each of which eliminates one variable from the system of equations. 
To examine this method, consider the set of linear algebraic equations of the form

 Ax = b (C.39)

where A is a known n * n matrix, x is an unknown n * 1 vector of the form  
x =  [x1 x2 c  xn]T, and b is an n * 1 vector of known elements. The 
method of Gaussian elimination uses the fact that if P is any n * n nonsingular 
matrix, equation (C.39) and

 P Ax = Pb (C.40)

have the same solution x. The approach of the Gaussian elimination algorithm is 
to find a matrix P such that the matrix PA is upper triangular (i.e., PA has zeros as 
every element below the diagonal elements). If such a matrix P can be determined, 
the last equation in the relation specified by equation (C.40) will be of the form

 xn = (Pb)n (C.41)

where (Pb)n denotes the nth element of the vector Pb. The second-to-last equation 
will be only in xn – 1 and xn. Hence each element xi is calculated from the last equa-
tion backward (back substitution) until the entire vector is known.

The required matrix P in equations (C.41) and (C.40) can be determined from 
a series of elementary matrices. Elementary matrices are nonsingular matrices that 
when postmultiplied by a given matrix (A, in this case) result in the subtraction of 
multiples of one column of the matrix A from each of the other columns of A. An 
example of an elementary matrix is the matrix Pi defined to be the n * n identity 
matrix with the ith column replaced by

 G 0

0

f
1

-pi, i + 1

f
-pi, n

W  (C.42)

where the element pij are to be determined by the elements of the matrix A in such 
a way as to reduce A to a triangular form.

The algorithm for Gaussian elimination then proceeds in a step-by-step manner 
by writing the initial set of linear equations given in equation (C.39) as

 A0x = b0 (C.43)
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Multiplying this expression by P1 to get P1A0x = P1b0 produces the next step. The 
last expression is renamed A1x = b1, where A1 = P1A0 and b1 = P1b0. Then P2 
is multiplied times A1x = b1 to yield A2x = b2, where A2 = P2A1 and b2 = P2b1. 
This is repeated so that the rth step is

 Arx = br (C.44)

Here multiplying by Pr has made Ar – 1 upper triangular in the first r column. For 
example, for n = 6 and r = 3, equation (C.44) has the form

 F * * * * * *

0 * * * * *

0 0 * * * *

0 0 0 * * *

0 0 0 * * *

0 0 0 * * *

V Fx1

x2

x3

x4

x5

x6

V = F *

*

*

*

*

*

V  (C.45)

where * represents any nonzero number. Equation (C.45) illustrates how the 
equation Ax = b becomes more “triangular” at each step.

Examination of each step illustrates that the matrix PrAr – 1 has as its rth column,

 PrEa1r
(r - 1)

a2r
(r - 1)

f

anr
(r - 1)

U  (C.46)

where aij
(r - 1) denotes the ijth element of the matrix Ar – 1. The choice of the matrix 

Pr that performs the desired triangularization is then given by equation (C.42) with

 pir =
air

(r - 1)

arr
(r - 1) (C.47)

This formula results in a matrix Pr such that PrAr – 1 has one more upper triangular 
column, eliminating xr from the equation in the r – 1 position. Successive multipli-
cation of the matrices Pr defined by equations (C.46) and (C.47) yields a triangular 
system of equations that are easily solved for the elements xr of the vector x.

The solution of the linear system of equations Ax = b is then solved by comput-
ing PnPn – 1Pn – 2 c P1 Ax = PnPn – 1Pn – 2 c P1x. The method works well and is 
numerically superior to computing the solution via x = A–1b. However, the Gaussian 
elimination method fails if any of the pivot elements arr = 0. The matrix equation 
MA = K given in equation (C.38) can also be solved by a Gaussian elimination proce-
dure (applied to each column of A) or by more sophisticated triangularization proce-
dures. This produces a numerically more reliable calculation of the matrix A = M–1 K 
than is obtained by first calculating the matrix M–1 via equation (C.34) and computing 
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the matrix product of M–1 and K. The procedure of computing the matrix A from the 
equation M A = K to form the matrix M–1 K without actually computing an inverse is 
called matrix division.

The ability to effectively compute the inverse matrix M–1 and the inverse-square 
root matrix M–1>2 allows the formulation of five eigenvalue problems associated with 
vibration analysis. Each of these eigenvalue problems has computational advantages 
and disadvantages depending on the nature of both the structures and values of the 
elements of both the mass and stiffness matrices.

In Section 4.9 several approaches to solving for the natural frequencies and 
mode shapes of the undamped system given of equation (C.30) were given. There 
are several approaches available for solving the natural frequencies and mode 
shapes of the undamped system given of equation (C.30). The question arises as to 
which one is best. One way to answer this question is to use MATlAb’S ability to 
count the number of floating-point operations it takes to solve the related eigen-
value problem. This is done by using the flops command. Here we show the results 
for the problem of Example 4.1.5 using MATlAb.

EDU>M=[9 0;0 1];K=[27 -3;-3 3];

EDU>[V,D]=eig(K,M) %these vectors are not orthogonal

V =

0.3162  -0.3162

0.9487   0.9487

D =

2.0000     0

   0  4.0000

EDU>flops

ans =

417

EDU>M=[9 0;0 1];K=[27 -3;-3 3];

EDU>L=chol(M);

EDU>S=inv(L);

EDU>Kh=S*K*S;

EDU>[V,D]=eig(Kh) %these vectors are orthogonal

V =

-0.7071  -0.7071

 0.7071  -0.7071

D =

4  0

0  2

EDU>P=L*V

P =

-2.1213  -2.1213

 0.7071  -0.7071

EDU>flops

ans =

118
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Similar runs show the following:

Using inv(L)*K*inv(L') requires 118 flops.

Using inv(M)*K requires 191 flops.

Using inv(sqrtm(M))*K* inv(sqrtm(M)) requires 228 flops.

Using the generalized eigenvalue problem λMu = Ku requires 417 flops.

While these do not include normalization steps to get the eigenvectors into 
normalized mode shapes, they do get the mode shapes all in the same coordi-
nate system. As the number of degrees of freedom increases, these differences in 
flop count increase. Note that the best approach using this measure is to use the 
Cholesky decomposition approach suggested in Chapter 4 and keep all the eigen-
value problems symmetric. The standard approach (M–1 K) as taught in most books 
is almost twice as expensive for a two-degree-of-freedom system. Such differences 
usually increase exponentially with the number of degrees of freedom.
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There are several outstanding texts and reference books on vibration that merit 
consultation for those who wish a second explanation for the sake of understanding 
or for those who wish to pursue these topics further. In addition, there are several 
publications devoted to presenting research results and case studies in vibration. A 
few such general references are listed here. A computer search in your local library 
should turn up the rest.

Introductory Texts

Mechanical Vibration, J. P. Den Hartog, Dover, New York, 1985.

Theory of Vibration with Applications, 5th ed., W. T. Thomson, and M. D. Dahleh, Prentice 
Hall, Upper Saddle River, N.J., 1998.

Structural Dynamics: An Introduction to Computer Methods, R. R. Craig, Jr., Wiley, New York, 
1981.

Mechanical Vibrations, 5th ed., S. S. Rao, Prentice Hall, Upper Saddle River, N.J., 2010.

Mechanical Vibrations: Theory and Applications, S.G. Kelly, Cengage learning, Stamford, 
Conn., 2012.

Elements of Vibration Analysis, 2nd ed., l. Meirovitch, McGraw-Hill, New York, 1986.

Shock and Vibration Handbook, 5th ed., C. M. Harris and A. G. Piersol, editors, McGraw-Hill, 
New York, 2002.

Vibrations, 2nd ed., b. balachandran and E. b. Magrab, Cengage learning, Stamford, Conn., 2009.

Principles of Vibration, b. H. Tongue, 2nd ed., Oxford Press, New York, 2002.

Vibration, Fundamentals and Practice, 2nd ed., C. W. de Silva, CRC Press, boca Raton, Fla., 2006.

Advanced Texts

Vibration Problems in Engineering, 5th ed., W. Weaver, Jr., S. P. Timoshenko, and D. H. Young, 
Wiley, New York, 1990.

Analytical Methods in Vibration, l. Meirovitch, Macmillan, New York, 1967.

Vibration with Control Measurement and Stability, D. J. Inman, Prentice Hall, Englewood 
Cliffs, N.J., 1989.

Mechanical Vibration, H. benaroya, 2nd ed., Marcel Decker, New York, 2004.

Principles and Techniques of Vibrations, l. Meirovitch, Prentice Hall, Upper Saddle River, 
N.J., 1997.

Fundamentals of Vibration, l. Meirovitch, McGraw-Hill, New York, 2001.

Mechanical and Structural Vibrations: Theory and Applications, J. H. Ginsberg, Wiley, 
New York, 2001.

Vibration and Control, D. J. Inman, Wiley, Chichester, U.K., 2006.

The Vibration literatureD
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Periodicals

Sound and Vibration, Acoustical Publications, bay Village, Ohio.

Journals

Shock and Vibration, IOS Press, Amsterdam.

Journal of Sound and Vibration, Elsevier, Oxford.

Journal of Vibration and Acoustics, American Society of Mechanical Engineering, New York.

Journal of Mechanical Systems and Signals, Academic Press, New York.

AIAA Journal, American Institute of Aeronautics and Astronautics, Washington, D. C.
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This appendix lists the symbols used in the book. There are not enough symbols to 
go around so some symbols are used to denote more than one quantity. In addition, 
the choice of a symbol to denote a specific quantity has evolved over time often by 
different groups of people. Hence it is not uncommon for a particular symbol to 
represent several different quantities. Here, symbols have been chosen consistent 
with the most common used in the vibration literature.

In general, a lowercase italic symbol is a scalar, an uppercase italic symbol 
is a matrix, and a bold lowercase letter is used to denote a vector. However, when 
working with transforms, it is common to denote the laplace transform of a scalar 
by its uppercase symbol. Hence, it is not possible to read an uppercase italic letter 
and know whether the quantity is matrix or a transformed scalar. Symbols must 
always be clarified by the context in which they appear. Greek symbols are almost 
always scalars. letters that are not italic or bold are usually units (such as N for 
newtons or mm for millimeters). Units are summarized on the inside front cover.

Several attempts have been made to establish an international standard of sym-
bols for modal analysis and hence, vibration. The basic problem remains, however, 
there are just not enough symbols to go around.

CHAPTER 1
fk = elastic restoring force of a spring
m = mass
g = acceleration of gravity
x0 = an initial displacement
x, x(t) = displacement
k = spring constant, spring stiffness
N = normal force
x, y = coordinates of a two 

dimensional space
θ, θ(t) = angular displacement
t = time
ωn = 1k>m undamped natural 

frequency, angular frequency
ϕ = phase angle
A = amplitude of vibration, also a 

constant of integration
f = ω>2π frequency in hertz, not to 

be confused with a force
T = 1>f = 2π>ω, period of oscillation

0 = initial velocity
a, a1, a2 = unknown constants of 

integration

list of SymbolsE

A1, A2 = unknown constants of integration
λ = constant used in solving 

differential equations
j = 1-1 the imaginary unit

x, x2 = average displacement, root 
mean-square value, respectively

x
#
(t), x

$
(t) = time derivatives of displacement, 

i.e., velocity and acceleration, 
respectively

fc = cx
#
, a damping force

C = damping coefficient
ζ = c>2 1km damping ratio
ωd = ω21 - ζ2, for 0 6 ζ 6 1, called 

the damped natural frequency
ccr = 21km, critical damping 

coefficient so that ζ = c>ccr

fxi = ith force acting in the x direction
M0i = ith torque acting about the 

point 0
I0, J, J0 = moment of inertia about point 0
U1, U2 = potential energy at time t1 and t2, 

respectively
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T1, T2 = kinetic energy at time t1 and t2, 
respectively

Tmax, Umax = maximum kinetic energy, 
maximum potential energy, 
respectively

r, l = radius (capital R is often used as 
well), length, respectively

d

dt
 ( ), (

#
)

= always refers to a time 
derivative of ( )

ms = mass of a spring
γ = a density (specific weight)
q0 = radius of the center of 

percussion

k0 = radius of gyration (k0
2

= q0r)
E = Young’s modulus (elastic 

modulus)
A = cross-sectional area when used 

with E
Jp = area moment of inertia
G = shear modulus
ρ = mass density
W = weight
δ = logarithmic decrement (see 

Window 4.2 for other uses of 
this symbol)

∆ = static deflection

CHAPTER 2
F(t) = an external or driving force
F0 = constant magnitude of a 

harmonic driving force
ω = input frequency or driving 

frequency
f0 = F0>m
xp = the particular solution
X = amplitude of the particular 

solution
r = frequency ratio = ωdr>ω (not to 

be confused with a radius)
y(t) = displacement of the base of 

spring–mass–damper system
ωb = frequency of base motion, i.e., 

the frequency of an applied 
harmonic displacement

X = magnitude of the harmonic 
response

Y = magnitude of the applied 
harmonic displacement

FT = magnitude of the force 
transmitted to a mass through 
a spring and dashpot

e = radius of an out-of-balance mass 
(not to be confused with the 
exponential)

H(jω) = complex frequency response 
function

s = transform variable
X(s) = the laplace transform of x(t)
θ = used to denote phase shifts
H(s) = X(s)>F(s), a transfer function
z(t) = x(t) – y(t), relative 

displacement
Z = amplitude of relative 

displacement
ψ = phase of relative  

displacement
zp = particular solution for relative 

displacement
Fd = damping force
μ = coefficient of sliding friction
A1, B1 = constants of integration

∆E = energy dissipated
ceq = equivalent viscous-damping 

coefficient
U = potential energy
Umax = peak potential energy
η = loss factor
β = hysteretic damping constant
C = drag coefficient
α = CρA>2

CHAPTER 3
τ = a specific value of time, or 

a dummy (time) variable of 
integration

ε = a very small positive value of time

δ(t) = the Dirac delta function (not a 
decrement)

F̂ = F∆t, impulse
h(t – τ) = impulse response function
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a0, an, bn = Fourier coefficients
n, m, I = integers (be careful not to confuse 

m, the mass, with m, the index)
ωT = 2π>T
xcn(t) = the nth solution if the driving 

force is cos nωnt

xsn(t) = the nth solution if the driving 
force is sin nωnt

L[ ] = the laplace transform of [ ]

μ(t) = unit step function
x′ = x - x, a zero mean variable

Φ(t),H(t) = Heaviside step function

Sxx(ω) = power spectral density of the 
function x

Rxx(τ) = auto correlation of the function x
E[x] = the expected value of x
M, a, b = constants

CHAPTER 4
x = displacement column vector
x10, x20, = initial conditions for the 

coordinates
x
#
10 c = x1(t) and x2(t), respectively

xT = the transpose of x or a row vector

K = the stiffness matrix
M = the mass matrix
C = the damping matrix
AT

= the transpose of the matrix A
A–1

= the inverse of the matrix A
A1/2

= the matrix square root of the 
matrix A

u = a constant column vector also 
u1, u2, etc.

I = the identity matrix

K
∙

= M–1>2KM–1>2
C
∙

= M–1>2CM–1>2
M–1>2 = the inverse of the matrix square 

root of the matrix M
q(t) = a vector of generalized 

coordinates
qi(t) = the ith generalized coordinate
v = an eigenvector of K

∙

λ, λi = the eigenvalues
α = a scalar

w, wi = mass-normalized eigenvector 
of K

P = modal matrix
δij = Kronecker delta (not to be 

confused with the Dirac delta 
or the log decrement)

Λ = the diagonal matrix of 
eigenvalues of a matrix

r(t) = modal coordinate vector
ri(t) = the ith modal coordinate
S = M–1>2P, a mass weighted modal 

matrix
0 = the zero vector
θ1, θ2, θ3 = rotational displacements
det (A) = the determinant of the matrix A
di = expansion coefficients (scalars)
ζI = modal damping ratios
β = a scalar
F(t) = a vector of external forces
ωdi = ωi11 - ζi the ith damped 

natural frequency
f(t) = PTM–1>2F(t)
Qi = a generalized force or moment
L = T – U = lagrangian, also the 

Cholesky factor of M

CHAPTER 5
T.R. = transmissibility ratio
R = 1 – T.R. = reduction in 

transmissibility
δs = static deflection
ka = stiffness of the absorber
ma = mass of the absorber
xa = displacement coordinate of 

absorber mass

Xa = magnitude of the displacement 
of the absorber mass

μ = ma>m ratio of absorber mass to 
primary mass

ωp = natural frequency of primary 
system without absorber

ωa = natural frequency of absorber 
without primary system
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β = ωa>ωp, a frequency ratio
X = [X  Xa]T, where X is the 

magnitude of the response of 
the spring mass and Xa is that of 
the absorber mass

r = ωr>ωp, a frequency ratio
xm = the value of x that causes f(xm) 

to be an extreme (critical point)
fx = partial derivatives of f with 

respect to x
fy = partial derivatives of f with 

respect to y
fxx = 2nd partial derivatives of f with 

respect to x
fyy = 2nd partial derivatives of f with 

respect to y
γ = k2>k1, a stiffness ratio
η = loss factor
k* = complex stiffness

E* = complex modulus
e2 = ratio of modulus = E2>E1

h2 = ratio of height = H2>H1

g1, g2 = feedback control gain
G′ = shear modulus (real part)
E′ = real part of elastic modulus

2(1 + )G′,  Poisson’s ratio
σs = shear stress
εs = strain
ηs = shear loss factor
G* = complex shear modulus
E″, G″ = imaginary part of elastic and 

shear modulus respectively  
(G″ called a loss modulus)

k= = shear stiffness
TR = transmissibility ratio at 

resonance
G=

ω = dynamic shear modulus

CHAPTER 6

w(x, t) = displacement

f(x, t) = applied force
τ = string tension
0w

0x

= partial derivatives also denoted 
by wx

l = length
c = 1τ>ρ, wave speed also 1E>ρ, 

depending on the structure
X(x) = a spatial function of x only
T(t) = a temporal function of t only
σ = a constant
a1, a2, = constants of integration
a, b = constants of integration
An , B n, = constants of integration
cn , d n = constants of integration

w0(x) = the initial displacement

w
#

0(x) = the initial velocity
m, n = indices, integers
β = separation constant
λ = eigenvalues
Xn(x) = eigenfunctions
A(x) = cross-sectional area of a beam
ωn = the natural frequency of the 

nth node
θ(x, t) = angular rotation of a shaft

τ = torque when used with a rod
G = shear modulus
J = polar moment of area
J0 = polar moment of inertia 

(often ρJ)
γ = torsional constant

Θ(x) = spatial function of angular 
rotation

M(x, t) = bending moment
I(x) = cross-sectional area moment 

of inertia
f(x, t) = distributed force per  

unit area
V(x, t) = shear force
βn = solution to a transcendental 

equation
ψ = total angle in bending
κ = shear coefficient

w(x, y, t) = membrane displacement in the 
z direction

∇2 = laplace operator

∇4 = harmonic operator

DE = the flexural rigidity of  
the plate

γ, β = viscous-damping coefficients
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CHAPTER 7
ωc = cutoff frequency
xk = x(tk) = value of x(t) at the 

discrete time tk
a0, ai, bi = digital spectral coefficients
C = matrix of digital Fourier 

coefficients
a = a vector of spectral coefficients
N = size of data set
Rxf(τ) = cross correlation function
Sxf(ω) = cross spectral density function

γ2 = coherence function

α(ω) = α mobility frequency response 
function and has a different value 
for the various transfer functions: 
mobility, receptance, etc. (also 
used to denote an angle in 
Nyquist plots)

α(ω) = receptance matrix

= (K - ωr
2M + jωC)-1

CHAPTER 8
c1, c2, etc. = constants of integration
ui(t) = ith nodal displacement (local)
T(t) = kinetic energy
V(t) = potential energy
Ui(t) = global nodal displacement
θ = angle between global and local 

coordinates
Γ = coordinate transformation 

matrix between local and global 
coordinates

Ke = element stiffness matrix (local 
coordinates)

K( ) = element stiffness matrix (global 
coordinates)

K=
() = element stiffness matrix (global 

coordinates) expanded to fit 
global vector size

Mii, Kii = partitions of the mass as stiffness 
matrices, respectively

Q = reduction transformation matrix
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The best and most current source of information on using the three math codes 
used in the text can be found by using a search engine and typing in the name of 
the code. Many academics and users keep up-to-date websites on using these codes, 
and there are many very good tutorials available on the Internet. In addition, the 
syntax and commands in codes are updated frequently, so if you have copied a code 
out of the text and it does not work, try checking the code’s homepage for updates. 
The codes printed here were updates as of August 2012.

Each of the codes mentioned in the text may be used to solve vibration 
problems. Each is best approached for the first time by trying something simple, 
like plotting a known function or performing a simple calculation. The purpose of 
using these codes is to enhance understanding, to visualize, and to replace tedious 
hand calculations with more accurate machine calculations. Any of these codes are 
straightforward to use by just copying the solutions given in Sections 1.9, 1.10, 2.8, 
2.9, 3.8, 3.9, 4.9, and 4.10. In addition, it is helpful to have access to a manual or 
 tutorial. However, the codes presented in the text are enough to get started.

It is important to note that the output of any of these codes is only as trust-
worthy and accurate as the input given to the code. Just because an answer appears, 
does not mean it is a correct solution to the problem.

A search engine (such as Google) can be used to find other useful informa-
tion related to the text material on vibration. In particular, some interesting movies 
of vibration can be downloaded. Searching phrases such as “vibration movies,” 
“resonance,” “spring constants,” etc., will reveal very useful visuals on vibration 
phenomenon.

Codes and WebsitesF
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Web Support

Web support will be available through www.pearsonhighered.com/inman and will 
be updated often.

MATLAB Engineering Vibration Toolbox

Dr. Joseph C. Slater of Wright State University has authored a MATlAb Toolbox 
keyed to this text. At the end of each chapter, problems are listed that may be 
solved with the Engineering Vibration Toolbox (EVT). In addition, the EVT may 
be used to help solve the homework problems suggested for computer usage in 
Sections 1.9, 1.10, 2.8, 2.9, 3.8, 3.9, 4.9, and 4.10. The Toolbox is organized by chapter 
and may be used to solve the Toolbox problems found at the end of each chapter. 
MATlAb and the EVT are interactive and intended to assist in learning, analysis, 
parametric studies, and design, as well as in solving homework problems. The EVT 
is updated and improved regularly.

The EVT contains sets of M-files and data files for use with current versions 
of MATlAb and can be downloaded for free. Go to the Engineering Vibration 
Toolbox home page at http://www.cs.wright.edu/vtoolbox.

This site includes editions that run on earlier versions of MATlAb, as well as 
the most recent version. An email list of instructors who use EVT is maintained so 
that users can receive notification of the latest updates. The EVT is designed to run 
on any platform supported by MATlAb and is regularly updated to maintain com-
patibility with the current version of MATlAb. A brief introduction to MATlAb 
and UNIx is available on the home page as well. Please read the file readme.txt to 
get started and type help vtoolbox to obtain an overview.

Use the path command in MATlAb to make sure that a path has been set 
to an installed directory containing the Vibration Toolbox. The path command will 
list all directories available to MATlAb. One of them should end in “vtoolbox.” 
If not, see your system administrator if working on a multiuser system. If you are 
installing on a personal computer, please consult the readme.txt file and your 
MATlAb manual on how to set paths. Please note that using the path command 
from the MATlAb prompt sets the path only for the current session. Once the 
vibration toolbox is installed and the paths are set properly in MATlAb, typing 
help vtoolbox will provide a table of contents of the toolbox. likewise, typing help 
vtb0N will provide a table of contents for the files related to chapter “N.” Typing 
help codename will provide help on the particular code. Note that the filename is 
codename.m. Don’t use the .m from within MATlAb. The Engineering Vibration 
Toolbox commands can be run by typing them with the necessary arguments just 

Engineering Vibration 
Toolbox and Web 
SupportG

www.pearsonhighered.com/inman
http://www.cs.wright.edu/vtoolbox
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as any other MATlAb commands/functions. For instance, vtb1_1 can be run 
by typing vtb1_1(1,.1,1,1,0,10). On a UNIx system you may need to set the 
DISPLAY variable properly to view the results (consult your local user’s guide or 
system  support). Many functions have multiple forms of input. The help for each 
function shows this flexibility when it exists. Updates to the Engineering Vibration 
Toolbox are made as needed, and other enhancements occur from time to time. 
The  vtbud command can be used to view the current revision status on your system. 
If MATlAb is configured to do so, it will also download a copy of vtbud.m from 
the site containing the current revision status on the site. Thus you can download 
incremented upgrades at your convenience.
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 (1.1) 1.1. 9.81 N m

  1.5. 1.635 N>m
  1.16. (a) 0.071 Hz (b) 0.071 Hz

  1.22. 0.996 Hz

 (1.2) 1.27. 0.0396 m

  1.29. 31.583 N>m
  1.37. (a) 27.9 rad>s (b) 25.6 rad>s
  1.40. 20 rad>s
 (1.3) 1.44. x(t) = e-t sin t mm 

  1.56. ωn =  5.477 rad>s, ζ = 0.274 (oscillates), ωd = 5.27 rad>s
  1.57. ωn = B kl2

J + ml2
 rad>s

 (1.4) 1.65. ωn = B 3m + 6mt

2m + 6mtAg

l
 rad>s 

  1.67. a J

r 2
+ mbx

$
+ ak2 +

k1

r 2
bx = 0, ωn = Ck1 + r 2k2

J + mr 2
 

  1.71. c = (0.002)m2g/
3 

  1.73. ωd = 0.632 rad>s 

 (1.5) 1.82. ωn = 1.26 * 104 rad>s 

  1.87. keq = 300.98 N>m
  1.91. ζ = 0.245, underdamped

 (1.6) 1.97. E = 3.16 * 1011 N>m2

  1.99. ζ = 0.344

 (1.7) 1.102. c = 87.2 kg>s

answers to Selected 
Problems
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  1.109. 
l3

bh3
=

∆E

4mg
 

 (1.8) 1.113. 
kl

2
7 am1

2
+ m2bg 

 (1.10) 1.124. ∆t = 4.68 s 

  1.130. Two: Jx1

x2

R = J0

0
R  and Jx1

x2

R = C -
ωn

2

β

0

S  

 (2.1) 2.5. ωn = 105 rad>s, ω = 95 rad>s
  2.6. Tb = 20 s

  2.9. x(t) = 0.0117 sin 0.968 t - 0.00113 sin 10 t 

  2.12. k = 5.196 *  104 N>m, E = 1.613 * 105 Pa 

  2.15. 
36J

π
 a2M0

J
+

πω2

36
b 6 k 

 (2.2) 2.21. X = 0.133 m, θ = – π>2 rad

  2.27. ωn = Ckl1
2

+ mgl

ml2
 

  2.31. c = 55.7 kg>s 

  2.35. θ(t) = 0.434 cos (2π t - 3.051) rad 

 (2.3) 2.41. 0.004 m

 (2.4) 2.47. X = 10 cm, FT = 4001 N 

  2.52. c = 894.4 kg>s, FT = 400 N 

  2.55. c = 1331 kg>s
  2.60. X = 0.498 m

 (2.5) 2.61. X = 1.1 cm

  2.62. ζ = 0.05

  2.67. (a) X = 33.86 * 10–6 m (b) e = 0.00316 m

 (2.6) 2.69. k = 98,696 N>m, c = 87.956 Ns>m
 (2.7) 2.73. X = 1.79 * 10–3 m

  2.74. F0 = 1874 N

  2.82. F0 = 294 N

 (3.1) 3.1. x(t) = 0.071e-0.1t sin (1.411t) 

  3.8. x(t) = 7.752 * 10–6e–12.9t sin 1.29 * 103t m

  3.16. k =
1

m
 ambv0X 0 b2

 

 (3.2) 3.20. 0Z(v) 0 ≈ †  Yaπ
/
b3

v
3

ωn(ωn
2

- ωb
2 )

 †  
  3.23. x(t) = 0.5t – 0.05 sin (10t) m
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  3.25. tp =
π
ωd

 

  3.27. ωn = 3.35 rad>s, ζ = 0.348

 (3.3) 3.32. F(t) = a
∞

n = 1

bn sin nt 

where bn = c 0 n even

4

πn
n odd

 

  3.36. x(t) = 0.0932e–5t sin (31.22t + 0.107) + 0.0505 cos (3.162t – 1.57) m

 (3.4) 3.39. x(t) =
F0

k
-

F0

k21 - ζ2
 e-ζωnt sin1ωn21 - ζ2t + cos-1(ζ)2  

  3.42. x(t) =
1

415
 sin120t 

 (3.5) 3.44. x2
=

50πS0

3
 

  3.47. E[x2] = 11.333

 (3.6) 3.49. x(t) - y(t) =
A

mωn
2
 c1 -

1

t0

+
1

t0ωn

 sin ωnt - cos ωnt d -
A

2
 t2

-
A

6t0

 t3 0 … t … 2t0 

x(t) - y(t) =
A

mωn
2
 c 1

t0ωn

 (sin ωnt - sin ωn(t - 2t0)) - cos ωnt - cos ωn(t - 2t0)d  t 7 2t0 

 (3.7) 3.55. 
X(s)

F(s)
=

1

as4
+ bs3

+ cs2
+ ds + e

 

  3.58. ωn = 3 rad>s, ζ = 0.227, c = 3.03 kg>s, m = 2.22 kg, k = 20 N>s
 (3.8) 3.62. x(t) = 1 - e–t

6 1 therefore bounded

 (4.1) 4.3. u1 = J 1

0.909
R , u2 = J -0.101

1
R  

  4.7. ω1 = 0, ω2 = 3.333 rad>s
  4.8. ω1 = 0.316, ω2 = 1 rad>s
  4.14. x1(t) = 0.05 - 0.05 cos 16.73t

x2(t) = 0.05 + 0.05 cos 16.73t

 (4.2) 4.20. M1>2
= J 3 - 2

-2 2
R  

  4.24. PTKnP = J0.382 0

0 2.618
R  

  4.27. Λ = diag (λi) = J0.454 0

0 220.05
R  

P = [v1 v2] = J0.9999 -0.0144

0.0144 0.9999
R  

  4.33. a = -1
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 (4.3) 4.36. r
$

1(t) = 0

r
$

2(t) + 2r2(t) = 0 

  4.37. θ(t) = J0.2774 cos ω1t - 0.2774 cos ω2t

0.3613 cos ω1t + 0.6387 cos ω2t
R  

where ω1 = 0.4821A k

J2

 and ω2 = 1.1976A k

J2

 

  4.41. x(t) = J 0.3417 cos 0.402t - 0.3417 cos 1.7573t

0.9699 cos 0.4024t + 0.0301 cos 1.7573t
Rmm

 (4.4) 4.47. x(t) = 0.9449t C1

1

1

S + C -0.1364  

-0.05665 

0.005298

S  sin 8.8290t + C 0.01363  

-0.02337  

0.0004385

S  sin 19.028t m 

 (4.5) 4.64.  x(t) = C 0.01709

-0.01859

0.01709

S e-2.0771 * 10-6t sin(2.0770 * 10-4t - 1.5808)  

 + C0.01744

0.03206

0.01709

S e-1.8142 * 104t sin (8.8877 * 10-4t + 1.3694) m 

  4.68. α = 0.1966

β = 0.2778 

 (4.6) 4.73. x(t) = J0.0394e-0.1t sin 1.4106t + 0.0279e-0.2t sin 1.9899t

0.118e-0.1t sin 1.4106t - 0.0834e-0.2t sin 1.9899t
R  

  4.78. x2(t) = 2.221 * 10–4t – 8.606 * 10–5e–0.259t sin 2.581t

 (5.1) 5.3. ≈16 Hz, v = ωnx = 10-3 m>s 

  5.4. x ≈ 0.04 m 

 (5.2) 5.10. c = 25.8 kg>s, k = 665 N>m
  5.16. 3.36 mm

  5.26. ζ = 0.129

 (5.4) 5.46. 
Xk

M0

= 150.6 

  5.48. With 
Xk

F0

= 0.372, ζ = 0.767

  5.51. X = 0.00123 m

 (5.5) 5.56. ζop = 0.422, (ωr)op = 0.943ωp

  5.62. k2 = 8571 N>m, c = 9.51 kg>s
 (5.6) 5.68. E = 7.136 * 1010 N>m2

 (5.7) 5.74. (a) 3573 rpm (b) 50 cm
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 (6.2) 6.5. ωn =
(2n - 1)π

2l
 A τ

ρ
 Xn = sin 

(2n - 1)πx

2l
 for n = 1, 2, 3, c

  6.6. cn = 0,

   dn = 0 n even 

dn =
8

n2π2
 sin anπ

2
b , n odd 

 (6.3) 6.11. Steel

  6.28. w(x, t) = 0.004 a
∞

n = 1

 (-1)n + 1 sin [1132(2n - 1)πt] sin [(2n - 1)πx] 

 (6.4) 6.32. ω1 = 480.4 Hz

ω2 = 1441.2 Hz

ω3 = 2402.1 Hz

  6.36. Torsion: ωtn = 3162 
(2n - 1)π

2l
 for n = 1, 2, 3, c

longitudinal: ωln = 5128 
(2n - 1)π

2l
 for n = 1, 2, 3, c

  6.38. ϕn(x) = cos 
nπx

l
 ωn = AG

ρ
 
nπ
l

 for n = 1, 2, 3, c

 (6.5) 6.42. ωn = Bβn
4EI

ρA
 where cos (βnl) = -  

1

cosh (βnl)
 

 ϕn(x) = -  acos (βnl) + cosh (βnl)

sin (βnl) + sinh (βnl)
 sin (βnx) + cos (βnx)b  

 +acos (βnl) + cosh (βnl)

 sin (βnl) + sinh (βnl)
 sinh (βnx) - cosh (βnx)b  for n = 1, 2, 3, c

  6.45. ωn = anπ

l
b2AEI

ρA
 ϕn(x) = sin 

nπx

l
 

for n = 1, 2, 3, c, and w(x, t) = cos(ω2t) sin 
2πx

l
 

 (6.6) 6.50. ωmn = 2(2m - 1)2
+ 4n2A τ

ρ
 
π

2
 for m, n = 1, 2, 3, c

 (6.7) 6.58. (a) ζn =
γ

21ρτ
   

nπ

l
 n = 1, 2, 3, c

(b) ζmn =
γl

22ρτ(m2
+ n2)

 m, n = 1, 2, 3, c

  6.59. 
kg

m # s
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 (6.8) 6.68. w(x, t) = a
∞

n = 1

eC1n sin ωnt + C2n cos ωnt 

  +  
(-1)n - 1

ρA
 a F0

ωn
2

- ω2
b  sin ωt f  sin 

(2n - 1)πx

2l
 

where ωn = AE

ρ
 
(2n - 1)π

2l
 n = 1, 2, 3, c

 (7.2) 7.3. delta input: f(t) = δ(t) F(s) = 1

triangle input: f(t) =
1

2
-

4

π2
 a
n = 1, 3, 5, c

 
1

n2
 cos 

2πn

T
 t 

F(s) =
1

2s
-

4

π2
 a
n = 1, 3, 5, c

 
1

n2
 

s

s2
+ a2

  a =
2πn

T
 

  7.4. Error = A 350

(10 + ms)
- A350

10
  0.5 6 ms 6 5.0

  7.5. ωT = 1 rad>s
a1 = -1  an = 0  n 7 1

b1 = -2  b2 = 3  bn = 0  n 7 2

 (7.3) 7.8. x(t) = -
5

π
 a

∞

n = 1

 
1

n
 (1 - 2 cos (nπ) + cos (2nπ)sin(nt)) 

 (7.4) 7.10. The system has eight modal peaks with the approximate natural frequencies 
(in Hz) of:

 ω1 ≈ 2     ω2 ≈ 4     ω3 ≈ 10    ω4 ≈ 15 

 ω5 ≈ 22    ω6 ≈ 29    ω7 ≈ 36    ω8 ≈ 47 

  7.14. ∆ζ = 0.01

  7.17. 
X1(s)

F(s)
=

s2
+ cs + 2

s4
+ cs3

+ 4s2
+ 2cs + 3

 

X2(s)

F(s)
=

1

s4
+ cs3

+ 4s2
+ 2cs + 3

 

 (7.5) 7.24. ζ = 0.05

 (7.6) 7.25.  α(ω) =
1

 det (A)
 J2 - ω2

+ jω 2 + jω

2 + jω 6 - 2ω2
+ j3ω

R  

 det (A) = 2ω4
- 12ω2

+ 8 + j(-5ω3
+ 8ω)  

 (8.1) 8.2. ω1 = 0, ω2 = Bπ2E

ρl2
 which is 10.2% off from the FEM value.

 (8.2) 8.13. ω1 = 7092 rad>s, ω2 = 18,636 rad>s
  8.15. ω1 = 47,556.1 rad>s, ω2 = 101,975 rad>s
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  8.17. ω1 =
1.984

l
 AE

ρ
 

 (8.3) 8.26. ω1 = 3.52 
1

l2
 AEI

ρA
, ω2 = 20.49 

1

l2
 AEI

ρA
, ω3 = 34.98 

1

l2
 AEI

ρA
 

  8.28. ω1 = 1134 rad>s, ω2 = 3152 rad>s, ω3 = 6253 rad>s
  8.30. ω = 20.49 

1

l2
 AEI

ρA
 rad>s 

 (8.4) 8.34. ω1 = 6670 rad>s, ω2 = 13,106 rad>s
 (8.5) 8.47. M = l J0.9 0

0 0.9
R , K =

1

l
 J1.89 0.48

0.48 0.36
R  

 (8.6) 8.52. Mr = J2 0

0 2
R , Kr = J 19.95 -0.15

-0.15 36.55
R  



699

index
A

Accelerance transfer function, 
260–261

Acceleration, simple harmonic 
 motion, 10, 13w

Accelerometers, 166f, 167f, 578
Aircraft

base excitation example, 157–159
control tab, 113f
foot pedal model, 105f
jet engine with transverse 

 vibration, 290f
landing system, 106f
steering-gear mechanism, 104f
vibration-induced fatigue, 479
wing

distributed-parameter  
system, 502

engine mount, 107f
harmonic excitation example, 

169–170
impulse response function, 288f
stability example, 71
torsional vibration, 420f
vibration examples, 49–52, 

373–375
vibration models, 200f, 423f

Air damping, 179
Airfoil, 204f
Algebraic eigenvalue problem, 

400, 402
Aliasing, 581–582
Amplitude, 8
Angular motion, 526f
Angular natural frequency, 8
Arbitrary input, general forced 

 response, 226–235
examples, 228–235
problems, 290–292

Arbitrary periodic input, general 
forced response, 235–242

examples, 237–242
problems, 293–294

Argand plane plots, 591
Assumed mode method, 566

Asymmetric eigenvalue  
problem, 332

Asymptotic stability, 69, 265, 267
Autocorrelation function, 249
Automobiles

base excitation example, 157–159
brake pedal model, 202f
drive train vibration analysis, 423f
frequency response function, 441f
single-degree-of-freedom  

model, 440f
tires and resonance, 117
vibration isolation example,  

446–448, 447f
vibration response example, 

440–441
See also Suspension systems; 

Vehicles
Average value, 20

B

banded matrix, 674
bar

distributed-parameter systems, 
519–525

examples, 520–524
problems, 567–569

finite element method, 619–625
example, 624–625
problems, 649–650

two materials, 568f
See also Cantilevered bar

baseball bat, 42
base excitation, 151–160

examples, 156–160
harmonic excitation, 151f
problems, 205–208

beam bending vibration, 532–544
examples, 537–544
problems, 570

beam elements, finite element 
method for, 630–638

examples, 634–638
problems, 652–653

beam–mass model, 126

beams
Euler–bernoulli, 533–540, 533f
shear deformation, 541f
single-finite-element model, 631f
Timoshenko, 540–544, 541f
tip mass, 568f
transverse vibration, 533f, 539t

bearing housing displacement, 609f
beat, 124
beats, two-degree-of-freedom 

 system, 317
bell-shaped curve, 253
bernoulli–Euler beams. See  

Euler–bernoulli beams
bIbO (bounded-input, bounded-

output stability), 263, 265, 267
biharmonic operator, 549
bilinear systems, 83
borel’s theorem, 246
boundary value problem, 506
bounded-input, bounded-output 

(bIbO) stable, 263, 265, 267
bridge, 651f
broadband vibration  

absorption, 469f
buildings

ground motion, 207f
horizontal vibration example, 

348–351, 349f, 351f
machine with rotating unbalance,  

560f, 571f

C

Cable vibration, 504–507
example, 507

Camera mount, 222f
Cantilevered bar

finite element grids, 620f
longitudinal vibration, 555f, 620w
one-element model, 649f
three-element four-node  

model, 620f
Cantilevered beam, 533

applied axial force, 649f
driving points, 599f
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Cantilevered beam (Continued)
measurement points, 602f
spring-mass system attached, 652f
two-element, three-node  

mesh, 637f
Center of percussion, 39, 40
Characteristic equation, 23, 311, 509
Cholesky decomposition, 318, 

389–392
Circle fitting, 591–595

problems, 613–614
Clamped beam, 653f
Clamped–clamped bar, 555f, 640f
Clamped–free bar. See 

 Cantilevered bar
Clamped–free beam. See 

 Cantilevered beam
Clamped two-element beam 

 system, 654f
Clamped two-step aluminum  

beam, 653f
Coherence function, 587, 588f
Coiled spring, stiffness of, 52–53, 53f
Complex arithmetic, 466w
Complex modes, 404
Complex modulus, 178
Complex stiffness, 178, 479, 480f
Computational eigenvalue  problems 

for vibration in MDOF 
 systems, 389–407

Computer-controlled vibration 
 endurance test, 607f

Computer disk drive motor, 452f
Computer software

eigenvalues, 392
numerical simulation, 72, 180

Consistent-mass matrices, 638
Constrained-layer damping, 482
Continuous systems. See 

 lumped- parameter systems
Conversation of energy  

equations, 33
Convolution integral, 227, 228w, 233
Cooling fan, 483f
Coulomb damping, 81–82
Coulomb friction

free response, 84, 85f, 86f
harmonic excitation, 170–173
vibration, 81–88

examples, 85–88
problems, 114–115

Coupling device, 417f
Critical damping coefficient, 23

Critically damped motion, 27–31
response, 28f

Critical points, 471
Critical speeds, for vibration 

 suppression on rotating 
disks, 485–491

examples, 488–491
problems, 500–501

Cross-correlation function, 585
Cross-spectral density, 586
Cutoff frequency, 577

D

Damped natural frequency, 24
Damped systems

eigenvalue problems, 396–399, 
402–407

harmonic excitation, 130–144
examples, 134–144
problems, 201–204

single-degree-of-freedom, 23f
two-degree-of-freedom, 428f

Damping
air, 179
Coulomb, 81–82, 170–173
distributed-parameter systems, 

550–555
examples, 551–555
problems, 570–571

harmonic excitation, 170–180
examples, 173–180
problems, 210–211

hysteretic, 176
modal, 356–362
models, 180t
proportional, 362
vibration absorber with, 463f
vibration absorption, 463–470
viscous, 21–31

Damping coefficient, 22, 60–61
amplitude of vibration example, 

64–65
Damping ratio, 24, 60–61
Dashpot, 22f
Decibel (db), 20
Decoupling equations of motion 

using modal analysis, 335f
Degree of freedom, 4

See also Multiple-degree-of-
freedom (MDOF) systems; 
Single-degree-of-freedom 
systems

Design, definition of, 436
Design considerations

harmonic excitation example, 
185–187

modal approach, 407
range of, 448
robustness, 68, 463
rotor system example, 488–489
vibration, 63–68

examples, 64–68
problems, 111–112

vibration, acceptable levels of, 442
vibration absorbers, 458
vibration suppression, 435–501

Diagnostics, vibration testing for, 
606–609

example, 607–608
Digital Fourier analyzer, 579
Digital Fourier transform  

(DFT), 579
Digital representations of  

signals, 581f
Digital signal processing, 579–584

example, 582
problems, 611

Digital spectral coefficients, 582
Dirac delta function, 219
Discrete systems. See 

 lumped-parameter systems
Discretization, 618
Disk drive motor of personal  

computer, 452f
Disk–shaft system, 8w

critical speeds for vibration 
 suppression, 485–491

example, 37
harmonic excitation example, 

149–150
torsional vibration, 47f

Displacement
simple harmonic motion,  

10, 11w
vibration, 437t

Displacement transmissibility, 153, 
154f, 156, 157f, 442, 443w

Distributed-parameter systems, 
502–572

bar vibration, 519–525
beam bending vibration,  

532–544
cable vibration, 504–507
damping models, 550–555
explanation, 503
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forced response modal analysis, 
556–566

membrane vibration, 544–550
modes, 508–518
natural frequencies, 508–518
plate vibration, 544–550
rod vibration, 519–525
string vibration, 504–507
torsional vibration, 525–532

Divergent instability, 69
Divergent response, 69, 69f
Diving board, 112f
Dot product, 306
Double pendulum, with general-

ized  coordinates, 369f
Driving frequency, 118, 124
Driving point, 599
Duhamel integral, 228
Dynamically coupled  

systems, 375
eigenvalue problems, 389–407

E

Effective mass, 35
Eigenfunctions, 510
Eigenvalue problems

computational, 389–407,  
430–431

damped systems, 402–407
example, 404–407

dynamically coupled systems, 
389–392

example, 391–392
two-degree-of-freedom system

example, 324–326
using codes, 392–399

Eigenvalues
distributed-parameter  

systems, 510
MDOF systems, 318–332

examples, 320–332
problems, 418–420

Eigenvectors, 320w, 321, 324–326
Elastic damper, 476f
Elastic modulus, 46

complex data, 481t
measurement, 58
stress–strain curve, 59f
temperatures, 481f

Electric motor mount, 493f
Electronic cabinet with cooling  

fan, 483f

Endurance, vibration testing for,  
606–609

Energy methods for modeling 
 vibration, 31–46

examples, 34–46
problems, 104–108

Engineering Vibration Toolbox
distributed-parameter systems, 572
eigenvalue problems, 389
finite element method, 656
general forced response, 301–302
harmonic excitation, 214–215
MDOF systems, 433
Runge–Kutta method, 77
vibration, 115–116
vibration testing, 615–616

Ensemble average, 253
Equilibrium points/positions, 81, 

83, 87–89, 89f
Equivalent viscous damping, 285f
Euler–bernoulli beam model, 543
Euler–bernoulli beams,  

533–540, 533f
Euler method

linear and nonlinear equations,  
90–91

numerical solution, 74–78
single-degree-of-freedom 

  system, 72
Euler relations, 18, 24, 25w
Exciters, 575–576
Expansion method, 346–351

examples, 348–351
Expansion theorem, 347, 566
Expected value, 253
Experimental modal analysis. See 

 Vibration testing

F

Fast Fourier transform (FFT),  
579, 583

FEM. See Finite element method
Finite dimensional systems. See 

 lumped-parameter systems
Finite element analysis  

(FEA), 619
Finite element mesh/grid, 618
Finite element method (FEM), 

617–656
bar, 619–625
beam elements, 630–638
lumped-mass matrices, 638–641

model reduction, 646–649
three-element bar, 625–630
trusses, 641–646

Finite element model, 619
Finite elements (FE), 618
First mode shape, 314, 348
Flexural vibrations, 532
Floor-mounted compressor, 494f
Fluid systems

example, 35
natural frequency example, 53–55

Flutter instability, 69, 70f, 267
Forced response. See General 

forced  response
Forced response modal analysis

distributed-parameter systems, 
556–566

examples, 557–566
problems, 571–572

MDOF systems, 362–369
examples, 364–369
problems, 428–429

Force summation method, 32
Force transmissibility, 155, 157f, 

442, 443w
Forcing frequency, 118
Formula error, 75–76
Fourier coefficients, 236
Fourier representations of  

signals, 581f
Fourier series, 236, 579–580, 580w
Fourier transforms, 246, 579
Fragility, 436
Free response, 5, 10

Coulomb friction, 84, 85f, 86f
numerical simulation of time 

 response, 72–81
Free vibration, 1
Frequency

cutoff, 577
importance of concept, 15
two-degree-of-freedom  

 system, 317
vibration, 437

Frequency response approach 
to harmonic excitation, 
146–148

problems, 205–206
Frequency response curves for 

mode shapes, 600–601f
Frequency response function, 147, 

588, 588f
Friction coefficients, 82f, 82t
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G

Gaussian distribution function, 253
General forced response, 216–302

arbitrary input response, 226–235
arbitrary periodic input response,  

235–242
impulse response function, 

217–226
nonlinear response properties, 

279–287
numerical simulation, 267–279
random input response, 247–255
shock spectrum, 255–259
stability, 262–267
transfer functions, 259–262
transform methods, 242–247

Generalized eigenvalue  
problem, 399

Generalized symmetric eigenvalue 
 problem, 331

Geometric approach to harmonic 
 excitation, 145–146

problems, 205–206
Gibbs phenomenon, 238
Global condition, 89
Global coordinate system, 641
Global mass matrix, 627
Global stiffness matrix, 627
Gravity, spring problems and, 

16–17

H

Hammer
center of percussion, 42
impact, 576–578, 577f
impulse, 576
instrumented, 221, 222

Hanning window, 583, 584f
Harmonic excitation, 117–215

base excitation, 151–160
damped systems, 130–144
damping, forms of, 170–180
design considerations, 184–187
explanation, 118
frequency response approach, 

146–148
geometric approach, 145–146
measurement devices, 166–170
nonlinear response properties, 

188–197
numerical simulation, 180–187
rotating unbalance, 160–165

transform approach, 148–151
undamped systems, 118–130

Harmonic motion
examples, 16–21
problems, 99–101
representations, 19w
vibration, 13–15

Heaviside step functions, 224–225, 
257, 244, 272–273

Helical spring
spring–mass system natural 

 frequency, 66
stiffness, 48

Helicopter. See Rotorcraft
Hertz (Hz), 15
Hooke’s law, 59
Houdaille damper, 469f
Humans

forearm vibration model, 199f
longitudinal vibration, 199f

Hysteresis loop, 175, 175f
Hysteretic damping, 176
Hysteretic damping constant, 176

I

Impact, 221, 223f, 226f, 577f
Impact hammer, 576–578
Impulse, definition of, 218
Impulse hammer, 576
Impulse response function

general forced response, 216–226
examples, 221–226
problems, 287–302

Inconsistent-mass matrices, 638
Inertia force, 32
Inertia matrix, 308
Infinite-dimensional systems, 503, 515

See also lumped-parameter 
systems

Initial conditions, 10f
Inner product, 307
Input frequency, 118
International Organization of 

 Standards (ISO), 436, 437
Inverted pendulum, 112–113,  

113f, 266
Isolation problems, 442

K

Kelvin–Voigt damping, 554
Kinetic energy, 2
Kronecker delta, 327w

L

lagrange’s equations, 32
energy method, 43–44

example, 43–45
MDOF systems, 369–377

examples, 371–377
problems, 429–431

lagrange stability, 265
laplace operator, 545
laplace transforms

common, 244t
convolution type evaluations, 233
Fourier transforms versus, 247
general forced response, 242–247
harmonic excitation, 148–151

laptop computers, 453
lathe

MDOF system example, 377–381
moving parts, 378f

leaf spring, transverse vibration of, 
49, 49f

leakage, 583, 584f
legs, vibration example, 28–31
levers, vibration model of 

 coupled, 372f
linear systems, 7
local coordinate direction, 641
local stability, 90
logarithmic decrement, 60
longitudinal motion, 46
longitudinal vibration, 199f, 519f, 

524t, 525t, 555f
loss coefficient, 174
loss factor, 174
lumped-mass matrices, 638–641

problems, 654–655
lumped-parameter systems, 503, 524

example, 639–641

M

Machinery
acceptable vibration levels, 438f
health monitoring, 607–608
rotating unbalance examples, 

160f, 209f, 492f
rubber mount, 206f
vibration absorbers, 455
vibration isolation, 476f
vibration model, 371f

Marginal stability, 68
Mass, frequency of oscillation for 

 measuring, 62–63
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Mass condensation, 648
Mass loading, 576
Mass matrix, 308
Mass moment of inertia, 58
Mass normalized stiffness, 319
Mass ratio versus natural  

frequency, 461f
Mathcad

eigenvalues, 393–394, 405–407
general forced response, 

269–271, 273, 274, 276, 282, 
285–287

harmonic excitation, 181–182, 185
linear and nonlinear equations, 

90–93, 195–197
MDOF systems, 408–409, 

410–415
Runge–Kutta method, 79

Mathematica
eigenvalues, 394–396, 398–399, 

406–407
general forced response, 271, 

273–274, 276, 278, 283–284, 
286–287

harmonic excitation, 187
linear and nonlinear equations, 

92–93, 193, 196–197
MDOF systems, 410, 412, 414–415
Runge–Kutta method, 79

MATlAb
eigenvalues, 393, 397, 405–407
Engineering Vibration Toolbox, 

77, 115–116, 214, 301, 389, 
433, 501, 572, 615, 656

general forced response, 270, 
272–274, 275, 277, 282, 286

harmonic excitation, 183–184, 186
linear and nonlinear equations, 

91–92, 192, 196
MDOF systems, 409, 411, 414
Runge–Kutta method, 77

Matrix inverse, 310
Matrix of mode shapes, 335, 335f
Matrix square root, 318
MDOF systems. See Multiple-

degree-of-freedom (MDOF) 
systems

Measurement
hardware, 574f, 575–579, 600f

problems, 611
harmonic excitation, 166–170

example, 169–170
problems, 210

transfer functions, 260–262
vibration

examples, 59–63
problems, 110–111

Membrane vibration, 544–550, 545f
example, 546–550
problems, 570

Method of undetermined 
 coefficients, 120

Mindlin–Timoshenko theory, 550
Min-max problem, 474
Mobility frequency response 

 function, 592f, 592w
Modal analysis

forced response distributed 
 parameter systems, 556–566

forced response MDOF systems, 
362–369

MDOF systems, 332–340
problems, 420–422

See also Vibration testing
Modal coordinate system, 334, 336
Modal damping, 356–359, 361w, 

404, 550–555
Modal data extraction, 588–591

example, 590–591
problems, 612–613

Modal equations, 334, 336, 551
Modal participation factors, 348
Modal testing. See Vibration testing
Modeling, definition of, 31
Modeling methods, vibration, 31–46

examples, 34–46
problems, 104–108

Model reduction, 646–649
example, 648–649
problems, 655

Modes, 355
distributed-parameter systems, 

508–518
examples, 512–518
problems, 566–567

Mode shapes
clamped–pinned beam, 538f
definition, 304
eigenvectors, 326
explanation, 355
first, 314, 348
longitudinal vibration, 525f
measurement for vibration 

 testing, 596–606
examples, 599–606
problems, 614–615

nodes, 351
normalizing, 330–331
resonance, 366–367
second, 314
torsional vibration, 532t
vibrating string, 515f

Mode summation method
distributed-parameter systems, 

522–524
forced response, 367–369
modal analysis, 346–351

examples, 348–351
modal damping, 358–361, 361w

Modulus data, 47t
Mounting bracket, 563f
Mounts

aircraft wing engine, 107f
base excitation and, 151–160
electric motor, 493f

Multiple-degree-of-freedom 
(MDOF)  systems, 303–434

computational eigenvalue 
 problems, 389–407

eigenvalues, 318–332
examples, 377–389
forced response modal analysis, 

362–369
lagrange’s equations, 369–377
modal analysis, 332–340, 346–351
more than two degrees of 

 freedom, 340–346, 341f
examples, 343–346
problems, 422–426

natural frequencies, 318–332
numerical simulation, 407–415
two-degree-of-freedom model 

 (undamped), 304–318
viscous damping, 356–362

N

Natural frequency
aircraft wing, 49–50
angular, 8
damped, 24
distributed-parameter systems, 

508–518
examples, 512–518
problems, 567–569

energy method, 42
fluid system, 38
human leg, 29–30
longitudinal vibration, 525t
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Natural frequency (Continued)
mass ratio versus, 460f
MDOF systems, 304, 318–332

examples, 320–332
problems, 418–420

pendulum, 17, 40–42
spring–mass system, 9, 16, 37, 

55–56
torsional system, 48
torsional vibration, 532t
wheel, 34–35

n-degree-of-freedom system, 341f
Neutral plane/surface, 549
Newton’s laws, 9–10, 32
Nodes, in finite element analysis, 

618, 619
Nodes of a mode, 351, 515
Nonlinear response properties

general forced response, 279–287
examples, 280–287

harmonic excitation, 188–197
examples, 189–197
problems, 213–214

Nonlinear systems, 7
Coulomb friction, 81–88
general forced response 

 problems, 299–301
nonlinear pendulum equations, 

89–95
Nonperiodic forces, 217–218
Normalization of eigenvectors, 

324–326
Nose cannon, 498f
Numerical simulation

general forced response, 267–279
examples, 269–279
problems, 298–299

harmonic excitation, 180–187
examples, 181–187
problems, 211–213

MDOF systems, 407–415
examples, 408–415
problems, 431–433

vibration and free response, 72–81
examples, 74–81
problems, 114–115

Numerical solutions
concept of, 72–73
Euler method examples, 73–77
sources of error, 75

Nyquist circles, 591
Nyquist frequency, 582
Nyquist plots, 591, 594f

O

Operational deflection shape (ODS) 
 measurement, 609–611

Optical table with vibration 
absorber,456f

Optimization in vibration 
 suppression

examples, 474–479
problems, 498–500
vibration suppression, 471–479

Orthogonality, 236, 322, 325, 521
Orthogonal matrices, 326
Orthonormal vectors, 322, 326, 326w
Oscillation

decay in, 21
frequency of, for measuring mass 

and stiffness, 61–63
natural frequency examples, 

34–35, 38–39, 48
Oscillatory motion, 10
Overdamped motion, 26–27, 27f
Overshoot, 230

P

Package, vibration model of 
dropped, 289f

Parts sorting machine, 496f
Peak amplitude method, 590f
Peak frequency, 143
Peak time, 230
Peak value, 19
Pendulum

compound, 39–42, 40f, 41f
damped, 202f
double, with generalized 

 coordinates, 369f
equilibrium positions, 89f
examples, 2–4, 35–36, 39–42
inverted, 70–71, 266
nonlinear systems, 89–94

problems, 115
swinging, 8w

Performance robustness, 463
Periodic forces, 217
Period T, 15, 124
Personal computer disk drive 

motor, 452f
Phase, 8
Physical constants for common 

 materials, 47t
Piezoelectric accelerometers, 167f, 

169, 578

Pinned beam, 535
Pitch, 341f
Pivot point, 42
Plate vibration, 544–550
Positive definite matrix, 390w
Positive semidefinite matrix, 390w
Potential energy, 2
Power-line pole with  

transformer, 296f
Power spectral density (PSD), 

249–251, 585
Printed circuit board, 495f
Probability density function, 253
Proportional damping, 362
Pulse input function, 281f
Punch press

base excitation example, 159
machine schematic, 386f
MDOF system example, 385–389
three-element-bar problem, 651f
vibration model, 386f

Q

Quadratic damping, 179
Quadrature peak picking  

method, 589f

R

Radial saw, 461f
Radius of deflection, 488f
Radius of gyration, 40
Random input, general forced 

 response, 247–255
examples, 252–255
problems, 295

Random signal analysis, 584–587
Random vibration analysis, 585w
Rattle space, 448
Rayleigh dissipation function, 107
Receptance matrix, 596–597
Receptance transfer function, 592f
Rectilinear system, 46t
Reduced-order modeling. See 

Model  reduction
Resonance

damped systems, 138, 143
distributed systems, 503
explanation, 117–118
importance of concept, 121
MDOF systems, 366–367
modal testing, 575
undamped systems, 125, 125f
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Response
divergent, 69, 69f
free, 5, 10, 72–81, 84, 85f, 86f
steady-state, 133, 137–138
transient, 133, 137–138
See also Forced response modal 

analysis; General forced 
response

Response spectrum. See Shock 
spectrum

Rigid-body modes, 352–355, 380
example, 352–355

Robustness, of designs, 68, 463
Rod vibration, 519–525

examples, 520–524
problems, 569–570

Roll, 341f
Rolling disk vibration model, 108f
Root-mean-square value, 20, 249, 437
Rotating disk critical speeds,  

485–491, 485f
Rotating unbalance

equation, 486w
harmonic excitation, 160–165

examples, 163–165
problems, 208–210

model of disk–shaft system, 485f
model of machine, 160f, 209f, 492f
model of machine in building, 

560f, 571f
model of motor, 209f

Rotational kinetic energy, 34
Rotational system, 46t
Rotorcraft

and resonance, 117
rotating unbalance example, 

164–165
thrust directions, 164f

Round-off error, 75
Runge–Kutta method, 75–76

examples, 77–80
general forced response, 272–278
linear and nonlinear equations, 92
Mathematica, 79
MDOF systems, 410–412
single-degree-of-freedom 

 system, 72

S

Saddle point, 472, 473f
Sample function, 247–255
Sampling theorem, 582

Scalar product, 307
Scanning laser doppler vibrometer 

(SlDV), 579
Second mode shape, 314
Seismic accelerometer, 166f
Self-excited vibrations, 69
Semidefinite systems, 380
Separation of variables, 508

solutions method, 518w
Settling time, 230
Shaft and disk. See Disk–shaft 

system
Shaker, 260
Shakers, 575–576
Shannon’s sampling theorem, 582
Shape functions, 621
Shear coefficient, 541
Shear modulus, 541f
Ship, fluid system example, 53–54
Shock, 255, 441–442, 442f
Shock loading, 217
Shock pulse, 446
Shock spectrum, general forced 

response, 255–259
examples, 256–259
problems, 295–296

Signal conditioners, 578
Signal processing. See Digital signal 

 processing
Signals, representations of, 581f
Signum function, 83
Simple harmonic motion, 10, 13w
Simple harmonic oscillator, 10
Simple machine part, vibration 

model of, 371f
Simple sine function, 248f
Simply supported beam, 535
Sine function, 1
Single-degree-of-freedom curve 

fit, 588
Single-degree-of-freedom systems, 

5, 219w
compliance frequency response 

 function, 589f
damped, 23f
example, 8w
external force, 119f
response, 219w
undamped, 10

Sinusoidal vibration, acceptable 
limits, 438f

Sliding boundary, 535
Sloshing, 39

Software
eigenvalues, 392
numerical simulation, 72, 180

Solid damping, 176
Specific damping capacity, 174
Spectral matrix, 328
Spring–mass–damper system

deterministic and random 
 excitations, 254w, 255

excitation response, 586w
general applied force, 280f
magnitude plot, 261f
potentially nonlinear 

 elements, 189f
square input, 272f
total time response, 242f
truck suspension system 

 example, 232–233
Spring–mass system, 8w

examples, 11, 37–38, 43
gravitational field, 33f
harmonic excitation examples, 

122–130, 141–142
helical spring natural  frequency, 66
kinetic coefficient of friction, 82f
natural frequency example, 55–57
nonnegligible mass, 37f
problems, 95–98
response of, 9f
vibration, 5–13
vibration absorbers, 455

Springs
coiled, 52–53, 53f
constants, 53t, 56
helical

natural frequency, 66
stiffness, 51

leaf, 49–50, 49f
manufacture of, 56
static deflection, 6f, 57, 67
stiffness calculation rules, 55f, 56

Stability
asymptotic, 69, 265, 266
bIbO, 263, 265, 267
general forced response, 262–267

examples, 266–267
problems, 298

local, 90
marginal, 68
vibration, 68–71, 263w

examples, 70–71
problems, 112–113
response, 69f
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State matrix, 77, 401
State variables, 77
State vector, 77, 401
Static coupling, 375
Static deflection of spring, 6f, 57, 67
Stationary signals, 248f
Steady-state response, 133, 137–138
Steam-pipe system with 

 absorber, 495f
Steel, elastic modulus, 59f
Step function, 228, 229f
Stereo turntable

frequency response function, 441f
single-degree-of-freedom 

model, 440f
vibration response example, 

440–441
Stiffness, 46–57

calculation rules for parallel and 
series springs, 55f, 56

coiled spring, 49–50, 50f
definition, 6
examples, 48–57
frequency of oscillation for 

 measuring, 62–63
helical spring, 48
problems, 108–110
twist, 48

Stiffness matrix, 308
Stinger, 576
Strain gauges, 578
Strain rate damping, 554
Stress–strain curve for elastic 

modulus, 59f
String equation, 506
String vibration, 504–507, 504f
Structural damage

acceptable vibration levels, 438f
vibration measurements, 609

Structural damping, 176
Structural Health Monitoring 

(SHM), 574
Subway car coupling device, 417f
Superposition, 95, 118, 217, 636
Support motion. See base excitation
Suspension systems

arbitrary input response, 232
base excitation, 159
chassis dynamometer, 289f
damped, 108f
design of, 42
examples, 11, 48–49, 67–68, 158
harmonic excitation, 150

mass of occupants, 207f
model of, 289f
multiple-degree-of-freedom  

systems, 340
speed bump, 291f
torsional, 149–150
torsion rod, 100f
trifilar, 58f
two-degree-of-freedom 

model, 417f
vertical, 67–68

Symmetric eigenvalue problem, 
321–322, 320w, 332, 401

Symmetric matrix, 308
Synchronous whirl, 487

T

Tangent line method, 73
Telephone lines, 456
Tennis racket, 42
Tensile test, 59
Thin plate theory, 550
3-db down point, 589
Three-element bar, finite element 

method for, 625–630
examples, 627–630
problems, 652–653

Time history of impulse force, 218f
Time response

lumped- versus distributed-
parameter systems, 524

MDOF systems, 407–415
vibration and free response, 72–81

examples, 74–81
Time to peak, 230
Timoshenko beam model, 543
Timoshenko beams, 540–544, 541f
Timoshenko shear coefficient, 541
Tires, and resonance, 117
Torsional constant, 527–528
Torsional motion, 46
Torsional system

natural frequency, 48–49
two degrees of freedom, 416f

Torsional vibration
boundary conditions, 528t
distributed-parameter systems, 

525–532
examples, 528–532
problems, 569–570

shaft, 47f
transform approach, 149–150

Transducers, 166, 575, 578
Transfer functions, 149, 260t

general forced response, 260–262
problems, 296–297

Transformations, 332
Transform methods

general forced response, 242–247
examples, 243–247
problems, 294–295

harmonic excitation, 148–151
problems, 204–205

Transient response, 133, 137
Transmissibility

base excitation example, 157–158
displacement, 153, 154f, 155, 157f
force, 155, 157f
formulas, 443w

Transmissibility ratio, 442–455, 446f
Transmission lines, 456
Transpose of matrix, 308
Transverse motion, 46
Transverse vibrations, 532
Truck

hitting object, 571f
loading dirt, 232f
pipe stacking, 105f
spring–mass–damper system 

 example, 232–233
Trusses, 641–646

problems, 654–655
three-element, 655f

Turntable. See Stereo turntable
Twist, 48
Two-degree-of-freedom model

damped, 428f
MDOF systems, 304–318,  

305f, 328f
examples, 307–318
problems, 415–418

rigid-body translation, 352f
vehicle example, 382–385
viscous damping, 361f

Two-member framed structure, 642f

U

Undamped motion, 68–69
Undamped systems

harmonic excitation, 118–130
examples, 122–130
problems, 197–201

lagrange stability, 265
single-degree-of-freedom, 10
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two-degree-of-freedom, 304–318
examples, 307–318

Underdamped motion, 24–26
Underdamped solution, 25w
Underdamped systems

forced response, 140w, 364w
response, 26f, 60f
vibration example, 30–31

Unrestrained degree of  
freedom, 352

U-tube manometer, 38f

V

Valve and rocker arm  
system, 102f

Variance, 249
Vector equation, 307
Vehicles

side section, 382f
two-degree-of-freedom system 

example, 382–385
See also Automobiles

Velocity, simple harmonic motion, 
13, 14w

Velocity-squared damping, 179, 
193–194, 284–285

Vibration, 1–116
acceptable levels, 436–442

examples, 438–442
problems, 491

consequences of, 436
Coulomb friction, 81–95
description, 1–2
design considerations, 63–68
displacement amplitude, 437t
energy methods, 31–46
explanation, 2
frequency ranges, 437t
harmonic motion, 13–21
measurement, 58–63
modeling methods, 31–46
nonlinear, 81
nonlinear pendulum equations, 

89–94

numerical simulation of time 
 response, 72–81

performance standards, 436
shock versus, 442
spring–mass model, 5–13
stability, 68–71
stiffness, 46–57
viscous damping, 21–31

Vibration absorbers, 455–463
damping, 463f
examples, 461–462
problems, 495–496
viscous, 469f

Vibration absorption damping, 
463–470

problems, 496–498
Vibration dampers, 463
Vibration isolation, 442–455

examples, 446–455
optimization, 476–478
problems, 491–494
transmissibility formulas, 443w

Vibration model
airplane wing, 50f, 373f
coupled levers, 372f
punch press, 386f
simple machine part, 371f

Vibration suppression, 435–501
optimization, 471–479

rotating disk critical speeds, 
485–491

vibration absorbers, 455–463
vibration absorption damping, 

463–470
vibration isolation, 442–455

Vibration testing, 573–616
circle fitting, 591–595
digital signal processing, 579–584
endurance and diagnostics,  

606–609, 607f
measurement hardware, 575–579,  

575f, 600f
modal data extraction, 588–591
mode shape measurement, 

596–606

operational deflection shape 
(ODS) measurement, 
609–611

random signal analysis, 584–587
uses of, 574

Virtual displacements, 370
Virtual work, 370
Viscoelastic, definition of, 480
Viscous damping, 21–31

critically damped motion,  
27–31

equivalent, 285f
examples, 27–31
MDOF systems, 356–362, 376

examples, 357–362, 376–377
problems, 426–428

overdamped motion, 26–27
problems, 101–103
two-degree-of-freedom  

system, 361f
underdamped motion, 24–26
vibration, 21–31
See also Damped systems;  

Undamped systems; 
 Underdamped systems

Viscous vibration absorbers,  
469f, 470f

W

Washing machine, 492f
Wave hitting seawall, 292f
Wave speed, 506
Whirling, 485, 487
Window function, 583, 584f
Wing. See under Aircraft

Y

Yaw, 341f
Young’s modulus. See Elastic 

modulus

Z

Zero mode, 380
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